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SUMMARY 

In this paper, a new mathematical model of a labyrinth seal which represent the 
dynamic flow induced force is formulated, that is, the flow in each ground is divided 
into a throttle part and a chamber part and the flow is represented by using the 
conditions of continuity, momentum and energy in both parts. The derived equation is 
solved and the result is compared with the experimental one. Then it :is found that 
the equation represents the flow better than the previously proposed one. 

INTRODUCTION 

As mentioned in the authors' previous paper, the prediction of labyrinth seal 
force has become important and the research on this problem is increasing. The 
authors' research group is investigating the instability mechanism and force of 
labyrinth seal since 1977 and some papers are published. However these results are 
not satisfactory good agreement with the experimental results from the qualitative 
point of view. 

The first mathematical model is based on Kostyuk(refs. 1,2) and the effect of 
jet flow through the seal clearance and the deflection of cross area of seal chamber 
are added(refs. 4 , 5 ) .  The result is partly agreement with the experimental one 
qualitatively, but in this model the effect of energy loss due to v0rte.c which exists 
in the seal chamber has not been considered. Then the model is improved by taken into 
account model 
II)(ref. 6). The result of this model is improved better than the first one, but 
still exists unsatisfactory points. 

From the observation of flow pattern it is clear that the flow region should be 
divided into two parts(ref. 7 ) ,  then this paper proposes a new mathematical model, 
which is divided the flow into two regions, one is throttle (nozzle) part in which 
the flow through the seal clearance and the other is the chamber part. Then 
assumptions are taken in each part and the equations are derived. The obtained 
equation is solved almost same way as the former report and the results are compared 
with the experimental one which is obtained by Wright(ref. 3). 

of the effect of the energy loss by the vortex (which model is called 

DERIVATION OF EQUATIONS 

2-1 Assumptions 

(1) The flow in the labyrinth seal is divided into two regions in each seal, i.e. 
flow on a current flow part(1) and a vortex flow part(I1) as shown in figure 1. 
(2) The current flow in the chamber diverges with constant angle and entrances into 
the next seal throttle nozzle. 

In order to derive the equation, followings are assumed; 
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(3) Vortex flow means the dead flow region and there exists only the energy exchange 
between the current flow on the wall and the vortex flow. 
( 4 )  It is assumed that the variation of the seal clearance due to whirl is effective 
to the current flow on the wall but not to the vortex flow. Thus the effect of the 
current flow on the wall is taken into account for evaluating the flow induced force 
in this analysis. 
(5) It is assumed that the flow in the seal can be divided into the axial flow and 
the circumferential flow and these flows are independent. 
(6) The deflection of rotor is assumed to be small, then each loss factor is 
evaluated by using the value of non-deflection of rotor. 
(7) As the working fluid is gas, the equation of ideal gas can be used. 
(8) In the labyrinth seal ground the constant entropy change (or polytrope change) is 
assumed in the throttle (nozzle) part and the constant temperature change is assumed 
in the chamber part. 
(9) The variation of axial direction in the current flow on the wall in the ground 
should be continuous, but for the sake of simplicity, lumped system is used for each 
ground. 
(IO) The thickness of the current flow on the wall is small enough for the variation 
in the radial direction. 

2-2 Derivation of equation 

part, therefore the equations are formulated in each part of figure 2. 
(1) Equations in the throttle part 

Let us denote the throttle (nozzle) part ni, where subscript i means the ith 
seal. The entrance conditions in ith nozzle is equal to the exit conditions of the 
(i-1)th chamber Ri-1 and the exit conditions of the nozzle is noted Lie Similar to 
the first and the second paper, inlet and outlet mass balance i.e. continuous 
equation, momentum in the circumferential direction and the energy in the axial 
direction are considered. Then the equations are obtained as follows; 
(a) Continuous equation 

The flow in the seal is different between the throttle part and the chamber 

a t  
(b) Momentum equation in the circumferential direction 

O L  

(c) Energy equation in the axial direction 

flow with constant entropy when the gas is ideal, 
polytrope exchange may be used. 
the 
effect is neglected. 

represented as 

The axial flow velocity through the seal throttle is determined by the nozzle 
but if real gas is not ideal, then 

Outlet jet velocity of the throttle becomes equal to 
value of the ideal velocity multiplied by coefficient of velocity, but here the 

Using the relation of the constant entropy exchange, the flow equation of gas is 

( 3 )  

If the polytrope exchange is applied instead of the entropy constant change, equation 
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( 3 )  becomes 

Applying the above equation to the ith nozzle part, 
direction is obtained as follows; 

the energy equation of the axial 

(2) Equations in chamber part 
The equations in region Ci are considered in small element dw in circumferential 

direction, then the mass balance of the inlet and the outlet flow (i.e. continuous 
equation), momentum equation in circumferential direction and energy equation in 
axial direction are formulated; 

Continuous equation 

Momentum equation in the circumferential direction 

Energy equation 

Ri in axial direction, the equation representing the flow is 
Considering the energy equation for the compressible flow between location Li 

- - -  v: u,; + fl - ~ h  - n h f  z o  
2 2 Li P 

where Ah is the energy l o s s  due to the divergent flow and is represented 1/2(V~i- 
V R ~ ) ~ ,  Ahf is the energy l o s s  due to both friction of wall and vortex and is 
represented XfAl/mVi2/2, where hf is the coefficient of energy l o s s  factor due to 
friction l o s s  of wall and vortex, A 1  is working length and m is the characteristic 
length of the channel flow. 

From the assumption (8), applying the temperature constant change t o  the 
equation ( 8 ) ,  then 

LINEARIZATION OF THE EQUATIONS 

Representing the variables ad the sum of steady state value and perturbation 
term, 



and substituting these variables into the above equations, then the following 
linearized equations are obtained; 

( 1 )  Throttle part 

4 





CALCULATION OF STEADY STATE 

In order to calculate the above first approximation, steady state values are 
necessary. So steady state values (0th order approximation) are obtained in this 
section, that is, the terms of time derivative put zero. Then the equation of the 0th 
order approximation is for the nozzle part 
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A s  the conditions of the inlet and the outlet are given, 
stage may be obtained by the iterative method. 
occur the choke, 
seal is determined by the flow rate at the last stage. 
pressure ratio is represented by Komotori(ref. 8) as 

then the variables of each 
If the pressure drop is too large to 

Then, the f l o w  rate of the 
The condition of the critical 

the flow is choked at the last chamber. 

As the flow rate is determined by the above condition at the critical condition, then 
the flow rate of each stage is known. From the ?low rate, steady state values are 
determined. 

MATRIX FORMULATION 

The linearized equations (20)%(25)  are represented in the matrix form as 

N I @ L ;  u'\ci + Nllc; U\l; + NI?.L;U(L~ 

+ D0,i i,; + DlC,  E;, + D2,, &; 
where 
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FIRST-ORDER SOLUTION 

Assuming an eccentric motion (whirling motion) of the shaft, whose center 
follows an elliptic path, the motion of the nondimensional perturbation of seal 
clearance is represented as 

where 

a; = a*  + ( f i e + (  i - 1,?,]0* 
bi = b, f { /3,+ ( i  - 1 )  Pt ) @ b  

a?:, bE : eccentricity in x and y direction, respectively 
ea, Ob : inclined angle of shaft in x and y directions, respectively 
Be : length from the cross section of shaft center line and casing center line 

shown in figure 3 

Equation (29) is rewritten as 

I 
+ z i [ b i  + [ o a c i - r ) ~ } e b ] { ~ o s ( ~ t ~ t )  - c o s ( ?  -ant)) (30) 

$' in equations (27)(28)  are represented by using equation (30) as % & 
B = P1 c o s ( 9 + J 2 t ,  i. $1 c o s ( ?  - f i t )  (31 1 

where 
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Refering equations (31)%(33), U( can be set as follows; 

Substituting equations (31 )%(34)  into equations (27) and (28) and separating the 
equation to sinusoidal and cosinusoidal element, 
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These equations are solved simultaneously at each seal ground. Then the pressure 
distribution and other perturbations at each ground are known. From the results, the 
flow induced force due to the labyrinth seal can be calculated as similar as the 
previous paper(refs.4~6). The pressures at the nozzle part and the chamber part are 
used APni=PsLi<Li and APCi"P*RicRi, because the perturbations ld[ Li and UlRi are 
suddenly satisfied after through the inlet of each chamber. Thus the fluid forces in 
x and y direction are obtained as 

From the results, a common expression f o r  the disturbance forces in terms of the x, y 
deviation of the shaft center 

F, = K,,x + K x y ~ + C x , X + C x y ~  (45) 

F y =  Kyx X +  Kyyy+CyxX+ Cyyy (46) 

is obtained. This procedure is also written in the previous paper. 

COMPARISON TO LITERATURE DATA 

In this section a numerical example is calculated in order to compare the result 
of the presented model with the experimental result. Wright is experimented by the 
one chamber seal. His experimental model is shown in table 1,  and the example data 
are shown in tables 2 and 3. 

ts of the zero-th order equation (steady state) are shown for the 
the convergence type and the divergence type in tables 46, 

respectively, and the fluid force for the forward and the backward precession is 
shown in figures 46, in which the dotted line shows the result obtained by the 
present method and the full line shows Wright's result and also notations K and E 
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mean the radial and the tangential force, respectively, For the forward precession, 
signatures of the radial force K and the tangential force E coincide with the 
experimental ones and especially the amount of tangential force agree with the 
experimental one. From this result the presented mathematical model, that is, the 
flow is separated into the throttle part and the chamber part, is effective to 
represent the flow in the labyrinth seal and also to evaluate the radial and 
tangential fluid force. But for the backward precession, the value of the tangential 
force evaluates larger than the experimental one, so the effect of precession may not 
be perfectly represented in the derived equation, These results coincide with the 
convergence type seal, but for the divergence type seal, the result does not agree 
with the experimental one as shown in figure 6. This fact means that the flow 
patterns of the straight type and the convergent type labyrinth seal are similar but 
that of the divergence type is different. 

CONCLUSION 

In this paper, a new mathematical model, which is divided the flow of seal 
chamber into two regions, is presented, the derived equation is solved and the result 
is compared with the experimental one. As the result, it is found that the presented 
modeling can qualitatively and quantitatively represent the flow better than the 
previously presented one by authors. However the model should be improved more to 
represented the flow in the seal. 

This study is supported by Scientific Research Fund of the Japan Ministry of 
Education No.5655018 (1981-1982) and No.58550172 (1983). 
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Table 1. - The experimental model. 

1 
Ratio o€ s p e c i f i c  heat K 1 . 4  

G a s  constant R 0.287(kJ/kg K) 

Table 2. - The example data of calculation. 

Coeff ic ient  of vena contracta  o( 

Divergent angle 8 

( )---backward 

0.7 

6 

Table 3 .  - Another example data of calculation. 



Table 4. - The results of steady state values for the straight type seal. 

297,4 

296.6 

295.9 
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294.8 
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T e : < l t  
295.5 
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285.6 

Table 5. - The results of steady state values f o r  the convergence type seal. 
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Table 6. - The results of steady state values for the divergence type seal. 
t 
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Figure 1. - The flow in the labyrinth seal. 

Figure 2. - Definitions of two regions and subscripts. 
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(a) (b) 
Figure 3.  - The relation between casing and rotor. 
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ure 4 .  - The fluid force for the straight type seal. 
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PREFACE 

A rev iew o f  t he  proceedings f rom the  pas t  two workshops and the  program o f  
t h i s  workshop shows a continued t rend  toward a more q u a n t i f i e d  view o f  
rotordynamic i n s t a b i l i t y  problems. S p e c i f i c a l l y ,  research programs t h a t  have 
been es tab l i shed t o  develop ana lys is  techniques f o r  p r e d i c t i n g  o r  measuring 
forces and f o r c e  c o e f f i c i e n t s  f o r  seals, impe l le rs ,  and o ther  known f o r c e  
elements i n  high-performance turbomachinery a re  beg in ing  t o  y i e l d  r e s u l t s  a t  
an accelerated pace. 

The t e s t  r e s u l t s  t h a t  were presented a t  t he  t h i r d  workshop prov ide,  
simultaneously, (1) new data t o  be used i n  des ign ing machinery w i t h  more 
p red ic tab le  s t a b i l i t y  c h a r a c t e r i s t i c s  and ( 2 )  continued h u m i l i t y  f o r  
i n v e s t i g a t o r s  who are  t r y i n g  e i t h e r  t o  exp la in  d iscrepancies between theory 
and experiment o r  t o  develop e n t i r e l y  new theo r ies  t o  exp la in  measured 
r e s u l t s .  Despi te  our progress the  problem o f  p r e d i c t i n g  rotordynamic forces 
does no t  seem t o  be i n  danger o f  imminent e x t i n c t i o n .  

This t h i r d  workshop was organized t o  cont inue addressing the  general problem 
o f  rotordynamic i n s t a b i l i t y  by ga ther ing  those persons w i t h  immediate 
i n t e r e s t ,  experience, and knowledge f o r  a d iscuss ion  and rev iew o f  both pas t  
s t a b i l i t y  problems and present research and development e f f o r t s .  The i n t e n t  
o f  t he  workshop organizers and sponsors i s  t h a t  t he  workshop and these 
proceedings prov ide  a con t inu ing  impetus f o r  an understanding and r e s o l u t i o n  
o f  these problems. 

Chat rmen : 

Dara W. Ch i lds  and 
John M. Vance 
Turbomachinery Laborator ies 
Texas A&M U n i v e r s i t y  

Robert C. Hendricks 
NASA Lewis Research Center 
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A CASE HISTORY OF SUBS~CHROHOUS INSTABILITY 

J. W.-Fulton 
Exxon Research and Engineering Company 

Florham Park, New Jersey 07932 

A recent project bought an electric motor driven centrifugal compressor to 
supply gas for further compression and reinjection on a petroleum production 
platform in the North Sea. Review of the compressor design, after manufacture was 
completed, raised concerns about susceptibility to subsynchronous instability. 
Consideration of log decrement, aerodynamic features, and the experience of other 
compressors with similar ratios of operating-to-critical speed ratio versus gas 
density led to the decision to full load test. Mixed hydrocarbon gas was chosen for 
the test to meet discharge temperature restrictions. This choice of gas led to the 
use of the module as the test site. On test, subsynchronous vibrations made the 
compressor inoperable above approximately one-half the rated discharge pressure of 
14500 kPa (2100 psia). 

Extensive modifications, including shortening the bearing span, changing 
leakage inlet flow direction on the back-to-back labyrinth, and removing the vaned 
diffusers on all stages were made simultaneously to meet project needs. Retest at 
105 percent speed and overpressure proved the modifications successful, and 
established a margin of stability. The compressor was commissioned on schedule and 
is operating with satisfactory vibration levels. 

The objectives of this paper are threefold: 

0 To provide the available case history for students of subsynchronous 
instability ; 

0 To discuss empirical criteria for subsynchronous instability; 

9 To consider the benefits of pre-commissioning tests at rated speed and rated 
gas conditions. I 

The case history is a practical example to the petroleum industry. The 
case is also of theoretical interest because of two aerodynamic features of the 
initial test: the first feature was vaned diffusers on all stages, and the second 
was a blocked flow passage on one impeller. Both raise a speculative counterpoint 
to the current trend toward concentrating on labyrinth forces as the main cause of 
subsynchronous instability in centrifugal compressors. (For example, see Ref. 1 . )  

Empirical stability criteria compare such things as rotordynamic 
parameters and gas density for stable versus unstable compressors. In this case, 
several empirical criteria gave poor correlations. As a consequence, their utility 
is limited to serving as a rule of thumb before detailed design evaluations are 
possible. 
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The pre-commissioning test proved bene f i c i a l .  The current  state-of-the- 
art  f o r  r o t o r  s t a b i l i t y  poses considerable r i s k  of inoperable compressors t o  c e r t a i n  
o i l  and gas p r o j e c t s ,  which can be addressed by such tests. 

Equipment Descr ipt ion 

The o i l  production platform is designed f o r  crude o i l  production with 
r e i n j e c t i o n  of associated gas, which must be compressed from 19 p s i a  t o  6600 psia.  
Two compression systems, each handling half  t he  t o t a l  flow, are mounted i n  a s i n g l e  
pre-assembled module, designed t o  be l i f t e d  onto the  platform deck, complete with a 
l o c a l  con t ro l  room f o r  each system. I n  each system, the  gas f i r s t  flows through a 
c e n t r i f u g a l  compressor t r a i n  and then i n t o  a reciprocat ing compressor. The 
c e n t r i f u g a l  t r a i n  has a motor and gear d r iv ing  through t h e  low pressure casing t o  
t h e  higher pressure casing. The higher pressure casing is a b a r r e l  type, Figure 1 
i s  a photograph of t h e  completed platform. 

The subject  of t h i s  paper is the  high pressure casing of the c e n t r i f u g a l  
t r a i n .  It is  r a t e d  t o  compress 1650 m3/h (970 ACFM) of 27 molecular weight gas from 
3030 t o  14500 kPa (440 t o  2100 p s i a )  at  7732 RPM, absorbing 4200 kW (5600 HP). It 
has 10 impel lers ,  i n  2 groups of 5 each, arranged back-to-back. The flow from t h e  
f i r s t  s ec t ion  t o  the  second s e c t i o n  is through an i n t e g r a l  crossover pipe without an 
in t e rcoo le r .  A l a r g e  l a b y r i n t h  a t  the s h a f t  midspan sepa ra t e s  t he  f i f t h  from the  
t e n t h  s t age ,  and con t r ibu te s  t o  t h r u s t  balance forces .  I n  common with many 
compressors i n  similar duty, t he  aerodynamics are character ized by a low s p e c i f i c  
speed configurat ion,  by r e l a t i v e l y  low (1520 m (5000 f t . ) )  head per s tage,  and by 
low Mach numbers. Figure 2 is the general  cross-sect ional  arrangement of t h e  
compressor. 

Vaned d i f f u s e r s  w e r e  used on a l l  10 s tages .  The vendor had not previously 
used vaned d i f f u s e r s  on every s t age  f o r  compressors with gas d e n s i t i e s  as high as 
our ra ted gas dens i t i e s .  Also, they had not used t h i s  p a r t i c u l a r  seal design, which 
uses face-contact inner  seals, a t  such a high suc t ion  pressure.  The compressor i s  
equipped with 5-pad t i l t i n g  pad bearings which have no cross-coupled sp r ing  
c o e f f i c i e n t s  t o  e x c i t e  subsynchronous v ib ra t ions ,  

Background 

Publ icat ion of other  cases of subsynchronous v ib ra t ion  i n  the  petroleum 
production indus t ry  provided t h e  background f o r  recognizing the  r i s k  of 
subsynchronous v i b r a t i o n  occurring and p o t e n t i a l l y  causing a major p ro jec t  delay, 
Accounts of Kabob (Ref. 2) and Ekofisk (Ref. 3,  4) demonstrated t h a t  t he  v i b r a t i o n  
would not be found u n t i l  commissioning with r a t ed  densi ty  and pressure gas, and t h a t  
t h e  remedy, major mechanical redesign, could cause expensive p ro jec t  delay. Hawkins 
(Ref. 5),  which w a s  f a m i l i a r ,  being an Exxon p lan t ,  pointed out t he  r i s k  of 
subsynchronous v i b r a t i o n  a t  more moderate gas pressures.  

The phenomena of concern is self-exci ted v i b r a t i o n  as defined i n  Ref. 6. 
That is ,  t h e  fo rce  which causes t h e  v i b r a t i o n  depends on the  motion of t h e  ro to r .  
This phenomena w i l l  be r e fe r r ed  t o  as subsynchronous i n s t a b i l i t y .  A s  discussed i n  
Ref. 6, subsynchronous i n s t a b i l i t y  is e s s e n t i a l l y  independent of t he  frequency of 
any ex te rna l  stimulus. Instead,  it occurs at t h e  n a t u r a l  frequency of t he  r o t o r  
system, 

It w a s  recognized t h a t  aerodynamic i n s t a b i l i t i e s  could cause forced 
v ib ra t ions  i n  a r o t o r  system. Frequencies i n  the range of 5 t o  15 percent of r o t o r  
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speed have been reported (Ref. 7) for that phenomena. Although a test conducted at 
full scale aerodynamic conditions would have the benefit of demonstrating 
aerodynamically forced vibrations, they were not the main concern. Neither were 
parametric instabilities, which typically occur at 1/3, 1/2, etc. of rotor speed. 

Evaluating the Risk of Subsynehronous Instability 

Due to the relatively low discharge pressure, no special concerns about 
subsynchronous vibration had been raised by the project team during the design 
phase. However, when an unrelated issue necessitated review of the design, concerns 
were raised because of design extrapolations. Further review concentrated on the 
following three areas: 

( 1 )  Low log decrement compared to conventional criteria; 
(2 )  Empirical stability correlations; 
( 3 )  Vaned diffusers unproven in high density gas service. 

The log decrement is a measure of the rate of decay of free vibration at 
the rotor natural frequency. Its calculation is covered in the classic paper by 
Lund (Ref. 8). Because we could not quantify the destabilizing aerodynamic forces 
acting on the rotor, we chose to compare the log decrements calculated for zero 
cross-coupled aerodynamic forces. Here we shall refer to the log decrement 
calculated for zero aerodynamic forces as the "basic" log decrement. The "basic" 
approach reduces the log decrement concept to an empirical criteria which requires a 
positive value o f  the log decrement as a design margin of safety against 
instability. A common recommendation for a safe "basic" log decrement is 0.3. 
Nowadays, we would attempt to quantify the destabilizing force at the labyrinths, 
but this technology was not available when the decision to test was made. 

Figure 3 compares basic log decrement values for various compressors. The 
vendor calculated that the subject compressor had a basic log decrement of 0.16, 
which compared unfavorably to others, especially an inert gas compressor which was 
unstable at a lower gas density than the subject compressor's rated point. This 
implied a significant risk of subsynchronous instability, The vendor did not 
consider the risk to be high and cited a lower log decrement (approximately 0.14) 
for a very similar compressor at higher pressure, which they stated was marginally 
stable. The main features which were different from the similar compressor were 
vaned diffusers on every stage of our compressor, and oil-seals with a different 
atmospheric side sealing ring design. 

The second empirical stability correlation used was proposed by Sood in 
Ref. 9. It plots stable and unstable compressors on two coordinates to define a 
threshold line for instability. The coordinates are "flexibility ratio" versus 
average gas density in the compressor. The flexibility ratio is defined as the 
"maximum continuous speed" divided by the "first critical speed on stiff 
supports." Although no numerical values are given in Ref. 9, several example points 
are available from the literature and from our experience. Some of these are shown 
on Figure 4 ,  

We have drawn a line representing the approximate threshold where 
subsynchronous vibrations were believed to occur. Going above the line indicates an 
increasing tendency for subsynchronous vibration to occur, while staying below the 
line indicates that such vibration is less likely to occur. The line slopes down 
with increasing gas density because the higher gas forces on the rotor require a 
stiffer rotor to resist subsynchronous vibration. A stiffer rotor has a higher 
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first critical speed and thus a lower "flexibility ratio" for the same threshold 
speed. This line, labeled "Typical Threshold Line," is drawn through the scattered 
points labeled A, B and C which represent compressors at the threshold of 
subsynchronous vibration, as known at the time of the decision. 

A s  indicated by point D in Figure 4 ,  our intended operating conditions 
were marginally on the stable side of the typical threshald line. However, the 
inert gas compressor was also in the marginally safe zone (point B), when it first 
encountered subsynchronous vibrations. When the marginal position on this curve was 
considered simultaneously with the low log decrement, the risk of subsynchronous 
vibration became substantial. Note that the rotor flexibility ratio versus density 
curve does not consider the effect of bearing damping, being based only on shaft 
mass-elastic properties, as implied by the rigid bearing critical speed. 
Furthermore, no other compressor on Figure 4 had vaned diffusers. 

Two separate effects may be produced by the vaned diffusers. Firstly, 
they might cause a forced vibration due to an aerodynamic instability, such as 
rotating stall in the diffuser, especially if the impeller and diffuser were 
mismatched. Secondly, the diffuser might interact with the impeller to produce 
aerodynamic cross-coupled forces on the impeller which could cause rotordynamic 
instability. We had practical interest in either case, even though rotordynamic 
instability was the main concern. 

Vaned diffusers had not been used before by the vendor on all stages of a 
compressor for high density gas. The bulk of the vendor's experience with vaned 
diffusers on all stages was in hydrogen rich service, at much lower gas densities. 
Ref. 4 mentioned that vaned diffusers were tried at Ekofisk on the fourth and eighth 
stages with neutral results on that rotordynamic instability problem. Although the 
intent there was to cure the rotor instability, it was not clear that the vane's 
effect always had to be an improvement, especially if the aerodynamic design was off 
target. Our concerns on this point were raised due to the unexpectedly high head 
found on our ASME PTC-10 Class 3 performance test. 

Based on the above risks of subsynchronous vibration and the large costs 
and delay if the problem remained undemonstrated until start-up in the field, a 
full-load test was recommended. By testing prior to tow-out of the module, any 
problems with the compressor or the module would be discovered a year in advance of 
commissioning, which allowed time for correction, before incurring start-up 
delays. Contingency modifications to reduce the risk were considered. However, 
attempts to plan reduced scale testing, or to make contingency modifications, were 
defeated by the lack of basic engineering knowledge or proven calculation techniques 
addressing the mechanism of subsynchronous instability. 

Testing Requirements For Subsynchronous Instabilities 

Testing for subsynchronous instability requires virtually full scale 
operating conditions. Full speed is required to obtain the same rotordynamic 
behavior during testing as during service conditions. The cross-coupled aerodynamic 
forces must also be reproduced at full scale to cause the instability. Using, as 
one example, labyrinth forces due to gas entry swirl, it can be shown that at least 
three variables, gas density, gas flow angles and differential pressure across the 
stage, must be the same for test as for service (see Ref. lo). Therefore, the 
compressor must be operated at full power and with aerodynamic simultude. Some 
deviation from rated suction and discharge pressures is permissible so long as the 
differential pressure for the test is the same as rated. The only significant 
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choice l e f t  a f t e r  s a t i s f y i n g  these th ree  va r i ab le s  is whether a s u i t a b l e  non- 
flammable, non-toxic gas can be found t o  simulate the  s e r v i c e  gas within a 
reasonable tolerance.  

For our test the add i t iona l  cons t r a in t  of a 204°C (400OF) casing design 
temperature l i m i t  defeated t h e  search f o r  a non-flammable gas. Meeting the  suc t ion  
and discharge d e n s i t i e s  f o r  f u l l  speed and r a t ed  flow caused the  discharge 
temperature t o  exceed t h e  l i m i t  f o r  a l l  s a f e  gas mixtures we  t r i e d .  

The above considerations eliminated t h e  p o s s i b i l i t y  of t e s t i n g  with i n e r t  
gas. The requirements of t e s t i n g  with hydrocarbon gas, plus the advantages of 
t e s t i n g  and precommissioning the  o the r  equipment i n  t h e  module, l ed  the  p ro jec t  
toward a test i n  t h e  module. 

The hydrocarbon gas used f o r  t h e  test w a s  nominally 76 percent ethane and 
24 percent methane. The i n t e n t  w a s  t o  be near ASME PTC-10, Class 1 conditions,  with 
suc t ion  and discharge d e n s i t i e s  within 5 percent of r a t ed ,  at  c lose t o  the r a t ed  
suc t ion  and discharge pressures.  L i t e r a l l y  blending t h e  r a t e d  composition, shown on 
t h e  compressor datasheet ,  w a s  not p r a c t i c a l  because t h a t  gas is sa tu ra t ed  and would 
condense i f  s t o r e d  i n  a s i n g l e  ves se l  a t  high pressure and p r a c t i c a l  temperatures. 

T e s t  Conducted i n  Platform Module 

The module is an enclosed s t r u c t u r e  designed t o  be l i f t e d  as a s i n g l e  u n i t  
when it  is i n s t a l l e d  onto t h e  o i l  production platform. I n s t a l l a t i o n  takes  place by 
towing the module on a barge t o  the  platform which has been previously erected i n  
the North Sea. The module contains the two c e n t r i f u g a l  compressor t r a i n s ,  t he  two 
reciprocat ing compressor t r a i n s ,  two l o c a l  con t ro l  rooms, t he  process piping, 
valves,  and t h e  compressor suct ion vessels .  

The module formed a n a t u r a l  test s i te  because the  compressor t r a i n s  and 
much of t he  equipment required t o  operate them w e r e  assembled i n  working order.  
Test ing i n  t h e  module had the  a d d i t i o n a l  advantage of pre-commissioning t h e  
a n c i l l i a r y  equipment i n  the  module p r i o r  t o  f t s  being i n s t a l l e d  i n  the  North Sea, 
where t h e  l o g i s t i c a l  burden of any correct ions would be greater .  

For t h e  test, t h e  module w a s  placed on its tow-out barge, which w a s  i n  t h e  
River Tyne, a t  Newcastle, U.K. A photo of two modules on the  barge is shown i n  
Figure 5. The module containing t h e  compressor is on t h e  l e f t .  

The following f a c i l i t i e s  w e r e  required i n  add i t ion  t o  the  equipment 
permanently i n s t a l l e d  i n  t h e  module: 

0 Nitrogen t o  i n e r t  and purge the hydrocarbon gas piping; 

0 Cooling w a t e r  pumps; 

A hydrocarbon gas f l a r e  s t ack  with associated l i q u i d  surge drums f o r  s a f e  
release of t h e  test gas; 

B) An electric power generator  t o  supply power f o r  d r iv ing  the compressor motor. 
W e  used one of t he  gas turbine generators  intended f o r  permanent i n s t a l l a t i o n  
on t h e  offshore platform. This stand-alone package is shown i n  Figure 6. 
Because our electric power system w a s  independent of any other  power system, w e  
were ab le  t o  vary the power supply frequency from the  rated 60 Hertz t o  vary 

5 



compressor speed. 

Results of t he  Testing 

The t e s t i n g  f o r  subsynchronous i n s t a b i l i t y  w a s  conducted i n  four  
conceptual s t e p s  as follows: 

A. A test of the compressor design configurat ion as purchased, at  ra ted speed, by 
increasing suc t ion  and discharge pressure u n t i l  t he  onset of subsynchronous 
i n s t a b i l i t y ;  

B. A s  (A) except the j o u r n a l  bearing o r i e n t a t i o n  w a s  switched from having the  
r o t o r  weight between 2 of the  5 t i l t i n g  pad t o  having the weight - on 1 of t h e  
5 ;  

C. After  extensive design modifications and a t  r a t ed  speed and pressure;  

D. A t  proof test conditions not obtainable  i n  t h e  a c t u a l  duty, f o r  t h e  purpose of 
demonstrating a margin of s a f e t y  aga ins t  subsynchronous i n s t a b i l i t y .  

The h igh l igh t s  of the test r e s u l t s  are shown i n  Figure 7 .  Step A of 
t e s t i n g  showed severe subsynchronous i n s t a b i l i t y  a t  suc t ion  and discharge pressures  
above approximately 1580 kPa (230 ps ig )  and 6500 kPa (940 ps ig )  respect ively.  The 
i n s t a b i l i t y  b a r r i e r  l imi t ed  f u r t h e r  pressure increases  by causing the  subsynchronous 
s h a f t  v ib ra t ions  near t he  bearings t o  exceed t h e  100 micron ( 4  mils)  peak-to-peak 
shutdown l i m i t ,  s topping the  compressor. The i n i t i a l  test point i s  shown as point E 
on t h e  Sood coordinates,  Figure 4. 

Step B consisted of modifications t h a t  could be made t o  improve s t a b i l i t y  
without removing t h e  r o t o r  and s t a t o r  from the b a r r e l  casing. The contact f ace  of 
t he  atmospheric s i d e  o i l  seal r i n g  was  improved i n  order t o  reduce the  r a d i a l  loads 
t h a t  could be t ransmit ted t o  the  s h a f t .  Based on the  w e a r  p a t t e r n  on the  contact  
su r f ace ,  it w a s  theorized t h a t  t he  r i n g  w a s  not moving f r e e l y  i n  the  r a d i a l  
d i r e c t i o n ,  as t h e  designer intended, and the re fo re ,  t h e  o i l  r i n g  could act s i m i l a r l y  
t o  a c y l i n d r i c a l  bearing and introduce cross-coupled forces  onto the  rotor .  

The tilt  pad bearings were modified as tabulated i n  Figure 8 (adapted from 
Ref. 12)  t o  increase the e f f e c t i v e  damping and t o  introduce more asymetry between 
the v e r t i c a l  and ho r i zon ta l  spr ing coe f f i c i en t s .  Asymetry i s  expected t o  inc rease  
s t a b i l i t y  according t o  Ref. 11. 

The r e s u l t s  from Step B were disappointing, with only a s l i g h t  increase i n  
discharge pressure,  from 6500 kPa (940 ps ig )  t o  8200 kPa (1190 psig) before  
encountering i n s t a b i l i t y  again. The vendor's p red ic i ton  of a p o s i t i v e  log  
decrement, as shown i n  Figure 8 ,  w a s  not born out i n  pract ice .  W e  do not know 
whether t h e  assumed cross-coupled s t i f f n e s s  of 810,000 N/M (4644 l b / in . )  w a s  too 
low, o r  whether t he  bearings were less e f f e c t i v e  than expected, o r  whether o the r  
unaccounted f a c t o r s  caused the  ana lys i s  t o  * f a i l .  

Step C w a s  made a f t e r  extensive modifications described below. The 
compressor operated with only traces of subsynchronous vibrat ion.  Those traces, at 
4575 CPM and 4800 CPM are of some t h e o r e t i c a l  i n t e r e s t  compared t o  the ca l cu la t ed  
f i r s t  na tu ra l  frequency of 4400 CPM. The second frequency of 4800 CPM was not 
explained, but i s  c l e a r l y  not due t o  some o the r  harmonic o r  sub-harmonic frequency 
of the r o t o r ,  gear,  o r  electrical system because the  4800 CPM remained unchanged 
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when t h e  electrical supply frequency and motor speed w a s  changed between s t e p s  C and 
D. Step C i s  shown as point  F1 on t h e  Sood coordinates,  Figure 4 .  

Step D, t h e  proof test, w a s  e n t i r e l y  successful ,  with no s i g n i f i c a n t  
subsynchronous components i n  the  operat ing flow range. Step D w a s  done by running 
a t  105 percent r a t ed  RPM. 105 percent speed w a s  achieved by increasing the  power 
supply frequency from 60 Hertz t o  63 Hertz t o  circumvent t he  l i m i t a t i o n  of having a 
constant speed motor drive. Step D is shown as point  F2 on t h e  Sood coordinates,  
Figure 4 .  

Possible  Causes of t h e  Subsynchronous Vibration 

It is important t o  note t h a t  such a cos t ly  f u l l  scale test w a s  necessary, 
because of t he  business r i s k  created by engineering ignorance. No one knew f o r  s u r e  
t h a t  the subsynchronous v ib ra t ion  would occur, but i n s t ead  the r i s k  w a s  recognized 
and the opt ions properly weighed. Typically,  the business considerations which 
j u s t i f i e d  t h e  test a l s o  required t h a t  a l l  the  changes, which might possibly help 
cure the problem, be made simultaneously. Therefore, the a c t u a l  causes of t h e  
problem cannot be i s o l a t e d  o r  proven. W e  w i l l  give our opinion on the causes and 
t r y  t o  rank t h e i r  importance. The changes which are believed t o  have s i g n i f i c a n t  
e f f e c t  on subsynchronous v i b r a t i o n  are as follows ( i n  order of decreasing 
s ign i f i cance )  : 

1 .  Bearing span was  reduced by 6.5 inches. 

Reduced bearing span, which s t i f f e n s  the  fundamental bending mode, w a s  
estimated beforehand t o  have been s u f f i c i e n t  t o  reach 1900 p s i  discharge 
versus t h e  2500 a c t u a l l y  achieved during proof test a t  105 percent speed. The 
estimate w a s  based on a s i n g l e  mass ( J e f f c o t t )  r o t o r  according t o  Figure 10 of 
Reference 11, by assuming t h e  d e s t a b i l i z i n g  out-of-phase coe f f i c i en t  i s  
proport ional  t o  gas density.  

2. Swirling flow en te r ing  i n t o  the c e n t r a l  division-wall  l aby r in th  w a s  el iminated 
by introducing gas between the t e e t h  a t  e levated pressure.  (The higher  
pressure reverses  the  flow across the  f i r s t  two t e e t h  so t h a t  gas t h a t  flows 
out of t h e  high pressure s i d e  of t he  l a b y r i n t h  in s t ead  of en te r ing  there.)  

3. 

Elimination of swir l ing flow i n t o  the most i n f l u e n t i a l  l aby r in th  is a common 
f i x  and is probably q u i t e  s i g n i f i c a n t .  The s w i r l  i n  the l abyr in th  is not 
t o t a l l y  eliminated, because viscous fo rces  reintroduce the  s w i r l  some number 
of t e e t h  downstream. No estimate of labyringth cross-coupled fo rces  could be 
made a t  the  t i m e .  

A l l  vaned d i f f u s e r s  w e r e  removed and narrower p a r a l l e l  w a l l  vaneless d i f f u s e r s  
were subs t i t u t ed .  

Removal of t he  vaned d i f f u s e r  w a s  prompted by the  observation t h a t  t he  
"similar compressor'' operated without major subsynchronous i n s t a b i l i t y  at a 
less favorable  point on the  densi ty  speed-ratio plot .  (See Figure 4 ,  points  A 
versus E.) The major d i f f e rence  between the  designs w a s  having vaned 
d i f f u s e r s  on a l l  s t ages  i n  our case. Excess head and e f f i c i ency  were i n  hand 
a t  t h i s  t i m e ,  so t h e  l o s s  i n  e f f i c i ency ,  caused by removing the  vanes, could 
be t o l e r a t e d  . 
Removal of t he  vanes required reducing d i f f u s e r  widths d r a s t i c a l l y  t o  maintain 
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t h e  meridional ve loc i ty  of the  flow and the  incidence angle  at the  r e tu rn  
vanes. For example, on the  last s t age  the  d i f f u s e r  width w a s  reduced from 
over one qua r t e r  inch t o  less than one t en th  of an inch, which is even less 
than t h e  normal width f o r  t h i s  s taging.  The narrow width enhances aerodynamic 
s t a b i l i t y  at  the  expense of aerodynamic e f f ic iency .  Reduced widths were used 
f o r  enhanced s t a b i l i t y  on another subsynchronous v ib ra t ion  problem as 
discussed i n  Reference 4. 

4. Axial fo rces  on t h e  breakdown-side o i l  seal were reduced by an improved 
pressure balance configurat ion.  The seal design used f ace  contact i nne r  
seals. The p a r t i c u l a r  seal design had a breakdown bushing which had l imi ted  
experience at over 400 ps i .  The vendor chose t o  improve the  a x i a l  balance, 
but no test was  made t o  demonstrate how much inf luence on subsynchronous 
v ib ra t ion  t h e  breakdown bush might have had by a c t i n g  as a c y l i n d r i c a l  bear ing 
with o i l  whir l .  

5 .  A fore ign  objec t  w a s  found blocking one vaned passage of t h e  n in th  impel ler .  
It w a s  removed f o r  t h e  retest. 

A consul tant  r a i sed  the  point  t h a t  t he  asymetric blockage might cause whirl. 
No practical eva lua t ion  of t h i s  point  w a s  possible .  The blockage w a s  removed 
simultaneously with the  o ther  changes and d id  not reoccur during t h e  
successfu l  retest. 

6. Divis ion w a l l  l abyr in th  and balance p is ton  diameter w e r e  reduced i n  diameter 
from 9 1/4 inches t o  8. Reduction of t he  balance p i s ton  diameter reduced area 
under inf luence of t he  des t ab i l i z ing  gas s w i r l  pressures. The reduction a l s o  
helped raise the  f i r s t  c r i t i c a l  speed by removing mass from the  center  of t h e  
span. As an a s ide ,  t he  t h r u s t  balance w a s  improved. W e  are aware of o ther  
load tests which have a l s o  revealed t h r u s t  problems, which cannot be assessed 
during API mechanical run tests at  low pressure.  

Evaluation of E m p i r i c a l  S t a b i l i t y  Criteria 

The test r e s u l t s  provide add i t iona l  comparisons f o r  t h e  empir ical  
s t a b i l i t y  c r i t e r i a .  Here we w i l l  eva lua te  the  "basic" log  decrement, and the  ro to r  
s t a b i l i t y  p l o t  on Sood's coordinates ,  p lus  a criteria which was published later, 
without reference t o  our test, by Kirk and Donald (Ref. 13). Generally speaking, 
a l l  th ree  empir ical  criteria show so much scatter t h a t  they are only use fu l  as 
rules-of-thumb. The scatter is not su rp r i s ing  because these  empir ical  citeria do 
not c o r r e l a t e  a s p e c i f i c  physical  cause, but ins tead  represent  t h e  r e s u l t s  achieved 
by d iverse  design fea tures .  

The bas i c  decrement of 0.3, of t en  recommended f o r  high gas dens i ty  
serv ice ,  is reaffirmed by the  test r e s u l t s .  The log decrement before the  major 
modif icat ions,  0.16, w a s  shown t o  be i n s u f f i c i e n t  by t h e  occurrence of 
subsynchronous i n s t a b i l i t y ,  while t h e  bas i c  log decrement a f t e r  major modif icat ions,  
0.32, was  proven adequate. However, t he  0.14 l o g  decrement of t he  similar 
compressor from t h e  s a m e  vendor, as shown i n  Figure 3, demonstrates t h a t  0.3 is not  
always necessary. 

When the  i n i t i a l  test point  is put onto Sood's coordinates  f o r  r o t o r  
s t a b i l i t y ,  point  E on Figure 4, t h a t  point  represents  a worst case. Compared t o  t h e  
" typ ica l  threshold l i n e "  in Figure 4, t he  compressor w a s  much less s t a b l e  than 
expected. W e  have drawn a l ine  through the  i n i t i a l  test point  and p a r a l l e l  t o  
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typical threshold line, and labeled it "worst case threshold line," because it 
represents the least stable case we know of using the Sood coordinates. 

The scatter that can be introduced (into Figure 4 )  by special design 
features is demonstrated by point "G" which is for a compressor with "deswirl 
cascades" in front of the impeller eye labyrinths of each stage. The deswirl 
cascades reduce labyrinth cross-coupled forces and is similar to the devices covered 
by U.S. Patent 4 ,370 ,094 ,  dated 1983. The point "G" compressor was demonstrated to 
European industry users as an example of high pressure centrifugal compressor 
technology. 

Kirk and Donald proposed an empirical criteria using the product of the 
discharge pressure with the differential pressure of the compressor versus the 
critical speed ratio (operating speed divided by first rigid bearing critical speed, 
which is identical to the "flexibility ratio"). Because our initial and final test 
points, plus the Hawkins points, all have back-to-back staging, it is fair to plot 
them on Figure 9 ,  which is adapted from Ref. 13.  Our compressor is again a worst 
case, and we have drawn a "worst case" parallel line. The "Point G" compressor from 
Figure 4 is indicated as well to represent a best case. 

The scatter found in these three empirical stability criteria reduce their 
utility where accuracy is required. However, these criteria do serve to indicate 
the general area of concern for subsynchronous instability for industrial 
centrifugal compressors. Purchasers of these compressors should find the worst case 
lines in Figures 4 and 9 a commercially useful criteria if they adopt the following 
strategy: we recommend that proposals for compressors on the unstable side of the 
worst case line be required to include prices for an optional full speed, full gas 
density test with rated differential pressure across the compressor. The final 
decision to test could then be made later when the information from complete 
analytic studies is available. For example, the decision to full-load test the 
compressor at point "H" in Figure 4 was influenced by similar criteria. 

Conclusion 

The cause of the subsynchronous instability was not determined. Perhaps 
the changes to the bearing span, the center labyrinth and the atmospheric-side oil 
seals would have been sufficient to eliminate the instability. With state-of-the- 
art analysis techniques for labyrinth forces, it may soon be possible to estimate 
whether those changes would have been sufficient, given enough detailed design 
data. However, compared to the very similar compressor from the same vendor, the 
instability threshold is inexplicably low. Therefore, the vaned diffusers and the 
non-axisymetric passage blockage of the ninth impeller cannot be dismissed out of 
hand. 

Both empirical stability criteria, one using the Sood coordinates, and the 
other by Iurk and Donald, are shown to have an order of magnitude of scatter with 
respect to their aerodynamic force parameters. Therefore, the utility of these 
criteria for comparing different designs is reduced to applications which can 
tolerate the scatter, and/or the pessimism of using the "worst case" line. The 
"worst case" lines given should be a useful rule-of-thumb for indicating a 
threshold-of-concern for subsynchronous instability in similar industrial 
centrifugal compressors. 

The test was a technical and commercial success. Subsynchronous 
instability was found and quickly remedied, preventing any delay in bringing a 
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valuable project onstream. Although the test was very expensive at approximately 3 
million Pounds Sterling (see Ref. 12), the conservatively-estimated potential losses 
would have been substantially more than that amount, had subsynchronous instability 
delayed oil production. 
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Figure 1. - North Sea petroleum production platform. 

/- SECTION -3 “A-W 

Figure 2. - Cross-sectional view of centrifugal compressor train. 
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Figure 3. - Log decrement values €or various compressors. 
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Figure 4 .  - Sood's model for instability thresholds applied to various compressors. 
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Figure 5. - Tow-out barge tes t  platform. 

Figure 6 .  - Gas-turbine-driven e l e c t r i c  generator  f o r  pump power. 
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TEST STEP 

SUBSYNCHRONOUS FRERUENCIES (CPM) 

SUBSYNCHRONOUS AMPLITUDES (NICRONS) 

CORPRESSOR SPEED (RPIO 

SUCTION PRFSSURE (KPA GAUGE) 

DISCHARGE PRESSURE (KPA GAUGE) 

OBSERVED FIRST CRITICAL RANGE (RPM) 
( APPRDX IRATE 

A 8 C 0 

4125 3825 4575 L 4800 4575 .% 4800 

22 20 4 L 4  5 8 3  

7800 7725 7742 8121 

1580 1560 2280 2840 

6500 8200 14400 17200 

3800-3900 3900-4000 4100-4200 4100-4200 

Figure 7. - Highlights of test results. 

W N G  CONFIGU RAT I O N  

TEST STEP 

TYPE 

ORIENTATION 

LENGTH INS- 

DIAMETER INS- 

MACHINED DIAHETER CLEARANCE INS. 

PRELOAD 

ASSERELED CLEARANCE INS- 

BASIC LO6 MCREMENT 

AERO CROSS-COUPLING STIFFNESS '0' LBlIN 

LOG DECREMENT WITH '9' AERO CROSS-COUPLINC 

A 

TILTING PA0 

LOAD BETWEEN PADS 

1.5 

5.0 

0.012 

0.989 

0.006 

0.148 

4644 

-0.284 

8 

TILTING PAD 

LOA0 OH PAD 

1.5 

5.0 

0.009 

0.0 

0.008 

0.164 

4644 

0.122 

Figure 8. - Tilt-pad-bearing modifications. 
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Figure 9. - Kirk and Donald's s t a b i l i t y  c r i t e r i a  appl ied t o  var ious compressors. 
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SUBSYNOWUS VIBRATIONS IIV A HIGH PRESSURE 

CENTRIFUGAL COMPRESSOR: A CASE HISTORY 

B. F. Evans and A, J. Smalley 
Southwest Research Institute 

San Antonio, Texas 78284 

This paper documents two d i s t i n c t  aerodynamically exc i ted  v ibra t ions  i n  a high 
pressure  low flow cen t r i fuga l  compressor. A measured v ib ra t ion  near 2 1  percent 
of running speed w a s  i d e n t i f i e d  as a non-resonant forced v ib ra t ion  r e su l t i ng  from 
r o t a t i n g  stall  i n  t h e  d i f f u s e r ;  a measured v ib ra t ion  near 50 percent of running 
speed w a s  i d e n t i f i e d  as a self-exci ted v ib ra t ion  sustained by cross-coupling 
fo rces  ac t ing  a t  t he  compressor wheels. Measured d a t a  shows the dependence of 
these  c h a r a c t e r i s t i c s  on speed, discharge pressure,  and changes i n  bearing design. 
Analyt ical  r e s u l t s  are presented which provide s t rong  evidence f o r  the  exc i t ing  
mechanisms of d i f f u s e r  s t a l l  and aerodynamic cross-coupling. Additional r e s u l t s  
show how the  r o t o r  c h a r a c t e r i s t i c s  would be expected t o  change as a r e s u l t  of 
proposed modifications.  The s a t i s f a c t o r y  operat ion of the  compressor after these 
modifications is described. 

INTRODUCTION 

Two d i s t i n c t  subsynchronous v ibra t ions  were encountered i n  commissioning an e igh t  
s t a g e  cen t r i fuga l  compressor. The 3170 kW (4250 hp) compressor w a s  spec i f ied  t o  
m e e t  API 617 s tandards and i s  designed t o  run a t  13 500 rpm with a design discharge 
p res su re  of 180 bar  (2600 p s i )  and flow of 33,800 m /h (21,000 SCF'M). 3 

The compressor (Figure 1) i s  mounted i n  5-shoe t i l t ing-pad bearings wi th  load 
on pad (5SLOP) and length t o  diameter r a t i o ,  L/D, of 1. O i l  breakdown seals of 
t h e  balanced f l o a t i n g  type were i n i t i a l l y  located inboard of the  bearings. Tota l  
r o t o r  length  is 1810 mm (71.3 inches)  wi th  a t o t a l  m a s s  of 245 Kg ( t o t a l  weight 
of 540 l b ) ,  and a bearing span of 1360 mm (53.7 inches).  

Manufacturer's test s tand da ta ,  from a run i n  a vacuum, showed a reasonably w e l l  
damped f i r s t  c r i t i ca l  a t  about 5700 rpm, but t he re  w a s  a s l i g h t  i nd ica t ion  of 
subsynchronous response a t  t he  f i r s t  c r i t i ca l  frequency when the  compressor w a s  
taken t o  overspeed (14,500 rpm) 

Af ter  i n s t a l l a t i o n ,  t he  compressor ran  s a t i s f a c t o r i l y  on recycle  up t o  the  
l i m i t i n g  horsepower capab i l i t y  of t h e  gas turb ine  d r i v e  under recycle  conditions-- 
12,400 rpm, 
but a t  about 96.5 bar (1400 p s i )  a d i s tu rb ing  v ib ra t ion  s t a r t e d  with a frequency 
of about 6000 cpm. This v ib ra t ion  would grow and decay but i t s  maximum excursion 
would increase  rap id ly  t o  above 50 vm (2  mi l s )  as the  recycle  valve w a s  f u r t h e r  
closed 

Closing the  recycle  valve would s t a r t  t o  bui ld  discharge pressure,  

An i n i t i a l  change w a s  made by cu t t i ng  t h e  bearing e f f e c t i v e  length by c lose  t o  
50 percent without any change t o  c learance o r  preload. Because the  bearing i s  
l i g h t l y  loaded, t h i s  change would tend t o  reduce s t i f f n e s s ,  causing more amplitude 
and the re fo re  more d i s s i p a t i o n  of v ib ra t ion  energy a t  t he  bearings,  This change 
reduced the  frequency of t he  uns tab le  v ib ra t ion  t o  about 5700 cpm f o r  a discharge 
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pressure  of 121  bar  (1750 p s i ) .  
became in to l e rab le ,  maximum v ib ra t ion  amplitude a t  5700 cpm and 121 bar w a s  about 
20 pm (0.8 mi ls ) ,  peak-to-peak. As discharge pressure  w a s  increased above 121 
bar the  uns tab le  v i b r a t i o n  amplitude increased exponentially.  This modification 
allowed l imi ted  operat ion which had been impossible without t he  bearing change. 

Before the  unstable  v ib ra t ion  peak amplitude 

Along with improved cont ro l  of t he  uns tab le  v ib ra t ion  a new v ib ra t ion  a t  21 
percent of running speed wi th  amplitudes of about 25 pm (1 m i l )  w a s  observed. 
Thus, the  bearing change allowed temporary operat ion but c l ea r ly  showed t h a t  
t h e r e  w e r e  two subsynchronous v ib ra t ion  problems t o  be i d e n t i f i e d  and corrected.  

I n  response t o  t h i s  s i t u a t i o n  t h e  manufacturer developed more s u b s t a n t i a l  changes 
t o  the  ro t a t ing  and s t a t i o n a r y  elements of t he  compressor. This paper presents  
s e l ec t ed  r e s u l t s  from an independent study involving both measurement and ana lys i s  
t o  i d e n t i f y  t h e  problems and t o  eva lua te  t h e  proposed modifications t o  the  ro to r  
and i t s  suspension. The objec t ive  of t he  paper is t o  cont r ibu te  t o  t h e  ava i l ab le  
body of d a t a  on subsynchronous v ib ra t ion  of turbomachinery and t o  show how 
e x i s t i n g  s ta te  of the  art  cr i ter ia  and analyses can be e f f ec t ive ly  applied i n  
des ign  and t r oubles hoot ing . 

MEASURED DATA 

The d a t a  presented w a s  obtained using four  i n s t a l l e d  45" proximity probes. The 
two bearing loca t ions  are i d e n t i f i e d  as d r i v e  end (DEX, DEY), and non-drive end 
(NDEX, NDEY) . 
Conditions are ref e r red  t o  as "o r ig ina l  bearings" and "MOD 1 bearings ;" t h e  
o r i g i n a l  bearings were 89 mm (3.5 inches)  i n  diameter and 92 mm (3.625 inches)  
i n  t o t a l  length wi th  a groove 3.2 mm (0.125 inch)  wide running c i rcumferent ia l ly  
through the middle of each pad, c rea t ing  two lands each 44.4 mm (1.75 inches)  
wide. The MOD 1 bearings were made from t h e  o r i g i n a l  bearings by cu t t i ng  t h e  
width of each land t o  20.7 mm (0.813 inches) .  For both bearings the  machined 
r a d i a l  c learance,  CP, w a s  117 pm (4.6 mi ls )  (nominal) and t h e  measured assembled 
clearance,  CB, w a s  80 pm (3.13 mi ls )  (average) giving a preload, m, of about 0.3. 

Figure 2 shows the  v i b r a t i o n  spectrum a t  non-drive end with o r i g i n a l  bearings 
a t  11,100 rpm and a discharge pressure  of 117 bar (1700 p s i ) ;  t h e  6000 cpm 
v i b r a t i o n  is  pronounced wi th  an amplitude of 23 pm (0.9 mils).  Running speed 
v i b r a t i o n  amplitude is approximately 13 pm (0.5 mils) .  

Figure 3 shows v ib ra t ion  s p e c t r a  a t  non-drive end f o r  discharge pressures  of 121 
and 128 bar  (1760 and 1850 p s i )  wi th  the  MOD 1 bearings. Speed is  again 11,100 
rpm, Note t h a t  t he  uns tab le  v ib ra t ion  frequency dropped t o  5700 cpm and is  again 
pronounced, but t he re  i s  now a v ib ra t ion  a t  21 percent of running speed whose 
amplitude is comparable t o  the  5700 cpm v ib ra t ion ,  

I n  Figure 4 t h e  d a t a  has been organized t o  show how t h e  unstable  v ib ra t ion  va r i e s  
as a func t ion  of discharge pressure f o r  t he  o r i g i n a l  bearings. The 6000 cpm 
v ib ra t ion  shows an onset a t  96.5 bar (1400 p s i )  and rapid growth with increasing 
p res s u r e  . 
Figure 5 presents  similar p l o t s  as a func t ion  of discharge pressure f o r  t h e  r o t o r  
wi th  MOD 1 bearings i n s t a l l e d .  The 5700 cpm v ib ra t ion  appears a t  a similar 
pressure  as d id  the  6000 cpm v ib ra t ion  f o r  t he  o r i g i n a l  bearings,  but grows more 
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gradually.  The 21 percent v ib ra t ion  f i r s t  appears not iceable  a t  96.5 bar  (1400 
p s i )  but is l imi t ed  t o  about 25 pm (1 m i l )  as discharge pressure  increases.  Note 
a l s o  t h a t  t he  d r ive  end amplitudes f o r  t h e  21 percent (2323 cpm) v ib ra t ion  are 
much smaller than those a t  t h e  non-drive end and t h a t  the  non-drive end amplitudes 
do not show much v a r i a t i o n  with pressure.  It w a s  observed t h a t  the  2 1  percent 
v ib ra t ion  tracked running speed a t  a constant  r a t i o  and thus w a s  re fe r red  t o  as 
such i n  some of the  f igures .  

ANALYSIS 

Subsynchronous v ibra t ions  can r e s u l t  from two d i s t i n c t  aerodynamic phenomena: 
i n  one the flow dis turbances and r e s u l t a n t  dynamic fo rces  are d i r e c t l y  influenced 
by t h e  amplitude of mechanical v ib ra t ion ;  i n  the  o ther  t h e  flow dis turbances and 
fo rces  are a func t ion  of the  flow i t s e l f  and are not s i g n i f i c a n t l y  influenced by 
t h e  l e v e l  of mechanical v ibra t ion .  The l a t t e r  are ca l l ed  ro t a t ing  s t a l l  o r  surge; 
t h e  former a r e  re fer red  t o  as self-exci ted v ib ra t ions ,  and the  forces  are commonly 
r e fe r r ed  t o  as Alford forces  ( r e f .  1). 

Self-excited v ibra t ions  which are sus ta ined  by r o t o r  motion general ly  occur on 
t h e  order  of 50 percent of operat ing speed. Exci ta t ions due t o  ro t a t ing  s t a l l  
f a l l  i n t o  two categories  which are dis t inguished by frequency. I m p e l l e r  ro t a t ing  
s ta l l  is  character ized by frequencies  of approximately 70 percent of operat ing 
speed, while v ib ra t ions  due t o  d i f f u s e r  ro t a t ing  s t a l l  general ly  occur i n  the  10 
percent  t o  20 percent of operat ing speed range ( r e f .  2). 

A s  mentioned above, two subsynchronous v ib ra t ion  problems exis ted.  One subsyn- 
chronous v ib ra t ion  w a s  a t  approximately half  speed while t he  o ther  w a s  a t  approxi- 
mately 2 1  percent of running speed and appeared t o  t rack  speed. The ca lcu la t ions  
performed during t h i s  p ro jec t  ind ica ted  t h e  f i r s t  problem of half  speed subsyn- 
chronous v ib ra t ion  w a s  due t o  a r o t o r  dynamic i n s t a b i l i t y  exci ted by aerodynamic 
cross-coupling forces .  
due t o  a very shallow flow angle  from t h e  wheel i n t o  the  vaneless p a r a l l e l  w a l l  
d i f fuse r .  

The second problem w a s  believed t o  be a d i f f u s e r  s t a l l  

The following ana lys i s  w i l l  dea l  f i r s t  wi th  the  v ib ra t ion  a t  50 percent of 
operat ing speed, and then v ib ra t ions  a t  21 percent.  

S t a b i l i t y  Analysis f o r  Original  Rotor 

A mass-elastic model of t he  r o t o r  w a s  prepared and a c r i t i ca l  speed map w a s  
generated as shown 

a func t ion  of speed f o r  t he  MOD 1 bearing (impedance = 
B r e f e r  t o  d i r e c t  
speed. There are in t e r sec t ions  between bearing l i n e s  and the  f i r s t  two r o t o r  
c r i t i ca l  speed l i n e s  at: 

0 

0 

2,800 rpm 
4,800 rpm 

0 7,300 rpm 
O 11,000 rpm 

The in t e r sec t ions  a t  2800 rpm and 7300 rpm are i n  the  r i g i d  body regime f o r  f i r s t  
and second cr i t icals  and can be expected t o  be very highly damped. This is con- 
firmed by unbalance response ana lys i s  as typ i f i ed  by Figure 7 which shows d r i v e  
end bearing response as a func t ion  of speed f o r  unbalance e x c i t a t i o n  a t  sha f t  
center .  Based on Figure 7, cr i t ical  speeds occur only near the  6000 rpm and 
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10,800 rpm speeds. 
and r i n g  seals t o  match measured data .  

The s t a b i l i t y  of the  u n i t  w a s  ca lcu la ted  f o r  the  f i r s t  forward mode and t h e  
r e s u l t s  are presented i n  Figure 8. This p lo t  i l l u s t r a t e s  t he  detr imental  e f f e c t  
on s t a b i l i t y  of increasing aerodynamic cross-coupling, The estimated aerodynamic 
cross-coupling load w a s  approximately 1230 N/mm/wheel (7000 lbs/in/wheel) f o r  t h i s  
compressor under design operat ing conditions (ref 4 ) .  Based upon experience, a 
screening c r i te r ia  w a s  used, f o r  t h i s  p a r t i c u l a r  case, of 0.5 logari thmic decrement 
a t  low aerodynamic cross-coupling condi t ions and a 0.2 log  decrement a t  design 
condi t ions wi th  f u l l  aerodynamic cross-coupling. 
ab le  f o r  a range of parameter va r i a t ions  and bearing changes evaluated f o r  t he  
ex i s t ing  r o t o r  geometry. 
damped na tu ra l  frequency was  marginal a t  low aerodynamic cross-coupling values 
and the  log decrement tended t o  zero o r  below as design operat ing conditions w e r e  
approached 

It w a s  necessary t o  include s t i f f e n i n g  e f f e c t s  of l abyr in th  

These cr i ter ia  proved unat ta in-  

The ca lcu la ted  s t a b i l i t y  f o r  t h e  compressor’s f i r s t  

Figures 9 through 12 are a series of bar  graphs which review s t a b i l i t y  comparisons 
f o r  the  o r i g i n a l  ro tor .  Two aero  cross-coupling values 175 and 1230 N/mm/wheel 
(1000 and 7000 lbs/ in/wheel)  are i l l u s t r a t e d .  Also, shown i n  t h e  f igu res  i s  t h e  
des i red  log dec f o r  reference purposes. 

Figure 9 i l l u s t r a t e s  t h e  d i f fe rence  due t o  o r i g i n a l  and modified bearings. The 
MOD 1 bearing shows a s l i g h t  increase i n  log dec; however, ca lcu la t ions  p red ic t  
i n s t a b i l i t y  a t  design conditions which is cons is ten t  with the  measured f i e l d  data.  

Calculations using synchronous bearing coe f f i c i en t s  are compared t o  those with 
nonsynchronous bearing coe f f i c i en t s  f o r  a frequency r a t i o  of 0.5 i n  Figure 10. 
Predicted system s t a b i l i t y  is  a l t e r e d  g rea t ly  by t h e  use  of nonsynchronous bearing 
c o e f f i c i e n t s ;  a t  design operat ing condi t ions the  ca lcu la ted  log dec drops from 
+0,1 t o  -0.25. In  view of t h i s  s i g n i f i c a n t  d i f fe rence ,  a l l  o ther  pred ic t ions  
account f o r  frequency dependence of the  t i l t i n g  pad bearing cha rac t e r i s t i c s .  

The e f f e c t  of preload on the  MOD 1 bearing i s  shown i n  Figure 11. Increasing 
preload decreases s t a b i l i t y  s l i g h t l y .  

Figure 1 2  summarizes f i v e  o ther  bearing modifications considered f o r  t h i s  un i t .  
These were: 

(1) MOD 1 L/D = 0.5 With Groove 5SLOP m = 0.3 
( 2 )  MOD 2 L/D = 0.5 Without Groove 5SLOP m = 0.3 
(3 )  MOD 2A L/D = 0,25 Without Groove 5SLOP m = 0-3 
( 4 )  MOD 3 L/D = 0.5 With Groove 5SLBP m = 0.3 
(5)  MOD 4 L/D = 0.5 With Groove SSLOP m = 0.0 

None of the  considered modifications increased the  s t a b i l i t y  s i g n i f i c a n t l y  above 
t h e  MOD 1 bearing being used a t  the  t i m e  t h i s  ana lys i s  w a s  performed. 

Other port ions of the  s t a b i l i t y  ana lys i s  addressed t h e  following topics :  

(1) H y s t e r e t i c  Damping ( 4 )  Combination of ( 2 )  and ( 3 )  
(2)  Seal  Ring Lockup (5) Squeeze F i l m  Dampers 
( 3 )  Labyrinth Effec ts  

While these were not f e l t  t o  be major f a c t o r s  cont r ibu t ing  t o  t h e  ex i s t ing  sta- 



b i l i t y  problems, some br ief  comments are worth including. Inclusion of h y s t e r e t i c  
damping reduced ca lcu la ted  log dec values.  Seal  r i ng  lockup, should i t  occur, s ig-  
n i f i c a n t l y  increased cross-coupled s t i f f n e s s  values a t  the  seals which adversely 
a f f ec t ed  s t a b i l i t y ;  however, t h e  pressure  balancing f ea tu res  of t he  breakdown seals 
should preclude lockup. Analysis of t h e  l abyr in th  seal a t  t he  balance drum can 
i n d i c a t e  e i t h e r  a p o s i t i v e  o r  negative s t i f f n e s s  based upon geometry and c e r t a i n  
assumptions ( r e f .  6 ) .  For t h i s  r o t o r ,  t h e  main e f f e c t  of r i ng  and l abyr in th  seals 
w a s  t o  a c t  as a s o f t  bearing, thus r a i s i n g  t h e  la teral  c r i t i ca l  speed above r i g i d  
bear ing ca lcu la t ions .  Squeeze f i l m  dampers were invest igated.  The r e s u l t s  were 
not  promising and physical  cons t r a in t s  prevented t h e i r  addi t ion.  

Subsynchronous Response Analysis 

Rotor sys  t e m  response t o  forced v ib ra t ion  a t  a subsynchronous frequency w a s  
inves t iga ted .  This nonsynchronous e x c i t a t i o n  w a s  imposed upon the  s h a f t  under 
conditions similar t o  those ex i s t ing  i n  the  f i e l d .  

The f i e l d  measured v ibra t ions  i n  t h e  v i c i n i t y  of 2400 cpm with the  MOD 1 bearings 
d i d  not  appear t o  be a resonant response of the  r o t o r  system, but r a t h e r  t he  non- 
resonant response t o  a l a rge  ro t a t ing  force .  Figure 13 shows the  predicted r o t o r  
response t o  forced e x c i t a t i o n  a t  2 1  percent  of operat ing speed. I n  the  v i c i n i t y  
of the measured f i e l d  v ib ra t ions ,  no resonant response i s  apparent. For these  
pred ic t ions  the  e x c i t a t i o n  f o r c e  w a s  var ied wi th  the  square of speed and t h e  mag- 
n i tude  of the  f o r c e  w a s  adjusted t o  give response l eve l s  c lose  t o  those observed 
as shown i n  Figure 13. This required a f o r c e  of about 580 N (130 l b s )  a t  an 
e x c i t a t i o n  frequency of 2400 cpm. 

The loca t ion  of t h e  subsynchronous e x c i t a t i o n  along t h e  length  of t he  s h a f t  w a s  
inves t iga ted  and t h e  r e s u l t s  are shown i n  Figure 14. It can be seen tha t  as the  
e x c i t a t i o n  loca t ion  is  moved toward the  discharge end of t he  s h a f t ,  t h e  r a t i o  of 
amplitudes between non-drive end and d r ive  end approaches t h a t  obtained from 
f i e l d  data .  This gives  an ind ica t ion  t h a t  t he  forc ing  func t ion  is being appl ied 
near t he  discharge end of the  ro tor .  The observed d i f fe rence  i n  measured ampli- 
tudes a t  the  two ends i s  cons is ten t  wi th  non-resonant response s i n c e  a t  f requencies  
near  resonance both ends are predicted t o  respond wi th  similar amplitudes wherever 
t h e  exc i t a t ion  is applied.  

Figure 15 shows the  e f f e c t  of the  same e x c i t a t i o n  on r o t o r  response f o r  t he  
o r i g i n a l  bearing i n  the  machine. The lower predicted amplitudes from t h e  response 
curve could be a t t r i b u t e d  t o  s t i f f e r  bearings due t o  t h e  longer length of t he  
o r i g i n a l  bearings. This lower amplitude agrees with f i e l d  data.  

Figure 16 i l l u s t r a t e s  t h e  e f f e c t  of bearing modifications on t h e  response ampli- 
tude i n  t h e  v i c i n i t y  of 2400 cpm. The o ld  bearing r e f e r s  t o  the  o r i g i n a l  bearing 
i n  the  machine, while t h e  new bearing r e f e r s  t o  the  MOD 1 bearing opera t iona l  a t  
t he  t i m e  of t h i s  ana lys i s .  The minimum response amplitude w a s  achieved with the  
o ld  bearing which w a s  an  unacceptable a l t e r n a t i v e  based upon t h e  ana lys i s  of vibra- 
t i o n s  a t  5700 cpm. The most bene f i c i a l  a l t e r n a t i v e s  w e r e  those t h a t  increased t h e  
bearing s t i f f n e s s  and thereby t h e  impedance between e x c i t a t i o n  point  and ground. 
However, bearing changes alone do not  appea r  t o  e l imina te  the  problem. 

Since the v ib ra t ions  i n  t h e  v i c i n i t y  of 2400 cpm appeared t o  t rack  speed, w e r e  
not r e l a t e d  t o  a resonant r o t o r  condi t ion,  and w e r e  a t  a frequency of approxi- 
mately 2 1  percent  of operat ing speed, an inves t iga t ion  w a s  begun t o  determine i f  
they could be a t t r i b u t e d  t o  ro t a t ing  s t a l l  i n  the  d i f fuse r .  Published da ta  
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concerning s ta l l  frequency r a t i o  versus  i n l e t  flow angle  is shown i n  Figure 17 
f o r  comparison wi th  the  observed v ib ra t ion  frequency. It is seen t h a t  d i f f u s e r  
ro t a t ing  s t a l l  can occur i n  the  10 t o  20 percent  of operat ing speed range ( r e f .  
2).  

The angle a t  which flow en te r s  the  d i f f u s e r  a f f e c t s  whether o r  not a s t a l l  
condi t ion might occur i n  a d i f fuse r .  Published criteria from two sources ( r e f s .  
2 and 3) f o r  the  c r i t i c a l  i n l e t  f low angle  versus d i f f u s e r  width t o  i n l e t  radius  
r a t i o  are shown i n  Figure 18. Based upon system geometry, t he  predicted flow 
angle  a t  design conditions l i es  c lose  t o  t h e  cr i ter ia  l i ne .  Flow angles below 
t h e  curve shown i n  the  f i g u r e  p red ic t  ro t a t ing  s t a l l  i n  t h e  d i f f u s e r  while angles 
above ind ica t e  d i f f u s e r  s t a l l  should not occur. The width t o  radius  r a t i o  f o r  
t h e  l a s t  s t age  of the  sub jec t  machine w a s  o r i g i n a l l y  0.029. Included i n  Figure 
18 are predicted flow angles f o r  a revised system which has a d i f f u s e r  width t o  
radius  r a t i o  of 0.021, and these  w i l l  be discussed i n  more d e t a i l  
paper. 

Analysis of Revised Rotor Design 

Since ne i the r  of t he  two subsynchronous v ibra t ions  appeared t o  be 
t h e  same t i m e  by bearing changes alone,  major s h a f t  modifications 

la te r  i n  t h i s  

cont ro l led  a t  
were considered . 

The bas is  f o r  t h e  redesign of t he  s h a f t  w a s  t h a t  a s t i f f e r  s h a f t  with a s h o r t e r  
bear ing span and l a r g e r  diameter s h a f t  a t  the  bearings should increase  the  f i r s t  
c r i t i ca l  speed and thus a l l e v i a t e  t h e  half  speed v ib ra t ion  problem. A t  t he  same 
t i m e  the impedance between ro t a t ing  s t a l l  exc i t a t ion  and ground would be increased,  
s o  reducing s e n s i t i v i t y  t o  t h i s  exc i t a t ion .  To achieve t h i s ,  the  s h a f t  w a s  modi- 
f i e d  i n  the  area outs ide  of the  balance drum and wheels; t he  diameter was increased 
a t  the bear ings,  t he  seals w e r e  moved outs ide  the  bearings ( s o  t h a t  the  bearings 
operate  i n  a high pressure region) and both seal and bearing were redesigned. 
This a l s o  necess i ta ted  a change t o  t h e  spacer  i n  the  d r ive  coupling. 

Total  r o t o r  length  is 1700 mm (66.82 inches)  and t o t a l  ro to r  weight is 2450 N 
(550 lb) .  Bearing span w a s  decreased by 186 mm (7.31 inches)  t o  1180 mm (46.4 
inches) .  D i a m e t e r  of the  s h a f t  a t  the  bearings w a s  increased t o  102 mm ( 4  inches)  
w i th  an LID of approximately 1/2.  No c i rcumferent ia l  groove w a s  included and a 
0.2 nominal preload w a s  ca l l ed  f o r .  The seals were of a th ree  lobe type and 
were located j u s t  ou ts ide  of t he  bearings.  

These modifications t o  t h e  r o t o r  required a new s h a f t  t o  be b u i l t ;  however, t o  
save  as much t i m e  as poss ib le ,  t he  area of the  s h a f t  which held t h e  wheels and 
t h e  l abyr in th  were not a l t e r e d  so t h a t  these p a r t s  could be reused. Also, t he  
area of the  s h a f t  t h r u s t  c o l l a r  w a s  not s i g n i f i c a n t l y  a l t e r ed .  A new bundle w a s  
t o  be suppl ied t o  f a c i l i t a t e  t he  change of the  ro to r ;  modifications t o  the  bundle 
included reductions i n  d i f f u s e r  width f o r  a l l  s tages  and holes  d r i l l e d  i n  the  
l a s t  s t age l l abyr in th  area t o  increase  last  s t a g e  flow. 

For the  revised r o t o r  a c r i t i ca l  speed map is  shown i n  Figure 19. Note the  
h igher  r i g i d  bearing f i r s t  c r i t i ca l  speed and the  s t i f f e r  bearing cha rac t e r i s t i c s .  
There are in t e r sec t ions  of t he  f i r s t  and second c r i t i ca l  speed l i n e s  and the  
bearing t o t a l  impedance l i n e s  at :  

0 

0 
5,500 rpm 
6,000 rpm 

O 16,000 rpm 
O 16,000 rpm 

I n  the  v i c i n i t y  of the  f i r s t  cr i t ical  speed i n t e r s e c t i o n  a t  approximately 
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5 kN/mm ( 4  t o  5 x 10 l b / i n )  support  s t i f f n e s s ,  t he  corresponding undamped v ib ra t ion  
mode shape shows more d e f l e c t i o n  a t  t he  bearings than the  o r ig ina l  ro tor .  This 
allows the bearing damping t o  be more e f f e c t i v e  i n  d i s s ipa t ing  s h a f t  v ib ra t iona l  
energy. 

Figure 20 shows ca lcu la ted  unbalance response f o r  t h e  d r ive  end bearing as a 
func t ion  of speed f o r  nominal 720 g-mm (1 oz-in) unbalance e x c i t a t i o n  a t  s h a f t  
center .  The predicted f i r s t  c r i t i c a l  speed i s  now approximately 8200 rpm as 
opposed t o  6000 rpm f o r  t h e  o r i g i n a l  ro to r .  As mentioned above, t he  bearings are 
i n  a d i f f e r e n t  p a r t  of t he  v ib ra t ion  mode shape due t o  t h e  s h o r t e r  span. The 
l abyr in th  has not changed and should s t i l l  cont r ibu te  some s t i f f e n i n g  e f f e c t ,  but 
t he  seals are now outboard of t he  bearings i n  an area less s e n s i t i v e  t o  t h e i r  
dynamic e f f e c t s  ( i f  any). 

Rotor s t a b i l i t y  i s  summarized i n  Figure 21 and Table 1 f o r  t h e  revised ro tor .  The 
general  trend of decreasing log dec with increasing aerodynamic cross-coupling 
remains; however, t he  value wi th  zero  aero  cross-coupling i s  over 0.7 and the  cross- 
over point  f o r  zero  log dec has been s i g n i f i c a n t l y  s h i f t e d  t o  the  r igh t .  Also, the  
f i r s t  forward mode's damped frequency predicted under design conditions has 
increased t o  above 6000 cpm. It should be pointed out t h a t ,  f o r  t h i s  ro to r ,  a 
decrease i n  d i f f u s e r  widths from t h e  o r i g i n a l  system causes an increase  i n  the  
pred ic ted  aerodynamic cross-coupling a t  design conditions.  This increase  t o  
approximately 1750 N/mm/wheel (10,000 lbs/ in/wheel)  y i e l d s  a ca lcu la ted  log  dec of 
approximately 0.2 a t  design condi t ions.  The increase  i n  t h e  damped na tu ra l  f r e -  
quency of t h e  f i r s t  forward mode is s i g n i f i c a n t  and coupled with the  increased 
predicted log dec,  the  system appears s a t i s f a c t o r y  from t h e  50 percent speed self-  
exci ted v ib ra t ion  s tandpoint .  

Hys tere t ic  damping, seal and l abyr in th  e f f e c t s  on calculated s t a b i l i t y  were 
inves t iga ted .  
t h e  ca lcu la ted  log dec f o r  t he  system. This w a s  a t t r i b u t e d  t o  the  f a c t  t h a t  t he  
seals were now outboard of the  bearings which located them a t  a d i f f e r e n t  p a r t  
of the mode shape f o r  v i b r a t i o n  a t  t h i s  frequency. Also, t h e  increase  i n  frequency 
of the f i r s t  damped c r i t i ca l  speed helps  increase  the  margin of s t a b i l i t y  f o r  
a l l  cases inves t iga ted  

I n  essence,  seal and l abyr in th  e f f e c t s  d id  not detr imental ly  a l t e r  

As with  the  o r i g i n a l  r o t o r  t he  inf luence  of accounting f o r  nonsynchronous t i l t i n g  
pad coe f f i c i en t s  w a s  s i g n i f i c a n t  . 
The predicted flow angles and t h e i r  r e l a t ionsh ip  t o  the  predicted d i f f u s e r  s t a l l  
margin f o r  t h e  modified r o t o r  and d i f f u s e r  w e r e  previously included as p a r t  of 
Figure 18. The changes achieved a d i s t i n c t  increase i n  margin by over 2" r e l a t i v e  
t o  the  o r i g i n a l  design. Coupled with the  s t i f f e r  s h a f t ,  which reduced s e n s i t i v i t y  
t o  t h i s  e x c i t a t i o n  by a f a c t o r  g r e a t e r  than 2, t h e  new design w a s  expected t o  
see a s u b s t a n t i a l  reduct ion i f  not t o t a l  e l imina t ion  of the  21 percent speed 
v ibra t ion .  

The narrower d i f f u s e r  passages increased t h e  predicted aerodynamic cross-coupling 
as mentioned previously.  The trade-off of higher  aero  loadings on the  wheels 
versus e l iminat ing d i f f u s e r  s t a l l  is self-evident .  

Running Experience wi th  Revised Rotor 

The ro to r  modifications described above have been i n s t a l l e d .  The compressor 
has been run t o  near design discharge pressure  and speed with negl ig ib le  s e l f -  
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exci ted  v ibra t ion .  There is a s l i g h t  h i n t  of v ib ra t ion  a t  about 20 percent of 
running speed, but the  l e v e l s  are q u i t e  to le rab le .  

COMPARISON WITH AN ALTERNATIVE STABILITY CRITERIA 

A comparison of p a s t  uns tab le  compressors wi th  a suggested s t a b i l i t y  screening 
c r i te r ia  w a s  recent ly  presented (see Reference 7). Figure 22 is  reproduced from 
t h i s  reference and p l o t s  t he  product of discharge pressure  and pressure rise 
aga ins t  t he  r a t i o  of operat ing speed t o  f i r s t  r i g i d  bearing c r i t i c a l  speed. The 
diagonal band is  t h e  suggested cri teria of Reference 7 ,  wi th  ro to r s  t o  the  l e f t  
of the le f tmost  l i n e  considered sa t i s f ac to ry .  

To evaluate  the  a p p l i c a b i l i t y  of t he  c r i t e r i o n  t o  the  compressor under 
considerat ion i n  t h i s  study, t h ree  po in t s  have been superimposed on Figure 22: 

(1) The o r i g i n a l  design point .  
(2)  
(3) The poin t  a t  which v ib ra t ion  l e v e l s  become i n t o l e r a b l e  wi th  the  MOD 1 

The design poin t  with the  revised ro tor .  

bearing. 

A l l  these  po in t s  l i e  t o  t h e  l e f t  of t he  c r i te r ia  band, ind ica t ing  t h a t  t h i s  
p a r t i c u l a r  compressor requi res  a more conservat ive s t a b i l i t y  c r i t e r i o n  than t h a t  
of Reference 7. 

The p o t e n t i a l  bene f i t s  of such a screening c r i t e r i o n  as t h a t  proposed i n  Reference 7 
are subs t an t i a l .  However, i t  appears t h a t  a more extensive d a t a  base i s  needed with 
some adjustment of t he  c r i t e r i o n  band before  universa l  app l i ca t ion  is  contemplated. 

CONCLUSIONS 

1. 

2. 

3. 

4. 

5. 

6 .  

7. 

This study adds t o  t h e  d a t a  base of published information on subsynchronous 
v ib ra t ion  of cen t r i fuga l  compressors. 

The observed v ib ra t ion  near 50 percent  of running speed appears t o  be a s e l f -  
exci ted v ib ra t ion  due t o  se l f - sus ta in ing  aerodynamic cross-coupling e f f ec t s .  

Pred ic t ion  of log decrement using published e m p i r i c a l  da t a  f o r  aerodynamic 
cross-coupling ( r e f .  4 )  and nonsynchronous t i l t i n g  pad bearing coe f f i c i en t s  
ind ica tes  t h a t  t h e  r o t o r  would have a damped c r i t i ca l  speed with negat ive log  
decrement and frequency near  (but below) t h a t  observed under design condi t ions;  
wi th  zero  aero  cross-coupling t h e  pred ic ted  log  decrement i s  0.35. 

Using t h e  same ana lys is  f o r  a design wi th  revised r o t o r ,  bearings and seals, 
log decrement with f u l l  aero  cross-coupling w a s  p red ic ted  t o  be 0.2 and wi th  
zero aero  cross-coupling t o  be 0.7. 

With t h i s  redesigned r o t o r ,  subsynchronous v ib ra t ions  w e r e  negl igible .  

There i s  s t rong  evidence t h a t  v i b r a t i o n  observed a t  about 21 percent of 
running speed w a s  a non-resonant v i b r a t i o n  exci ted by d i f f u s e r  ro t a t ing  
stall .  

Observations suggest t h a t  opera t ion  near t o  t h e  d i f f u s e r  ro t a t ing  s t a l l  
cr i ter ia  of References 2 o r  3 can r e s u l t  i n  t h i s  form of aerodynamic 
exc i ta t ion .  
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If  t he re  is i n s u f f i c i e n t  impedance between e x c i t a t i o n  point  and ground, 
s i g n i f i c a n t  v ibra t ions  near 20 percent of running speed can r e s u l t  from 
d i f f u s e r  ro t a t ing  s t a l l  exc i t a t ion .  
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Rotor 
Model 

Original  1 
2 
3 

Revised 1 
2 
3 

TABLE 1 
COMPARISON OF ROTORS 

S t a b i l i t y  
C r i  t ical  Unbalance Analysis Resul ts ,  

Speed Map Resul ts ,  Response Resul ts ,  Frequency/Log Dee 
CPm cpm 

4,800 6,000 4260/-0.24 
11,000 10,800 
15,000 

16,000 - * 
20,000 - 

- 
6,000 8,200 6 1 10/+0.2 

Due t o  narrower d i f f u s e r  passages,  predicted aero  cross-coupling forces  a t  design 
condi t ions are g r e a t e r  f o r  t he  revised ro tor .  
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Figure 1. - Rotor sketch of high pressure, low flow centrifugal compressor. 

Figure 2. - Vibration spectrum for original rotor in original bearings. Speed, 
11 100 rpm; discharge pressure, 1700 psi; non-drive-end X vibration (NDEX). 
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Figure 3 .  - Vibration spectrum for original rotor in mod 1 bearings. Speed, 
11 100 rpm; discharge pressures, 1760 and 1850 psi; non-drive end X vibration 
(NDEX) . 

1500 

DISCHARGE PRESSURE, PSI 
MOO 

Figure 4 .  - Vibration as a function of discharge pressure for original rotor in 
original bearings. 
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Figure 5. - Vibrat ion a s  a funct ion of discharge pressure €or  o r i g i n a l  r o t o r  i n  
mod 1 bearings.  Vibration components a t  synchronous frequency, ha l f  speed, 
and 2 1  percent speed; drive-end and non-drive-end X v ibra t ion .  
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Figure 6. - C r i t i c a l  speed map f o r  o r i g i n a l  r o t o r  i n  mod 1 bearings.  
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Figure 7. - Unbalanced response for original rotor in mod 1 bearings with 1 
in-oz at midspan. 
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Figure 8. - Rotor stability analysis €or original rotor in mod 1 bearings - log 
decrement as a function of aerodynamic cross-coupling. 
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Figure 9. - Stability comparison of original rotor in original bearings versus 
original rotor in mod 1 bearings. Speed, 12 000 rpm. 
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= AERO LO - 7000 AERO 10 - l O M  

Figure 10. - Comparison of log decrement predicted using synchronous bearing 
coefficients versus log decrement predicted using nonsynchronous bearing 
coefficients - original rotor in mod 1 bearings. Speed, 1 2  000 rpm. 
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Figure 11. - Predicted s t a b i l i t y  a s  a func t ion  of preload f o r  o r i g i n a l  r o t o r  
i n  mod 1 bearings.  Speed. 12  000 rpm. 
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Figure 12. - Predicted log  decrement as a funct ion o f  var ious  bear ing 
modif icat ions f o r  o r i g i n a l  ro to r .  Speed, 12 000 rpm. 
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Figure 13. - Predicted response to rotating force applied near last stage at 
21 percent speed - comparison of predictions with test data for original 
rotor in mod 1 bearings. 
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Figure 14. - Ratio of amplitudes for excitation at 2 1  percent of running speed 
as a function of excitation location for original rotor in mod 1 bearings. 
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Figure 15. - Predicted response to rotating force excitation at last stage for 
Frequency of excitation, 21 percent of original rotor in original bearings. 

running speed. 
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Figure 16. - Response at 21 percent of running speed as a function of bearing 
parameter changes. 
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Figure 17. - Comparison of observed v ib ra t ion  frequency wi th  d a t a , o f  reference 2. 
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Figure 18. - Comparison of published da ta  f o r  d i f f u s e r  r o t a t i n g  s t a l l  cr i ter ia .  
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Figure 19. - Critical speed map for revised rotor. 
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Figure 20. - Unbalanced response prediction for revised rotor in revised 
bearings with 1 in-oz at midspan. 
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Figure 21. - Rotor stability analysis for revised rotor in revised bearings. 

Figure 22. - Comparison of data from present study with suggested criteria of 
reference 6. 
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EXPEBIIZHCES W I T H  NOEISYKEROI?OIJS FORCED 

VIBRATION IN CEmIFUGAL COMPRESSORS 

Do R. Smith and J. C. Wachel 
Engineering Dynamics Incorporated 

San Antonio, Texas 78232 

When a compressor rotor experiences subsynchronous v ibra t ion ,  t h e  problem is 
genera l ly  considered t o  be a s h a f t  i n s t a b i l i t y  problem associated w i t h  the 
s t a b i l i t y  of t h e  rotor on t h e  bearing o i l  f i l m .  However, many times t h e  high 
subsynchronous v i b r a t i o n s  are forced v i b r a t i o n s  caused by flow i n s t a b i l i t i e s ,  
such as s t a g e  s t a l l .  I n  these cases, modif icat ions t o  improve t h e  rotor 
s t a b i l i t y  by changing t h e  bear ings or seals w i l l  have l i t t l e  effect on t h e  
subsynchronous v ibra t ions .  It is therefore  important t o  understand t h e  
d i f f e r e n c e s  between forced v i b r a t i o n s  and self-excited v ibra t ions  so t h e  
problem can be properly diagnosed and corrected (References 1-4). The following 
is  a l ist  of characteristics of t h e  two types  of subsynchronous vibrat ion.  

Self-Excited 

1. 

2. 

3. 

4 ,  

The v i b r a t i o n s  genera l ly  occur near t h e  first c r i t i ca l  speed of the  
s h a f t  . 
The v i b r a t i o n s  are cont ro l led  by t h e  s t a b i l i t y  of t h e  rotor and t h e  
o i l  f i l m .  

The v ibra t ion  amplitudes can suddenly increase  and become unbounded 
u n t i l  t h e  rotor contac ts  s t a t i o n a r y  p a r t s ,  such as seals and 
labyr in ths .  

The rotor w h i r l s  a t  t h e  subsynchronous frequency and the w h i r l  
d i r e c t i o n  can be i n  t h e  d i r e c t i o n  of r o t a t i o n  (forward) or opposi te  
t h e  d i r e c t i o n  of r o t a t i o n  (backward) 

Forced Vibrat ion 

1. 

2. 

3. 

4. 

5. 

The v i b r a t i o n s  are caused by aerodynamic e x c i t a t i o n  (flow 
i n s t a b i l i t e s )  and are influenced by t h e  acous t ica l  c h a r a c t e r i s t i c s  of 
t h e  combined compressor and piping systems, 

The subsynchronous v ibra t ions  occur a t  t h e  lower flows near surge and 
are bounded i n  amplitude (as opposed to  unstable  shaf t  v ibra t ions  
which can increase  u n t i l  t h e  s h a f t  contac ts  s t a t i o n a r y  p a r t s ) .  

The w h i r l  d i r e c t i o n  is genera l ly  forward. 

The subsynchronous v ibra t ion  frequencies  are usua l ly  5 - 20% of t h e  
running speed frequency. 

The subsynchronous amplitudes are a funct ion of t h e  impel ler  vane t i p  
speed and gas  densi ty .  
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6. 

7. 

8. 

9. 

10 * 

The subsynchronous shaft  v ib ra t ions  and pulsat ions are phase 
coherent. 

The subsynchronous pu l sa t ions  gene ra l ly  are higher amplitude on the  
discharge s i d e  and do not occur on t h e  suct ion s i d e  unless  there are 
i n l e t  flow d i s t o r t i o n s .  

I n  multi-stage compressors t h e  subsynchronous pulsat ions are gene ra l ly  
associated wi th  t h e  f i n a l  stages. 

The pulsat ion frequencies are determined by the  acous t i ca l  responses 
of t h e  e n t i r e  system including t h e  compressor i n t e r n a l s  and the  
piping. Many times there are mult iple  harmonics of some basic 
response frequency. 

I n  c e n t r i f u g a l  compressors, the  e x c i t a t i o n s  are o f t en  associated wi th  
stage s t a l l  i n  t h e  d i f f u s e r  or r e tu rn  channel. 

SYMPTOMS OF FLOW INSTABILITIES 

Subsynchronous forced v ib ra t ions  are o f t en  an ind ica t ion  t h a t  t h e  compressor is 
operat ing near a s t a g e  s t a l l  condition. Stage s t a l l  is a pre-surge condition 
which occurs  when one of  the  f i n a l  s t ages  is unstable  a t  reduced flow rates. 
If  t h e  unstable  stage reacts w i t h  t h e  rest of t h e  system, then a surge 
condition may r e s u l t .  Therefore, the  subsynchronous r o t o r  v ib ra t ions  can be an 
ind ica t ion  of i n c i p i e n t  surge. 

The stage s t a l l  or surge of  one or more of t h e  impel lers  can cause a l o s s  of 
performance. Many times there w i l l  be a small drop i n  head as one p a r t i c u l a r  
frequency is excited. As t h e  flow is f u r t h e r  reduced, mult iple  frequency 
components are sometimes excited which can d r a s t i c a l l y  reduce t h e  performance. 

Other i nd ica t ions  of t h e  flow i n s t a b i l i t i e s ,  and o f t e n  t h e  most obvious, are 
low frequency v ib ra t ions  of the  attached piping. The piping v ib ra t ion  is due 
t o  low frequency pu l sa t ions  a t  a f r a c t i o n  o f  t h e  running speed frequency. T h i s  
is i n  c o n t r a s t  t o  t h e  normally occurring high frequency pu l sa t ions  a t  mult iples  
of running speed, such as blade and d i f f u s e r  passing frequencies which do not 
normally excite the  piping la teral  mechanical n a t u r a l  frequencies.  

The subsynchronous pu l sa t ions  are gene ra l ly  less than 10 p s i  and seldom exceed 
1% o f  l i n e  pressure on high pressure un i t s .  The pu l sa t ions  couple a t  t h e  
piping elbows to  produce shaking forces which can be s i g n i f i c a n t  i n  l a r g e  
diameter piping s ince  t h e  shaking force is approximately equal t o  t h e  pipe 
c r o s s  s e c t i o n a l  flow area mult ipl ied by the  pressure pu l sa t ions  For example, 
an inch pipe wi th  a pulsat ion of 4 p s i  could have a dynamic shaking force of 
approximately 200 l b s .  Overhead piping can normally be clamped and r e s t r a i n e d  
t o  withstand forces of 400-500 l b s ;  however, c e n t r i f u g a l  piping systems 
t y p i c a l l y  have very few clamps due t o  t h e  thermal f l e x i b i l i t y  requirements and 
t h u s  t h e  pulsat ion forces can produce high v ib ra t ion  amplitudes on t h e  piping. 

8 

The following case h i s t o r i e s  were selected because they  i l l u s t r a t e  t h e  effects 
and symptoms o f  subsynchronous pulsat ion and v ib ra t ion  i n  c e n t r i f u g a l  
equipment. 
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CASE A. TURBOE XPANDER / COMPRE S SOR 

A turboexpander/compressor u n i t  i n s t a l l e d  i n  a gas processing p l an t  
experienced numerous mechanical f a i l u r e s ,  the  performance was less than 
predicted, and t h e  u n i t  had high amplitude, low frequency piping vibrat ions.  
The u n i t  operated from 11000 - 13500 rpm (183 - 225 Hz) and t h e  piping and 
shaf t  v ib ra t ions  were primari ly  near 12 Hz. As outl ined above, these were a l l  
symptoms of forced vibrat ions.  

Test Procedures 

Fie ld  tes ts  were made wi th  special instrumentation to  i d e n t i f y  t h e  source of  
the  exc i t a t ion .  Dynamic pressure t ransducers  were i n s t a l l e d  to  measure the  
aerodynamic e x c i t a t i o n  i n  t h e  turboexpander and compressor. Proximity probes 
were i n s t a l l e d  near t h e  rotor bearings t o  confirm the  exis tence and t o  assess 
the  s e v e r i t y  o f  t h e  r e s u l t i n g  shaf t  vibrat ions.  Pressure pu l sa t ions  were 
measured and i n  the compressor 
suct ion and discharge piping. Low frequency pu l sa t ions  near 12 Hz were 
measured i n  t h e  compressor suct ion and discharge piping. There was no 
ind ica t ion  of t h e  low frequency pu l sa t ions  i n  t h e  turboexpander piping where 
t h e  pu l sa t ions  occurred pr imari ly  

Vibrations of t h e  turboexpander/compressor sha f t  r e l a t i v e  t o  t h e  bearing 
housing were measured w i t h  p rox imi ty  probes. Two probes were i n s t a l l e d  near 
each bearing, go degrees apart ,  to  obtain a sha f t  v ib ra t ion  o rb i t .  The sha f t  
v ib ra t ion  The 
shaf t  v ib ra t ion  a t  t h e  running speed frequency was only 1 m i l  peak-peak w h i l e  
t h e  subsynchronous v ib ra t ions  near 12 Hz were approximately 3 m i l s  peak - peak. 
The shaf t  o r b i t  was unsteady and similar t o  w h i r l  phenomena experienced on 
shaft i n s t a b i l i t y  v ib ra t ion  problems (self-excited v ib ra t ions ) ;  however, the  
amplitude remained bounded. The shaf t  v ib ra t ions  and suc t ion  pulsat ions near 
12 Hz were phase coherent,  which indicated tha t  t h e  shaf t  v ib ra t ions  and t h e  
compressor pu l sa t ions  were d e f i n i t e l y  related. 

i n  the  turboexpander i n l e t  and discharge piping 

a t  mult iples  of  running speed. 

o r b i t  showed to t a l  v ib ra t ions  o f  approximately 4 m i l s  peak-peak. 

Although t h e  data  indicated t h a t  t h e  shaf t  v ib ra t ions  and compressor pu l sa t ions  
were related, it was not  known which was t h e  cause and which was the react ion.  
Experience has shown; however, t h a t  t h e  shaf t  v ib ra t ions  were probably due to  
the  pu l sa t ions  because it is d i f f i c u l t  for t h e  low amplitude subsynchronous 
s h a f t  v i b r a t i o n s  t o  produce high amplitude coherent pu l sa t ions  i n  the  gas 
stream. Therefore, it was f e l t  t h a t  t h e  shaf t  v ib ra t ions  were forced 
v ib ra t ions  and t h a t  modifications or balancing of t h e  r o t o r  would not reduce 
t h e  vibrat ions.  

While the  u n i t  was operat ing a t  a stable condition near 13000 rpm, speed 
modulations of 500 rpm near 12 Hz were measured. The speed modulation was 
obtained by analyzing the  tachometer s i g n a l  from a magnetic pickup wi th  a 
frequency-to-voltage converter.  The d i g i t a l  speed readout i n  t h e  con t ro l  room 
also indicated speed f luc tua t ions ,  although t o  a lesser degree, because t h e  
s i g n a l s  were averaged for t h e  readout. The speed modulation was another 
i nd ica t ion  t h a t  the  loading was not constant ,  which suggested a forced 
aerodynamic exc i td t ion  on the  system. 

Solution 

As shown i n  Figure 1 ,  t h e  suct ion piping was perpendicular t o  t he  compressor 
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shaf t  and the  gas  flow had t o  make a sharp 90 degree t u r n  t o  e n t e r  t h e  
compressor impeller.  There were no i n l e t  guide vanes o r  turning vanes i n  the  
compressor i n l e t  chamber. It was f e l t  t h a t  t h e  problems were caused by 
turbulence occurring a t  t h e  i n l e t  of the compressor impeller. I n  an effort  t o  
improve t h e  flow i n t o  the  compressor, a flow s p l i t t e r  was fabricated on-site 
and i n s t a l l e d  i n  the  i n l e t  chamber d i r e c t l y  i n  l i n e  wi th  t h e  suct ion i n l e t .  
After t h e  flow s p l i t t e r  was i n s t a l l e d ,  the subsynchronous v ib ra t ions ,  
pu l sa t ions  and speed modulations were s i g n i f i c a n t l y  reduced and t h e  performance 
was improved (Figure 2) .  Similar flow s p l i t t e r s  have been used on induced 
draf t  f ans  t o  prevent i n l e t  v o r t i c e s  which create r o t a t i n g  s t a l l  condi t ions 
(Ref 5). 

Based upon the  data obtained with the flow s p l i t t e r ,  a compressor i n l e t  
modification was designed to  f u r t h e r  improve t h e  compressor i n l e t  flow 
conditions.  The modification used an elbow i n s i d e  t h e  compressor i n l e t  chamber 
t o  direct the  flow i n t o  the  impeller.  A v e r t i c a l  flow s p l i t t e r  was added t o  
ensure t ha t  t h e  flow was properly d i s t r i b u t e d  over t h e  flow area o f  t he  elbow. 
Tes t s  showed t h a t  t h e  i n l e t  modification g r e a t l y  improved t h e  i n l e t  flow 
condi t ions,  reduced the  subsynchronous shaf t  v i b r a t i o n s  and pulsat ions,  lowered 
the speed modulations, v i r t u a l l y  eliminated t h e  low frequency piping and case 
v ib ra t ions  and improved t h e  compressor performance (Table 1) .  It is 
i n t e r e s t i n g  t o  note t h a t  the r o t o r  v ib ra t ion  amplitudes a t  t h e  running speed 
(13000 rpm) were not affected by t h e  flow i n s t a b i l i t i e s .  This u n i t  has 
operated success fu l ly  f o r  s eve ra l  years  s i n c e  t h e  i n l e t  was modified. 

CASE B. CENTRIFUGAL COMPRESSOR 

This  compressor sys tem operated s a t i s f a c t o r i l y  for seve ra l  years  u n t i l  t h e  
a f t e r c o o l e r  was replaced and t h e  flow rate was reduced. The a f t e rcoo le r  was 
replaced w i t h  a l a r g e r  u n i t  designed t o  increase t h e  cooling capac i ty  wi th  a 
lower pressure drop. The flow rates were down because of the  reduced demand 
f o r  t h e  product. After these changes were made t o  t h e  operat ing system, the  
u n i t  experienced piping and a f t e rcoo le r  v ib ra t ions  and subsynchronous s h a f t  
v ib ra t ions .  

T e s t  Procedures 

A f i e l d  s tudy was performed to  determine the  causes of  t h e  vibrat ions.  
Pulsat ions were measured i n  t h e  compressor discharge piping and a t  t h e  i n l e t  
and out le t  of the  aftercooler. The discharge piping v ib ra t ions  were measured 
w i t h  accelerometers a t  t h e  po in t s  of maximum v ib ra t ion .  The r o t o r  v ib ra t ions  
were obtained w i t h  proximity probes i n s t a l l e d  near the  bearings. 

Frequency analyses  of the  compressor discharge pulsat ions,  aftercooler i n l e t  
pulsat ions,  discharge piping v ib ra t ions  and compressor shaft  v ib ra t ions  are 
p lo t t ed  for comparisons i n  Figure 3. It was found t h a t  pulsat ion and v ib ra t ion  
amplitudes could be s i g n i f i c a n t l y  changed by running t h e  compressor a t  
d i f f e r e n t  operat ing condi t ions (Figure 4). The operat ing condition wi th  
minimum pulsat ion and v ib ra t ion  amplitudes was the  condition with maximum flow 
rate and minimum pressure ratio.  The piping v ib ra t ions  and pressure 
pu l sa t ions  were 
The amplitude of t h e  frequency components were beating, as can be seen from t h e  
time cascade s p e c t r a l  p lo t s  given i n  Figures 5-6. 

pr imari ly  a t  subsynchronous frequencies  near 25 Hz and 75 Hz. 

During t h e  t e s t i n g ,  t h e  suct ion absolute pressure,  t h e  discharge gage pressure,  
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t h e  
process computer i n  the  cont ro l  room. Th 
performance map (Figure 7). As shown, the  
t h e  performance map d i d  not  agr 
process computer. 
could have been c 
curve was d i f f e r e n t  

compressor running speed and the  t o t a l  

Although t h e  measured performance data was d i f f e r e n t  than the predicted 
performance curve,  t h e  data d i d  show tha t  t h e  subsynchronous v ibra t ion  and 
pulsa t ion  amplitudes were greater a t  operat ing condi t ions c lose r  t o  t h e  
ca lcu la ted  surge l i n e  shown on the  performance map. The surge l i n e  shown on 
t h e  performance map is t h e  surge l i n e  f o r  the  combined low and high pressure 
compressors. t h e  compressors d i d  not  appear t o  be operat ing near t h e  
s y s t e m  surge l i n e ,  t h e  high pressure compressor was probably operat ing near 
surge o r  stage s t a l l  condi t ions f o r  one or  more of the  f i n a l  stage impellers. 

Although 

The problems observed on t h i s  compressor appeared t o  be due t o  s t age  s t a l l  i n  
which the operat ion of  a p a r t i c u l a r  stage is unstable  a t  reduced flow rates 
(Refs. 3-4). Similar unsteady flow phenomena have been documented on other  
cen t r i fuga l  compressors (Ref. 4) .  It has been observed t h a t  the  l i m i t  of 
stable operat ion is where t h e  pressure r a t i o  (PR) VS. mass flow 
characteristics (m) is horizontal .  Therefore, t h e  c r i t e r i o n  fo r  s tage  s t a l l  
may be: 

= < o  s t ab le  am 

- =o metastable am 
PR 

- > o  unstable 
a m  

As shown on Figure 7, t h e  p l o t  of  
much f la t te r  than the  predicted 

Table Anstable  

I 
Flow 

t h e  measured pressure r a t i o  versus flow was 
curves.  T h i s  would ind ica t e  t h a t  the  

compressor was operat ing near the  metastable region. 

A stage can operate i n  an unstable  condition fo r  extended time periods without 
an Y g n i f i c a n t  pu lsa t ions  or  noise ,  i f  t h e  stage does not react 
acous of t h e  system. However, i f  t he  system, including 
t h e  i n l e t  elements and discharge elements (such as t h e  a f t e rcoo le r )  , i n t e r a c t s  
wi th  unstable  s t age  t o  create high pulsa t ions ,  then the  entire sys tem may 
become unstable  and a surge condi t ion can r e s u l t .  

It has been observed on other  u n i t s  t h a t  when a compressor is operat ing near 
surge,  t h e  frequencies of  t he  nonsynchronous compressor s h a f t  v ibra t ions  are 
genera l ly  a t  t h e  acous t i ca l  natural f requencies  of  t h e  piping system. T h i s  
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helps  t o  explain why changing t h e  a f t e rcoo le r  changed t h e  compressor discharge 
pulsa t ions  The 
discharge piping acous t i ca l  na tu ra l  f requencies  of  t h e  new af te rcooler  were 
considerably d i f f e r e n t  from t h e  o r i g i n a l  design. The new af te rcooler  had 
almost three times as many tubes i n  each sec t ion  as t h e  o r i g i n a l  design and 
t h e  acous t ic  end condi t ions on either end of  the U-bend pipe which connected 
both A comparison of t he  e f f e c t i v e  
flow diameters f o r  the o r i g i n a l  and new a f t e rcoo le r s  is shown i n  Figure 8. The 
flow area  of  t h e  o r i g i n a l  a f t e rcoo le r  was approximately equal t o  t he  area of  
t h e  discharge pipe. The flow area was much l a r g e r  on the  new af te rcooler  and 
appears acous t i ca l ly  as a volume-choke-volume which w i l l  respond a s  a Helmholtz 
resonator .  

and increased the  v ibra t ion  amplitudes on the discharge piping. 

s ec t ions  o f  t h e  a f t e rcoo le r  were d i f f e ren t .  

A Helmholtz resonator  is a low pass f i l ter  which is t y p i c a l l y  used t o  f i l t e r  or  
a t t enua te  high frequency pulsat ions which are higher than t h e  acous t ica l  
na tu ra l  frequency of the Helmholtz resonator (referred t o  as the Helmholtz 
frequency) . Pulsat ions a t  t h e  Helmholtz frequency are amplified rather than 
at tenuated.  Using s impl i f ied  equations,  t he  Helmholtz frequency for  t h e  new 
a f t e rcoo le r  was ca lcu la ted  t o  be approximately 20 Hz which is near t h e  measured 
fundamental pu lsa t ion  frequency of 20-25 Hz, 

The acous t i ca l  na tu ra l  frequency of t he  choke t u b e  (U bend between t h e  
a f t e rcoo le r  s ec t ions )  was ca lcu la ted  t o  be approximately 72 Hz which was near 
t h e  pulsa t ion  frequency of 62-75 Hz. Th i s  choke tube half-wave resonance is 
referred t o  as a pass band frequency and pulsa t ions  a t  t h i s  frequency can pass 
through the  i n l e t  and o u t l e t  of t he  f i l t e r .  The pulsa t ions  near 75 Hz were 
undesirable  because t h e  first l a t e r a l  cr i t ical  speed of  t h e  high pressure 
compressor was a l s o  near 75 Hz. The pulsa t ions  from the  af te rcooler  near 74 Hz 
increased t h e  ro to r  subsynchronous v ibra t ions  because t h e  ro to r  was s e n s i t i v e  
t o  exc i t a t ion  a t  t h e  first c r i t i c a l  speed. The measured v ibra t ions  a t  75 Hz 
were approximately 0.3 m i l s  peak-peak a t  t h e  bearings; however, t he  amplitudes 
could have been severa l  times higher a t  t h e  shaf t  midspan near the discharge 
flange. There was concern tha t  t h e  increased shaft v ibra t ions  could be 
damaging t o  the seals and bearings.  

Solution 

The measurements on t h e  u n i t s  i l l u s t r a t e d  severa l  changes t h a t  could be 
implemented t o  reduce the  subsynchronous v ibra t ions .  

1. 

2. 

3. 

The first s t e p  would be t o  opera te  t h e  u n i t  a t  high flow r a t e s  near 
t h e  design point  where the u n i t  operated s a t i s f a c t o r i l y  fo r  several 
years. However, due t o  low product demand, t h e  flow r a t e s  could not 
be increased. 

The second modification was to  operate  t h e  u n i t  w i th  more recycle flow 
which would allow the  compressor t o  operate  near t h e  design point .  
The only disadvantage was t h a t  t h e  u n i t  was less e f f i c i e n t  and 
required more horsepower for  t h e  same n e t  flow. The recycle flow 
rate could eas i ly  be increased by  redef in ing  the  surge con t ro l  l i n e  
on t h e  process computer. 

The t h i r d  step would be t o  redesign t h e  d i f f u s e r ,  impeller and r e tu rn  
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channels on t h e  l a s t  few stages to  prevent the  stage s t a l l  a t  reduced 
flow rates. This  modification would be the  most c o s t l y  and may not 
be required i f  t h e  second modification could be implemented. 

A fou r th  p o s s i b i l i t y  would be t o  change t h e  acous t i ca l  response of the 
piping near the  aftercooler. Orifices could be designed t o  reduce 
t h e  pu l sa t ions  without causing a s i g n i f i c a n t  pressure drop. 

4. 

The s t a g e  s t a l l  phenomena exhib i ted  on t h i s  compressor were similar t o  the  
symptoms shown on another c e n t r i f u g a l  compressor which also experienced s t a g e  
s t a l l .  F ie ld  data  measured on t h e  second compressor suggested t h a t  t h e  problem 
could be corrected by increasing t h e  recycle  flow. Detailed tes ts  were made t o  
r ede f ine  t h e  surge con t ro l  valves. 

The t e s t i n g  was begun wi th  t he  compressor operat ing a t  high flow rates where 
the  subsynchronous piping and shaf t  v ib ra t ions  were not present.  The data was 
continuously monitored as the  flow rate was reduced while maintaining a 
constant  speed. As t h e  flow rate was reduced t o  a c e r t a i n  flow condition 
(Figure 9,  Point A ) ,  subsynchronous discharge pu l sa t ions  and shaf t  v ib ra t ions  
near 25 Hz would suddenly appear and t h e  flow rate would simultaneously 
decrease. This flow condi t ion was considerably t o  t h e  r i g h t  of t h e  predicted 
surge l i n e .  This  type o f  data  was obtained a t  s eve ra l  d i f f e r e n t  speed l i n e s  on 
t h e  performance map (Figure 9, Point B ) .  A l i n e  drawn through t h e  po in t s  where 
t h e  subsynchronous v ib ra t ions  occurred pa ra l l e l ed  t h e  surge l i n e .  This  l i n e  
was considered t o  be due t o  stage s t a l l  o r  surge o f  one or more of t h e  f i n a l  
s tages .  

The c o n t r o l  valve was adjusted t o  keep flow rates to  the  r i g h t  of  t h i s  
new surge l i n e  and t h e  compressor then operated s a t i s f a c t o r i l y  without any 
subsynchronous pulsat ion o r  vibrat ion.  As shown, t h i s  l i n e  was considerably to  
t h e  r i g h t  of t h e  manufacturer's surge l i n e  f o r  the e n t i r e  compressor. These 
s t age - s t a l l  condi t ions are d i f f e r e n t  from machine surge and should not  be 
confused. The machine surge is usua l ly  much more v io l en t  compared t o  the  surge 
for ind iv idua l  impellers.  

recycle  

CONCLUSIONS 

These compressors exhib i ted  subsynchronous v ib ra t ions  which had characteristics 
similar t o  a shaft i n s t a b i l i t y ;  however, these were forced nonsynchronous 
v ib ra t ions  due to  unstable  flow conditions.  These two compressor r o t o r s  were 
s t ab le  (v ib ra t ions  were bounded) and modifications t o  the  bear ings and shafts 
would no t  have reduced t h e  subsynchronous vibrat ions.  

The stage s t a l l  and surge condi t ions are a function of the  e n t i r e  sys$,m which 
explains  why a compressor can ope ra t e  s a t i s f a c t o r i l y  for seve ra l  years  and then 
become unstable  after modifications are made t o  seemingly unrelated piping 
elements, such as heat exchangers or downstream receivers .  
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TABLE I. - COMPARISON OF VIBRATIONS AND PULSATIONS WITH DIFFERENT INLET 

MODIFICATIONS 

Without  With Modif ied 
S p l i t t e r  Spl i t ter  I n l e t  

S h a f t  V i b r a t i o n  
Mils peak-peak 

Compressor - O r b i t  
Running Speed @ 13000 rpm 

Expander - O r b i t  
Running Speed @ 13000 rpm 

T o r s i o n a l  
speed modulat ion,  rpm 

3.5-4 
1.1 

1.5 
0.5 

2.5 
0.9 

I .o 

Peak-Peak Speed Modulat ion 500 400 

Pr imary  F r e q u e n c i e s ,  Hz 1,6,9,11 1,3,5,6,11 

P u l s a t i o n  
p s i  peak-peak/Hz 

Compressor S u c t i o n  

Compressor D i scha rge  

P i p i n g  V i b r a t i o n  
m i l s  peak-peak/Hz 

1.4/12 0.2/11 

2.0/11 0.2/11 

Compressor S u c t i o n  a t  Elbow 
North-South @ 13000 rpm 5.0/11 2.6/12 

1.2 
1.1 

0.7 
0.5 

40 

6.12 

0.16, 0.2/12 

- 
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Figure 1. - Cutaway drawing of turboexpander/compressor, illustrating inlet 
modifications. 

inlet 

FLOW 

Figure 2. - Results of compressor performance test. 
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Figure 3. - Comparison of vibrations and pulsations with different inlet 
modifications. 
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VlBRATlON mils 0 
ips 0 g's 0 

PULSATION psi 0 
STRAIN P-inlin 0 
NOISE dB 0 

PLANT 

UNIT CARBON MONOXIDE 

MACHINE 

TESTPT 

SPEED 10541 RPM 

VERT 

HOR~Z 0-250 HZ 

TIME 

DATE 

* COMMENTS 
739400 SCFH TOTAL 

420000 SCFH RECYIXE 

' SUCTION 18.4 PSIA 

OISCHARGE 476.5 PSIG 

P RATIO 26.7 

SUBSYNCHRONOUS VIE 

AN0 PULSATION REDUCE0 

Figure 4 .  - Comparison of vibrations and pulsations at high flow rate and low 
pressure ratio. 
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Note the osc i l l a t ing  
between 25 Hz and 75 Hz. 

0 50 100 150 200 250 

FREQUENCY - HZ 

Figure 5. - Compressor discharge pulsations as a function of time. 
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Note the compressor shaft 

0 50 100 150 200 250 

FREQUENCY - HZ 

I 

Figure 6. - Compressor shaft vibrations as a function of time. 
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Figure 7. -Measured pressure ratio as a function of flow. 
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6 d 
Aftercooler Physical Construction 

d 2 5  12.8 

7- 7.1 

Original Design Effective Flow Diameters 

7.828 12.8 

New Design Effective Flow Diameters 

Figure 8. - Acoustical comparison of original and new aftercooler. 

FLOW 

Figure 9. - Compressor performance surge curve. 
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COMTROL OF ROTORDYRAMIC IBSTABILITY IEl A 

TYPICAL GAS TURBINE'S POWER ROTOR SYSTEM 

Nicholas M, Veikos, Richard H. Page, and Edward J. Tornillo 
AVCO Lycoming Division 

Stratford, Connecticut 06497 

In the study of rotor systems operating above the first critical speed, it is 
important to include the effect of rotor internal friction on the system's stabil- 
ity. 
splines. 
will occasionally whirl at a frequency less than the shaft's rotational speed. 
subsynchronous precession is a self-excited phenomenon, and unlike synchronous 
precession, stress reversals are created. Since the mid-sixties this phenomenon 
was obsetved during engine testing, and analysis has pointed the way for successful 
attenuation of the problem. The reduction of spline friction and/or the inclusion 
of squeeze film damping have controlled the instability. This case history along 
with the detail design of the squeeze film dampers will be discussed. 

This internal friction is commonly caused by sliding press fits or sliding 
Under condition$ of high speed and low bearing damping, these systems 

This 

It is not unusual for present day gas turbine rotor systems to operate above 
several rigid body critical speeds. These are critical speeds at which most of the 
deflection and strain energy is in the bearings and bearing supports while the 
shaft itself moves essentially as a rigid body. Modern balancing techniques and 
bearing designs permit the rotors to pass through these critical speeds during 
startup or shutdown, experiencing only a nominal increase in vibration levels at 
the resonance points. 
satisfactory simply because it allows the system to run through critical speeds. 
When the rotor is operating in the supercritical regime, it is important to consider 
the possibility of rotor vibration caused by forces other than unbalance excitation. 

However, it cannot be assumed that the rotor design is 

One such type of vibration is nonsynchronous precession due to shaft internal 
friction caused by sliding splines or press fits. 
not sensitive to imbalance, where the rotor will whirl at a frequency approximately 
equal to that of a critical speed even though the shaft rotational speed is super- 
critical. 
builds up to a maximum value and decreases as the rotor speed changes. At the onset 
of nonsynchronous whirl, the amplitude will continually increasewith speed and time. 
As the speed increases, the vibration levels will grow. The exciting force is not 
imbalance but the frictional force due to the relative motion of the splines or 
press fits. It takes the form of F = K(&-Wcr), where K is a constant 0 0 )  for a 
given rotational speed ( W  1, and When 0 <a cr the 
whirl motion is damped out and the system is stable. 
rotating damping force becomes an excitation force, adding energy to the system and 
causing the whirl amplitude to increase. If unrestrained, this can lead to exten- 
sive damage or destructive failures. 

This is a self-induced vibration, 

This behavior is unlike a critical speed resonance where the amplitude 

cr is the critical speed. 
However, when w > Ld cr the 
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The power rotor system of a typical gas turbine engine which has been experi- 
encing some nonsynchronous vibration was analyzed to determine which parameters have 
the greatest effect on the system stability. It will be shown both analytically and 
by testing that external damping at a sensitive bearing location is an effective 
method for controlling nonsynchronous vibrations, and the squeeze film damper is a 
practical answer for achieving the required damping. The squeeze film damper's 
design philosophy, a description of its operation, and the avoidance of instability 
associated with the damper itself will be presented. It will also be shown that an 
alternative method for removing this instability is the complete elimination of 
spline friction by replacing the splined joints with flexible couplings. 

The phenomenon of nonsynchronous vibration has been discussed extensively in the 
literature, beginning with A. L. Kimball, Jr. in 1923 (1). Crandall (2)  published a 
physical explanation of the destabilizing mechanism using a planar model of a rotor 
with internal and external viscous damping. The internal damping is visualized as a 
drag force on the orbit. When the rotation is faster than the whirl, this drag 
force acts to excite the rotor. He shows that the stability of the system is 
dependent upon a balance between the power input into the system and the energy 
dissipated. If the power input is greater than the power dissipated, the energy of 
the orbit increases and the system becomes unstable. 

Gunter (3) has conducted extensive mathematical analyses for a single mass rotor 
on an elastic foundation to determine what factors influence the rotor speed at 
which nonsynchronous vibration manifests itself. He calls this the stability 
threshold. Among his conclusions are that stability can be improved by reducing the 
internal friction and by introducing external damping. He also concludes that 
asymmetry of bearing supports, even without the benefit of external damping, can 
dramatically improve the system stability. 

Figure 1 shows a model of the power rotor system whose vibration signature con- 
tains a nonsynchronous component at speeds higher than the firsr rigid body critical 
speed. The mechanism for the nonsynchronous excitation in this case is the friction 
force developed in the two splines. In order to analytically determine the factors 
that influence the stability of this rotor system, it was necessary to develop a 

ting internal friction and incorporate this into a finite element rotor analysis 
program. Once this was accompfished, the stability of the system was studied by 
calculating the system complex eigenvalues. The imaginary part of the eigenvalue 
determines the frequency of oscillation and the real part determines stability. 
Negative (positive) values of the real part indicate that the system will be stable 
(unstable) for that mode of vibration. 

spline element" which accurately accounts for the destabilizing effects of rota- 19 

Although the friction in the spline acts as coulomb friction, it can be ade- 
quately represented using an equivalent viscous damping coefficient ( 4 ) .  The 
equations relating force to displacement and velocity for a two degree of freedom 
spline element with rotating viscous damping have been derived. 
only the translational degrees of freedom have been considered. 
the rotational degrees of freedom follow in a similar manner. The governing 
equations for the translations become: 

For simplicity, 
The equations for 
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Where : 

Fx,Fy 

x,y 

x,i 
b 

k 

w 

B 

K 

Kr 

[K 1 PrJ 
forces in the two mutually perpendicular directions, x and y respectively 

displacements of the two coupling parts relative to each other in the x 
and y directions 

relative velocities in these two directions 

spline equivalent viscous damping coefficient 

spline stiffness 

system rotational speed 

spline damping matrix 

spline stiffness matrix 

spline rotating friction matrix 

The skew - symmetric terms in the [K,] matrix are those which may cause the 
system to become unstable, depending on their magnitude. Thus, the system will 
tend to instability for high values of the damping coefficient and high rotor 
speeds, providing there is some relative motion in the spline. 

The major difficulty in accurately modeling the system is that the spline 
stiffness and friction force vary with the transmitted torque. Because these values 
are difficult to predict, the analysis takes the form of a parametric study to ' 
determine the relative contribution. of the variables to the system stability. This 
provides information as to the design changes which may be beneficial and the 
direction in which further testing should proceed. The variables to be investigated 
are spline friction, bearing damping, and support asymmetry. 

The nominal values of the parameters are shown in Figure 1. Figure 2 shows the 
mode shape corresponding to the only critical speed in the rotor's running range of 
0 - 22,000 rpm. The mode shape depicts the shafts moving as rigid bodies, essenti- 
ally hinged at the two splines. Most of the strain energy is in the No. 2 bearing 
but there is substantial relative motion at the first spline and some relative 
motion at the second spline. The friction forces due to these motions will overcome 
the minimal damping at the bearing locations and induce a nonsynchfonous vibration 
when the rotor speed is greater than the first critical speed for forward precession. 
The frequency of this vibration as a function of rotor speed is plotted in Figure 3 .  
The speed dependence of the natural frequency is due to gyroscopic effects and the 
circled points denote the critical speeds for forward and reverse precession. In 
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this analysis, the mode for reverse precession was found to be stable for all cases. 
The result is in agreement with previous analytical work which has determined that 
internal damping will act to stabilize this mode (2,5). 

A stability map of the system (Figure 4) can be obtained by solving for the 
and plotting W vs. the damped natural frequencies at various rotor speeds ( ld 

system logarithmic decrement. 
(Xl/X2) where X1 and X2 are two successive peak amplitudes of deflection. 
measure of the rate at which the vibration amplitude is decaying or growing with 
time and can be given by d = -2 Re( A )/Im( i\ 1, where Re( 2 is the real part of 
the eigenvalue and Im( A )  is the imaginary part. The system is unstable for nega- 
tive values of the logarithmic decrement. As is evident from Figure 4, the rotor 
system with minimal external damping becomes unstable at its critical speed for for- 
ward precession. 
frequency approximately equal to w cr even though the rotor speed increases. 

The logarithmic decrement is defined as 6 = In 
It is a 

( w s= dcr=9750 rpm). The rotor will continue to whirl at a 

The behavior of the system at various rotor speeds is further explained by 
looking at the whirl orbits obtained from a transient analysis (Figure 5). The 
forcing function was taken as a small imbalance with a frequency equal to the rotor 
speed. For speeds below the critical speed, the imbalance causes the orbit to spiral 
out initially, but it recovers into a stable, synchronous motion. At the stability 
threshold, the motion is synchronous but unstable. For speeds above the critical 
speed, a component of nonsynchronous precession appears due to the friction in the 
splines. As time progresses the nonsynchronous component overpowers the synchronous 
motion and the orbit diverges. 

It has been suggested in the literature that a reduction in spline friction can 
delay the onset of nonsynchronous vibration. This was analyzed by setting the fric- 
tion in the second spline to zero and varying the friction in the first spline. 
Figure 6 plots the system logarithmic decrement against the spline angular damping 
coefficient for various rotor speeds. It is observed that reducing spline friction 
will improve the system stability but, in the absence of external damping, the fric- 
tion must be all but eliminated to ensure stability throughout the operating range. 

Anisotropic supports may also help stabilize a system. The stiffnesses of the 
No. 1 and No. 2 bearings were altered in one plane and left unchanged in the other 
orthogonal plane to determine the effect of support asymmetry on the stability of 
this system. Figure 7 shows the dependence of the stability threshold on the 
support flexibility ratio. Increasing the support stiffness in one direction will 
give a significant improvement in the stability threshold but will also introduce a 
system resonance in the range of steady operation. This is unacceptable and the 
only option is to reduce the support stiffness. The stability improvement for this 
condition is not dramatic, requiring supports which are very asymmetric to guarantee 
stability throughout the running range. This can cause large excursions due to 
imbalance. 

A very effective way to increase the system stability threshold is to add exter- 
nal damping to the system. The easiest way to achieve this is to introduce damping 
at the bearing locations. For the mode shape of interest (Fig. 2) most of the motion 
is in the No. 2 bearing. This is a prime location to introduce damping, as the 
motion allows for greater energy dissipation. Figure 8 shows the improvement in the 
stability threshold due to external damping at this bearing. 
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mMcLusIolJs BASED OM AmLYSIS 

The conclusions of the parametric analysis of spline - induced nonsynchronous 
vibration for this rotor system are as follows: 

Asymmetric supports will help stabilize the system, but the asymmetry must be 
great to completely eliminate nonsynchronous precession. Therefore, the degree of 
asymmetry required to stabilize this system is impractical. 

Reduction of spline friction will improve the stability, but without external 
damping, the spline friction must be all eliminated to ensure stability at all 
rotor speeds. 

Introduction of external damping in the proper bearing location will dramatically 
improve the system stability characteristics and provide relief from nonsynchro' 
nous vibration. 

TEST HISTORY 

Instability Verification 

A nonsynchronous excitation of the first whirl mode has frequently occurred 

A Campbell 
during engine operation. The response, as measured by transducers on the engine 
casing, sometimes would be above the established acceptable limits. 
diagram constructed from the response of a typical transduer from one of these 
engines is shown in Figure 9. The plot shows that the synchronous excitation of 
the whirl at the running speed of 9000 rpm was negligible, indicative of good 
balance. As the running speed increased the vibration remained low until approxi- 
mately 11,000 rpm where a nonsynchronous excitation of the whirl was initiated. 
Once initiated the instability remained throughout the rest of the operating range 
up to 22,000 rpm. The precise frequency of this whirl varied from engine to engine 
between 150 hz and 195 hz. This difference may have been due to variation in 
geometry and load sharing of the number 1 and 2 bearings. The speed at which the 
instability was initiated also varied from engine to engine. 

Instability Attenuation 

During the initial development of this system the two splines were unlubricated. 
The introduction of lubrication into the splines substantially improved the system 
stability but, as indicated in the analysis, it did not eliminate thr problem for 
all engines. The mechanism of spline friction exciting this whirl was understood, 
however it was unclear why some engines were strongly excited while others ran 
smoothly. 
not reveal any consistent explanation for the variation in response. 

Balance and dimensional checks of the rotating hardware components did 

A rig which closely simulates this system was used for some controlled studies. 
The rig allowed a parallel offset of the numbers 3 and 4 bearings with respect to 
numbers 1 and 2 bearings to be controlled, creating a misalignment angle in the two 
splines. A displacement probe transducer was used to measure the deflection of the 
center of the power shaft. The rig was run with different misalignment settings 

57 



from 0 degrees to 1 degree to determine the effect on the instability. 
shows Campbell diagrams generated by the response of this rig under three of the 
different misalignment conditions. The results indicated that the instability was 
effectively attenuated with misalignment angles greater than an eighth of a degree. 

Figure 10 

In the engine, the direct measurement of misalignment of the rotor system was not 
practical. In order to obtain some idea of the alignment condition of the rotor 
system in engines, a special tool was devised which quickly measured the radial and 
angular offsets due to the principal stackup items between the number 1 and 2bearings 
and the number 3 bearing. These measurements were then used to calculate both the 
magnitude and orientation of misalignment angle in the two splines. 
check was conducted during the assembly of approximately sixty engines. Figure 11 
shows polar charts of these results. The magnitude of the misalignment is represented 
radially outward while the orientation angle is represented circumferentially. 
engines which produced a high nonsynchronous vibration are distinguished on the plot 
from the engines which ran smoothly. 

This alignment 

The 

The initial observation from these results was that there was no correlation 
between the magnitude of misalignment based on these kneasurements and the level of 
nonsynchranous vibration. However scrutiny of the discrepant engines' alignment data 
revealed them to be clustered between -30 degrees and +30 degrees orientation angle 
and a magnitude greater than 0.09 degrees misalignment angle. 

This clustering of points is believed to be indicative of a shift in the alignment 
of this system between the measured state, before final assembly, and the assembled 
running state. This shift brings the points clustered in the critical zone down to 
near the perfect alignment area. While the bearing supports are essentially axi- 
symmetric, both the temperature distribution and the engine casing stiffness in this 
area are not uniform in the vertical plane. This may account for a static shift in 
the alignment condition of the splines. 

The use of these measurements and the previously defined critical zone as a 

, engines experiencing excessive nonsynchronous vibration levels at test. The residual 
screening procedure for engines being assembled virtually eliminated the number of 

misalignment left in the splines was always held to within one half degree to pre- 
vent spline wear or the introduction of high misalignment forces into the system. 

The conclusion drawn from these results was that a small misalignment of a 
splined system significantly improved its stability. One explanation for this 
behavior is that the misalignment imposes a limit on the whirl orbit by creating 
an effective spline stiffness asymmetry. 

The use of this controlled alignment procedure consistently reduced the amplitude 
of the instability to within acceptable limits however it did not eliminate it. 

INSTABILITY ELIMINATION (FLEXIBTAE COlJPLINGS/SQIJEEZE FILM DAMPERS) 

TWO possible approaches aimed at the complete elimination of the instability were 
indicated by the analysis. One is to replace the two splines with dry flexible 
couplings having no sliding friction surfaces to excite the instability. 
is to add external damping at the appropriate bearings in order to counteract the 
internal damping generated by the splines. 

The second 
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The first approach using a flexible coupling has been tested in the rig de- 
scribed earlier. 
essentially unchanged from the splined system. 
generated by the response from a displacement probe sensing the deflection of the 
shaft between the couplings. 
seen to be excited but no nonsynchronous excitation is apparent. This result was 
repeatable for all misalignment settings. 
coupling is that no lubrication is required, since there is no sliding involved in 
the flexing joints. 
too severe for this type of couplin& use. 

The whirl mode of the system with the flexible couplings is 
Figure 12 shows a Campbell diagram 

The synchronous response of the whirl mode is clearly 

An additional benefit of this type of 

Due to other considerations some operating conditions may be 

In order to address the second approach squeeze film dampers have been designed 

Dampers at both locations are 
for the number 1 and 2 bearing locations. 
located at only the number 2 bearing is sufficient. 
being employed for nondynamic design considerations. 
squeeze film dampers follows. 

The analysis indicated that a damper 

A discussion of the design of 

SQUeEZE PIT3 DAMPER (ANAT,YSIS AND OPERATION) 

The squeeze film damper is a practical answer to the external damping required 
by analysis. Its purpose is to reduce to acceptable limits the lateral amplitudes 
of shaft - rotor systems operating at or above a critical speed and/or to cushion 
the loads on rolling contact bearings when such loads are excessive. 
body whirl modes, with large excursions at one or more bearing locations, squeeze 
film dampers are placed at these bearings for effective vibration attenuation. 
shaft's precessional motion associated with these whirl modes may be either syn- 
chronous or nonsynchronous. For shaft bending modes that possess little motion at 
a bearing location, a damper at that location is ineffective; therefore, a more 
strategic location must be determined or a rotor redesign considered. 

For rigid 

The 

A squeeze film damper consists of a cylindrical inner member and a'hollowed 
. 

outer member separated by a thin fluid film, usually oil. Figure 13 shows a 
typical squeeze film damper. During lateral motion of the inner member, which is 
the outer race of the bearing, oil is squeezed out from the cavity between the two 
members. This squeezing action produce fluid forces, which for a properly designed 
damper wi1.l dissipate energy and aid in the reduction of excessive amplitudes and/or 
bearing forces. 

The squeeze film damper considered in this report is one whose inner member is 
prevented from rotating by an antirotation device and whose axial length, L, (or 
series of axial lengths) is sufficiently short, making the effect of circumferential 
flow negligible. The pressure generated by the squeezing action is assumed to be 
sufficiently high, allowing for the consideration of only the positive portion of 
the pressure wave, which is conservative for low values of the eccentricity, e . 

Reynold's equation for short damper analysis was simplified by assuming the 
following: the radial clearance, C, and displacements are small compared to the 
radius, R, of the damper; the viscosity,IC(, is constant in the axial and circumfer- 
ential directions; the film thickness is constant in the axial direction; and the 
pressure profile is parabolic in the axial direction. Integration of the simplified 
Reynold's equation was accomplished in closed form, yielding the pressure profile in 
the circumferential direction. Integration of the positive portion of the pressure 
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profile gave the load carrying capacity in the component di , radial and tan- 
gential. The radial and tangential fluid forces on the inn 

. . 
Thd expressions and€@ are the dimensionless instantaneous velocities of the 

inner member's center in the radial and tangential directions, respectively. 

constant, and the precessional speed, 3 If & is set equal to zero, , is set 
equal to the rotative speedw , the special case of steady synchronous motion, 
commonly found in actual operation, is the result. The J factors are no longer time 
dependent, but reduce to simple, yet highly nonlinear algebraic expressions. The 
equation governing the dimensionless response for rigid body whirl for a rotor of 
effective mass, m, and unbalance distance, 6 , is determined by vectorally equating 
the fluid forces to the rotor's inertia force. Figure 14 graphically depicts the 
response, E , versus the dimensionless speed 

for various values of the dimensionless unbalance SIC. 

Squeeze film damper properties described above are also applicable to flexible 
rotor systems. Forced response computer programs based on both the transfer matrix 
approach and finite element approach have been developed for multidampers and multi- 
levels. Before proceeding with specific applications, consider the general motion 
case. 

For the general rigid body motion case, no assumptions concerning kinematics 
were made; rather, the radial and tangeatial components of the mZ force in its full 
form were equated to the fluid forces, resulting in two time dependent equations, 
which were programmed with appropriate initial conditions and then solved. Polar 
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plots of & versus the precessional angle were generated, representing the dimension- 
less motion of the center of the inner member during both steady-state and transient 
response. Plots were made for rotative speeds,&?, of 160, 400, 800, 1600 and 4000, 
while Q values of .4, 4, 40 and 400 were used. For each combination of& and Q 
various values of the dimensionless unbalance SIC were tried, which, during solutions 
were instantaneously increased to new values, yielding the ensuing transient response. 
Only a select few of these plots are shown in Figure 15, which is summarized as 
f 01 lows : 

w Q 
FIGURE rad/ sec radlsec "/Q SIC COMMENT 

15a 1600 400 4 .5 - 1.5 STABLE 
15b 1600 40 40 .5 - .6 SOMEWHAT UNSTABLE 
15c 1600 4 400 .5 - .55 UNSTABLE 
15d 4000 .4 1000 .1 - .15 UNSTABLE 

The ratio o/Q is the main ingredient for determining damper stability. Low 
values of this ratio yielded stable and "safe" operation (€<<.9) for wide ranges of 
unbalance; high values of w / Q  produced unstable and often "critical" operation 
( & > . g ) ,  even for small changes in unbalance; and intermediate values gave both 
stable and unstable results in the safe and critical ranges, depending on the 
magnitudes of the unbalances used and their increments. 

Consideration of these computer solutions together with the plot, Figure 14, 
clarified the operational limits of the squeeze film damper described. These limits 
are summarized in Figure 16, which is a plot of dimensionless unbalance vs. dimension- 
less speedW/Q. 
damper instability and/or critical operation is predicted. 

It defines those combinations of design parameters under which 

Figure 17 shows a comparison of the predicted steady state synchronous response 
of the system with standard bearings versus squeeze film bearings at the numbers 1 
and 2 locations. Based on the stability analysis described earlier the damping 
obtained from these squeeze films is well above the level found to be needed to 
suppress the nonsynchronous whirl. In order to prevent damper instability, the above 
damper analysis was used along with the steady state response analysis to size the 
damper dimensions. Testing of this rotor system with squeeze film dampers is 
pending. This analytical process has been used to design squeeze film dampers for 
another splined rotor system which experienced a similar subsynchronous excitation 
of a whirl mode. Subsequent testing of this rotor system confirmed the analytical 
results. 

SQUEEZE FILM DAMPER DESIGN PHILOSOPHY 

The design philosophy used at Lycoming for squeeze film dampers depends upon 
whether or not the bearing being damped carries a unidirectional thrust load. 
Figure 13 depicts a ball bearinglsqueeze film damper configuration which carries a 
thrust directed to the left for all shaft speeds. For this condition the reaction 
takes place at the hard faced surface, which also acts as a seal against oil loss. 
Oil is introduced at the outer diameter of the bearing and flows through the annular 
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clearance provided between the bearing outer race and the liner inner diameter, An 
upstream orifice is sized to prevent pressurization of the damper while maintaining 
a copious supply of oil to replace that which is lost. The circumferential groove 
acts as an oil reservoir during the squeezing action; i.e., the rotating positive 
pressure profile generates flow into the reservoir while the virtual negative 
pressure profile, 180' away, causes the flow from the reservoir back into the 
annular clearance. For 
maximum load carrying capacity and minimum oil loss ,  the volume of the reservoir 
need not be greater than the flow into it, and it should be placed as close to the 
bearing's extremity as is practical. 

Of course, there is still a net flow of oil out, as shown. 

If a squeeze film damper is required at a bearing that carries a bidirectional 
thrust load or none at all, sealing does not take place, rather oil flows out both 
ends of the damper (Figure 18). 
center of the damper into a circumferential groove and flows along the 'annular 
clearance and into the reservoirs, which serve the same purpose as the single 
reservoir in the previous configuration. Other parameters remaining unchanged, the 
flow requirement is doubled, and since the load carrying capacity varies as the cube 
of the length, the capacity for both "halves" is one-fourth. In order for the split 
configuration to carry the same load as the unsplit one, the length of each half 
must be made to 80% of theuninterruptedlength. 
length requirement may not be achievable by using a bearing of usual proportions, 
and in these cases bearing manufacturers can supply longer outer races. 

In this configuration, oil is introduced at the 

For certain applications the total 

CONCLUSIOHS 

Analysis and testing of the power rotor system of a typical gas turbine engine 
has resulted in certain conclusions regarding spline induced subsynchronous vibra- 
tions. 

1. 

2. 

3 .  

4. 

5 .  

Asymmetric supports tend to stabilize the system, but the degree of asymmetry 
required is impractical, and other vibratory problems may be created. 

Reduction of spline friction by lubrication did not consistently control the 
instability, but the use of flexible couplings, which eliminates the internal 
friction, is a viable solution. 

Small spline misalignment in this system significantly improved the stability. 

Introduction of external damping by employing a properly designed squeeze film 
damper at a sensitive bearing location eliminates the instability. 

The dimensionless speed number (W/Q),  which reflects the squeeze film damper's 
geometry as well as speed, should be selected to avoid the damper's threshold of 
instability. 

62 



ggPgRExms 

.: Internal Friction Theory 1 

2. Crandall, S. 
33,'May 1980, pp. 369-382 

3. Gunter, E. J., Jr. Stability of Roto 
Office of Technology Utilization, U. S.Gov. Printing Office, 1966. 

4. Marmol, R. A.; Smalley, A. J.; and Tecza, J. A.: Spline Coupling Induced 
Nonsynchronous Rotor Vibrations. ASME Paper No. 79 - DET - 60. 

5. Bucciarelli, L. L.: On the Instability of Rotating Shafts Due to Internal 
Damping. Journal of Applied Mechanics, Trans ASME, vol. 49,1982, p. 425. 

6. Foote, W. R.; Poritsky, H.; and Slade, J. J., Jr.: Critical Speeds of a Rotor 
With Unequal Shaft Flexibilities, Mounted in Bearings of Unequal Flexibility. 
Journal of Applied Mechanics, Trans ASME, vol. 65,1943, p. A77. 

7. Crandall, S .  H. and Brosens, P. J.: On the Stability of Rotation of a Rotor 
with Rotationally Unsymmetric Inertia and Stiffness Properties. 
Applied Mechanics, Trans ASME, vol. 83,1961, p. 567. 

Journal of 

63 



t 

a 
d 
i 
\ 
f i e  
u.111 

I \  

P f i  

2 2  
* u  

x x  
. I w  

I I  

X X  
m a  0 

I 
I: 
U 

0 
0 la 
I 
13 u 
0 

W c 
.r( a 

a 
rl 
(D 

a, 
U 
C 

.r( 

2 

E 

a, c 
*r( 
4 a 
v) 

5 

5 
2 

.r( 

3 

U 
rn 

aJ 
c 

*I4 
P 
l4 
3 
U 

l4 
aJ 

a 
4-1 
0 

rl 
9) a 

I 

4 

k 
3 

01 .rl 
a BI 

UI 
f i  = a  

* W  

111 

N 

0 
L 

W 

d 
2: 

64 



FREQUENCP 0 162 Bz - 9750 CPM 

r u 
L 
W 
.a 
3- w c 

\ li. 
II e 
2 

\ iL 

\ 

p : -  
* \ .  \ 1, 

-cir 
2 \r 

Figure 2. - Power turb ine  whi r l  mode. 

300 -- 
/ 

3 .’ 
9; 0’ - 200 
/ 

u 

ROTOR SPEED (CPS) (@I 

Figure 3. - Effec t  of r o t o r  speed on n a t u r a l  frequency. 

65 



8.0 

2.0 

1.0 

0 

-1.0 

-2.0 

-3.0 

w s - d c r  = 9750 RPM 

5,000 10,000 15,000 20,000 
.- ROTOR SPEED (RPM) 

\ 
- d s * rotor speed at which instability occurs 

d cr - rotor critical speed 
Figure 4 .  - Stability analysis for turbine system with no external damping 

(nominal case). 

66 



0 
0 

0 
N L  u 
I 

W A  

9 

a 3' 
n 

n 
a, u 
G 
(d 
%-I 
(d 
P 
E 
-rl 

0 
U 

a, 
v) 

% 
a, 
k 

v) a 
a, 
a, a 
v) 

W 

k 
0 
U 
0 
k 

3 
0 
*rl 
k 
(d 
3 
U 
(d 

67 



io-. 

10'" 
s 
8 
2 

-2 
-8 
-0 

-10-3 

0 

-10'" 

-10' ' 

C/Ca 

w - io,aoo RPM 

LQ - 20,000 RPM \' 
C - Anaalar Damping Coefficient in Spline No. 1 
Ca 
- - 

Nomlarl YmIom of  Angular Damping Coefficient 

Lightly Damped Supports 

Figure 6. - Effect of spline angular damping on system stability. Lightly 
damped supports. 

68 



? (La.= ROTOR CRITICAL SPEED 
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Figure 13. - Typical squeeze film damper. 
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Figure 16. - Operational limits of a squeeze film damper. 
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Figure 18. - Squeeze f i l m  damper appl ied t o  r o l l e r  bearing. 
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EXPERIMENTAL ON-STREAM ELIMINATION OF RESONANT 

WHIRL IN A JARGE CENTRIFUGAL COWPBESSOR 

G. I. Bhat and R. G. Eierman 
Exxon Chemical Company 
Baytown, Texas 77520 

In  October 1982, a severe resonant whirl  condi t ion was experienced when a m u l t i -  
s t a g e  centr  i f b g a l  compressor  was f i r s t  o p e r a t e d  a t  h i g h e r  t h a n  o r i g i n a l l y  
a n t i c i p a t e d  s p e e d s  and l o a d s .  D i a g n o s i s  o f  t h i s  c o n d i t i o n  was made easy by 
a large-scale computerized Machinery Condition Monitoring System ("MACMOS") . 
This computerized s y s t e m  was- immediateiy a b l e  to- v e r i f y  t h a  t h e  predominant 
subsynchronous whirl  frequency locked i n  on t h e  f irst  resonant frequency o f  t he  
compressor r o t o r  and d id  no t  v a r y  with compressor speed. 

Compressor s t a b i l i t y  c a l c u l a t i o n s  showed t h e  r o t o r  s y s t e m  had excessive bearing 
s t i f f n e s s  as well as  inadequate e f f e c t i v e  damping. An optimum bearing design 
was developed t o  minimize the  unbalance response and t o  maximize t h e  s t a b i l i t y  
threshold.  

The above experience is  not  unusual and p a r a l l e l s  t h a t  o f  many process p l a n t s  using 
l a r g e  c e n t r i f u g a l  g a s  cmpress ion  machinery. O f  i n t e r e s t ,  however, is  t h e  approach 
taken by t h e  p l an t  t o  f ind  a temporary remedy. The e f f e c t i v e  compressor bearing 
loading and e f f e c t i v e  clearance c h a r a c t e r i s t i c s  were modified with t h e  machine 
continuing its process operat ion a t  normal load and speed. This approach involved 
t h e  control led app l i ca t ion  o f  heat t o  t h e  compressor support  l e g s  while c lose ly  
monitoring machine behavior. The experiment e s t ab l i shed  t h e  f e a s i b i l i t y  o f  extend- 
ing t h e  onset o f  r o t o r  i n s t a b i l i t y  i n  t h e  event t h a t  p l an t  ope ra t ions  would ca l l  
f o r  higher speeds before  t h e  optimized bearings became avai lable .  

DISCUSSION OF PROBLEM U N I T  

Description of Unit 

The compressor is a two s t a g e  e i g h t  impeller ho r i zon ta l ly  s p l i t  machine 
dr iven by a steam turb ine .  O i l  seals are used a t  both ends and l abyr in th  seals are 
used a t  t h e  center .  The compresser runs  a t  175 ps ig  i n l e t  and 575 ps ig  discharge. 
The r o t o r  is supported by f ive  shoe t i l t i n g  pad load between pad bearings with 0.5 
preload. The r o t o r  has an  unusually l a r g e  r a t i o  o f  bearing span t o  s h a f t  diameter 
(99  in/5 in ) .  The compressor t r a i n  is safeguarded aga ins t  high v ib ra t ion  with dua l  
voting l o g i c  v ib ra t ion  t r i p  circuits which shu t  t h e  compressor down i f  v ib ra t ion  
amplitude exceeds 4.5 m l s  a t  any time (Figure 1).  

A Kingsbury t h r u s t  bearing is used t o  absorb t h e  th rus t .  The compressor 
is driven through a Bendix type diaphragm coupling incorporat ing a torque meter and 
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h o t  al ignment tubes. The compressor and the  d r i v e r  a re  supported on a s o l i d  
concrete foundation. 

P r o b l e m  

P r i o r  t o  the  f i r s t  h a l f  o f  1982 t h e  compressor was running with s a t i s -  
f a c t o r y  performance a t  base capaci ty  opera t ing  cond i t ions  o f  6000 rpn as the  
maximum speed (F igure  2). The r o t o r  was subsequently mod i f ied  f o r  a d i f f e r e n t  mole 
weight gas with a rev ised maximum speed o f  6500 rpm. The manufacturers' l a t e r a l  
c r i t i c a l  speed and r o t o r  s e n s i t i v i t y  s tud ies  d i d  n o t  r e v e a l  any p o t e n t i a l  problems 
(F igure 3 ) .  The r o t o r  was h i g h  speed balanced a t  6700 rpm with an except ional  
balance q u a l i t y  o f  2 oz-in. r e s i d u a l  unbalance (F igure 4). 

However, when an attempt was made t o  increase the  speed above 6000 rpm 
w i t h  an increase i n  load, a severe change i n  s h a f t  v i b r a t i o n  was n o t i c e d  (ampl i tude 
increase from l e s s  than 1 m i l  t o  3.6 mils) .  Below 6000 rpm the  compressor was 
running a t  l e s s  than 1 m i l  v i b r a t i o n .  Analysis o f  v i b r a t i o n  spect ra obtained from 
a computerized Machinery Condi t ion Moni tor ing System ( "MACMOS") revealed t h a t  the 
h i g h  v i b r a t i o n  ampli tudes- o c c u r r e d a t  a predzminant frequency o f  46.5 Hz (2760 
cpm), which co inc ides  w i t h  t h e  f i r s t  resonant frequency ( c r i t i c a l  speed) o f  the  
compressor r o t o r  (F igure  5). Varying the  r a t e  o f  b u f f e r  gas i n j e c t i o n  t o  the sea ls  
produced s i g n i f i c a n t  changes i n  the v i b r a t i o n  ampl i tude suggesting t h a t  t h i s  so 
c a l l e d  resonant wh i r l  c o n d i t i o n  was aerodynamical ly induced. Aerodynamic impulses 
created by gas e x i t i n g  i m p e l l e r  vanes ( l o a d  dependent) p rov ide  e x c i t a t i o n  fo rce  
which, f o r  systems wi th  inadequate damping, can ampl i f y  t h e  v i b r a t i o n  behavior a t  
t h e  f i r s t  c r i t i c a l  speed o f  the r o t o r .  I t  i s  a l s o  be l ieved t h a t  the  low r e s i d u a l  
unbalance i n  th i s  machine al lowed a f o r c i n g  impulse o ther  than unbalance t o  pre- 
dominate and thus e x c i t e  the  f i r s t  resonant mode o f  the  r o t o r .  

A d e t a i l e d  a n a l y s i s  o f  the  rotor -bear ing system i n d i c a t e d  excessive 
bear ing  s t i f f n e s s  as w e l l  as inadequate e f f e c t i v e  damping. A computerized study 
revealed t h a t  a four  pad load between pad bear ing i s  an optimum design f o r  the  
machine which would maximize t h e  s t a b i l i t y  th resho ld  speed wh i le  y i e l d i n g  accepta- 
b l e  unbalance response (Table 1). 

However, s i n c e  the  new f o u r  pad bear ings were n o t  r e a d i l y  ava i lab le ,  t h e  
approach taken by t h e  p l a n t  t o  f i n d  a temporary remedy with t h e  machine cont inu ing  
i t s  process opera t ion  a t  normal load  and speed, i s  innovat ive  and worth sharing. 

EXPERIMENTAL PROCEDURE 

The goa l  was t o  e s t a b l i s h  the  f e a s i b i l i t y  o f  inc reas ing  the  r o t o r  s t a b i -  
l i t y  threshold,  as p l a n t  operat ions would r e q u i r e  inc reas ing  the  r o t o r  speed be fore  
t h e  opt imized bear ings became ava i lab le .  

It was a n t i c i p a t e d  t h a t  the  goal  cou ld  be achieved b y  modi fy ing e f f e c t i v e  
compressor bear ing load ing  and e f f e c t i v e  c learance c h a r a c t e r i s t i c s  w i thout  s h u t t i n g  
t h e  compressor down. 

For the  purpose o f  t h i s  experiment, t h e  four  compressor support l e g s  
were provided with i n d u c t i o n  heat ing  elements which were wrapped with i n s u l a t i n g  
mater ia l .  I n  add i t ion ,  d i a l  i n d i c a t o r s  were s e t  up t o  moni tor  v e r t i c a l  and h o r i -  
z o n t a l  movement o f  the  compressor casing. Power supply and temperature c o n t r o l  
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r e s p o n s i b i l i t y  were assigned t o  the  truck-mounted laboratory ,  which was pos i t ioned 
near t h e  compressor p la t form.  

Dur ing t h e  t e s t  r e l e v a n t  process parameters were h e l d  constant and were 
cont inuously  monitored by MACMOS on a second-by-second bas is  and then converted t o  
s ix-minute averages, The v i b r a t i o n  behavior o f  t h e  machine was, o f  course, a l s o  
logged by an automated computer and a FM tape recorder  dur ing  t h e  e n t i r e  tes t .  

The a c t u a l  t e s t  was conducted by step-wise heat ing o f  compressor l e g s  i n  
t h e  f o l l o w i n g  sequence: (1) inboard l e g s  only ,  (2) outboard l e g s  only,  (3)  a l l  
four  legs,  and (4) two d iagona l ly  opposi te  l e g s  a t  a t ime. Temperatures s t a r t e d  a t  
150°F and were r a i s e d  a t  50°F increments u n t i l  f i n a l  support  l e g  temperatures o f  
approximately 400'F were reached. The v i b r a t i o n  ampl i tude behavior was c o n t i n u a l l y  
monitored on platform-mounted v i b r a t i o n  moni tors  and readings conf i rmed by simul- 
taneously observing t h e  computer-generated log.  The taped v i b r a t i o n  s i g n a l s  were 
subsequently analyzed and t h e i r  spect ra p l o t t e d  as shown i n  Figure 6. 

The onset o f  h i g h  v i b r a t i o n  was noted on MACMOS p r i n t o u t s  as t y p i c a l l y  
shown i n  F igure  7, Whenever a p reset  l i m i t  i s  exceeded f o r  a g iven parameter, an 
alarm occurs and da ta  logging i s  i n i t i a t e d .  Relevant da ta  can then be r e t r i e v e d  
and examined. 

F igure  7 shows excessive averaqe v i b r a t i o n  o f  the  compressor outboard 
bear ing as monitored by an eddy c u r r e n t  probe. A la rm- in i t ia ted  da ta  logg ing  was 
a c t u a l l y  t r i g g e r e d  be fore  10:27:39 by v i b r a t i o n  spikes which must have exceeded the  
preset  l i m i t  o f  3.2 m i l s .  Note t h a t  outboard eddy c u r r e n t  probe readings are 
represented by the  numberal 1t8tt whose second-by-second values a r e  hand-connected 
f o r  eas ier  v iewing i n  F igure  8 .  

The experiment demonstrated t h a t  low-v ib ra t ion  opera t ion  a t  t r a i n  speeds 
o f  approximately 6,360 RPM was f e a s i b l e  with compressor outboard support l e g s  
heated t o  approximately 375°F. A t  these condi t ions,  t h e  compressor outboard end 
had grown 32 m i l s  i n  the  v e r t i c a l ,  and 4 m i l s  i n  the  h o r i z o n t a l  d i r e c t i o n .  The 
subsynchronous (2,760 cpm) v i b r a t i o n  component was smal ler  than the  once-per- 
r e v o l u t i o n  component a t  t h i s  speed. This i s  g r a p h i c a l l y  i l l u s t r a t e d  i n  Figure 9, 
which shows compressor outboard spect ra obtained under s i m i l a r  loads  and speeds, 
wi th d i s s i m i l a r  support  l e g  temperatures. A t  ambient temperatures, t h e  subsynchro- 
nous frequency r e g i s t e r s  an uncomfortable 2.8 m i l s  on the v e r t i c a l  eddy c u r r e n t  
probe. When the  compressor outboard l e g s  were heated t o  approximately 375'F, t h e  
once-per-revolut ion and subsynchronous v i b r a t i o n  components dropped below 0.35 
m i l s .  

CONCLUSION 

Severe a e r o d y n a m i c a l l y  induced subsynchronous v i b r a t i o n  prob lems 
developed when the  normal opera t ing  speed o f  a l a r g e  c e n t r i f u g a l  compressor was 
increased. An experiment was c a r r i e d  o u t  t o  extend t h e  onset o f  r o t o r  i n s t a b i l i t y  
t o  h igher  speeds on- l ine,  wi thout  changing t h e  bas ic  r o t o r  bear ing system charac- 
t e r i s t i c s .  The t e s t  r e s u l t s  i n d i c a t e d  t h a t  the  e f f e c t i v e  compressor bear ing 
support  c h a r a c t e r i s t i c s  c o u l d  be mod i f ied  and t h e  s t a b i l i t y  th resho ld  be increased 
t o  an acceptable l e v e l .  

This experiment has demonstrated t h a t  with proper inst rumentat ion and 
monitor ing,  i t  i s  f e a s i b l e  t o  extend t h e  s t a b i l i t y  th resho ld  speed o f  c e n t r i f u g a l  
compressor, w i thout  r e q u i r i n g  a shutdown o f  the  equipment. 
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Figure 1. - Compressor X-section. 
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FREQUENCY (EMNTS44IN x lm0) 

(a) Cascade plot- 
Figure 2. - Base operating conditions. 
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Figure 2. - Concluded. 
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Figure 3. - Critical speed map. 
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Figure 4 .  - High speed balance p lo t .  
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(a) Cascade plot. 

Figure 5. - Uprated operating conditions. 
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a. sx 1x ax 

FREQLENCY (EKNlS/t i lN x 1000) 

Figure 6. - Uprated operating conditions with heated legs: Cascade plot. 
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INTEBlyAL HYSTEBESIS EXPERIENCED ON A HIGH 

PRESSURE SYN GAS COMPRESSOR 

F. Y. Zeidan 
Qatar Fertiliser Company 

Urnm Said, Qatar 

This paper describes a vibration instability phenomenon experienced in 
operating high pressure syn gas centrifugal compressors in two Ammonia plants at 
Qatar Fertiliser Company. 
spectrum analysis to follow up changes from baseline readings. Tape recordings of 
run up and run down data presented a clue to the cause of the instability, which 
was later confirmed through physical examination of the rotor assembly. Internal 
hysteresis was the major destabilizing force. However, the problem was further 
complicated by seal lock-up at the suction end of the compressor. Also, a coupling 
lock-up problem and a coupling fit problem, which caused frettage of the shaft, 
should not be counted out as contributors to the self-excited vibrations. 

The compressors were closely monitored using orbit and 

INTRODUCTION 

Instabilities in high-speed, high-pressure centrifugal compressors are quite 
common today. These compressors are usually running above two times their first 
critical speed, are quite light, and have high horsepower and pressure ratings. 
A recent survey (ref. 1)  on causes of Ammonia plant shutdowns reported that syn 
gas compressor failures caused more downtime than any other major equipment, 
accounting for 23 to 31% of the major equipment downtime. The average Ammonia 
plant has a syn gas compressor failure every 7 to 9 months, and of the 88 world- 
wide plants surveyed in reference 1, 89% suffered a syn gas compressor failure 
during the survey period. The results of this survey are not surprising to those 
familiar with the operation of Ammonia plants. The syn gas compressor is subjected 
to a severe operating environment which is much tougher than that demanded of other 
compression units in the plant. 

GENERAL CONFIGURATION 

A schematic of the high pressure compressor train is shown in fig. 1. An 
aircraft derivative gas turbine (gas generator) powers a free power turbine which 
then drives the high pressure compressor through a speed increasing gear. The 
normal start-up sequence is to start the gas turbine and hold it at warm-up speed 
of 1500 rpm, which corresponds to 4500 rpm on the compressor. Upon completion of 
the warm-up time, the unit is then quickly accelerated to the minimum governed 
speed, which is equivalent to 11,000 rpm for the compressor. A sketch of the high 
pressure rotor is shown in figure 2, outlining the major components. The 
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rotor consists of two stages: the high pressure stage consisting of 7 impellers, 
and the circulator stage with one impeller. The two stages are separated by a long 
interstage labyrinth seal, and are housed in a common barrel casing. The rotor is 
supported on tilt pad bearings with 5 pads in a load on pad configuration. The oil 
seals are of the floating ring type, where the sealing is applied through lapping 
of the housing lip with the mating face of the outer seal ring. An "0" ring seal 
is used on the housing face of the inner seal ring. 

HISTORY 

The syn gas high pressure compressor has always been the bottle neck in the 
operation of the Ammonia plants at Qatar Fertiliser Company. It has been plagued 
by several design problems that were detrimental to the safe operation of the unit, 
and consequently it had to be run below its rated speed and horsepower. The unit 
was running at too high an axial thrust during the first two years of operation. 
This required the resizing of the balance piston twice before we were able to run 
it at full load. Another design deficiency which also caused interrupted operation 
and damage to th&rotor, was the improperly heat treated tie rods which hold the 
aerodynamic assembly together. These would often break during start-up at the 
threaded section of the rod and fall through the thrust balance line opening into 
the suction of the compressor damaging labyrinth seals and shifting impellers on 
the rotor shaft. 

Recognizing the problems caused by this compressor and others in the plant, 
attention was directed towards acquiring more sophisticated diagnostic instru- 
mentation to enable plant personnel to follow up developments on the machines. 

INTERNAL HYSTERESIS 

The normal vibration spectrum for the rotor obtained after an overhaul always 
contained a subsynchronous component approximately equal to 50% of the running 
speed frequency. As seen in figure 3 it was bounded, and the synchronous component 
due to residual unbalance was the dominant component in the baseline spectrum. 
Figure 4 shows the unfiltered orbit which agrees with the information designated by 
spectrum analysis, where the subsynchronous component forms an internal loop and is 
smaller in magnitude compared to the synchronous component. However, after being 
in service for some time, we always noted an increase in vibration. Figure 5 shows 
a spectrum of the same rotor taken 7 months later where the subsynchronous component 
became the dominant frequency. The orbit analysis also confirmed this fact. As 
noted in figures 4 and 6, the subsynchronous component has increased and pre- 
dominates the total motion masking the effect of unbalance. Gunter (ref. 2) 
describes investigations which produced results similar to what we have experienced. 

Our suspicion of internal friction damping to be the driving force of this 
instability was later verified during the annual shutdown when the rotor was pulled 
out and inspected. All 7 impellers of the high pressure stage, including the 
sleeves, had travelled along the shaft in a direction towards the suction end of 
the compressor. It was later hypothesized that the shrink fit was not adequate to 
start with , which explains why we had subsynchronous vibrations right after 
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starting up with a newly overhauled rotor. After running for some time, the 
impellers apparently start to travel towards the suction end of the compressor. 
As they begin to make contact with the sleeves, this gives rise to more friction 
and subsequently increases the contribution of the internal friction forces acting 
on the rotor. This causes the subsynchronous precession to predominate over the 
unbalance response. 

TRANSIENT DATA 

Through the use of a tape recorder, transient data were obtained and further 
Figure 7 shows the run-up data of a newly over- confirmed our previous findings. 

hauled rotor that was installed during an annual turnaround. At a speed of 
5700 rpm (95 HZ), we noted a peak in amplitude of the synchronous component 
indicating the critical speed of the rotor. 
to be the only apparent signature until the rotor crossed the threshold speed and 
a subsynchronous component appeared at exactly 50% of running speed frequency. 
subsynchronous component traced the running speed frequency until it reached the 
critical speed frequency and locked on it. At this point, changes in the running 
speed did not affect the instability which remained locked on to the rotor's first 
critical speed. 

The synchronous component continued 

The 

This verification eliminated the possibility of oil whirl in the seals as 
being the exciting force, since the seals were also replaced during the annual 
turnaround and could not have been locked-up at this stage. We have had the seals 
lock-up after several months of operation, and noticed that the vibration character- 
istics in such a case are quite distinct from what we witnessed here. Fig. 8 shows 
a frequency spectrum display of the rotor with a subharmonic component at 72 HZ 
which amounts to about 40% of running speed frequency. This was the result of the 
seals locking-up and acting as a sleeve bearing. 

MAJOR RECONFIGURATION 

The information from our findings was reported to the manufacturer of the 
compressor, who quickly confirmed that the rotor design was marginal and very 
susceptible to the form of instability just described. 
to predict such a phenomenon was not available at the time this compressor was 
designed, and proposed a major redesign ( 3 )  to solve the problem. This involved 
a change in rotor stiffness by increasing the shaft diameter and reducing the 
bearing span. 
shafts, and the replacement and/or reworking of existing bearing and seal 
assemblies to reduce the bearing span. 
new ones to accommodate the larger diameter rotor shaft, in addition to reworking 
all the impellers and balance piston bores. The proposed arrangement also included 
putting the journal bearings between the oil film bushing seals on each end of the 
compressor. 

They claimed that knowledge 

This would eventually mean scrapping all of the five existing rotor 

All spacers would have to be replaced by 

This extensive modification was rejected for several reasons. First, it was 
very expensive; over half a million dollars, not including the cost of scrapped 
parts and the additionally required spares. Second, it would require a rather long 
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downtime in order to carry out the proposed rework. 
on a computer program simulation, and as stated in Reference 4, this is questionable 
for the case of rotordynamic simulation since machine parameters such as damping, 
internal friction, bearing support stiffness, etc., usually cannot be calculated 
accurately. These parameters must be adjusted in the computer simulation until 
the behaviour of the machine in the field can be reproduced faithfully. No such 
attempt to take field measurements was made by the manufacturer. Finally, a single 
minor modification which we proposed showed good promise of reducing or eliminating 
the major driving force of the instability. 

Third, it was based completely 

CORRECTIVE ACTION 

The objective here was to determine the most economical way to make the 
machine run smoothly and reliably. 
by plating the shaft about one mil oversize should be the first step in such a 
solution, since it requires a minimum of expenditure. This solution was sound 
since it does not have an adverse effect on material strength, cause stress 
concentrations or stress corrosion, and will not exceed the yield strength of the 
material. 

It was apparent that increasing the shrink fit 

Figure 9 shows a cascade spectrum of a rotor that had the shrink fit improved 
by plating the shaft 1 mil oversize. No appreciable subsynchronous vibrations were 
observed throughout the speed range of the compressor. What is also apparent in 
Figure 9, and of interest to note, is that the rotor's first critical speed was 
still around 95 HZ. 
the plant to run at loads as high as 125%, a level never before achieved. 

The unit was operating at a very low vibration level allowing 

It is important to note here that problems arising from loose fits have been 
known to the manufacturer and in a particular case (5)  caused them to thoroughly 
scrutinize and modify their methods for assembly of spacers and impellers. The 
fractional frequency problem they experienced was similar in nature to the one 
described here, and also involved a rotor with a back-to-back impeller arrangement. 
The sleeve at the center, required to separate the two sections was modified and 
made integral with the shaft with shoulders at each end to provide impeller stops. 
This particular rotor was also fitted with a squeeze film damper bearing to enable 
it to operate through the full speed/pressure range. 

SUMMARY AND CONCLUSION 

- Instabilities in high speed compressors are numerous: to tackle these 
problems we must be able to first identify them. This requires both an increased 
understanding of the causes of instabilities, in addition to the availability of 
modern sophisticated diagnostic instrumentation. 

- Hysteretic whirl is not a rare source of instability (6). It can come from 
loose impeller and spacer fits, can be caused by poor coupling hub fit, or can 
result from tooth friction in a poorly misaligned gear coupling. It can also be 
provoked by a sudden impact or shock and cause an otherwise stable rotor to whirl. 

100 



We were the victims of such an occurrence, where one of the tie rods on the aero- 
dynamic assembly broke off and caused impact damage. The rotor was balanced and 
restarted, but experienced severe subsynchronous vibration diagnosed as hysteretic 
whirl. The damage caused shifting of the impellers on the shaft and started 
relative internal slippage in the fit. 

- It has apparently been assumed by many turbomachinery users that tilt pad 
bearings are the solution to all rotordynamic problems. While this might hold true 
in many cases involving oil whirl excited instabilities, it is certainly not a 
solution to all problems. The case just presented is a good example of this since 
the rotor was supported by tilt pad bearings. 

- A large percentage of centrifugal compressors in the process industry today 
are operating at speeds higher than two times their first critical speed, and a 
significant portion of these are susceptible to instability. The instability can 
be the result of several exciting forces ( 4 ) ,  which makes it difficult to pinpoint 
the fault. The solution of increasing shaft stiffness by increasing shaft diameter 
is not a favorable one, since this will increase the peripheral speed of the 
shaft's journal, restrict gas flow, and increase horsepower consumption. 

- Instabilities like the one described here have been around for some time 
and still exist in many plants. Many machinery operators, however, still accept 
these problems as a fact of life, partly because they are not aware of recent 
advances in this field as well as the availability of easy to use diagnostic 
instrumentation. As such, the failures are accepted as something normal and they 
continue to regularly change and replace failed components. 
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Figure 1. - Schematic of compressor train. 
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Figure 2. - Syn. gas compressor rotor. 
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Figure 3. - High-pressure compressor 3101; location, A-I1 compressor house; 
date, 28/4/1981; 8 V; 50 mV rmsldiv.; 200 mV/mil; frequency range, 0-500 Hz. 

ssure compressor 3101; locati , A-I1 compressor house; 
V/8 H; 0.2 V/div.; 1 mil/div.; sweep rate, 5 msldiv.; 

rotational speed, 12 471 rpm. 
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Figure 5. - High-pressure compressor 3101; location, A-I1 compressor house; 
date, 31/12/1981; 8 V; 10 mV rms/div.; 200 mV/mil; frequency range, 0-500 Hz. 

Figure 6. - High-pressure compressor 3101; Location, A-I1 compressor house; 
date, 31/12/1981; 8 V/7 H; 0.2 V/div.; 1 mil/div.; sweep rate, 5 ms/div.; 
rotational speed, 11 500 rpm. 
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Figure 7. - High-pressure compressor runup. 
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Figure 8. - High-pressure compressor 3101; location, A-I1 compressor house; 
date, 8/8/1983; 8 V; 20 mV rms/div.; 200 mV/mil; frequency range; 0-250 Hz. 
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LATERAL FLUID FORCES ACTING ON A WHIRLING CEHTRIFUGAL MPELLEB 

IN VANELESS AND VANED DIFFUSER* 

Hideo Ohashi 
University of Tokyo 
Tokyo 113, Japan 

Hidenobu Shoj i 
Tsukuba University 

Ibaragi-ken 305, Japan 

Fluid forces on a rotating centrifugal impeller in whirling motion were 
studied experimentally. A two-dimensional impeller installed in a parallel- 
walled vaneless and vaned diffuser whirled on a circular orbit with various 
positive and negative angular velocities. The results showed that the fluid 
forces exert a damping effect on the rotor in most operating conditions, but 
become excitatory when the impeller operates at very low partial discharge while 
rotating far faster than the whirl speed. 

ness matrices. 
and whirl condition as those in the experiment. Quantitative agreement was ob- 
tained especially in positive whirl. 

The fluid forces were also expressed in terms of mass, damping and stiff- 
Calculations were conducted for impellers with the same geometry 

INTRODUCTION 

As to fluid forces acting on a centrifugal impeller of pumps and compres- 
sors, many studies have been done on the steady lateral forces (radial thrust), 
which occur either by azimuthally asymmetric configuration of volute casing or 
by misalignment of impeller and casing center. 
butions have been made to the unsteady part of lateral forces, which is induced 
by the whirling motion of rotating impellers. This is the very information 
sought for the precise analysis of rotor stability and seismic response. 

sently under way as far as known to the authors, one at California Institute of 
Technology and the other at University of Tokyo. 

to the theoretical calculation reported at the 1st Workshop [ref. 11. Therefore 
the geometries of the test impeller and casing were determined to be similar to 
those of sample calculations. This is the reason why this experiment adopted 
deliberately much simpler configurations than those of actual pumps and compres- 
sors. The project at CIT seems to lay more stress on the practical side than we 
intend, because the adopted impeller/casing configuration is similar to those of 
pumps for industrial application. 
twice at the 1st and 2nd Workshop by Acosta et al. [ref. 2, 31.  

* This study was supported by Grant in Aid for Scientific Research by the 
Ministry of Education, Technical Research Institute for Integrity of Structures 
at Elevated Service Temperatures and Hitachi, Ltd. Messrs. S. Yanagisawa, 
K. Tomita, 3 .  Hanawa, K. Kawakami and C. Kat0 contributed to this study as their 
Master theses. 

To the contrary, limited contri- 

Experimental study on this subject is quite few. Two projects are pre- 

The latter, i.e. the present experimental study is the direct counterpart 

The progress of CIT project was reported 
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TEST FACILITY 

The test pump is a single-stage, vertical shaft, centrifugal type. The 
mechanism of the forced whirling motion is illustrated schematically in fig. 1. 
The impeller is supported overhung by two self-alignment roller bearings, which 
are mounted separately on the upper and lower whirl plates, 
on the impeller are evaluated from the reaction force to the lower bearing. 
As seen from fig. 1, the outer race of the lower bearing is attached to the 
lower whirl plate by four load cells arranged with 90 degree angle difference 
(x- and y-direction). 

Fig. 2 shows the relative arrangement of impeller and diffuser. In order 
to avoid the generation of steady lateral forces, the flow passage was designed 
to ensure axisymmetric flow by means of resistance screen at the diffuser exit 
and two symmetrically arranged discharge pipes for instance. Test was conducted 
mainly for vaneless diffuser. 
with 2, 4 and 8 guide vanes, though the corresponding theory had not been estab- 
lished for comparison. Two impellers, A and B, with different vane angle were 
tested. The rotational speed of the impeller shaft was kept constant (8.8 Hz), 
while the whirl speed was varied widely from negative to positive whirl. Both 
pump and eccentric drive shafts were equipped with rotary encoders to detect 
phase angle. Principal specifications of test pump are listed in table 1. 

Fluid forces acting 

Additional test was also done for vaned diffuser 

DATA EVALUATION 

Calibration 
The load cells were calibrated dynamically by a rotating disc with known 

unbalance mass. The conversion factors (a = impeller force (N)/load cell output 
(V)) were determined for the x- and y-direction separately. The linearity of 
the cells was satisfactory and all cross terms, output of y-cells to x-directed 
force for instance, remained less than two percent of their principal terms. 

Data Aquisition 
Outputs of load cells were A/D converted and stored by sampling signals 

generated at every 10 degree on whirling orbit. For experiment to check the 
statistical character of the data, ensemble average and rms were evaluated from 
512 sampled data at the same condition. In other cases 200 to 300 data were 
collected to give an ensemble average with intended confidence interval. 
experiment with vaned diffuser, samplings were made when the phase angle of 
whirl and impeller shaft, el and e2 (cf. fig, 4(a)), coincided simultti.eously 
with the preset values. 

In the 

Since the theoretical results which are to be compared with the experiment, 
consider only fluid forces acting on the impeller vanes, and exclude all other 
forces on shroud, shaft, seal etc, it is necessary also in the experiment to ex- 
tract pure vane force from the resultant reaction force measured at the lower 
bearing. For this purpose, four experiments were carried as shown in fig. 3 ,  
that is, experiments with whirling impeller in water and in air, and with whirl- 
ing dummy rotor in water and in air. 

relation, 
The fluid force on the impeller vanes, F(Fx, Fy), can be evaluated by the 

F = a  ( E l - E 2 - E 3 + E 4 )  

where E.(E E denotes load cell outputs in the above mentioned four sub- 
1 x' y 
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experiments. 
of eq. (1): 

1 2  
3 4  

The following interpretation will also help understand the meaning 

a(E -E ) ; fluid forces on whirling components submarged in water. 
a(E -E ) ; fluid forces on whirling components submarged in water except 

The reaction of driving shaft torque on the lower bearing was calculated 

As seen from fig. 4 (a), fluid forces on whirling impeller are dependent of 

vanes, i.e. those on shrouds, shaft and seal (see fig. 11, 

and the influence was compensated in the final evaluation of impeller force, 

rotational speed W , whirl speed Q. , eccentricity E , phase angle of whirl 8 
and rotation 
diffuser. 

1 disappers in vaneless e2 and flow rate Q. The dependence on 8 2 

Test Condition 

expected for such small displacement. From the rotordynamic consideration the 
whirl speed $2 corresponds to the first damped natural frequency in bending mode 
of the rotor (critical speed). Although most troubles associated with non-syn- 
chronous rotor vibration occur at supercritical rotational speed, $2/w<l,  the 
test was done at whirl speed ratio fi/w up to 1.3 both for positive and negative 
whirl. Because impeller forces are sensitive to the operating condition of the 
impeller, discharge rate was varied from shutoff to maximum. 

The eccentricity was kept constant ( E =  1.5 mm), since linearity could be 

Presentation of Fluid Forces 
Fluid forces F acting on the impeller vanes are divided into two compo- 

nents as illustrated in fig. 4 (b). The component normal to the orbit and di- 
rected outward is called radial force 
posite to the clockwise (positive) whirl is called tangential force 
A negative sign means the direction is opposite to the above definition. 

Fr, while the component parallel and op- 

TEST RESULTS AND DISCUSSION 

Pump Characteristics 

eration is plotted in fig. 5 in non-dimensional form, in which flow coefficient 
@ and head coefficient $ are defined by (see notation in table 1) 

The hydraulic performance of the test pump (impeller A and B) at steady op- 

..,..... (2) 
Since impeller B has smaller exit vane angle than that of A, it has larger work 
input and hence higher head. 
vane angle is set to have no loading at design (shock-free) discharge of the im- 
peller, 
steady performance is not remarkable. 
relative inlet flow to the impeller vanes becomes shock-free, is denoted by b, 

10 in all test cases. 

Guide vanes have logarithmic spiral form and the 

Because of this design principle, the influence of guide vanes on the 
Design flow coefficient, at which the 

sf' The machine Reynolds number of the test pump, Re = u d /V, was about 3.4 x 6 2 2  

Character of Unsteady Fluid Forces 

obtained by four sub-experiments (see eq, (1)). The relative magnitude and di- 
rection of these four forces are illustrated in fig. 6 for a typical test con- 
dition (impeller A, @=@Sf, & =2 mm, Q/w=0.83 and 8 =O). F 
are caused by inertial centrifugal force and thus have only radial component. 

Fluid forces acting on whirling vanes,F , are evaluated from four forces 

and F measured in air 1 2 4 
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The effort 

charge condition. As the discharge decreases, the fluctuation gets larger and 
at shutoff the fluctuation becomes quite violent as seen from fig. 7 (b), 
The reason is obviously the separation and large scale turbulence of the flow in 
impeller. The fluctuation of measured force can therefore be attributed mostly 
to the inherent flow turbulence. 

Fig. 8 shows fluid forces on whirling impeller vanes at 9 locations of the 
orbit (impeller A , & = 1 . 5  mm , vaneless dif.) for the combination of two flow 
rates (design and shutoff) and two whirl speed ratios (positive and negative). 
Each vector indicates ensemble average of 512 sampled data, while the magnitude 
of fluctuation is indicated by a circle with n s  as its radius. Fluid forces 
are nearly axisymmetric and uniform on the orbit as they should be. 
to note, that especially near shutoff the fluctuation in rms can be severalfold 
as high as its average. 

It is worth 

Fluid Forces on Whirling Impeller in Vaneless Diffuser 
In spite of precautions to establish azimuthally symmetric flow, the en- 

semble averaged force vectors on the orbit were not completely uniform as seen 
from fig. 8. Since the influence of fluid forces on the dynamics of rotor is 
accumulative, the force components, F and Fe, are hereafter averaged over one 
cycle of whirl angle 8 and shaft angte 8 and are denoted by and P These 
forces are further normalized by the following definitions; 1 2. r 8' 

2 - 2 - 
fr = Fr /MEW , 
M = pnr2 b 

fe = Fe /MEW 
2 

...... 0...(3) 

where p is the density of the working fluid and M is the mass of fluid displaced 
by the silhouette volume of impeller vanes. 

-1.3 to +1.3, when impeller A ( f b 6 8 O )  whirls with eccentricity&=1.5 nun in vane- 
Fig. 9 shows the dependence of f and f on the whirl speed ratio Q/W from r e 

theory. 3) Radial force decreases as discharge decreases in positive whirl. 
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In negative whirl th 
the relative flow in 
at very low discharg 
produces positive ra 
placement. This mea 
tics. 6 )  Impeller A 

A s  to tangentia 
forces are positive 
cates that fluid for 
cases. 2 )  Negative 
operates at very low discharge while rotating more 
speed (R/U<0.5). 
system and can cause 
3 )  The agreement wi 
measurement is again remarkably higher than the theory predicts. 
tive whirl larger damping can be expected than in positive whirl. 5 )  The influ- 
ence of discharge rate otl tangential component is generally small. 

In this condition the fluid force 

4 )  In nega- 

Influence of Guide Vanes on Rotor Stability 
Since the radial clearance between impeller and guide vanes was chosen re- 

latively large (11% of radius), the hydrodynamic interference of guide vanes to 
impeller vanes was so limited that the dependence of impeller force on the phase 
angle of impeller shaft, 8 , was undetectably small. 
lation of guide vanes resufted in little difference of the mean components of 
fluid forces from those given in fig. 9 and 10. 

Guide vanes augmented the damping effect on the rotor stability to some ex- 
tent. For the convenience of stability judgement, a new normalized parameter of 
tangential force is introduced as 

Consequently the instal- 

- 
fel = F8/MEQU .......... ( 4 )  

According to this definition small f 
larged by dividing by R. 
throughout positive and negafive whirl range, as far as the fluid force exerts 
damping effect. Fig. 11 shows fel of impeller A at various flow rates, when it 
whirls in vaneless (no GV) and vaned diffuser with 2 and 8 guide vanes. In the 
case of vaneless diffuser, theoretical prediction for shock-free entry condition 
is also plotted by broken lines. From these figures it is evident that guide 
vanes reduce the range of whirl speed ratio with negative f8', thus resulting in 
increased damping on the whirling rotor. 

at small whirl speed ratio R/U can be en- 
f ' has ayso the feature that it keeps positive 

This difference could scous effect 

ion of impeller 
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center O(x, y) is expressed by the absolute coordinate system with its origin 
at the whirl center 0 ' .  Denoting x- and y-components of fluid forces by F and 
F they are expressed in the following linear form; X 

Y1 
mass damping stiffness 

.. . . ..... 15) 

Y* YY YX YY YX YY 
where x = E cosel, y = E sine 

Because the measured fluid forces are non-linear with respect to location, 
velocity and acceleration of impeller center, it is impossible to determine the 
above matrix elements in an exact meaning. However, if the fluid forces are 
axisymmetric on the whirling orbit (independent of 8 ), and can be approximated 
by the equations 

and 8, = -52t. 1 

1 

the matrix elements can be related to the above terms as; 

e1 F * 

kxx = k = -F YY rO 

F rl 

eo F 

.......... ( 7 )  

The fitting of measured data to eq. (6) can be performed by applying the method 
of least squares. 

Fig. 13 shows the fitted curve of impeller A at shock-free condition. The 
fitting was made for all data in positive and negative whirl, -1.3<R/w<+1.3. 
Since the real fluid forces are non-linear, the fitted curve cannot represent 
the measured data satisfactorily in the whole whirl speed ratio. Especially the 
delicate change of fluid forces near R/U = l. is neglected in the fitting com- 
pletely. The quality of fitting deteriorates gradually as flow rate decreases 
and the flow in impeller deviates from shock-free condition. 

various flow rates. 
linearly with whirl speed ratio. This indicates that cross mass term m =-m 
is insignificant. 
is parabolic in general but the minimum takes place around R/W=0.4. 
infers that cross damping term b =-b plays an important role. 

are listed for various flow rates. All values are normalized by the quantities 
given in the tables. 

Fig. 14 illustrates the fitted curves of impeller A in vaneless diffuser at 
As seen from the figure tangential force fe changes almost 

consists in the factx$!hatYft r The feature of radial force f 
This result 

In table 2 and 3 matrix eleggnts'gf impeller A and B in vaneless diffuser 

CONCLUSION 

Fluid forces acting on two-dimensional centrifugal impeller whirling in 
vaneless and vaned diffuser were measured and compared with the corresponding 
theoretical results. Principal findings from two tested impellers are: 

1) Fluid forces have tangential components to damp whirling motion of the 
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2) At low flow rate near shutoff and low whirl speed ratio, i.e. at high 
supercritical rotational speed, there are possibilities that the fluid 
forces do exert negative damping to the rotor in positive whirl, a sort 
of impeller whip. 

titative agreement can be obtaine 

matrices by assuming linear relation. 

3) Theoretical calcula itatively. Quan- 

4) Fluid forces are expressed as el ng and stiffness 

This study will be extended further to the cases in which impeller whirls 
The 2nd generation test rig with improved whirling mecha- in a volute casing. 

nism, instrumentation and versatile applicability is under construction. 
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Impe 1 1 e r 
outer diameter d =2r 
inner diameter 
vane width b 
suction diameter 
number of vanes 
vane angle to radius 6 
(logarithmic spiral) 

mass 

2 2  

Two-dimensional, closed type 
350 mm 
175 mm 
35 mm 
160 mm 
6 

68O  for impeller A 
60° for impeller B 
4,l kg 

Vaneless diffuser 
exit diameter 
screen 
width 

Vaned diffuser 
inner diameter 

outer diameter 
width 
number of vanes 
vane angle to radius 

Test condition 
rotational speed W 
whirl speed R 
eccentricity & 
shock-free flow rate 

Parallel walled 
700 mm 
40 mesh per inch, 51% opening 
70 nun 

Logarithmic spiral, 5 mm thickness 
390 mm 
(20 mm radial clearance) 
600 mm 
60 mm 

75.5O 
2, 4 and 8 

525 rpm 

variable mainly 1,5 mm 
-683 to +683 rpm 

3 
3 2.25 m /min for impeller A 

3.21 m /min for impeller B 
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Table 2 Matrix elements of impeller A 

matrix element 

normalized by 

4 - 0  

0.2 4,f 

0.6 0,f 

0,f 
1.3 4,f 

mxx, m ,,, m xya-myx bxx> bW bw>-byx kxxa kyy kv>-kYx 

rprz2b nprz2bw ~ r p r ~ ~ b w ~  

1.64 0.27 1.14 -2.02 -0.55 -0.13 

1.72 0.35 1-10 -2.01 -0.55 -0.17 

1.87 0.32 1.08 -1.88 -0.56 -0.10 

1.86 0.27 0.98 -1.33 -0.42 0.09 

1.82 0.23 1.09 -1.01 -0.43 0.08 

Table 3 Matrix elements of impeller B 

matrix element 

normalized by 

mxx, m,,, mw,-m YX 

nprZ2b 

4 = O  

0.2 4,f 

0.6 4,. 

0,f 
1.3 

-1.98 -0.58 -0.12 

-1.96 -0.57 -0.17 

-1.80 -0.43 -0.13 

-1.62 -0.39 -0.05 

-1.35 -0.35 0.01 

1.30 0.21 

1.32 0.33 

1.26 0.20 

1.34 0.19 

1.32 0.05 
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Fig. I Whirling mechanism 

Impe 11 e r 

Experiment 1 
(Impeller in water) 

Dummy Disk 

Experiment 3 
(Dummy in water) 

imp 

Y 

vaneless diffuser vaned diffuser 
i 

9 

Fig. 2 Configuration of impeller 
and diffuser 

Y 

X 

(a) Coordinates 
Experiment 2 

[Impeller in air) 

Experiment 4 
(Dummy in air) 

Fig. 3 Four sub-experiments 

(b) Force vector 

Fig. 4 Notations 
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Fig. 5 Characteristics of 
test pumps 
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Fig. 6 Relative disposition 
of force vectors 
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(b) Z = 0 

Fig. 7 Time histories of 
fluid force vector 
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Fig. 8 Ensemble averaged fluid forces and 
their fluctuation 
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(a)  Tangential component 

(b) Radial component 

Fig. 9 Normalized fluid forces of impeller A in vaneless diffuser. 
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Fig. 10 Normalized fluid forces of impeller B in vaneless diffuser. 
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Fig. 12 Comparison between theory and 
experiment at shock-free entry 
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f i t t e d  curve o experiment 

%" 
Fig. 13 Measured d a t a  and f i t t e d  curves of 

impel ler  A a t  shock-free en t ry  

Fig. 14 F i t t e d  curves of impel ler  A 

a t  var ious  flow r a t e  
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HYDRAULIC FORCES 01 A CENTBIETJGAL IMPF,LLER 
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High speed centrifugal rotating machinery can have large vibrations caused by 
aerodynamic forces on impellers. 
in a two dimensional orbitting impeller in an unbounded fluid with non-uniform 
entering flow. 
inviscid flow equations. 
forces, centripetal forces, changes in linear momentum, changes in pressure due to 
rotation and pressure changes due to linear momentum. 
cross-coupled stiffness coefficients are calculated for the impeller. 
with experimental results is fair. 

This work develops a method of calculating forces 

A finite element model of the full impeller is employed to solve the 
Five forces acting on the impeller are included: Coriolis 

Both principal and 
Agreement 

NOMENCLATURE 

Impeller discharge area, = P.rrRgb 
Impeller thickness 

Principal force 
Cross-coupling force 
Stiff ne8 s 
Principal stiffness 
Cross-coupled stiffness 
Dimensionless principal stiffness 
Dimensionless cross-coupled s tiff ne8 s 
Pres s ur e 

A3 

FXX 

%X 

I?= 
PYX 

R1 
R2 
R3 
R4 

b 
F Force 

K FYX 

+ 
Q Flow rate 
r radius 

Inner radius of inner flow region 
Inner radius of impeller 
Outer radius of impeller 
Outer radius of outer flow region 
Impeller tip speed, U3 QR3 
Particle velocity in reference frame 
Displacement in positive x-direct ion Ax 

AY Displacement in positive y-direction 
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Blade angle 
C i rcu la t ion  
Eccen t r i c i ty  
Angle with respect  t o  t h e  x-axis 
Unknown angle  approximated by the blade sweep angle  
Blade sweep angle 
Density of f l u i d  
Velocity p o t e n t i a l  
Stream funct ion 
Dimensionless stream funct ion 
Rotor r o t a t i o n  speed 

INTRODUCTION 

Vibration problems i n  turbomachinery such as t h e  U.S. Space Shu t t l e  turbopumps 
( r e f ,  1 )  are an important i s sue  i n  industry.  
understand t h e i r  causes and prevent ca t a s t roph ic  f a i l u r e .  Modifications i n  the  
bearings,  dampers and seals ( r e f .  1,2) i n  a given machine can o f t e n  a l l e v i a t e  such 
problems, but are not always e f f e c t i v e ,  Because r e l a t i v e l y  l i t t l e  is known about t he  
influence of an impeller on v ib ra t ions ,  it i s  of i n t e r e s t  t o  i n v e s t i g a t e  impeller 
f o r c e  l e v e l s  i n  a t tempts  t o  f u r t h e r  understand and reduce v i b r a t i o n  problems. 

Considerable e f f o r t s  have been made t o  

It is known t h a t  f l u i d  fo rces  a c t  on an impeller during operat ion and o f t e n  
i n i t i a t e  s e r i o u s  v i b r a t i o n  problems, but they are not  easy t o  ca l cu la t e .  
t h e  impeller may be displaced due t o  r e s idua l  unbalances o r  other  causes. 
fo rces  then arise both p a r a l l e l  t o  and perpendicular t o  the  d i r e c t i o n  of 
displacement. 
can be add i t ive ,  such t h a t  a small per turbat ion can eventual ly  r e s u l t  i n  l a rge  
v ib ra t ions  and poss ib l e  s h a f t  f a i l u r e .  Several works concerning r o t o r  dynamics and 
flow i n  impellers have been published, but r e l a t i v e l y  few papers have d e a l t  with the  
ca l cu la t ion  of aerodynamic fo rces  on impellers.  

I n i t i a l l y ,  
Impeller 

They are known as hydraul ic  o r  aerodynamic forces .  This phenomenon 

A study of aerodynamic fo rces  on c e n t r i f u g a l  impel lers ,  published by 
Colding-Jorgensen ( r e f .  31 ,  involved ca l cu la t ing  t h e  impeller force caused by r o t o r  
e c c e n t r i c i t y  along wi th  the a s soc ia t ed  s t i f f n e s s  and damping coe f f i c i en t s .  The f i n a l  
ob jec t ive  w a s  t o  determine t h e  e f f e c t  of t h i s  fo rce  on r o t o r  s t a b i l i t y .  
Two-dimensional p o t e n t i a l  flow was used, represent ing the  impeller by a source-vortex 
Point.  
was solved by the  s i n g u l a r i t y  method. The v e l o c i t y  induced by the s i n g u l a r i t y  
d i s t r i b u t i o n  on t h e  d i f f u s e r  w a s  considered t o  be a p a r a l l e l  stream; thus,  t h e  
impeller fo rce  w a s  obtained by r e l a t i n g  the  impeller t o  a body with c i r c u l a t i o n ,  
influenced by a source, and i n  a p a r a l l e l  stream, and using t h e  theorems of Joukowski 
and Lagally. 

The d i f f u s e r  w a s  modelled by a d i s t r i b u t i o n  of v o r t i c e s  and t h e  flow f i e l d  

Shoj i  and Ohashi ( r e f .  4) ca lcu la t ed  f l u i d  fo rces  on a c e n t r i f u g a l  impeller using 
unsteady p o t e n t i a l  theory. Incompressible, two-dimensional flow was  assumed and the 
r o t a t i n g  a x i s  whirled a t  constant speed. Other assumptions included shockless en t ry  
a t  t h e  leading edges of the blades and the  Kutta condi t ion a t  t h e  t r a i l i n g  edges. 
Free v o r t i c e s  w e r e  assumed t o  be shed from the  t r a i l i n g  edges and c a r r i e d  downstream 
with steady v e l o c i t i e s  along steady s t reamlines ,  and blade thickness w a s  neglected. 
The fo rces  a c t i n g  on t h e  impeller were calculated by in t eg ra t ing  t h e  pressure 
d i s t r i b u t i o n  on the  blades. 
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Recently, Imaichi, Tsujimoto and Poshida ( r e f .  5 )  analyzed unsteady torque on a 
two-dimensional r a d i a l  impeller using s i n g u l a r i t y  methods. They recognized t h a t  
s t u d i e s  of unsteady flow were necessary f o r  p red ic t ion  of unsteady fo rces  on an 
impeller but unsteady torque was examined because i t  w a s  one of t h e  most t y p i c a l  
unsteady c h a r a c t e r i s t i c s  of impellers.  
divided i n t o  th ree  components: The wake 
component w a s  u sua l ly  found t o  be t h e  smallest quant i ty .  
f l u c t u a t i n g  torque were made using apparent mass c o e f f i c i e n t s  f o r  var ious blade 
angles,  blade numbers and diameter r a t i o s  of logarithmic impellers.  

It w a s  shown t h a t  unsteady torque could be 
quasisteady, apparent m a s s ,  and wake. 

Approximations of 

Iino's work ( r e f .  6 )  d e a l t  with p o t e n t i a l  i n t e r a c t i o n  between a c e n t r i f u g a l  
impeller and a vaned d i f f u s e r .  
i n t e r a c t i o n  w a s  examined. 
assuming two-dimensional, p o t e n t i a l  flow and i n f i n i t e l y  t h i n  blades. 
Bernoulli  equation f o r  a r o t a t i n g  coordinate system w a s  used t o  solve f o r  t he  
unsteady pressures .  Pressure d i s t r i b u t i o n s  were examined f o r  various impeller 
configurations.  Load d i s t r i b u t i o n  on d i f f u s e r  blades was r e l a t e d  t o  pressure 
f luc tua t ions ;  t h e  dynamic load on impeller blades w a s  a f f ec t ed  by considerat ion of 
t h i s  load d i s t r i b u t i o n .  

The dynamic load on t h e  impeller blades due t o  t h i s  
Unsteady flow was analyzed using the method of s i n g u l a r i t i e s  

The unsteady 

An unbounded eccen t r i c  c e n t r i f u g a l  impeller with an i n f i n i t e  number of 
logarithmic s p i r a l  blades was considered by Allaire e t  a l .  ( r e f .  7). 
kinematic a n a l y s i s  of flow i n  t h e  impeller w a s  c a r r i e d  out and impeller s t i f f n e s s e s  
calculated.  
fo rces ,  c e n t r i p e t a l  forces ,  changes i n  l i n e a r  momentum, changes i n  pressure due t o  
r o t a t i o n  and pressure changes due t o  l i n e a r  momentum. 

A simple 

F i r e  fo rces  a c t i n g  on t he  e c c e n t r i c  impeller were i d e n t i f i e d :  Cor io l i s  

I n  add i t ion  t o  t h e o r e t i c a l  s t u d i e s  of forces  on impel lers ,  some work has been 
done experimentally. 
Imaiehi and S h i r a i  ( r e f .  8) .  They measured r a d i a l  fo rces  on a c e n t r i f u g a l  pump with 
a vo lu te  and examined the  e f f e c t  of t he  cross-sect ional  area and shape of t h e  v o l u t e  
tongue on t h e  force.  The dynamic component of force and t h e  e f f e c t  of c a v i t a t i o n  on 
t he  fo rce  were a l s o  invest igated.  

A paper on experimental measurement was presented by Uchida, 

Research by Kanki, Kawata and Kawatani ( r e f .  9 )  a l s o  involved experimentally 
measuring fo rces  on a c e n t r i f u g a l  pump impeller. They s p e c i f i c a l l y  measured 
hydraulic r a d i a l  forces  on impel lers  with double vo lu t e s  or  vaned d i f f u s e r s .  
s t a t i c  and dynamic loads were measured with varying flow rates. 

Chamieh e t  a l .  ( r e f .  10) measured hydrodynamic s t i f f n e s s e s  experimentally for  a 

Both 

c e n t r i f u g a l  pump impeller with a volute.  
cen te r  of r o t a t i o n  was o rb i t ed  €or low frequencies. 
t h e  vo lu te  were obtained and static pressure fo rces  were measured, providing a more 
complete force analysis .  

Forces on the  impeller were measured as t h e  
Pressure d i s t r i b u t i o n s  around 

This paper examines c e n t r i f u g a l  impellers and develops a method of ca l cu la t ing  
t h e  fo rces  induced by e c c e n t r i c  operation. The a n a l y s i s  i s  done i n  a r o t a t i n g  
reference frame and considers a two-dimensional, unbounded impeller with synchronous 
motion. Incompressible, p o t e n t i a l  flow is  assumed. The a n a l y s i s  u t i l i z e s  t h e  f i n i t e  
element method t o  solve f o r  t h e  flow f i e l d .  A con t ro l  volume formulation is used t o  
c a l c u l a t e  the fo rces  a c t i n g  on t he  s h a f t  of an  e c c e n t r i c  impeller. S t i f f n e s s e s  are 
computed f o r  d i f f e r e n t  impeller designs. P l o t s  of t h e  f i n i t e  element meshes as w e l l  
as corresponding s t reamline p l o t s  are included, along wi th  v e l o c i t y  p r o f i l e s  and 
graphs of s t i f f n e s s e s  versus blade number and blade angle. 
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METBOD OF ANALYSIS 

The two dimensional impel ler  region i s  divided i n t o  t h r e e  regions:  i n l e t  region,  
blade region, and o u t l e t  region. Figure 1 shows t h e  th ree  regions wi th  one blade f o r  
i l l u s t r a t i o n  purposes. 
flow ca lcu la ted  using a ve loc i ty  p o t e n t i a l  and t h e  t angen t i a l  flow ca lcu la t ed  using a 
stream funct ion  ( r e f .  11,121. 

2 

2 

P o t e n t i a l  flow i s  assumed i n  the  a n a l y s i s  wi th  t h e  r a d i a l  

Both 4 and $ s a t i s f y  Laplace's equat ion 

(1) 

( 2) 

V $ = O  

V $ = O  

i n  t he  region between R1 and R 4 .  

Two cases  a r e  considered - impeller centered and impel ler  eccent r ic .  In  t h e  
The flow f i r s t  case, t he  impeller blades a r e  centered i n  the coordinate  system. 

through each blade passage i s  t h e  same. 
assumed centered a t  the o r i g i n  while t he  impeller i s  phys ica l ly  moved the  d is tance  E 
along t h e  x a x i s  ( i n  t h e  r e l a t i v e  coordinate system). 
passages on the p o s i t i v e  x a x i s  s i d e  i s  smaller than the  flow through those on t h e  
negat ive x a x i s  s ide .  It was found t h a t  
varying E ~ / R ~  from 0.01 t o  0.00125 changed the  ca lcu la ted  s t i f f n e s s  by l e s s  than 10%. 

For the  second case, t h e  i n l e t  flow is  

Thus t h e  flow through t h e  

A t y p i c a l  value of E ~ / R ~  = 0.0025 was used. 

For the  r a d i a l  flow, t h e  boundary condi t ion a t  t h e  i n l e t  i s  t h a t  due t o  a source 
a t  t he  o r i g i n  

-A t/ - 2nRlb 
1 r=R 

and no flow i s  allowed through the blades 

an = o  
I Blade 

I f  t h e  s h a f t  is  centered,  t h e  o u t l e t  boundary condi t ion is  

-A CI r=R4 - 2nR4b 

I n  t h e  case of an e c c e n t r i c  s h a f t ,  t he  e x i t  flow cannot be uniform around the  
impel ler .  It i s  assumed t o  depend upon the  angle  0 with t h e  form ( r e f .  13) 

( 3 )  

(4)  

(5) 

where e c  i s  the  approximate sweep angle. 
by 2 10 degrees changed t h e  s t i f f n e s s e s  by approximately 1% o r  less. 

It w a s  found t h a t  varying the  sweep angle  

With t angen t i a l  flow, the  boundary condi t ions a t  t h e  inner  and ou te r  r a d i i  a r e  
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However, f o r  
f o r  r i s  

The boundary 

vortex flow represent ing an impeller with angular ve loc i ty  5 2 ,  t h e  value 

2 r = -  2n 52 R2 

condi t ions become 

' I r=R4 = RRZ2 Qn R4 

Along the  blade, the stream funct ion i s  an unknown constant.  

= Constant ( 9 )  
']Blade 

The constant i s  evaluated when the t o t a l  flow, due t o  the superposi t ion of r a d i a l  and 
t angen t i a l  flow, s a t i s f i e s  t h e  Kutta condition a t  t he  t r a i l i n g  edge of a l l  blades. A 
Newton-Raphson i t e r a t i o n  process i s  used t o  ob ta in  values  of stream funct ion on t h e  
blades. In t h e  centered case,  t h e  stream funct ion over a l l  of t h e  blades is  t h e  same 
while i t  v a r i e s  f o r  the e c c e n t r i c  case. 

F i n i t e  elements ( r e f .  14,151 were used t o  solve Laplace's equation f o r  both the  
r a d i a l  and t angen t i a l  flow. A t y p i c a l  mesh i s  shown i n  Figure 2. Because of t h e  
large number of nodes, a p r o f i l e  solver  ( r e f .  14) was required.  
were included i n  the ana lys i s .  

F i n i t e  width blades 

FORCES AND STIFFNESS 

+ 
The su r face  fo rces  are composed of t he  pressure+forces on the  con t ro l  volume (F 
the  forces  of t he  s h a f t  on t h e  con t ro l  volume (FSmT>. 

and P Thus, 

+ $  s SHAFT p 
+ +  F = F  

From the  Bernoulli  equation f o r  a r o t a t i n g  r e fe rence  frame: 
2 2 - - -  I 18 x :I + L 131 = constant 

P 2  2 

This can be solved f o r  pressure and in t eg ra t ed  over t h e  con t ro l  surface:  

I 

(11) 

(12) 
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The forces  due t o  pressure a r e  expressed as: 
f + 

F P = - I  P d x  

s ince  the  fo rce  vec tor  i s  opposi te  t he  a rea  vec tor .  

The force on t h e  s h a f t  due t o  cont ro l  volume is 

-5 + +  - = F  - F s  
+ 
FON - - F ~ ~ ~ ~  p 

SHAFT 

cs 

The f i v e  components of t h i s  force  are:  

r 

Cor io l i s  force  
cv 

2. - 1 p  d x  (8 , ; )  dV Centr ipe ta l  force  
cv 

Force due to change i n  
l i n e a r  momentum 

2 
4. -1 $ l d x ; ? I  dx Force due t o  change i n  

pressure due t o  r o t a t i o n  cs 

cs 

Force due t o  change i n  pressure 
due t o  change i n  l i n e a r  momentum 

For t h e  f i n i t e  element ana lys i s ,  t h e  i n t e g r a l  expressions a r e  used i n  summation form, 

S t i f f n e s s  is defined a s  t h e  negat ive of t h e  change i n  force  divided by t h e  change 
i n  displacement, or :  
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In t h i s  ana lys i s ,  p r inc ipa l  (K,) and cross-coupled (K s t i f f n e s s e s  a r e  
YX ca lcu la ted  , where : 

Also it is  assumed here  due t o  symmetry t h a t  the  other  two s t i f f n e s s  c o e f f i c i e n t s  
a r e  given by 

The impeller is displaced i n  the pos i t i ve  x-direct ion and t h e  r o t a t i o n  i s  
A p o s i t i v e  force  Fx aggravates x p o s i t i v e  i n  t h e  counterclockwise d i r ec t ion .  

displacements whereas a negat ive fo rce  resists x displacements. Thus, p o s i t i v e  
p r inc ipa l  s t i f f n e s s  Q, which ind ica t e s  a r e s to r ing  force ,  i s  des i rab le .  
cross-coupled fo rce  should oppose motion ( f o r  a s h a f t  forward whi r l  mode) t o  promote 
r o t o r  s t a b i l i t y ,  
should be p o s i t i v e  f o r  s e a b i l i z i n g  e f f e c t s  i n  forward whir l .  

The 

should be negat ive and the  cross-coupled s t i f f n e s s  K 
Y" Thus F 

Generally it is  des i red  t o  use the  ca l cu la t ions  discussed he re  f o r  r o t o r  dynamics 
ana lys i s .  
i n  t h e  r e s u l t s  sec t ion .  Dimensionless s t i f f n e s s e s  have t h e  form 

The s t i f f n e s s  i s  more usefu l  than the  force  so s t i f f n e s s e s  a r e  presented 

i n  the  next sec t ion .  

RESULTS 

Twelve d i f f e r e n t  cases t y p i c a l  of pump impeller geometries were run. 
gives  t h e  geometric proper t ies .  
angle ,  rad ius  r a t i o s ,  and blade thickness. In each case, t h e  following r o t o r  
parameters were held constant 

Table 1 
Quant i t ies  va r i ed  were number of blades, blade 

w = 600 rpm 
b = 0.5 inches 
P = 0.0361 lbm/in3 

A f i n i t e  element mesh was generated f o r  each case, 

Once v e l o c i t i e s  were determined a t  a l l  of the  f i n i t e  element node poin ts ,  Eq. 
(14)  was used t o  eva lua te  t h e  fo rces  ac t ing  on t h e  impeller cont ro l  volume. It 
should be noted t h a t  t hese  fo rces  ca lcu la ted  f o r  t h e  centered impel ler  were not 
zero due t o  t h e  numerical averaging. However, t he  change in fo rce  ca lcu la ted  f o r  t h e  
e c c e n t r i c  impel ler  i s  two t o  four  orders  of magnitude l a r g e r  than the  centered force.  
The f i v e  components of force f o r  each case a r e  not given here  due t o  lack  of space. 
They a r e  presented i n  r e f .  (12). 
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The ana lys i s  described i n  Sec t ion  2 w a s  ca r r i ed  out f o r  t h e  twelve cases. Table 
2 presents  the  ca lcu la ted  va lues  of dimensionless blade stream funct ion  f o r  each 
blade. Here the  stream funct ion  i s  made dimensionless v i a  

-9 J I =  

It can be seen t h a t  an e c c e n t r i c i t y  of the  order of 0.001 produces changes i n  the  
blade stream funct ion  of t h e  order of 0.001 as  w e l l .  

R3U3 

A comparison between the  theory and two experimental  r e s u l t s  can be presented. 
Case 4 i s  chosen as t h e  c l o s e s t  t o  t h e  t e s t  impel lers  of Uchida (8) and Kanki ( 9 ) .  
Uchida employed a s i n g l e  vo lu t e  while Kanki used a double volute .  
forces  a r e  

The dimensionless 

F r a d i a l  

0.00187 Uchida, e t .  a l .  (8)  
0.001 22 Kanki, e t .  al .  (9 )  
0.001023 Theory, Case 4 

The agreement with Kanki's r e s u l t s  i s  wi th in  20%. 

Table 3 gives  t h e  dimensionless p r inc ipa l  and cross-coupled s t i f  fnesses  a s  
determined by the  f i n i t e  element ana lys i s .  
negat ive while  t he  cross-coupled s t i f f n e s s  i s  pos i t ive .  
the  s e r i e s  of cases  run. 

In a l l  cases ,  the p r inc ipa l  s t i f f n e s s  i s  
Several pa t t e rns  emerge from 

Cases 1 and 7-11 i nd ica t e  the  e f f e c t  of varying blade angle  13 .  Figure 3 

However, t h e  magnitude of 
i nd ica t e s  the  s t i f f n e s s  v a r i a t i o n  with blade angle. The magnitude of t he  p r i n c i p a l  
s t i f f n e s s  decreases s t rongly  with increas ing  blade angle. 
the  cross-coupled s t i f f n e s s  does not seem t o  be a s t rong  func t ion  of blade angle. 

- The e f f e c t  of number of blades can be seen i n  cases 1, 4,  5 .  Figure 4 p l o t s  t h e  
r e s u l t s .  The magnitude of the p r inc ipa l  c o e f f i c i e n t  increases  somewhat with number 
of blades but,  again, t he  magnitude of t he  cross-coupled s t i f f n e s s  does not seem t o  
be a s t rong  func t ion  of the  number of blades. 

Cases 1 and 12 indicated t h e  e f f e c t  of impeller inner  t o  outer  rad ius  (R3/R2). 
This produced the  l a r g e s t  change i n  the c ross  coupling s t i f f n e s s .  The values  a r e  

Case R3/R2 

1 2 .o - 0.3529 0.60 57 
12 3 .O - 0.1047 0.07 28 

Also, the  e f f e c t  of the  o the r  r ad ius  r a t i o s  R1/% and R4/R2 can be Seen from cases  
2,5 and 5,3 respec t ive ly .  Blade thickness  (cases  1,6) d id  not  have a s t rong e f f e c t .  

The ca lcu la ted  dimensionless s t i f f n e s s e s  can be compared t o  the  measured va lues  
by Chamieh et. a l .  (10) .  
normal t o  r o t o r  dynamics as def ined i n  Sect ion 3) 

The r e s u l t s  a r e  (using t h e  s ign  convention f o r  s t i f f n e s s  

130 



- 2.0 
- 0.2987 

The p r inc ipa l  terms 
cross-coupled terms 

- 0.9 Chamieh et. al. (10) 
0.6 922 Case 3 

have the  same sign but d i f f e r  by an order of magnitude. 
have the same order of magnitude but d i f f e r e n t  sign. 

The 

CONCLUSIONS 

This study i n v e s t i g a t e s  the e f f e c t  of non-uniform i n l e t  flow i n  two dimensional 
eccen t r i c  unbounded impellers.  A comparison of t h e  ca l cu la t ed  r a d i a l  force t o  
ava i l ab le  experimental r e s u l t s  i n d i c a t e s  reasonably good agreement. 
conclude t h a t  non-uniform i n l e t  flow i s  an important f a c t o r  i n  hydraul ic  fo rce  
ca l cu la t ions  with app l i ca t ions  t o  r o t o r  dynamics. 

It seems sa fe  t o  

Comparisons of the t h e o r e t i c a l  s t i f  fnesses  t o  measured values  are less good. 
Perhaps t h i s  i n d i c a t e s  t h a t  o the r  e f f e c t s  not modeled he re  a r e  equally important. 
These are l i k e l y  t o  include th ree  dimensional e f f e c t s ,  viscous e f f e c t s ,  and vo lu te  
(or  d i f f u s e r )  e f f e c t s .  
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TABLE 1 - IMPELLER GEOMETRIES FOR TWJZVE CASES 

Case No. of Blade R1/R2 R41 R2 R31 R2 0s Thickness 
( inches) No. Blades Ann l e  

1 
2 
3 
4 
5 
6 
7 
8 
9 

10 
11 
12 

4 
3 
3 
7 
3 
4 
4 
4 
4 
4 
4 
4 

30 
30 
30 
30 
30 
30 
16 
22 
26 
37 
45 
30 

0.5 
0.25 
0 -5 
0.5 
0.5 
0.5 
0.5 
0.5 
0 .5 
0.5 
0.5 
0 .5 

2.5 
2.5 
2.75 
2.5 
2.5 
2.5 
2.5 
2.5 
2 .5 
2.5 
2.5 
2.5 

11 8 
11 8 
11 8 
11 8 
11 8 
31 16 
11 8 
11 8 
11 8 
11 8 
11 8 
11 8 

2 .o 
2 .o 
2 .o 
2 .o 
2 .o 
2 .o 
2.5 
2.5 
2.5 
2.5 
2.5 
2.5 

-1 40 
-1 40 
-1 40 
-1 40 
-1 40 
-1 40 
-1 52 
-1 43 
-1 40 
-107 - 95 
-17 8 
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TABLE 2. DIMeNSIONLESS VALUeS OF BLADE STREAM FUNCTION FOR IMPELLER SBBPES 

1 
2 
3 
4 
5 
6 
7 
8 
9 
10 
11 
12 

4 30 
3 30 
3 30 
7 30 
3 30 
4 30 
4 16 
4 22 
4 26 
4 37 
4 45 
4 30 

,2062 
.1941 
-1 505 
.2440 
.1941 
.2123 
.3115 
.26 97 
.236 5 
.2276 
,2253 
.1588 

.20% .2058 

.1499 .1507 
,2435 .2434 
.1933 ,1941 
.2117 .2120 
.3112 ,3114 
,2693 .2695 
.2360 .a62 
,2275 .2268 
.2254 .2244 
.1586 .1588 

.2068 
,1949 
,1511 
.2437 
.1948 
.2129 
.3118 
.27 01 
.2370 
,2277 
.22 52 
.1590 

.206 5 

,2442 .2445 ,2444 .2439 

.2126 
,3116 
.27 00 
-236 8 
,2284 
.2262 
-1588 

TABLE 3. PRINCIPAL AND CROSS COUPLED STIFFNESS OF TWELVE IMPELLER CASES 

Pr  inci pa 1 C r o s s  Coupled 
Case Stiffness Stiff ness 

&x KYX 
Number 

1 
2 
3 
4 
5 
6 
7 
8 
9 
10 
11 
12 

-0.3 529 
-0 -21 45 
-0.2052 
-0 ,5571 
-0.2 988 
-0.4446 
-0.853 2 
-0 ,5807 
-0,3968 
-0,1423 
-0.1 203 
-0 ,1047 

0.6 057 
0.6523 
0.51 97 
0.6025 
0.6 922 
0.6055 
0.2525 
0.4345 
0.5011 
0.4506 
0.3 940 
0.0728 
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H!ZDRODYMAMIC IMPELLER STIFFNESS, DAMPING, AlJD INERTIA 

I N  THE ROTORDYNAMICS OF CENTRIFUGAL PLOW PUMPS 

B. Jery, A. J. Acosta, C. E. BreMen, and T. IC. Caughey 
California I n s t i t u t e  of Technology 

Pasadena, California 91125 

Measurements were made of the l a t e r a l  hydrodynamic forces experienced by a 
centrifugal pump impeller performing c i r cu la r  whirl motions within several volute 
geometries. Experiments were conducted f o r  various flow coefficients,  d, impeller 
ro ta t ing  speeds or  angular frequencies, W, and the angular frequency of the whirl 
motion, Q ,  was varied from zero t o  nearly synchronous (a=w) and t o  nearly anti- 
synchronous ' (a-w). The l a t e r a l  forces were decomposed in to  (i) time averaged 
l a t e r a l  forces and (ii) hydrodynamic force matrices representing the var ia t ion  of 
the l a t e r a l  forces with posit ion of the impeller center. No assumptions concerning 
the  form of these matrices need t o  be made. The l a t t e r  can be fur ther  decomposed 
according t o  the va r i a t ion  with whirl frequency, the r e su l t  being "stiffness", 
"damping", and "fluid i n e r t i a l "  rotordynamic force matrices. It was found t h a t  
these force matrices e s sen t i a l ly  consist of equal diagonal terms and skew-symmetric 
off-diagonal terms. One consequence of t h i s  i s  tha t  during i t s  whirl motion the 
impeller experiences forces acting normal and tangential t o  the locus of whirl. 
Data on these normal and tangential forces a re  presented; i n  par t icu lar  it i s  shown 
tha t  there e x i s t s  a region of posit ive reduced whirl frequencies, Q/w, within which 
the hydrodynamic forces can be destabil izing with respect t o  whirl. 

NOMENCLATURE 

EA I = dimensionless hydrodynamic force matrix 

EBI = the 6x6 internal balance ca l ibra t ion  matrix 

IC1 = hydrodynamic damping matrix a s  defined by Eq. (3).  

= impeller discharge width b2 

* The authors a re  indebted t o  the NASA George Marshall Space Flight Center, 
Huntsville, Alabama fo r  t h e i r  continued sponsorship of t h i s  research under 
contract NAS8-33108. We a re  also most grateful for the help given by graduate 
students D. Adkins and B. Franz and undergraduates W. Goda and S. Moriarty. One 
of the authors (B.J . )  would a l so  l i k e  t o  thank Byron-Jackson Pump Division, 
Borg-Warner Industrial  Products, Inc. for f inancial  support. 
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EF I = 6-component generalized force vector  

F1, F2 = components of instantaneous l a t e r a l  force on impeller i n  the  ro t a t ing  
in te rna l  balance reference frame 

= components of instantaneous l a t e r a l  force on impeller i n  f xed labora- 3 k  
2 tory reference frame (X,Y) non-dimensionalized by % p m 2 0  b Px* Fy 

POX, Foy = values of Fx and P when impeller ax is  reinains coincident with the 
o r ig in  of the (X,Y) 'coordinate s y s t e m  

FN, FT = Components of instantaneous l a t e r a l  force on impeller noryaj, t o  and 

I,J = in tegers  such t h a t  D = Io/J 

[KI = hydrodynamic s t i f f n e s s  matrix a s  defined by Eq. ( 3 )  

[MI = hydrodynamic i n e r t i a l  matrix a s  defined by Eq. ( 3 )  

N = pump rpm = 60w/2n 

tangent ia l  t o  the  whirl  o rb i t ,  non-dimensionalized by % pnr20 b2e 

= impeller discharge radius  r2 

t = time 

EVI = 6-component vector  of in te rna l  balance bridge output vol tages  

(X,Y) = f ixed laboratory reference frame 

X* Y = instantaneous coordinates of impeller center  i n  f ixed laboratory refer- 
ence frame (X,Y) , non-dimensionalized by ri 

dimensionalized using the distance 

. . .. .. 
x,y,x,y = f i r s t  and second t i m e  der iva t ives  of impeller pos i t ion  non- -1 r2 and the  time o 

e = radius  of c i r cu la r  whirl  o r b i t  

P = densi ty  of water 

d 

VI 

0 = radian frequency of pump sha f t  ro t a t ion  

D = radian frequency of whirl  motion = I w / J  

Additional subscr ipts  P and Q and superscr ipt  k r e f e r  t o  the  Fourier decomposi- 
t i o n  of F1 and F2 defined i n  Eq. (71, 

= pump flow coef f ic ien t  based on impeller discharge area and t i p  speed 

= 2 2  pump t o t a l  head coef f ic ien t  = t o t a l  head rise divided by prZo 
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W ~ O D U C T I O N  

I n  recent years  it has been i n  
coupling forces  can cause 
turbomachines. Such problems have 
(Ref s . l ,2 ) ,  but  a1 so i n  la rge  
high speed pumps (Ref.6). Though other  i n s t a b i l i t  
damping or non-isotropic shaf t  s t i f f n e s s  or  ro 
characterized the  same cannot be sa id  of the hydrodynamic cross-coupling forces. 
Various hydrodynamic flows have been iden t i f i ed  a s  possible  contr ibutors  t o  these 
des tab i l iz ing  forces.  Bearings and pa r t i cu la r ly  sea l s  can a r l y  play such a r o l e  
a s  the papers i n  t h i s  workshop (and previous workshops i n  e same se r i e s )  a t t e s t .  
But much l e s s  i s  known about the poten t ia l  for des tab i l iz ing  forces  a r i s ing  from the 
flows associated with the impeller and d i f fuser  of a compressor or pump; t h i s  paper 
w i l l  be confined t o  t h i s  issue. 

Consider the hydrodynamic forces  act ing on a pump impeller i n  the plane 
perpendicular t o  the  ax i s  of ro ta t ion ,  t he  so-called l a t e r a l  hydrodynamic forces.  
For present purposes a s e t  of axes, X,Y i n  t h i s  plane a r e  defined a s  f ixed i n  the  
laboratory or "volute" frame. The o r ig in  of these axes corresponds t o  the  design 
pos i t ion  f o r  the a x i s  of ro t a t ion  of the impeller ( impeller center)  f o r  t h a t  
impeller/volute combination, a l so  cal led the  "volute center". Because of the 
asymmetry of most volute  designs an impeller ro t a t ing  with i t s  center f ixed i n  t h i s  
coordinate frame w i l l  normally experience a steady force whose magnitude and direc- 
t i o n  w i l l  d i f f e r  according t o  the  pos i t ion  of the  impeller center,  denoted by 0 i n  
Figure 1. Whether or not t h i s  force i s  zero when the  impeller center,  0, coincides 
with the volute center  obviously depends upon the  wisdom of the designer. In any 
case the l a t e r a l  forces on the  impeller fo r  any pos i t i on  of the impeller can be 
represented by 

In both t h i s  equation and a l l  the equations and r e s u l t s  which follow dimensionless 
forces  and def lec t ions  a r e  used (see Nomenclature f o r  de f in i t i ons )  Equation (1) 
impl ic i t ly  assumes small o f f s e t s  x,y i n  the impeller center so t h a t  the force 
va r i a t ions  can be represented by such a l i n e a r  equation ( a t  the present time l i t t l e  
i s  known of possible  non-linear e f f e c t s ) .  It follows t h a t  the steadv l a t e r a l  forces 
Fx F due t o  a f ixed  o f f s e t  of the impeller center can be represented by the 
foice% F~ , generated when the impeller e r  coincides with the volute center 
(or a t  fea% some f ixed  laboratory p o s i t i  us a "s t i f fness"  matrix CAI. Both 

sented by the flow coef f ic ien t  d. 

A substant ia l  body o 
the  work of Domm and 

ch a t  Caltech began w i t h  meas- 
and the  hydrodynamic " st i f f ne s s" 

ed a t  the l a s t  workshop 

d by evaluating the e s  compone 
FN, FT normal and tangent ia l  t o  the  o r b i t  of t h i s  very slow w h i r l  motion. It 
t ranspired t h a t  the hydrodynamic forces  give r i s e  t o  a pos i t i ve  tangent ia l  force i n  
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the same d i r e c t i o n  a s  the  d i r ec t ion  of impeller r o t a t i o n  which would be rotordynami- 
c a l l y  des tab i l iz ing .  

The present paper extends these r e s u l t s  t o  the  case of non-negligible ve loc i ty  
of the o rb i t i ng  motion. Spec i f i ca l ly  a whirl  motion w i t h  a c i r c u l a r  o r b i t  and an 
angular frequency, a, is  imposed on t he  impeller and r e su l t i ng  unsteadv forces  a r e  
measured. Denoting the  o r b i t  rad ius  by E t h i s  implies t h a t  x = E cos Qt/r2; 
y = 8 s i n  W/r2 and t h a t  Equation (1) needs t o  be generalized t o  t h e  form: 

where the  rotordynamic force  mat r ix  [ A ( P / o ) l  i s  now a func t ion  of the r a t i o  of 
whir l  frequency t o  impeller ro t a t ing  frequency D/o a s  wel l  a s  t he  flow coeffi-  
c ien t .  On t h e  o ther  hand the  matr ices  required f o r  input i n t o  most rotordynamic 
ana lys i s  a r e  the s t i f f n e s s ,  C K l ,  damping, [ C l ,  and i n e r t i a l ,  [ M I ,  matrices  defined 
by the dimensionless matrix equat ion 

It follows by comparing the  d e f i n i t i o n s  (2) and (3)  t h a t  

It should be observed t h a t  Equation (3 )  makes the  a p r i o r i  assumption t h a t  the 
matr ix  [AI v a r i e s  quadra t ica l ly  with Q/o. There i s  no fundamental reason why the  
hydrodynamic fo rces  should follow such a simple behavior. Nevertheless the  r e s u l t s  
of the present study seem t o  be w e l l  represented by quadrat ics  and values  of [ M I ,  
IC1 and IKI evaluated from l e a s t  squares f‘its t o  t h e  EA(D/o)l  data  a r e  presented 
l a t e r .  F ina l ly  we note t h a t  the  imposition of a c i r c u l a r  o r b i t  motion i s  analogous 
t o  performing a forced v i b r a t i o n  experiment i n  a mechanical system; data  a r e  thereby 
extracted which have use i n  a more general dynamic ana lys i s  of the system. 

EXPERIMENTAL FACaITY 

The f a c i l i t y  used t o  conduct the  present experiments has been described i n  
d e t a i l  elsewhere (Ref s.10,11,12,14~. Only a b r i e f  descr ip t ion  w i l l  be given here;  
modifications made f o r  the purpose of the present experiments w i l l  be given more 
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attention. The s i t e  of the experiments is  a pump loop (Figure 2) containing flow 
control and measuring systems. Ins ta l led  i n  the lower l e f t  hand corner of t h i s  loop 
i s  the t e s t  pump and drive system known a s  the  Rotor Force Test Fac i l i t y  (RFTF) 
shown schematically i n  Figure 3. The flow enters the centrifugal impeller (5)  from 
the i n l e t  connection (3) and i n l e t  b e l l  (4) Volutes (2) of various geometries a re  
contained i n  the pump housing (1) so t ha t  the volutes can be of lightweight 
construction (most a r e  made of f iberg lass ) .  The impeller (5)  i s  mounted d i r ec t ly  on 
the in te rna l  force balance (6) which is new t o  the  present experiments and i s  
discussed more f u l l y  below. Face sea ls  on both the i n l e t  and discharge si& of the 
impeller are backed-off t o  prescribed clearances i n  order t o  minimize t h e i r  
contribution t o  the force on the impeller. The main pump shaf t  (10) ro t a t e s  i n  a 
double bearing system (7,8D11) designed so t ha t  ro t a t ion  of the sprocket ( 9 )  
attached t o  the intermediate bearing cartridge causes the orbit ing motion. The 
radius of the orbit ing motion i s  s e t  a t  0.126cm for  a l l  of the present expeximents. 
This motion i s  driven by the eccentric drive motor (2 H.P.) The main shaf t  i s  
driven by the main drive motor (20 H.P.) through a gear box and a f lex ib le  shaft  
system designed t o  accommodate the whirl motion. The maximum speed of the main 
shaf t  i s  about 3600 rpm ( 0  = 60Hz) though the current experiments have been 
performed a t  1000 and 2000 rpm (u = 16.7 and 33.3Hz). For reasons discussed below 
the whirl speed i s  presently limited t o  1000 rpm. 

Previous measurements of the steady forces a t  zero whirl frequency 
(Ref .10,11,12D13) were made using an external force balance whose operation required 
f loa t ing  the  e n t i r e  bearing system and measuring the forces on t h i s  f loa t ing  mass. 
Though simpler t o  implement, t h i s  external balance system was severely limited i n  
i t s  dynamic capabili ty.  The in te rna l  balance was designed t o  measure the unsteady 
forces implicit  i n  the  case of non-zero whirl frequencies (as well a s  other unsteady 
forces such as caused by ro tor / s ta tor  blade interactions though these a re  not 
addressed i n  the present paper). It i s  also designed t o  measure a l l  6 components of 
force and moment experienced by the impeller. The design of the in te rna l  balance i s  
shown i n  the  schematic of Figure 4. Essentially,  i t  consists of four equally spaced 
"posts" para l le l  t o  the  ax is  which connect two substantial  end p l a t e s  one of which 
i s  r ig id ly  connected t o  the drive shaft  and the other is used a s  a mounting base for  
the impeller. The four "posts" which are 2.54 cm long and have a square cross- 
section of 0.51cm on a side are placed a t  a radius of 4.76 cm. The posts and r i g i d  
end p l a t e s  were machined monolithically from s t a in l e s s  s tee l .  Semi-conductor s t r a i n  
gauges were bonded t o  a l l  four faces of each post a t  locations indicated i n  Figure 4 
(1 /4D 1/2 and 3/4 span points).  Different combinations of s t r a i n  gauges were wired 
in to  bridges, designed so a s  t o  be sensit ive t o  each of the s i x  components of force 
(or force and moment components) experienced by the balance. This balance was 
designed t o  have high natural frequencies both for torsional and l a t e r a l  deflections 
and y e t  be su f f i c i en t ly  sensit ive t o  the forces i t  i s  intended t o  measure. Both the 
torsional and l a t e r a l  natural frequencies with the impeller attached t o  the "free" 
end p l a t e  were estimated t o  be about 480 Hz. However Fourier analysis of the 
spectrum of natural frequencies when the  balance was in s t a l l ed  indicated a consider- - 

ably lower natural frequency of about 160 Hz (see Figure 5 ) .  The additional flexi- 
b i l i t y  is a t t r i bu ted  t o  the shaft  and the bearing system. Structurally the balance 
was completed by a waterproof shield enveloping the two end plates. The internal 
a i r  pressure was maintained a t  a constant, regulated value using the hole through 
the center of the  shaf t  and a pnetunatic co l l a r  connecting t h i s  with an ex ter ior  a i r  
supply. The wires from the s t r a i n  gauges were led through the same hollow shaft  and 
connected t o  a s e t  of 52 s l i p  rings. For the purpose of the analysis discussed 
below it should be noted t h a t  the l a t e r a l  forces registered by the impeller F1, F2 
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are  i n  a frame of reference ro ta t ing  and whirling with the impeller. 

Unsteady f l u i d  flow measurements such as  those attempted here require  suff i -  
c ien t  control t o  permit data  t o  be taken over many cycles of both the whirl  and main 
shaf t  frequencies. This demands close control of both motions which was achieved by 
means of the control system shown diagrammatically i n  Figure 6. A s ingle  frequency 
generator feeds a frequency mul t ip l ie r /d iv ider  u t i l i z i n g  the  input of two integers  
I,J chosen by the  operator. One output signal a t  a frequency w dr ives  the  main 
shaf t  motor, a feedback control system ensuring close adherence t o  t h a t  driving sig- 
nal. Another output a t  a frequescy P = Io/J controls  the eccent r ic  dr ive motor 
which i s  a l so  provided with a feedback control system. Three other outputs from the 
frequency mul t ip l ie r /d iv ider  a t  frequencies of w t 0 o r  (J f I ) w / J  and o/J are  
used i n  the data acquis i t ion  and processing systems. The flow f luc tua tor  control 
system which i s  a l so  shown i n  Figure 6 has not a s  y e t  been used i n  the  research 
program. 

The central  component of the signal processing system is a 16-channel d i g i t a l  
signal u t i l i z e s  a reference frequency ( w ,  P = I w / J ,  o/J or w f Q) 
and accumulates an "average cycle" of data  f o r  each of the 16 data  input channels, 
described by 64 d i g i t a l  values per cycle per channel. This data i s  accumulated f o r  
up t o  4096 reference cycles. Subsequent Fourier analysis  of t h i s  d i g i t a l  data 
evaluates not only the magnitude and phase of the fundamental present i n  each data 
channel but a l so  the same information f o r  many higher harmonics. I n  the present 
experiments the lowest common frequency w/J ,  was used a s  the reference frequency; 
thus the  J t h  harmonic y i e lds  the magnitude and phase (or  in-phase and quadrature 
components) of the component of the measurement a t  the main shaf t  frequency and the 
I t h  harmonic does likewise f o r  the component a t  the whirl frequency. (The 
importance of the control system described e a r l i e r  i n  which integer  values f o r  I 
and J are  chosen by the operator should now be apparent.) The present paper 
concentrates on the  r e s u l t s  obtained f o r  the impeller forces  a s  measured by the 
in te rna l  balance. Since t h i s  i s  ro t a t ing  with the impeller i t  follows t h a t  the 
primary r e s u l t s  of i n t e r e s t  follow from the J t h ,  IJ-11th and IJ+I l th  harmonics 
(see below). Auxiliary information on flow ra tes ,  pressures,  e t c  was obtained i n  
the  same way as reported i n  Bef . l0 , l l , l2  and 13. 

processor which 

INTERNAL BALANCE CALIBRATION 

As discussed above the in te rna l  balance includes nine f u l l  Wheatstone bridges 
each of which i s  primarily sens i t ive  t o  one or two of the force and moment 
components. Six of these nine bridges were selected t o  sense the s i x  components, 
the other three being monitored a s  a back-up check on the  main measurements. The 
purpose of the ca l ib ra t ion  procedure was t o  produce a 6x6 ca l ib ra t ion  matrix, CBI, 
which would include a l l  of the possible  balance in te rac t ions  so t h a t  the s ix  
component vector of forces  EFI could be subsequently calculated from the s i x  
component vector of output vol tages  (VI by 

( 5 )  
{FI = IBI {VI 

A number of d i f f e ren t  ca l ibra t ions ,  hys te res i s  t e s t s  and dynamic response t e s t s  were 
performed on the  balance i n  s i t u .  The basic  ca l ib ra t ion  matrix was obtained by i n  
s i t u  s t a t i c  loading of the balance using wires, pulleys and weights. The resu l t ing  
36 graphs displayed sa t i s f ac to ry  l i n e a r i t y  i n  both the pr incipal  and in te rac t ion  
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matrix elements. One of the  pr incipal  element ca l ib ra t ions  i s  shown i n  Figure 7. 
The l a rges t  i n t e rac t ions  occurred i n  the  th rus t  measuring bridge and these were l e s s  
than 5% of the pr incipal  element outputs. The in te rac t ions  i n  the  l a t e r a l  force 
br idges was of the order of 1%. Hysteresis t e s t s  performed by f a i r l y  rapid manual 
operation of the s t a t i c  ca l ib ra t ion  system revealed v i r t u a l l y  no s igni f icant  
h y s t e r e t i c  e f f ec t s .  

Further s t a t i c  and dynamic ca l ib ra t ion  tests were car r ied  out under ro ta t ing  
and whirling conditions,  F i r s t  a smooth flywheel with hidden and known off-balance 
weights was used t o  check the  e a r l i e r  s t a t i c  ca l ib ra t ion  by ro ta t ing  i n  a i r  without 
any whirl motion. This corresponds t o  a s t a t i c  loading i n  the  ro t a t ing  frame of the 
balance. Secondly the balanced impeller was ro ta ted  i n  a i r  without whirl  motion i n  
order t o  detect  the  l a t e r a l  force resu l t ing  from the weight of the impeller. This 
i s  seen by the  balance a s  a dynamic load and allowed evaluat ion of the dynamic 
response of the balance up t o  about 50Hz. The magnitude and phase of the balance 
element response remained unchanged up t o  t h i s  frequency; phase angles f o r  example 
were constant within *3O.  Further dynamic checks were conducted using whirl  motion 
i n  a i r .  

LATERAL FORCE MeASUREMENT TECHNIQUE 

Though the design and loca t ion  of the in te rna l  balance was chosen t o  minimize 
p a r a s i t i c  forces,  nevertheless i t  was necessary t o  subtract  some inevi tab le  t a r e  
forces  from the  raw data i n  order t o  ex t rac t  t he  essent ia l  hydrodynamic forces  
imparted t o  the  impeller. This was accomplished by performing four d i f f e ren t  s e t s  
of measurements f o r  each eventual data  point:  

(i) The forces  f o r  the impeller run a t  the required speed and flow coeffi- 
c i en t  

(ii) The forces  when the  impeller i s  run i n  a i r  a t  the same speed 

(iii) The forces  when experiment (i) is  performed i n  water with the impeller 
removed 

( i v )  Experiment (iii) performed i n  a i r .  

Subtracting (ii) from (i) and ( iv)  from (iii) removes the  p a r a s i t i c  forces  due t o  
the impeller and shaf t  weight and s m a l l  mass imbalances. Subtraction of these two 
r e s u l t s  y i e lds  the  force on the  impeller and el iminates  p a r a s i t i c  hydrodynamic 
forces  on the  ex te r io r  surface of the  in te rna l  balance. Indeed it  t ranspired t h a t  
the annular gap between the  ex ter ior  of the in te rna l  balance and the surrounding 
casing was su f f i c i en t ly  small (@ 0.Jcm) t o  cause measurable hydrodynamic t a r e  forces  
and matrices t o  be present i n  the  data  of (iii) minus ( i v ) .  Some of these data a re  
given l a t e r .  

The l a t e r a l  forces  detected by the in te rna l  balance a r e  i n  a ro t a t ing  reference 
frame. Denoting the  l a t e r a l  force components i n  the  balance frame by F1# P2 (see 
Figure 8 )  it i s  necessary t o  describe how the average forces  and the  ele- 
ments of the hydrodynamic matrix CAI were obtained. F i r s t  it Ps cleKr t h a t  Fx, Fy 
a re  r e l a t ed  t o  F1, F2 by 

F X. Fo 
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Fx( t )  = Fl( t )  cos ot - F2( t )  s i n  ot 

Fy( t )  = Fl( t )  s i n  u t  + F2( t )  cos ot 
(6) 

A s  described e a r l i e r  F l ( t ) ,  F2( t )  a r e  Fourier analyzed using the  reference 
frequency w / J  so t h a t  

0)  

+ FtQ cos "L> Fl(t)  = FY + k=l 1 (.:. s i n  J J 

kot cos u) J 
+ '2Q F2( t )  = F i  + <(Cp s i n  - 

k= J 
(7) 

over one cycle of frequency 

'ox = -% (<P - ':Q) 

F OY = % (PJlp + piQ) 

Axx = 1 28 (-<;I + F i i l  

A = 1 (-$-I - FJ-' 
xy 2e 1P 2Q 

and FY, Fl, $p, Fk and eQ a r e  available up t o  some l imi t ing  value of k from the 
d i g i t a l  data acqui&ion system and software. Eliminating F1, F2 from (6) and (71, 
substi tuting the  resu l t ing  expressions fo r  Fx, F in to  (2) and then integrating 

u/J r e s u l t s  in the  foPlowing r e l a t ions  

Thus evaluation of the  J t h ,  (J-IIth and (J+I ) th  harmonics a r e  required. The usual 
value chosen fo r  J was 10 though the data points a t  the lowest whirl frequency used 
J=20,18,16,14 and 12; I ranged fram -9 t o  +9. 

Experiment a1 Te st M a t t  i x  

Altogether seven s e t s  of measurements have been made t o  date. I n  each of these 
s e t s  the  whirl motion radian frequency Q ( a s  given by the choice of integers I and 
J) was varied while holding the  pump speed o, flow coefficient d and the  face seal 
clearances fixed. 

A l l  seven s e t s  of measurements used the  same five-bladed centrifugal impeller 
(Impeller X) which has an outer radius =16.2cm and discharge angle of 25 degrees. 

of the seven s e t s  a logarithmic sp i r a l  volute (Volute A) was used. This i s  a well- 
matched trapezoidal cross-section f iberg lass  volute tha t  was designed t o  be used 

This impeller was cast  out of bronze and ' a  as  a specific speed of 0.57. I n  f ive  out 
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with Impeller X. The r a t i o  of the base c i r c l e  diameter t o  impeller diameter i s  
1.13, and the area a t  the cutwater was 20.75~1~. One s e t  of measurements was 
conducted using a c i r cu la r  volute (Volute B), deliberately mismatched with i t s  
5.42cm constant diameter c i rcu lar  cross-section. Finally, a s e t  of measurements was 
made with Impeller X ro ta t ing  and whirling inside the pump outer casing, i n  the 
absence of any volute. 

A f ace-seal clearance 0.13- was maintained throughout a l l  the experiment 8.  

However, i n  one par t icu lar  s e t  of measurements two c i rcu lar  r ings were attached t o  
the i n t e r i o r  of the volute on e i the r  side of the impeller discharge i n  order t o  
reduce the leakage flow. 

Six of the s e t s  were conducted a t  1000 rpm impeller speed. while the whirl 
speed was varied from 0 t o  900 rpm i n  both d i rec t ions  (-0.9 I a/@ 5 0 . 9 ) .  The 
remaining s e t  was made a t  2000 rpm t o  study the influence of pump speed on the  
hydrodynamic forces; i n  t h i s  case the whirl speed was varied from 0 t o  1000 rpm i n  
both directions (-0.5 5 Q/w I 0.5). The r e s t r i c t i o n  on the highest whirl speed i s  
merely a precautionary measure t o  l i m i t  the i n e r t i a l  loads and mechanical vibrations 
on the eccentric drive assembly and dynamometer. The combination of Volute A and 
Impeller X was tes ted  a t  3 values of d ( . 0 6 ,  .092 and 0.131) and 1000 rpm pump 
speed. A l l  other experiments mentioned e a r l i e r  were conducted a t  "design" condition 
of d = ,092. 

RESULTS 

The r e s u l t s  presented i n  t h i s  paper w i l l  be confined t o  the data obtained for  
the hydrodynamic force matrix EA(Q/w)l . the associated average normal and tangential 
forces FN, FT given by 

FN = z ( A  1 + A n )  
xx . 

and the s t i f fness ,  damping and i n e r t i a  matrices [KID [Cl and [MI a s  defined by E q .  
(3). Other data such as the hydrodynamic performance (*(dl 1 and the  average l a t e r a l  
forces Fox, F w i l l  be presented i n  l a t e r  reports. It should however be noted 
tha t  the F ?F values obtained were essent ia l ly  independent of the whirl speed 
and agreed wfth ?gose measured by Chamieh e t  a1 (Refs. 10D11D12). Thus we 
concentrate here on one of the r e s u l t s  of primary importance i n  the rotordynamic 
analysis of centrifugal pumps. 

The various experimental measurements a re  compared with a base case, namely the 
r e s u l t s  for  the Volute A b p e l l e r  X combination run a t  1000 rpm and the  design flow 
coefficient d of 0.092 with face seal clearances s e t  a t  0.13mm. The [A(O/w)] 
matrix fo r  t h i s  case i s  shown i n  Figure 9 plotted against In common with a l l  
the other cases tes ted  t h i s  matrix has almost equal diagonal terms and off-diagonal 
terms which are almost equal but of opposite sign. This skew-symmetric form fo r  the 
hydrodynamic matrix i s  remarkable since there i s  no fundamental reason why it should 
take t h i s  form. This form i s  of ten  assumed but t h i s  i s  the  f i r s t  confirmation tha t  
we are  aware of. 

Q/o. 
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Because of t h i s  skew-symmetric form of the hydrodynamic force matrix it i s  
convenient t o  present only the  ar i thmetic  mean of the diagonal terms which, i n  f ac t ,  
corresponds t o  the  dimensionless normal force,  FN, averaged over the whirl  o r b i t  and 
ha l f  the difference of the off-diagonal terms which i n  f a c t  corresponds t o  the  
dimensionless tangent ia l  force,  FT, s imi la r ly  averaged. The values 
corresponding t o  Figure 9 are  shown i n  Figure 10. The va r i a t ion  i n  hese 
quan t i t i e s  with flow coef f ic ien t  and with speed a re  shown i n  Figures 11 and 12, The 
e f fec t  of two r ings  t h a t  were attached t o  the  volute  on e i t h e r  side of the impeller 
discharge i n  order t o  reduce the sea l  leakage i s  shown i n  Ffgure 13. Fina l ly  a 
comparison of the r e s u l t s  f o r  Volutes A and B is included i n  Figure 14.  

Of %* FT 

Several general fea tures  of these r e s u l t s  should be emphasized. Considering 
f i r s t  note t h a t  the  hydrodynamic force i s  almost always i n  the  r a d i a l l y  outward 
direct ion.  A t  zero whirl  frequency it  has  a pos i t ive  value which i s  i n  close agree- 
ment with the r e s u l t s  of Chamieh e t  a1 (Refs. 10,11,12); t h i s  corresponds t o  a 
negative s t i f f n e s s  a t  zero whirl speed. The sign of the  tangent ia l  force,  FT i s  
such as  t o  produce a rotordynamically s t ab i l i z ing  e f f e c t  a t  negative whirl  speeds 
and f o r  the l a rge r  pos i t ive  whirl  speed. However i t  i s  important t o  note t h a t  there  
i s  a region of pos i t ive  whirl  speeds between zero and a/@ = 0.25 4 0.5 i n  which the  
tangent ia l  force i s  des tab i l iz ing  rotordynamically. It would appear from Figure 11 
t h a t  t h i s  des tab i l iz ing  in te rva l  increases  somewhat a s  the flow coef f ic ien t  
decrease s . 

FN 

Conventional scal ing of forces  with speed i n  pumps would imply t h a t  the data 
f o r  1000 rpm and 2000 rpm should be iden t i ca l  when p lo t t ed  i n  the chosen dimension- 
l e s s  form. Figure 12 demonstrates t h a t  t h i s  i s  the  case f o r  the normal force F . 
but the  tangent ia l  force,  FTs a t  negative whirl  speeds appears t o  be s ignif icantyy 
d i f f e ren t  f o r  these two pump speeds. This could be due t o  viscous, f r i c t i o n a l  
forces  which do not scale  with the  square of the veloci ty .  

The addi t ion of the leakage reducing r ings  shown i n  Figure 13 had l i t t l e  e f f ec t  
on the  r e s u l t s  except for  FT a t  negative whirl  speeds. 

Note t h a t  a l l  of the FN data i n  Figures 10 t o  13 i s  e s sen t i a l ly  the same. O n l y  
when the  volute  i s  changed (Figure 14) i s  the normal force al tered.  The lower 
values of FN f o r  Volute B would be expected since i t  has  a l a rge r  cross-sectional 
area. However the tangent ia l  forces  were s imi la r  f o r  the two volutes. 

As an aside we included here the hydrodynamic t a r e s  caused by the flow exter ior  
t o  the  balance and shaf t .  These were e a r l i e r  described a s  the  difference i n  the  
r e s u l t s  of experiments (iii) and ( i v ) .  Note from Figure 1 5  t ha t  these t a r e s  amount 
t o  about 5-1lX of the measwed impeller e f fec ts .  However i t  i s  in t e re s t ing  t o  note 
t h a t  the  functional form of these t a r e  forces  i s  s imi la r  t o  t h a t  f o r  the impeller 
forces.  

The conventional s t i f fnes s ,  damping and i n e r t i a  matrices used by 
rotordynamicists were defined i n  Eq, (3) and ( 4 ) .  It i s  c l ea r  from Figures 9 
through 14  t h a t  t he  data  can be f a i r l y  well represented by the quadrat ics  given i n  
E q .  (41,  Dimensionless values of CKI, CCI and [MI fo r  the various experiments a re  
presented i n  Table 11, The values without parentheses a re  the r e s u l t  of quadratic 
l e a s t  squares f i t s  t o  the data f o r  both pos i t ive  and negative whirl  speeds. The 
data i n  parentheses a r e  the r e s u l t  of quadrat ic  l e a s t  squares f i t s  t o  the data f o r  
pos i t ive  whirl speeds only. Discrepancies between these values a re  therefore  a 
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r e s u l t  of a combination of deviat ion from the quadrat ic  behavior ptJ uncertainty i n  
the matrix element values, For example it i s  c lear  t h a t  the curvature of the FT i s  
small and somewhat uncertain; t h i s  r e s u l t s  i n  subs tan t ia l  discrepancies i n  the off- 
diagonal terms of the i n e r t i a  matrix, [MI. On the  other hand a l l  the elements of 
the s t i f f n e s s  matrix, CKI, are  well defined. The l a t t e r  are  qui te  consis tent  with 
the 'quasi-s ta t ical ly  measured s t i f f n e s s  matrices of Chamieh e t  a1 (Ref .10,11,12) , 
The damping and i n e r t i a  matrices represent new data. They can be d i r e c t l y  compared 
with the matrices presented by Ohashi a t  t h i s  workshop. In doing so one notes t h a t  
the values f o r  a l l  matrices a re  subs tan t ia l ly  la rger  than those of Ohashi's. Though 
the reasons f o r  t h i s  a r e  not c lear  a t  t h i s  time, i t  should be pointed out t h a t  the 
volute bolrndaries a r e  much closer  t o  the impeller i n  the  present experiments and 
t h i s  should r e s u l t  i n  higher values of the damping and added mass (or i n e r t i a l  
e f f e c t s ) .  Note f o r  example the  l a s t  l i n e  of Table I1 which represents  values 
obtained i n  the  absence of a volute (though the pressure casing i s  s t i l l  close 
enough t o  produee a s ign i f icant  e f f e c t ) .  

CONCLUSIONS 

In conclusion we note tha t  the data presented i n  t h i s  paper represents  the  
f i r s t  experimental measurements of the complete hydrodynamic force matrix f o r  a 
whirl ing cent r i fuga l  pump impeller. The common assumption of skew-symmetry fo r  
these matrices i s  j u s t i f i e d  by the  experiments and the  r e s u l t s  come close t o  the  
commonly used quadrat ic  va r i a t ion  with whirl frequency. The steady forces and 
s t i f f n e s s  matrices agree with those measured by Chamieh e t  a1 (Refs,lO,ll , l2).  The 
damping and i n e r t i a l  matrices a re  new and the e f f e c t s  of these on the  rotordynamics 
of a typical  pump should be tested.  Many more t e s t s  a re  planned with the present 
experimental f a c i l i t y  including t e s t s  with other impellers, volutes  (with and 
without d i f fuser  vanes) under a wide var ie ty  of flaw conditions. The e f f e c t s  of 
cav i ta t ion  w i l l  a l so  be examined soon. 

PostscriDt 

Some preliminary data was released in  June 1983. This should now be disre- 
garded; i t  i s  superseded by the data of the present paper. 
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TABLE I 

(-7.41) (3.23) 
3.92 6.92 

(2.69) (6.87) 

-6.87 3.98 

Rotordynamic s t i f fness ,  damping and inert ia matrices. Values shown without 
parenthesis represent quadratic f i t s  for both posit ive and negative whirl speeds. 
Values shown i n  parenthesis are the corresponding f i t s  for posit ive whirl speeds 
only. 

(-0.65) (6.60) 
6.71 -1.98 

(6.30) (-0.44) 

2.25 6.12 

Volute 
%Pe - 

A 

Spiral 

-5.28 3.12 
(-4.23) (2.39) 

2 .l 2.9 
(2.34) (2.04) 

-3.03 1.9 
(-0.23) (2.18) 

A 

1.34 4.56 
(0.35) (3 .25)  
4.41 -0.3 1 

(3.08) (0.08) 

0.54 4.21 
(0.15) (0.64) 

A 
with 

rings 

B 
: i rcul ar 

No 
volute 

Speed, N 
and 

Plow, d 

1000 rpm 
d 4 . 0 6  

1000 rpm 
d4 .092  

1000 rpm 
d=O ,13 1 

2000 rpm 
d-O.092 

1000 rpm 
d.=O .092 

1000 rpm 
d=O .O 92 

1000 rpm 
d 4 . 0 9 2  

Kxx Kxy 

5. YY 
K 

-1.60 0.80 
(-1,591 (0.85) 

-1.03 -1.46 
(-1.04) (-1.18) 
-1.43 0.77 

(-1.11) (0.72) 

-0.84 -1.42 
(-0.72) (-1.19) 
-1.48 0.82 

(-1 .SO) (0.36) 

-0.78 -1.60 
(-0.46) (-1.57) 
-1.88 1.31 

(-2.07) (1.20) 

-1.45 -1.80 
(-1.39) (-2.03) 
-1.48 0.94 

(-1.63) (0.86) 

-0.97 -1.48 
(-0.74) (-1.47) 
-1.24 0.83 

( -1.40) (0.77) 

-0 -81 -1.39 
(-0.79) (-1.33) 
-0.32 0.44 

(-0.37) (0.75) 

-0.39 -0.22 
(-0.73) (-0.06) 

cxx cxy r' Mxx 

(-6.33) (1.80) I ( 4 . 2 9 )  (5.39) 
3 04 5.5 5.11 -1.74 
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Figure 1. 
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I Liy 0 LUTE 
CENTER , / CUT WATER 

' WHIRL CIRCULAR 
ORBIT 

Coordinate system and force notation i n  a plane perpendicular 
axis  of rotation of the impeller. 

UPSTREAM ELECTRO- 
MAGNETIC FLOW METER 

t o  the 

Figure 2 .  Schematic plan view of the pump loop prior to  insta l lat ion of the Rotor 
Force Test Faci l i ty  (RPTF). 
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-- 
Figure 3 .  Cross-section of the main structure of the Rotor Force Test Faci l i ty  

(see text for numbered components). 

Figare 4 .  Schematic of the internal force balance. 
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Figure 7 .  Typical i n  s i t u  s t a t i c  ca l ib ra t ion  carve showing the voltage output of 
a pr incipal  bridge fo r  various P1 l a t e r a l  loadings. Typical interac- 
t i o n  outputs were a l so  l i n e a r  but only 1+2 percent of the pr incipal  
out put s. 

\ 
\ 
\ 
\ '. 

Figure 8. Schematic showing 
t ionary X,Y frame 

CUTWATER i 
/ 

/ 
/ 

c-- 

t he  r e l a t i o n  between the  l a t e r a l  forces  i n  the  sta- 
and the  ro t a t ing  frame of the balance. 
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Figure 5 .  Freqoenoy analysis of the instal led impeller/internal balance/shaft/ 
eccentric drive system when a lateral  impulse i s  applied t o  the 
impe 1 1 er . 
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Figure 6 ,  Schematic of the control system for the Rotor Force Test Faci l i ty .  
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Figure 9 .  The hydrodynamic force matrix, [AI a s  a function of a/@ 'for the Volute 
A/Impeller X combination a t  1000 rpm and d 0.092. 
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Figure 11. The normal and tangential forces  f X a t  1000 rpm 
for three flow coef f ic ients  d = 0.06, 0.092, 0.131. 
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Figure 12. The normal and tangential forces, for Volute A/Impeller X a t  the design 
flow coeff ic ient  d = 0.092 and two different pump speeds, 1000 rpm and 
2000 rpm. 
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Figure 1 3 .  The normal and tangential forces P F for Volute A/Impeller X a t  1000 
rpm and the design flow coefficy;ntT d = 0.092 showing the e f fect  of 
the leakage l imiting rings. 
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Figure 14. Comparison of FN, FT for Volutes A and B at 1000 rpm and d = 0,092. 
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Figure 15 .  The hydrodynamic tare effect of the internal balance when tested 
without an impeller a t  1000 rpm. 
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TWO-DIMEHSIOI?AL UNSTEADY ABUiLYSIS OF FLUID FORCES OH 

A WHIRLING CEIYTRIFUGAL IMPELLER II? A VOLUTE* 

Y. T s u j h t o +  
Osaka University 

560 Toyonaka, Osaka, Japan 

A. J. Acosta and C. E. Brennen 
California Ins t i t u t e  of Technology 

Pasadena, California 91125 

Destabilizing f l u i d  forces on a whirling centrifugal impeller ro ta t ing  i n  a 
volute have been observed (Ref.1). A quasisteady analysis neglecting shed v o r t i c i t y  
(Ref.2) o r  an unsteady analysis without a volute (Ref.3) does not predict the 
existence of such destabil izing f l u i d  forces on a whirling impeller, 

The present report  i s  intended t o  take i n t o  account the e f f ec t s  of a volute and 
the shed vor t ic i ty .  We t r e a t  cases when an impeller with an i n f i n i t e  number of 
vanes r o t a t e s  with a constant ve loc i ty  B and i t s  center whirls with a constant 
eccentric radius e and a constant whirling velocity a. 

Major assumptions a re  a s  follows: 

The number of the vanes i s  so large tha t  the impeller can be t rea ted  a s  
an actuator impeller i n  which the flow i s  perfectly guided. 

Flow is inviscid, incompressible and two-dimensional. 

The eccent r ic i ty  e i s  so small t ha t  unsteady components can be linear- 
iz  ed. 

Vorticity i s  transported on a prescribed mean flow, i.e., the operating 
point i s  near design flow ra te .  

The volute can be represented by a curved p l a t e  (see Fig.1). 

* Par t i a l  support by the Yamada Science Foundation, Japan and the National 
Aeronautics and Space Administration under Contract NAS8-33108. 

+ Visiting Associate, California Institute of Technology (1983-84). 
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SPMBOLS 

2 = Xt;Y : stationary frame with i t s  or ig in  0 fixed t o  the  center of the w h i t  
l ing  motion 

#=X'+iT : t rans la t ing  frame with i t s  o r ig in  0'  fixed t o  the  center of the 
=2-ze;Ut impeller and i t s  axes pa ra l l e l  t o  those of Z. 

c , r ,  : inner and outer radius of the impeller 

gCr? 

E : eccent r ic i ty  

: vane angle measured from circumferential d i rec t ion  

w : angular velocity of whirling motion 

J2 : angular ve loc i ty  of the impeller 

E : prerotation, Q: flow r a t e  

= U +LU : absolute ve loc i ty  
( Vr, Uel 

r=u'+iv' : velocity r e l a t ive  t o  x'y' frame 
cu;, V i )  

(Wr, We) 
w : veloc i ty  r e l a t ive  t o  the  impeller 

t : time, t-0 when 00' is  i n  the  d i rec t ion  of I. 

n : circumferential mode number 

Subscripts 

1 , 2  : quan t i t i e s  a t  the inner and outer radius respectively 

Super sc r ip t  s 
- 

: steady component - ; unsteady component 

B A S I C  EQUATIONS 

Euler's equation i n  the  ro ta t ing  and t rans la t ing  frame f i r e d  t o  the ro tor  is, 

* 
where a/at  i s  the time derivative i n  the ro ta t ing  frame and g=ioeeiot and 
cy Q Xz'=irOsie are the t rans la t iona l  velocity due t o  whirling and the rotational 
velocity of the impeller. In an actuator impeller with an i n f i n i t e  number of vanes, 
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the e f fec ts  of the v o r t i c i t y  d is t r ibu t ion  on the vanes and the forces exerted by the 
vanes a re  represented by the vor t ic i ty  V X x  and the external force 5 
respectively in  the above equation. For inviscid flow through actuator impellers, 
f and J X ( V X x )  are  normal t o  the vane surface and the component of Quat ion  (1) 
para l le l  t o  the vane surface i s  
el 

Integrating Equation (2) along the vane surface we get the following t o t a l  pressure 
increase, 

where 



PLEMENTARY FLOW COMPONENTS 

The flow tangency condition a t  the impeller ou t l e t  is, 

The f i r s t  term on the r i g h t  hand si& of the above equation i s  cancelled by the flow 
compone nt 

and other disturbance components should s a t i s f y  the following equation 

For the region outside the impeller we consider two types of elementary velocity 
disturbances satisfying Equation (8) : 

F i r s t ,  consider the following velocity f i e ld :  

This velocity f i e l d  has a vortex a t  z '=z'  and s a t i s f i e s  Equation (8) with no 

circulation/net flow arorurd/from the impeller. Consider a vortex d i s t r ibu t ion  

0 

nS) = r S w  4 e c ( s ) s i n  w t  + s q ( s ) c o s  w t  on the volute srrrface zo(s)=z'o+tte i w t  . 
Assuming E << r2, we get the following steady and unsteady velocity components 

C/O) 

where z '  i s  fixed t o  x'y'-plane. A t  z=zs=z'+eeiwt, which i s  fixed t o  the volute, 
we get the following expressions: 
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In the same way the ve loc i ty  component (7) has the  following steady and unsteady 

components a t  the volute sllrface 
ie 

zs=rse s=z'+sei"t. 

Next consider the ve loc i ty  f i e l d  due t o  shed vo r t i c i ty .  I f  we assume tha t  the 
v o r t i c i t y  is transported on a streamline 

Equation (17) includes the  e f f e c t s  of the  v o r t i c i t y  i n  r <r(B. Since G ( r )  i s  
convergent only  for n23 as  R+, we should a r tZ f i c i a l ly  prescribe some 
appropriate f i n i t e  value f o r  R. Equation (17) does not s a t i s f y  Equation (8) and we 
should add a potential  component 
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such tha t  

s a t i s f i e s  the boundary condition of Equation ( 8 ) .  We may now note tha t  there a re  
steady and unsteady components a s  follows: 

(i) Steady component; i n  Equations (16)-(19) - we put w=O and represent the  
re la ted  quangities with superscript and suf f ix  n (n=1,2,. .) for  each 
mode, gm etc. 

represent the re la ted  quant i t ies  such tha t  cs etc. 
(ii) Unsteady component; correspondingly t o  the sign on w and the  mode n, we 

z=z =z@+eeiwt. the steady and unsteady velocity f i e l d s  a re  On the volute 
as  follows: 

expressed 
S 

In  the region upstream of the impeller (rlr 1 ,  we consider a source Q and 
prero ta t ion  of strength ri a t  the center of t i e  volute. Then the velocity can be 
expressed i n  the se r i e s  

- 
where =-h+iAIn, AS=$ +iA~n.A~=f$n+i<n a r e  complex constants. n 

Now we have given a l l  of the elementary flow components necessary fo r  the 
construction of the e n t i r e  flow f ie ld .  Each of them contains several unknowns tha t  
a r e  determined i n  the following sections. 
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BouMlABY CONDITIONS ON THE VOLUTE 

The flow tangency condition on the  vola te  surface is, 

where a i s  the angle between volute  and x-axis. I f  we put 
h 

b/ = i- (ye/oswt f @shut 

v'= U'?- xcoswt 3- & h W t  
- fb 

we ge t  the following conditions,  

p'md - = 0 ,  (24) 

%@Sol - 2 L & o c =  - E Q W O ( ,  d2!3 

$@so( -Eg&C(= -Eu&a.  ( 26) 
The steady ve loc i ty  a',~' is  given a s  a sum of the ve loc i ty  components i n  Equations 

(121, (14) and ( 2 0 ) .  The unsteady components u' 7 and u * ~ ,  uts  a re  the cosine 

and s ine  components of the ve loc i ty  of Equations (131, (15) and (21). Equations 

(241426) cons t i tu te  in tegra l  equations f o r  P s ( s ) , c ( s )  and c ( s ) .  

- -  
tu & N  

C' 0 

CONTINUITY EQUATION 

The cont inui ty  equation across  the  impeller i s  

where Po is the  angle between corresponding leading and t r a i l i n g  edges of a vane. 
A t  the  outer radius  the t o t a l  of the steady veloci ty  components given by Equations 
( 71, (10) and (19) can be expressed a s  a Fourier se r ies ;  namely, 
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In the same way, the unsteady components of Equations (111, and (19) can be 
expressed a s  

A t  the inner radius 
then, 

t=rl we expand Equation (22) i n  9iel-$P0 ra ther  than i n  

From Equation (27) we get the following r e l a t ions  

STRENGTH OF SHED VORTICITY 

If we use the expressions (28-31) i n  Equation (51, the steady vo r t i c i ty  
components can be expressed a s  

Q where we have used W~=~71s;, because of the assumption on the transport of the 
vor t ic i ty .  In the same way, i f  we express the v o r t i c i t y  by 
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4 
and use the expressions (28-31) i n  Equation (51, we can express 1; i n  terms of the 
Fourier coef f ic ien ts  i n  Equations (281431) .  Comparing Equation (40) and Equation 
(161, we get the following r e l a t ions ,  

METEQD OF SOLUTIQN 

We have used the  following unknowns f o r  the expression of the flaw f i e l d  

steadv comvonent unsteady component 

These Mknowns a r e  determined by the following re la t ions :  

Steady Comvonent Unsteady Component 
B.C. on t he  volute:  Eq. (24) Eqs. (251, (26) 
Continuity : Eqs. (32) ,(33) EqS. (34) ,(35) ,(36) s(37) 
Vor t ic i ty  : Eqs. (381, (39) Eq s ( 41 1 p ( 42 ( 43 ) n ( 44) 

These equations include in t eg ra l s  r e l a t ed  t o  the vortex d i s t r i b u t i o n  on the  volute 
surface,  which should be evaluated by some appropriate method. Equations (241426) 
a re  in tegra l  equations f o r  the vortex d i s t r ibu t ions  on the  volute surface and could 
be reduced t o  simultaneous l i n e a r  equations by a s ingular i ty  method. In the  solu- 
t i o n  of the vortex d i s t r i b u t i o n s  the “gutta condition” a t  the t r a i l i n g  edge should 
be applied. S t r i c t l y  speaking the c i r cu la t ion  around the volute f luc tua te s  and a 
f r e e  vortex sheet i s  shed from the t r a i l i n g  edge of the  volute.  Since we a re  mainly 
in te res ted  i n  the forces  on the  impeller, we w i l l  neglect the e f f ec t  of the f r ee  
vortex sheet but apply the following conditions at. the  t r a i l i n g  edge. 

Steady par t :  

m a >  = 0 
Unsteady par ts :  

C4f> 

Now w e  can express a l l  the r e l a t ions  a s  a s e t  of simultaneous l i n e a r  equations which 
can be solved numerically. The steady component may be solved independently of 
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unsteady component, and the r e s u l t  used i n  the  ana lys i s  of the unsteady components. 

UNSTEADY FORCES ON THE IMPELLER 

By considering the  balance of the momentum of the  f l u i d  i n  the  impeller, we can 
express the  forces  on t he  impeller a s  follows; 

Steady component 

(4%) 

and unsteady component 

The t o t a l  pressure i s  given by Eqaation (3 )  and the  in t eg ra l s  can be evaluated 
ana ly t i ca l ly  by using the  expressions (28-31). 

CDNCLUDING REMARKS 

The unsteady forces  can eventually be expressed i n  the form of s t i f f n e s s  
matrix, 

The t imzaverage of the force component i n  the  d i r ec t ion  of whirl ing motion i s  given 
by Ih (Yc-rs) and the  sign of t h i s  quant i ty  determines whether or n o t z h e  f l u i d  
forces  have des tab i l iz ing  e f f e c t s  on the  whirl ing motion. gives 
the  time average of the force component i n  the r ad ia l  d i r ec t ion  and thus the 
hydrodynamic s t i f fnes s .  The ult imate goal of the present study i s  t o  examine these 
f ac to r s  f o r  r e a l  i s t i c  impeller-volute combinations. 

The sum v. gc+Ys) 
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TBEOBETICAL APPROACH TO LABYRIHTH SEAL FORCES - 
CROSS-GOUPLED STUPFPYESS OF A STRAIGET-THROUGH LABYRINTH SEAL 

Toshio Kameoka, Toru &e, and Takeshi Fujikawa 
Kobe Steel Ltd. 

Kobe, Japan 

Considering t h a t  t h e r e  are two kinds of t h r e e  dimensional flows i n  a 

The pressure  d i s t r i b u t i o n  wi th in  t h e  
l abyr in th  seal, a je t  flow and a core  flow, t h e o r e t i c a l  equations are set up 
concerning t h e  motion of each flow. 
l a b i r i n t h  is ca lcu la ted ,  when the  r o t o r  sha f t  makes a s m a l l  displacement from 
t h e  center  l i n e  of t he  casing,  keeping p a r a l l e l  w i th  i t .  

the  pressure  under d i f f e ren t  labyr in th  geometries and opera t ing  condi t ions 
through these  formulas are compared with the  experimental da t a  presented by 
o ther  researchers .  The theo re t i ca l  and experimental r e s u l t s  show a 
sat i s  f ac to ry  agreement. 

The t h e o r e t i c a l  values  of c ross  coupled s t i f f n e s s  obtained by i n t e g r a t i n g  

1. INTRODUCTION 

A se l f -exc i ted  r o t o r  whi r l  s o m e t i m e s  occurs i n  high speed, high pressure  
turbo-machinery, and it i s  argued that one of the causes of t h e  v i b r a t i o n  i s  
due t o  the  l abyr in th  seal force.  Recently, c a r e f u l l y  prepared and p rec i se ly  
measured experiments have been c a r r i e d  out ,  which make poss ib l e  a f a i r l y  exact 
predic t ion  of t h e  l abyr in th  seal forces.  However, t h e  scope of va l ida t ion  of 
the  p red ic t ion  should be wi th in  t h e  range of re ference  of t h e  experiments, 
because of the complexity of t h e  phenomena, unless  t h e o r e t i c a l  formulas 
v e r i f i e d  wi th  experimental d a t a  are avai lable .  I n  r e a l i t y ,  commercial turbo- 
-machines are normally furnished w i t h  l aby r in th  seals having a number of mixing 
chambers and are operated under much higher pressure  than i n  experiments. 

This paper proposes a method of ca l cu la t ing  t h e  asymmetrical pressure  
d i s t r i b u t i o n  i n  a l abyr in th  seal caused by the  parallel  displacement of t h e  
s h a f t ,  in t roducing a new mathematical model suggest ing t h a t  t he re  exist two 
kinds of independent t h ree  dimensional flows, i n t e r a c t i n g  wi th  each o the r ,  and 
tha t  t h e  c i rcumferent ia l  v a r i a t i o n  of s ta t ic  pressure  i n  the  mixing chamber 
comes from t h e  lack  of  uniformity of the  c i rcumferent ia l  ve loc i ty  of t h e  core  
flow, which i s  p a r t l y  or ig ina ted  from the  s p i r a l  flow effect of t h e  j e t  flow. 

2. NOTATION 

ao,bor%.dl,d2,d3,eo = f ac to r s  r e l a t i n g  t o  f l u i d  f r i c t i o n  
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= Cm/s 3 = circumferent ia l  ve loc i ty  of core flow 
f , f , ,  CmZ) = cross sec t iona l  area of mixing chamber and t h a t  of core  flow, 

respect ively 

between successive seal s t r i p s  

convergency of seal clearance 

r=*  c m Z )  = cross  sec t iona l  area of j e t  flow on the meridian plane 

N , C - 3  = number of mixing chamber 
n ,  Cm-') 
p , CP,] = pressure 

p , , C f , 3  = i n l e t  pressure 
9 ,  C kg/m-s) '  m a s s  flow of leakage per un i t  t i m e  per u n i t  

c i rcumferent ia l  length 
90 9 ckg /m-s  3 = d i t t o ,  under concentric posi t ion of r o t o r  
R *  C J / k g - g )  = gas constant 

R, Cm3 = inner  radius  of casing 
r . C m 3  = radius  of ro to r  
8 .  C m l  = p i t c h  of seal s t r i p s  

s , . C m I  = wetted perimeter of core flow 
T ,  C K3 = gas temperature 

u Cm/s 3 = circumferent ia l  ve loc i ty  of j e t  flow 
uo Cm/s 3 = t angent ia l  ve loc i ty  of entry swir l  
u r  - Cm/s 3 = circumferent ia l  ve loc i ty  of ro to r  

a, C - 3  = f ac to r  of contract ion of flow 
p ,  C - 2  = pressure r a t i o ,  e x i t  t o  i n l e t  
6, ~ m ]  = t i p  clearance of seal s t r i p s  
6,, Cm) = d i t t o ,  i n  the  middle of labyrinth 

6 ,  rad ]= h e l i c a l  angle of j e t  flow 
8 , -  C rad3 = angle of expansion of j e t  flow i n  meridian plane 
i,,&,A,2,A3,[-) = coef ic ien ts  of f l u i d  f r i c t i o n  i n  c i rcumferent ia l  

d i r e c t  ion f o r  rl, nlrl P, r8 , respect ive 1 y 
g , Cf,-s 3 = v i s c o s i t y  of gas 

I-) = coef ic ien t  of car ry  over from (i-I )-th to  i - t h  chamber 
p . I kg/m3 3 = dens i ty  of gas 
r,,r2.ra.r3 C P,3 = circumferent ia l  component of shear stress due t o  f l u i d  

f r i c t i o n  between je t  flow and casing w a l l ,  between the  core 
flow and t h e  rotor,between t h e  j e t  flow and the  core flow, 
and between the  j e t  flow and the  seal s t r ip , r e spec t ive ly  

Subscript ,Superscript  
i = quant i ty  at  t he  i - t h  chamber i n  the  d i r e c t i o n 9  

i-1,i = quant i ty  at the  boundary between ( i - l l - th  and i - th  chamber 
i n  t h e  d i r ec t ion  'p 

A = q u a n t i t y  under concentric pos i t ion  of ro to r  

3.FLOW OF GAS I N  A UBYLINTH 

3.1 Jet flow and core flow 

It has been known f o r  many years t h a t  t he  meridian flow i n  a labyr in th  is 
somewhat s i m i l a r  t o  the  flow i l u s t r a t e d  i n  Fig. 1,  The flow of gas which has 
passed through the  t i p  clearance of t h e  seal s t r i p ,  here  ca l led  a jet  flow, 
expands and increases  i t s  width when it goes through the  mixing chamber. This 
flow a lso  has a circumferent ia l  ve loc i ty  due to t he  en t ry  s w i r l  and the  
per ipheral  ve loc i ty  of t he  rotor .  Thus, gas p a r t i c l e s  i n  t h i s  flow move 
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downwards along a h e l i c a l  stream l i n e , i l l u s t r a t e d  i n  Fig.2. On t h e  o the r  hand, 
t h e  gas flow i n  t h e  mixing chamber, here ca l l ed  a core  flow, forms a vo r t ex  
wi th in  the  surrounding w a l l s  on a meridian plane. This core  flow a l s o  moves i n  
a circumferencial  d i r e c t i o n  induced by the  tangent ia l  speed of t h e  r o t o r  ,and 
consequently t h e  p a r t i c l e s  i n  t h i s  flow move along a h e l i c a l  stream line i n  the  
mixing chamber, as i l l u s t r a t e d  i n  Fig. 2. 

3.2 Assumptions on t h e  flow 

The following assumptions are used t o  analyze t h e  t h r e e  dimensional 
flows : 
(a) Fluid which flows i n  t h e  l abyr in th  i s  an i d e a l  gas. 
(b) Since the  change i n  temperature caused by a change of pressure  

(c) The s t a t i c  pressure i s  constant on a meridian plane i n  a mixing chamber. 
(d) The c o e f f i c i e n t  of ' 'carry over", t he  coe f f i c i en t  of f l u i d  f r i c t i o n  and 

i s  neut ra l ized  immediately, t h e  temperature i n  t h e  l abyr in th  i s  constant.  

t he  wetted p e r i m e t e r  of t he  channel when t h e  r o t o r  is i n  a eccen t r i c  
pos i t i on ,  are t o  be the same value as those under t h e  concent r ic  
pos i t i on  of t he  ro tor .  

(e) Pressure d i f fe rence  between two adjoining poin ts  pa r t i t i oned  wi th  
a seal s t r i p  is  s m a l l .  

( f )  The boundary of t h e  j e t  flow i n  a chamber on a meridian plane is  
a tangent t o  t h e  ou te r  edge of the throa t .  

(g) Interchanging of f l u i d  m a s s  takes  place between the  j e t  flow and 
the  core flow. 

(h) The c i rcumferent ia l  component of t he  core  flow ve loc i ty  is  
constant  on a meridian plane i n  a chamber. 

( i )  Even i n  t h e  eccen t r i c  pos i t ion  of the  ro to r ,  t h e  inf luence  of t h e  
e c c e n t r i c i t y  on t h e  j e t  flow v e l o c i t y  i s  s m a l l  enough f o r  
i t s  v a r i a t i o n  t o  be neglected.  

3.3 Fluid f r i c t i o n  ac t ing  a t  t h e  boundary of t h e  flow 

The shear ing stress r ,  due t o  f l u i d  f r i c t i o n ,  ac t ing  a t  t h e  boundary of a 
turbulen t  flow which flows i n  a narrow gap between two p a r a l l e l  planes can be 
expre s s ed 

r =  hpVZ , h=O.l33Re-' 
fo  m u 1  a, by the  

Where v is  t h e  mean ve loc i ty  of t h e  flow, and R e i s  Reynold's number r e l a t i n g  
t o  the  d is tance  of t h e  planes.  

I n  order  t o  estimate t h e  fo rce  ac t ing  between t h e  flows i n  a l abyr in th  t h e  
above r e l a t ionsh ip  i s  appl ied t o  t h e  flows. Here, s ince ,  t h e  movement of f l u i d  
particles i n  both the  j e t  and t h e  core flow i n  a c i rcumferent ia l  d i r e c t i o n  is  
mainly discussed,  it becomes necessary t o  know the  r e l a t ionsh ip  between the 
shear ing stress and t h e  ve loc i ty ,  both i n  a c i rcumferent ia l  d i r ec t ion .  This 
r e l a t ionsh ip  can be obtained by consider ing t h e  r e l a t i o n  between the  circumfe- 
r e n t i a l  flow ve loc i ty  and t h e  c i rcumferent ia l  component OS shear ing stress 
ac t ing  i n  the  d i r e c t i o n  of  absolute  ve loc i ty .  
ro t a t ing  seal s t r i p s  and of t he  conditions,u<c<u, t h e  shear ing stress ~ I Y ~ Z  

and r3 ac t ing  between t h e  j e t  flow and the  casing w a l l ,  between t h e  core  flow 
and the  channel wal1,and between t h e  j e t  flow and t h e  seal s t r i p ,  respec t ive ly  
r e l a t i n g  t o  t h e  circumferent ia l  d i r ec t ion ,  can be expressed as follows: 

Thus,in case of a l abyr in th  with 
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By a s i m i l a r  p r inc ip le ,  the shearing stress ac t ing  at  the boundary between the  
j e t  flow and the  core flow i n  a circumferent ia l  d i r e c t i o n  leadsto t h e  following 
equation. 

rig = ~ P A I Z ( C - U ) ~ .  h i z = d l d z A , A z ( ~ + ~ ) - ' J Z + (  1 - e o ) 2 ~ 2 / ( ~ - ~ ) 2  (3) 

4 .  FUNDAMENTAL EQUATIONS OF THE FLOW I N  A LABYRINTH 

4.1 Equations at  the  eccent r ic  pos i t ion  of t h e  ro to r  

By the  small displacement x, y of t he  ro ta t ing  s h a f t  , as shown i n  Fig. 3, 
a s m a l l  va r i a t ion  i n  s ta t ic  pressure w i l l  be added t o  the  pressure d i s t r i b u t i o n  
of the concentric labyrinth.  When t h e  seal s t r i p s  are mounted on t h e  ro to r  and 
the circumferent ia l  ve loc i ty  of t he  j e t  flow is smaller than the  per ipheral  
ve loc i ty  of t h e  ro to r ,  the  fundamental equations dominating the  flows are 
derived i n  the following way i n  order  t o  ca lcu la te  such a va r i a t ion  i n  pres-  
sure. 
(1) Seal c learance 
From the geometrical configuration, comes the  equation, 

&-l,i=$C I - -ns(Zi  -N-22)/2 1-x cosq - J  sin9 (4 1 

(2 )  Mass flow of gas leaking through t h e  seal clearance 
Instead of neglect ing the approaching speed of gas t o  the  th roa t ,  t h e  e f f e c t s  
of "carry over" of t he  labyrinth seal is  introduced. Thermodynamic r e l a t ions  
provide : 

s:- I,% = &,i a:- ( p L  - p:> ART Is) 

( 3 )  The equation of cont inui ty  
The stream l i n e s  of the  j e t  flow i n  a mixing chamber are  approximately repre- 
sented by s t r a i g h t  l i nes  having gradient of 8% 
B i s  the  i n l e t  and the  ou t l e t  of a stream tube having a s m a l l  c i rcumferent ia l  
length rdq at t h e  center  of t he  mixing chamber, and qA and qB represent t h e  
m a s s  flow rate a t  A and B y  respectively.  Due t o  the  difference i n  t h e  mass 
flow rate 
rdydt 
ses i t s  own dens i ty  and the  rest of t he  quant i ty ,  qsi moves t o  the  core  flow 
j u s t  beneath the stream tube, so t h a t ,  

, as shown i n  Fig. 4(a).  A and 

qA-qB t he  m a s s  i n  the  stream tube segment AB i s  increased by (qA-qB)- 
i n  t h e  durat ion of t i m e  d t .  A par t  of t h e  above increase i n  gas increa- 

qsi=(qi-l,i-qi,i+l 1- 2% tanBi-(qi-t,i+q+i+l)- A a  a( -+ ifsi) 

a9 

On the other  hand, as i l l u s t r a t e d  i n  Fig. 4 (b), t he  core flow segment 
which e x i s t s  between D and E a t  t he  t i m e t  i s  t o  be sh i f t ed  circumferent ia l ly  t o  
the  pos i t ion  between D' and E' a t  the t i m e  t + d t .  

Since the  increase of m a s s  i n  t he  volume element DIE '  against  t h a t  i n  the 
volume element DE i s  equal t o  the  quant i ty  of gas having come from the  j e t  
flow, the  equation f o r  the  conservation of mass i n  a circumferent ia l  d i r ec t ion  
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provides the following equation of continuity. 

(6) a(pifi) i- a ~ f m ~ p l c l ~ + B T ,  r(q4+1-qi-t,i1 +$tan@i-(qi-l,i+qGi+i a 11- o a t  a4D a4p 

( 4 )  The equation for  the conservation of momentum of the  core flow i n  a 

As the increase of momentum i n  a circumferential direct ion i n  the volume 
element DIE' against that  i n  the volume element DE, shown i n  Fig. 4 (b), 
consists of the increase i n  the circumferential momentum of the gas coming from 
the j e t  flow, of tha t  due t o  the pressure gradient and the increase of the 
cross-sectional area of the core flow, and of that due to  the f lu id  f r ic t ion ,  
the following equation can be obtained. 

circumferential direct ion 

4.2 Relationships when the shaf t  is a t  the center l i ne  of the casing 

(1) Coefficient of "carry over" i n  a straight-through labyrinth 
The following equation, which is a s l i gh t ly  modified version of Komotori's 
equation(ref. 1)  i s  used. 

(2) Equation of conservation of momentum for  the j e t  flow 
As already mentioned, it is  assumed i n  t h i s  case F h a t , s q h a t  the posit ive 

A direction of T; ,7z ,& , 7 3  should be determined, uI<cI<ur 

5 : i n  such a direct ion that the jet flow is  decelerated 
Tr : 
z;, : 
4 : 'I 

the  c o r e  flow is  accelerated 
the je t  flow is  accelerated by the core flow 
the je t  flow is  accelerated. 

11 I 1  

I1 11 'I 

11 11 

I n  the stream tube segment AB, i l l u s t r a t ed  i n  Fig. 5, the increase i n  the 
momentum of the gas i n  a circumferential direct ion i n  the volume element A'B' 
against AB i n  a small duration of t i m e  d t  should be equal t o  the sum of the 
momentum added to  t h i s  stream tube segment by the (i-1)-th and i - th  and core 
flow i n  a circumferential direction. Thus, the following equation is  obtained. 

(3) Fundamental equations when the rotor i s  i n  a concentric posit ion 
Substituting x=y=O and a/at=a/ap= 0 for  the fundamental equations, give 

&-t,i=C% ( 1 - ( 2 i -N--2 1 3 0 

0 

(la 

2 1  "z A 

q: = ( a*&- I ,  i- % - c , i  1 ( pi-' - pi M T  

A A A  n A 

ti( ci - Ui) - A%( ur- c i l z = 0  
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5 .  SOLUTION OF THE EQUATIONS 

5 . 1  Mass flow rate, pressure ,  and c i rcumferent ia l  ve loc i ty  
of flow a t  the  concentr ic  pos i t ion  of t he  r o t o r  

These parameters can be ca lcu la ted  i n  the  following way. 

From eqs. (81, (IO) and (111, qo can be wr i t t en  as follows: 
(a) Values of $1 and Go 

9 9  
Po - hr+l d= *I * 

B i  i i  

Usinn t h e  pressure  a t  the  i n l e t  , and a t  t h e  o u t l e t  

necessary accuracy from t h e  above equation through i terative 
ca lcu la t ion .  

(b) Values of GI and 
From ea. (12)- ~ 

and,from eq. (14)and eq. (9) s u b s t i t u t e d  by eqs. (1)- ( 3 )  

A P ~ + ~ = P P , ,  . values  of qo and $,-& can be obtained wi th  t h e  

A A  

c i = 4 , i  u r f 4 , i U i  w 

For the  given va lue  of parameters a t  the  (i-1)-th chamber, zl 
can be obtained by solving the quadra t ic  equat ion (15) f o r  GI . 
However ,  t h e  values  PI, and PI,, which appear i n  t h e  c o e f f i c i e n t  
of t h a t  equation, are unfortunately a complicated funct ion of 
so t h a t  
i t e r a t i v e  ca l cu la t ion  f o r  each chamber. 

6 

u i  , 
can be obtained from t h a t  equation by applying an  

5 . 2  Pressure d i s t r i b u t i o n  when t h e  r o t o r  is located 
i n  t h e  eccent r ic  pos i t i on  

The v a r i a t i o n  of p,  c and q due t o  a s m a l l  amount of displacement of t he  
r o t a t i n g  s h a f t ,  must be s m a l l  compared wi th  those values a t  t he  concentr ic  
pos i t ion  of t h e  ro tor .  Further ,  each increment of p, c and q must be a 
per iodic  funct ion of p , so t h a t  t h e  increment can be expanded by Fourier  
series. 
fundamental equations (5),  (61, (7) can be simply put as follows. 

Taking the  terms of lowest order  of t he  series,  t h e  so lu t ion  of t h e  
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A 

p i = p r i - p o ( a i  cosF+bi  s i n q ~ l  
n 

c i = e i + u r ( d i  cosrp+ei d ~ n 5 0 1  ad 
qi-i,ii=qo+-qo(ki-l,i c o s q + I i - ; , i s i n q )  

where unknown parameters ai,bi ... are the linear function of x,y ,and 
A 

Iai cosq+bi  sinqD]<pl/po 

] d i c o s q + e i  s inq(<zl /ur  

Iki-c,i  cosF+ 11-1.i sinql<<l . 
aa 

Since the equation obtained by substituting eq.(16) into eq.(5) must hold true 
f o r  any value of 50 , the following equations can be obtained. 

A s  similar equations can be also obtained from eqs.(6) and (7) both substituted 
by%t=O,by eliminating k, 1 . d , e  f r o m  these six equations obtained, 
the following equations result eventually. 
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Equations (19 )  can be wr i t t en  f o r  i - 1  upto i = N ,  so t h a t  the  t o t a l  number of the  

i s  evident ,  t h e  unknown q u a n t i t i e s  are 8 t - w  and h - b v .  And the  t o t a l  
number i s  a l s o  2N. The so lu t ion ,  ai and bi , therefore ,  can be obtained by 
solving the  simultaneons l i n e a r  equation (1 9) consider ing the following rela- 
t ions hip.  

equation i s  2N. Since C a i - ~ l i = ~ = C b i - J ~ = ~  = Cai+llI=N= [ b i t  I ~ I = N  = 0 

- 
ai= alx--P1y . b i  =Plix+~lr 

The static pressure  d i s t r i b u t i o n  i n  a labyr in th  can be ca lcu la ted  from the  
eq. (1 6).  

5.3 Cross coupled s t i f f n e s s  

The pressure  i n  the  labyr in th ,  expressed by eq.(16),  provides the force  Fr 
and F~ , ac t ing  i n  the  negative d i r e c t i o n  of x and y a x i s  respec t ive ly  so t h a t  

The forward t angen t i a l  force  divided by the  displacement of t h e  r o t a t i n g  sha f t ,  
so  ca l l ed  t h e  c o e f f i c i e n t  of t he  c ross  coupled spr ing  constant  K,, , can be 
represented as follows. 

6 .  THE FUNDAMENTAL EQUATIONS FOR THE LABYRINTH HAVING 
DIFFElENT GEOMETRIES OR OPERATING CONDITIONS 

The preceding theory r e f e r s  t o  t h e  case when t h e  seal s t r i p s  are 
mounted on t h e  r o t o r  and when the  per iphera l  v e l o c i t y  of t he  r o t o r  i s  l a rge r  
than t h e  circumferencial  ve loc i ty  of t h e  j e t  flow. 
the  labyr in th ,  t h e  per iphera l  ve loc i ty  of t h e  r o t o r  is  smaller than  t h e  
c i rcumferent ia l  ve loc i ty  of the je t  flow, t h e  p o s i t i v e  d i r ec t ion  of rl and Ti2 

should be determined t o  be i n  such a d i r e c t i o n  t h a t  the j e t  flow is  decelera- 
ted. Similar ly ,  t h e  p o s i t i v e  d i r e c t i o n  of r2 should be t h e  d i r e c t i o n  i n  which 
t h e  core flow is  decelerated.  The equations can be obtained, i n  t h i s  case, by 
the same procedure as explained i n  t h e  previous sec t ion .  
thus obtained, t he  following equations are t h e  e s s e n t i a l l y  d i f f e r e n t  as 
compared wi th  those of the  preceding sect ion.  

A,=0-133 [ l + ( b o v ) 2 / ( ~ - ~ , ~ z ] '  [(c-u.) (2n)  

I f ,  on the  same geometry of 

Among these  equations 
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For the s t ra ight- through labyr in th ,  i n  which the  seal s t r i p s  are mounted i n s i d e  
the  casing, t h e  equations can a l s o  be obtained by modifying the  o r i g i n a l  
equations wi th  t h e  same pr inc ip le .  

7. RESULTS OF NUMERICAL CALCULATION AND THE COMPARISON 
WITH THE EXPERIMENTAL DATA PRESENTED BY OTHER RESEARCHERS 

Factors ,  aor bo. cordl  , d ~ , d ~ .  e, which are included i n  eqs. (1)-(3), as 
w e l l  as a and 8, included i n  eq.(8), are t o  be decided by t h e  observat ion of 
t he  flow i n  a labgrinth.  However, as some of t h i s  da t a  w a s  no t  ava i lab le ,  these  
f ac to r s  have been t e n t a t i v e l y  estimabed as follows throughont t h e  ca l cu la t ion  
based on t h e  procedure here  exDlained. 

ao=1-5  b0=0-5 c o = l . O  d , = 1 - 0  d2= 1.0 ds=1.0  e,=0.5 

Wachter and Benckert(ref.2) have done an experiment of t h e  static characte- 
ristics of a l abyr in th  having d i f f e r e n t  geometries under d i f f e r e n t  opera t ing  
conditions.  Results of numerical ca l cu la t ion  i n  accordance wi th  t h e  procedure 
explained i n  t h i s  paper have been compared with t h e  r e s u l t s  of t h e  above 
experiments. The r e s u l t s  of t h e i r  experiments shown i n  Fig.6 and i n  Fig.7(a) 
are obtained using a land-and-groove labyr in th ,  whereas numerical ca l cu la t ion  
i s  on a l abyr in th  which is  deemed t o  be equivalent t o  t h i s  kind of l abyr in th  
and assumed complete mixing of gas i n  t h e  mixing chamber on making ca lcu la t ion .  
As t o  the e f f e c t  of the  per iphera l  ve loc i ty  of t h e  r o t o r  on t h e  lateral force  
exc i t a t ion  constants ,  as w e l l  as the  e f f e c t  of en t ry  s w i r l  on t h e  constants ,  
ca l cu la t ions  not  only agree with experiments q u a l i t a t i v e l y ,  but a l s o  f a i r l y  
good quan t i t i ve  agreement i s  seen between t h e  two. The dimensionless lateral  
force  exc i t a t ion  cons tan ts  taken on the o rd ina te  of these diagrams, and 
the  relative admission energy ~ , f  taken on t h e  abc issa  i n  Fig.7 are the  
f o 1 lowing values  respec t ive ly  . 

Wachter and Benckert have done a f u r t h e r  experiment using a s t r a i g h t -  
through l abyr in th  with seal s t r i p s  morticed in s ide  t h e  casing,and examined the  
e f f e c t  of en t ry  s w i r l  on t h e  lateral force  e x c i t a t i o n  constants .  Comparison of 
experiments and ca l cu la t ions  have a l s o  been made in  t h i s  case, and shown i n  
Fig.7(b).  A q u a l i t a t i v e  agreement of t h e  two values  i s  obtained. However, from 
a view-point of quant i ty ,  t he  ca lcu la ted  values are much smaller i n  t h i s  case. 

Also,Jenny(ref.3) has presented h i s  t h e o r e t i c a l  formulas, which are 
composed p a r t l y  by adopting the  empir ical  r e l a t i o n  of parameters. 
ca l cu la t ion  on one example of a l abyr in th  wi th  axial admission using h i s  
formula and those by the  procedure i n  t h i s  paper are compared and shown i n  
Fig.8. These two ca lcu la ted  values agree very w e l l .  

Resul ts  of 
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It i s  sa id  t h a t ,  when s w i r l  i s  appl ied t o  a r o t a t i n g  l abyr in th  i n  an 
eccent r ic  pos i t i on ,  an add i t iona l  exc i t i ng  force i s  generated i n  it whose 
i n t e n s i t y  depends on the  i n t e n s i t y  of t h e  s w i r l .  Ca lcu la t ion  has been made t o  
see the  inf luence  of t h e  s w i r l  on the  r o t a t i n g  labyrinth.  The r e s u l t s  agree 
with the  tendency, as shown i n  Fig.9. 

Kurohashi e t  aL(ref.4) have done experiment t o  examine t h e  inf luence  of 
the  divergency of t he  seal clearance on t h e  exc i t i ng  fo rce  of a s t r a i g h t  
through labyrinth.  
da t a  i s  i l l u s t r a t e d  i n  Fig.10. With regard t o  the  statical  c h a r a c t e r i s t i c s  it 
i s  seen i n  both values t h a t  t he  diverging clearance provides a s t a b i l i z i n g  
tendency aga ins t  t h e  foreward wh i r l  of t h e  sha f t ,  and t h e  ca lcu la ted  value 
agrees q u a l i t a t i v e l y  with t h e  experimental value. 

The comparison of ca lcu la ted  values  wi th  t h e i r  experimental 

9. CONCLUSION 

On t h e  assumption t h a t  t he re  exist two kinds of t h r e e  dimensional flow i n  a 
labyr in th ,  a j e t  and a core  flow, an ana lys i s  of t he  behavior of t h e  flow w a s  
made, and a method t o  ca l cu la t e  t h e  s ta t ical  behavior of a l abyr in th  seal w a s  
shown. The r e s u l t s  of ca l cu la t ion  on some examples of labyr in ths  showed a 
f a i r l y  good agreement wi th  r e s u l t s  of experiments, and it can be s a i d  t h a t  t h i s  
method i s  usefu l  t o  p red ic t  t he  d e s t a b i l i z i n g  force,which o r ig ina t e s  from a 
l abyr in th  seal, and a c t s  on the  r o t a t i n g  sha f t .  
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Fig.1 Meridian flow in a straight-through labyrinth seal 

Fig. 3 

Fig.2 Three dimensional flow in a labyrinth 

(a) Jet flow (b) Core flow 

Flow on the development surface Fig.4 

Displacement of rotating shaft 

i-l i 

Fig.5 Stream line of jet flow 
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Fig.8 Comparison of lateral force 

spring coefficient with Jenny's formula 

Fig.6 Lateral force spring coefficient 

- E.prrimanby 

- cO(ru(atia0nth. 
aquivohm 
m p m i n q ~  2 

(a) Labyrinth with seal  strips on the rotor 

Pa-0.343 MPD x 

-t- 5 - 
---cakalcorprrmbnby . 

Fmnulor in tllb 

Q O 2 Q o s o 1 4 2  a ~ 1 . 0  ~ a d a i a 2  cu a S a 7 4 2 Q 5  I 2  
Eo-t-1 EO-c-1 EoTi 

(b) Labyrinth with seal  strips i n s i d e  the casing 

Fig. 7 Lateral force spring coefficient vs relative 
admission-energy of the flow ( Up=O) 
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(b) Comparison of experiments and calculations 

Fig.10 Effect of divergency of seal clearance 

on the pressure distribution in a labyrinth 
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A research programme has been undertaken to investigate the lateral forces induced 
by flow through model labyrinth glands. Circumferential pressure distributions, 
lateral forces and stiffness coefficients data obtained experimentally are 
presented and discussed. The force system can be represented as a negative spring 
and a tagential force orthogonal to eccentricity. The magnitude of these forces 
were dependent on eccentricity, entry swirl, rotor peripheral velocity and seal size. 
Tests with a pressure equalisation chamber at mid-gland resulted in significantly 
reduced forces and stiffness coefficients. 

IN!PRQDUCTIQN 

The increase in power density of turbomachinery has highlighted the need to 
consider more carefully the various excitation mechanisms that may result in high 
level subsynchronous.vibrations. Labyrinth seals are a possible cause of self- 
excited vibration. The reduction of leakage in turbomachinery has often been 
sought after for efficiency improvements. Seal clearances and its overall 
dimensions have been made smaller to achieve this improvement. However undue 
attention to low leakage may result in unacceptably high forces acting on the rotor. 
Rotors on the other hand have become relatively more flexible and consequently more 
susceptible to excitations. Thus a potentially highly efficient machine may prove 
unreliable in service. 

Examples of instabilities thought to be caused by labyrinth seals have been 
reported in the literature (ref. 1,2). The subsynchronous vibrations observed on 
operational machines were highly load dependent and the instabiliify frequency 
greater than half speed. Evidently the destabilising force re-excites the lower 
criticals. 

The possibility of lateral vibrations from labyrinth seal leakage flow dates back 
to the pioneering work of ALFORD (ref. 3 ) .  Efforts had been made to quantify the 
instability in the literature (ref. 4,5,6,7). However most of this work lacks 
experimental verification. 
to assess the nature and significance of these labyrinth leakage flow induced 
instabilities. Experimental tests on single stage labyrinth gland have been 
reported by WRIGHT (ref. 8). However extrapolation of single stage labyrinth 
results to the more practical multistage labyrinths would not be conclusive due to 

There is a definite need for more experimental data 
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Labyrinths’& 
Number of 
Stages 

U a t  which 

K evaluated 
* 

-* 
ESwirl 

Stepped 

m = 11 

N/A : 

Stepped Plain 

m = 11 m = 18  

Table 1. Typical dimensionless s t i f f  ness c o e f f i c i e n t s  

O I  O I  O 

0.011 0.072 0.004 

-0.100 -0.067 

0.067 I 0.133 1 0.090 
-0.720 

Details not available from t h e  text 

GREATHEAD e t  a l  

Combination Combination 

m = 24 m = 1 2  

N/A 

N/A N/A 

-0,010 -0.009 

0.040 0.012 

CURRENT WORK 

Plain Se t  D 

m = 1 2  

0 

0.005 

-0.075 

0.0.41 

94.3 m/s 

0.005 

-0.124 

-0.105 

Table 2. Comparison of dimensionless stiff ness c o e f f i c i e n t s  
with other works ( r e f .  10 and 12) 
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the interaction in behaviour of the various chambers within in the gland. As this 
current work and work elsewhere (ref. 9)  has shown, the first chamber in a multi- 
stage gland has a unique behaviour. The work of BENCKERT et a1 (ref. 9,lO) 
represents the first comprehensive work on multistage labyrinths. The tests and 
results reported here complement the work of Benckert et al. 

NOTATION 

e eccentricity r rotor radius 

ECC, E eccentricity ratio (e/6) U rotor peripheral velocity 

%swirl swirl energy index VS entry swirl velocity 

F 

K 

force e peripheral angle, 

stiffness coefficient 
measured from maximum gap 

P dens it y 

L pitch of labyrinth fins 6 radial clearance 

m number of stages A difference 

P absolute pressure w angular velocity 

Po absolute pressure at inlet 

Pm absolute pressure at exit 

Subscripts 

i counter 

max maximum 

Superscripts 

* dimensionless 

mean - 

r radial 

t transverse 

XlY Cartesian coordinates 

EXPERIMENTAL PROGRAMME 

An experimental programme to investigate lateral forces resulting from flow through 
model labyrinth glands has been undertaken. The objectives and philosophy of the 
programme had been discussed in the previous workshop, NASA CP 2250 (ref. 11). A 
test rig was designed and manufactured for these investigations. A rigid rotor 
with rigid bearings was used: this eliminated shaft flexibility and hydodynamic 
effects. The fundamental mode of measurement was pressure rather than force as it 
is the unequal pressure field that is responsible for the instability. Static 
circumferential pressures were measured at 30°  intervals at every sealing stage; 
these measurements were taken off the stator. Figure 1 gives the schematic diagram 
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of the test bed, and figure 2 the assembly drawing of the test rig. For scaling 
and cross comparison of various seal geometry, experimental and operational, a seal 
length parameter was used: defined as 

cross sectional area of labyrinth chamber 

rotor radius seal length parameter = 

The geometry used was verified to have a length parameter value within those found 
in operational steam turbines, with the exception of a particular geometry that was 
made larger to determine the effect of size variation. The various geometry and 
sealing arrangement used is given in figure 3. Set A and B are those with a big 
seal dimension. Although the number of stages used could be varied to any 
combination sealing stages of 1: and 6 were used for the tests. 
set C and D, are as shown; set D being the same as C except with a much higher 
entry swirl velocity. A series of tests were done with a pressure equalisation 
chamber in the form of a mid-gland plenum to investigate the effect of such an 
arrangement. The previous seal set was used and the mid-gland plenum as shown, 
set E. A short gland arrangement was also used for the smaller seals, set F; and 
finally a combination seal arrangement, set G. Tests were done with low and 
moderate entry swirl (Vs < Umax/3). To obtain a swirl greater than this would 
necessitate the use of nozzles; this was not used as to avoid a possible pressure 
bias at entry to the gland. 

The small seals, 

The experimental parameters were hence 

(i) seal geometry 

(ii) number of stages 

(iii) inlet flow conditions (swirl) 

(iv) eccentricity 

(v) rotor peripheral velocity. 

Figure 4 gives the sign convention adopted for peripheral angle, eccentricity and 
forces. The circumferential pressure distributions were numerically integrated 
to obtain forces. A dimensionless force was defined, where 

* =  Fti J 
0 

Hence Fr,ti - - Fr,ti* x riL ( po - pm) 



and 
m 

Resultant force F = Ci = Fi ( 3 )  

Note that no extraneous sign was introduced in the relations. A positive radial 
force is a decentreing force (negative spring force) and a negative radial force a 
restoring force. A positive transverse force is a forward whirl force. 

The stiffness coefficients are as conventionally defined: 

- mr* Direct stiffness coefficient Kxx* = 

i.e. restoring force coefficient AE 

Ft* 
and Cross-coupled stiffness coefficient Kxy* = 

A E  
Assuming linearity, 

I Kyy* I = I Kxx* 1 

Also 

1 Kyx* I = - I Kxy* I 

(4.a) 

(4.b) 

EXPERIME34TAL RESULTS 

Circumferential Pressure Distributions 

Examples of the circumferential pressure distributions, normalised against the 
pressure drop across the gland, are given in figures 5 - 8. The pressure 
distribution for the large seals (set A )  is as shown, figure 5. Moderate 
asymmetric pressure field does exist, with consistently regular semi-symmetric 
suction pressure in all the chambers beyond the first chamber; the first chamber 
having a positive pressure field. The smaller seals (set D) had a very much more 
significant asymmetric pressure field, figure 6. The positive pressure in the 
first chamber was still observed. Beyond the chambers at the entry end unsymmetric 
suction pressure fields were obtained, with chambers towards the exit end 
developing a larger sinusoidal component. The introduction of a plenum chamber 
in the mid-gland of the same seal set (set E) shows a significant alteration to 
the pressure field, figure 7. The circumferential pressure variation in the 
chambers prior to the plenum was reduced. The chamber immediately after the 
plenum (i.e. chamber number 7) now behaved as a "first chamber" in a normal gland 
assembly, thereby breaking down the build up of the pressure field in the stages 
along the gland. In the sealing arrangement with a lesser number of stages, set F, 
the pressure variation was greater than the long glands, figure 8. This was obvious 
as the axial pressure drop per stage was larger. 

In the larger seal geometry, set A and B, there was no appreciable circumferential 
pressure variation for zero eccentricity, as should be the case. However in the 
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smaller seals, significant residual asymmetric field did exist at zero eccentricity. 
It was not thought to be due to pecularities in the individ seal unit or 
alignment and concentricity as these were thoroughly checke 
residual pressure fields were thought to be caused by flow dissymmetry resulting 
from a random build effect and random variations in the actual fin clearances; the 
chambers were sufficiently small as not to allow pressure equalisation. Such an 
occurrence had also been noted by Greathead et a1 on a scaled model rig of an 
operational machine (ref. 12). 

Lateral Force Distributions 

The graph of dimensionless force (pressure coefficient) plotted against seal 
chamber number for the large seals, set A, is given in figure 9. An immediate 
observation was that variation did exist in the force levels with respect to 
chambers. The radial force in the first chamber was a restoring force and beyond 
this chamber decentreing forces existed. The transverse forces were significantly 
smaller than the radial forces. Variation due to eccentricity is also indicated. 
The relatively larger pressure variation of the smaller seals not unnaturally gave 
higher force levels than the large seals, figure 10. Variation in force levels 
with chamber number was also observed. In contrast with results from the big 
seals, the transverse forces were now considerably larger in magnitude, having the 
same order in magnitude as the radial forces. It does suggest that small seals 
are potentially more destablising than large seals. What was further obvious was 
the significant force that existed even at zero eccentricity. Significant 
variation in the force levels was observed as a result of yariation in the rotor 
velocity, figure 11. The resultant decentreing force increased significantly 
with rotor velocity, and the resultant transverse force from being a forward whirl 
force at U = 0 changed to a backward whirl force at high rotor velocity ( U  > Vs). 
Swirl slightly increased the decentreing force as well as the forward transverse 
force at U = 0 ,  figure 12. 

The comparison of forces for the sealing arrangment with and without the plenum 
chamber, figure 13, strengthens the observation already seen in the circumferential 
pressure distributions. The radial force level in the chambers were generally 
very much reduced, and hence the resultant decentreing force more than halved its 
previous value. The transverse force was similarly reduced. 

Stiffness Cdefficients 

Negative radial stiffness was generally obtained for most of the seal arrangements; 
with either forward or backward cross-coupled stiffness: this being dependent on 
several parameters. Table 1 gives a selection of the dimensionless stiffness 
coefficients obtained from graphs of dimensionless force plotted against 
eccentricity ratio. 

For the big seals, set A, a relatively large negative radial stiffness coefficient 
was obtained. The cr -coupled stiffness coefficient was significantly smaller, 
figure 14. This observation was also true for the short gland seals (set B) of 
the same geometry, figure 15. High rotor velocity tended to give a backward 

s-coupled stiffness coefficient: however at U = 0 (V, > U )  increasing swirl 
resulted in increasing forward cross-coupled stiffness coefficient (positive Kxy*). 
The effect of rotor peripheral velocity on the coefficients is even more evident 
in the small seals (set C and D), where increasing rotor velocity increases the 
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negat ive  d i r e c t  s t i f f n e s s  c o e f f i c i e n t s ,  as w e l l  a s  g r e a t l y  a l t e r i n g  t h e  
c h a r a c t e r i s t i c s  of  Kxy*. The t r a n s v e r s e  f o r c e  from being a p o s i t i v e  (forward 
w h i r l )  f o r c e  changed to  a negat ive  (backward w h i r l )  f o r c e ,  f i g u r e  16. A t  l o w  o r  
no r o t o r  v e l o c i t y ,  i n c r e a s i n g  s w i r l  rate r e s u l t e d  i n  i n c r e a s i n g  forward cross- 
coupled s t i f f n e s s  c o e f f i c i e n t ,  f i g u r e s  16 and 17. 

The i n t r o d u c t i o n  of a mid-gland plenum w a s  seen t o  have a s i g n i f i c a n t  moderating 
e f f e c t  on t h e  f o r c e  l e v e l s  and t h e  s t i f f n e s s  c o e f f i c i e n t s ,  f i g u r e  18. Force 
levels and c o e f f i c i e n t s  w e r e  g r e a t l y  reduced. The previous observa t ion  of  t h e  
e f f e c t  of s w i r l  and r o t o r  v e l o c i t y  w a s  s t i l l  t r u e  al though of lesser inf luence .  
The s h o r t  gland s m a l l  seals (set  F) had p o s i t i v e  d i r e c t  s t i f f n e s s  i n  c o n t r a s t  with 
t h e  o t h e r  seals, f i g u r e  19. The cross-coupled s t i f f n e s s  behaved i n  t h e  same 
manner a s  prev ious ly  observed, i.e. e f f e c t s  due t o  s w i r l  and r o t o r  p e r i p h e r a l  
v e l o c i t y  on KXy*. 
l a r g e  chambers showed t h e  i n f l u e n c e  of s i z e  v a r i a t i o n  on t h e  pressure  d i s t r i b u t i o n s ;  
and t h e  r e s u l t i n g  s t i f f n e s s  c o e f f i c i e n t s  r e f l e c t e d  t h i s ,  f i g u r e  20. Var ia t ion  due 
t o  r o t o r  v e l o c i t y  and s w i r l  w e r e  again c o n s i s t e n t  i n  behaviour. 

The combination seals (set G )  due t o  i t s  des ign  of smal l  and 

DISCUSSIONS 

L a t e r a l  f o r c e s  do e x i s t  a s  a r e s u l t  of f low through l a b y r i n t h  glands.  These 
f o r c e s  g e n e r a l l y  increased  with e c c e n t r i c i t y .  S i g n i f i c a n t  decent re ing  r a d i a l  
f o r c e s  w e r e  ob ta ined  i n  a l l  t h e  s e a l  c o n f i g u r a t i o n s ,  except  f o r  t h e  small  s h o r t  
gland with r e s t o r i n g  f o r c e s .  The decent re ing  f o r c e s  g e n e r a l l y  increased  with 
seal s i z e .  Transverse f o r c e s  or thogonal  t o  displacement however a r e  of most 
i n t e r e s t .  Both forward and backward t r a n s v e r s e  f o r c e s  w e r e  obtained;  very  much 
dependent on r o t o r  p e r i p h e r a l  v e l o c i t y ,  s w i r l  and s e a l  s i z e .  The experimental  
observa t ions  suggest  t h a t  s m a l l  s e a l s  a r e  p o t e n t i a l l y  more d e s t a b l i s i n g  than  b i g  
s e a l s ;  wi th  t h e  smal le r  seals y i e l d i n g  a l a r g e r  cross-coupled s t i f f n e s s  c o e f f i c i e n t .  
This  would be c o n s i s t e n t  with an experience of K I R K  ( r e f .  13)  where a r o t o r  
i n s t a b i l i t y  i n  a compressor w a s  e l imina ted  by r e p l a c i n g  t h e  labyr ingth  seals with 
s e a l s  t w i c e  t h e  o r i g i n a l  dimensions. 

The experimental  r e s u l t s  a l s o  suggest  t h e  important i n f l u e n c e  of  r o t o r  p e r i p h e r a l  
v e l o c i t y  on t h e  r e s u l t a n t  f o r c e s .  This e f f e c t  of r o t o r  v e l o c i t y  w a s  m o r e  
prominent i n  t h e  small  seals. Increas ing  r o t o r  v e l o c i t y  g e n e r a l l y  increased  t h e  
decent re ing  f o r c e  i n  t h e  g lands ,  and t h u s  gave a negat ive  d i r e c t  s t i f f n e s s  
c o e f f i c i e n t .  A l l  tests f u r t h e r  i n d i c a t e d  t h a t  i n c r e a s i n g  rotor v e l o c i t y  r e s u l t e d  
i n  nega t ive  cross-coupled s t i f f n e s s  c o e f f i c i e n t .  I f  a n e t t  p o s i t i v e  t r a n s v e r s e  
f o r c e  Ft* a l r e a d y  e x i s t s  i n  t h e  gland (by v i r t u e  of s w i r l  f o r  example) then r o t o r  
v e l o c i t y  reduces t h i s  n e t t  f o r c e  and could g i v e  a negat ive  Ft* (backward w h i r l  
f o r c e ) .  A s t r o n g  s e l f - e x c i t e d  backward w h i r l  has  been r e p o r t e d  by WRIGHT ( r e f .  8 )  
on a whi r l ing  r o t o r  model. 

The moderate s w i r l  t h a t  w a s  ob ta ined  on t h e  c u r r e n t  r i g  i n d i c a t e d  an increased  
p o s i t i v e  t r a n s v e r s e  f o r c e  (forward w h i r l )  with increased  s w i r l ,  and y i e l d e d  a 
forward cross-coupled s t i f f n e s s  c o e f f i c i e n t .  This observa t ion  w a s  prominent i n  
zero  o r  low r o t o r  v e l o c i t y  tests. However as r o t o r  v e l o c i t y  i n c r e a s e s  t h e  n e t t  
backward t r a n s v e r s e  f o r c e  r e s u l t i n g  from i n e r t i a  e f f e c t s  was seen t o  dominate t h e  
forward t r a n s v e r s e  f o r c e  o r i g i n a t i n g  from e n t r y  s w i r l .  F igure  21  g i v e s  a p l o t  
of dimensionless  cross-coupled s t i f f n e s s  c o e f f i c i e n t  a g a i n s t  s w i r l  energy f o r  t h e  
smal l  s e a l s  (sets C and D ) .  A d i s t i n c t  i n c r e a s e  i n  Kxy* with e n t r y  s w i r l  energy 
w a s  observed and indicates t h e  s t r o n g  dependence of Kxy on e n t r y  s w i r l .  I t  i s  
reasonable  t o  suppose t h a t  i f  a h igher  s w i r l  v e l o c i t y  w a s  used h igher  va lues  of 
cross-coupled s t i f f n e s s  c o e f f i c i e n t  would be obtained.  This  conclusion on t h e  
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influence of entry swirl on the cross-coupled stiffness is in agreement with results 
obtained by BENCKERT et a1 with high entry swirl energy (ref. 9, 10). The effect 
of swirl on the direct stiffness coefficient Kxx is not as significant. 
gives a comparison of stiffness coefficients with works elsewhere (ref. 9, 10, 12). 
Results from this work compares well, recognising in particular that the work done 
by Benckert et a1 at extremely high entry swirl was not obtained on the current 
rig. 

Table 2 

In order to appreciate the full significance of the dimensionless parameters seen 
so far, a K* value of 0.050 on a 83 bar pressure drop, rotor radius 254 mm, 
labyrinth pitch 8 mm and eccentricity 0.50 mm would give a stiffness coefficient of 
1.8 x lo6 N/m. 
and Kxx* = -0.075, were to be applied to this typical steam turbine, then the 
respective coefficients are: K 
Values of similar order in magnitude for a steam turbine had been quoted by Benckert 
et a1 (ref. 10). 

Hence if the results from Table 2, Kxy* = 0.04 and Kxx* = -0.004 

= 1.5 x lo6 N/m and K,, = -2.7 x lo6 N/m. 
xy 

The current work further suggests the importance of the relationship between the 
rotor peripheral velocity U and the swirl velocity V,. 
forward cross-coupled stiffness coefficient was obtained and when V, < U a backward 
cross-coupled stiffness was obtained instead. This draws parallel to the 
proposals of ROSENBERG et a1 (ref. 14) and also as noted by GREATHEAD et a1 (ref. 
15), that a positive transverse force would be obtained when the swirl velocity 
was greater than the rotor precession, and vice versa. 

Apparently when Vs > U a 

Results and implications from the tests involving a mid-gland plenum were very 
interesting. The direct stiffness coefficient was a mere 10% to 15% of previous 
values without the plenum, and the cross-coupled stiffness coefficients 25% to 45%. 
Inevitably questions would be asked on the penalty of increased leakage flow 
resulting from the use of this gland with the plenum. FPowrate measurements 
monitored on this gland arrangement showed no increase in mass flow for the same 
pressure head. Such a pressure equalisation chamber is also relatively simple to 
incorporate in existing operational machines. Suggestions had been made by KOSTYUK 
et a1 (ref. 16) on a pressure equalisation stability unit at the entry to the gland 
in an operational machine: reported of improvement to its instability threshold. 
The results of this work and by Benckert et a1 also confirm the wisdom in recent 
attempts to reduce swirl by the use of vortex brakes (ref. 17). 

Shortcomings in existing theories particularly those not predicting forces or 
instability with parallel rotor displacement were certainly highlighted. 
seal clearances (either converging or diverging) are not necessarily a prerequisite 
for instability. New theoretical attempts to formulate labyrinth forces are 
required and should accommodate the fact that forces do exist for parallel rotor 
displacements. 

Tapered 

CONCLUSIONS 

This current work shows that an assymmetric pressure field does exist in all 
chambers within a gland assembly, even for parallel eccentricity displacements 
contrary to what is predicted by existing theories. The lateral forces were 
dependent on eccentricity, swirl, rotor peripheral velocity and seal size. The 
force system could normally be represented as a negative spring and a tangential 
force orthogonal to eccentricity. Both forward and backward cross-coupled 
stiffness coefficients were obtained, the direction being dependent on the ratio 
between swirl and rotor peripheral velocity. Small seals were also shown to be 
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potentially more destabilising. The use of a mid-gland plenum chamber showed 
marked reduction in forces and stiffness coefficients, without any increase in 
leakage flow. 
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F i g u r e  1. Schematic l ayou t  of test bed and in s t rumen ta t ions  

Location of 
proximity probes 

Figure  2. Se c t i o n e d  assembly drawing of test r i g  (mai n assembly) 
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ADDITIONAL MATERIAL PRESENT A T  WORKSHOP 

R.D. Brown J.A. Hart B.E. Falconer 

One of the major results from the experimental work w a s  a confirmation that swir l  energy 
w a s  a significant factor in promoting Fross-coupling. A rotor kit was  adapted as part of 
an undergraduate project. A plenum chamber w a s  designed around the central mass on a 
flexible rotor. Four je ts  in the plenum discharged high velocity air in a tangential direction 
on the periphery of the central mass. The synchronous critical speed of the rotor w a s  about 
3200 r.p.m. 

typical results are shown in figures 22 and 23. 
in the plenum. 
than the peripheral speed of the rotor. 

A gauge pressure of 6 - 8 p.s.i. was  maintained 
Clearly the je t  velocity w a s  considerably less than sonic although much greater 

In both forward and backward flow situations a resonant whip is initiated at a rotor speed 
between 4500 and 5000 rpm. Thus whirl ratio is between 0.64 and 0.70 considerably greater 
than 0.5. It should be noted 
that the orbit pattern is not stationary but rotates (as might be expected from the whirl ratio). 

Typical orbit pattern are shown for 4 revolutions of the rotor. 

These experiments on a small scale rotor provide a laboratory demonstration of high 
sub-synchronous whirl. The measurements presented here are purely fluid driven, Le. no 
physical contact between rotor and stator. 

A more sophisticated rig is currently being assembled and experimental results wi l l  be reported 
later. 

APPENDIX : Test Seals Data 

Set A, B 

Set C,D,E,F 

Set G 

8.890mm (height) x 9.525 mm (pitch) 
Fin edge thickness 0.508 mm + 0.050 mm 
Bore 241.300 m m t  0.010 mm 
Nominal radial clearance 0.635 mm 

4.064 mm x 6.350 mm 
Fin edge thickness 0.305 mm + 0.050 mm 
Bore 240.665 mm 2 0.010 mm 
Nominal radial clearance 0.381 mm 

4.064 mm, 7.620 mm x 6.350 mm 
Fin edge thickness 0.305 mm + 0.050 mm 
Bore (plain seal) 
Bore (split seal) 
Nominal radial clearance 0.381 mm 

240.665 mm 2 0,010 mm 
233.553 mm 2 0.010 mm 

208 



Typical Orbit at 5000 rpm. 

Figure 22. - Forward flow. 
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Typical Orbit at 5000 rpm. 

Figure 23. - Reverse flow. 
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ANALYSIS OF DYNAMIC CHARACTERISTICS OF FLUID FORCE INDUCED BY LABYRINTH SEAL 

Takuzo Iwatsubo, Ryoji Kawai, 
Naoya Kagawa, Tetsuya Kakiuchi, and Kazuki Takahara 

Kobe University, Rokkodai Kobe 
Japan 

In this paper flow patterns of the labyrinth seal are experimentally 
investigated for making a mathematical model of labyrinth seal and to obtain the flow 
induced force of the seal. 

First, the flow patterns in the labyrinth chamber are studied on the 
circumferential flow using bubble and on the cross section of the seal chamber using 
aluminum powder as tracers. And next, the fluid force and its phase angle are 
obtained force 
coefficients are derived from the fluid force and the phase angle. Those are similar 
to the expression of oil film coefficients. 

As the results it is found that the vortexes exist in the labyrinth chambers and 
its center moves up and down periodically. The pressure drop is biggest in the first 
stage of chambers and next in the last stage of chambers. 

from the measured pressure distribution in the chamber and the fluid 

INTRODUCTION 

Labyrinth seal are used as the non-contact type seals between rotor and stator 
or" fluid machineries, such as, steam turbines, gas turbines, compressors and so on. 
To improve the efficiency of these fluid machineries, pressure of the working fluid 
and rotating speed of rotor tend to become high while the clearance of labyrinth seal 
is designed narrow to prevent for the leakage flow. As a risk of seeking such a high 
performance machinery, unstable vibrations of rotor occur and they draw an industrial 
important problem. The labyrinth seal is considered as one of these vibrations. 
Unstable vibration induced by the labyrinth seal was first pointed out by 
Alford(ref. l ) ,  and after that it has been studied by many investigators. Among them, 
Boyman & Suter(ref. 2) made experimental studies and sketched the flow In 
this study, they had interested in the static characteristics of the labyrinth seal, 
but not in the dynamic characteristic, so, they did not concern with the flow induced 
force of labyrinth seal. On the other hand, Benckert & Wachter(ref. 3)  had interested 
in the dynamic characteristic and they measured the hydraulic spring coefficients by 
using the static method. That is, rotor was fixed eccentrically toward casing and the 
hydraulic spring coefficient was measured by static way. The weak point of this study 
is not to be able to consider the effect of damping and its effect can not be 
neglected. On the contrary, Wright(ref. 4 )  investigated the instability condition of 
rotors induced by the labyrinth seal force for two seal strips model under many test 
conditions and also measured the destabilizing fluid force which included the damping 
coefficient. This study is valuable because it considers the hydraulic spring and 
damping coefficients, however it lacks generality because the rotor has only two seal 
strips. 

patterns. 
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The purpose of this paper is to study the flow patterns, which is needed 
mathematically to model the flow in the labyrinth seal. the flow pattern of 
the cross section and the circumference of the labyrinth chamber are observed. Bubble 
is used as a tracer for the visualization of the circumference and aluminum powder is 
also used in that of the cross section, and the photographs of them are taken. 
Moreover, the flow induced force is measured under the condition of both spinning and 
whirling motions of the rotor and measuring the change of pressure and of the phase 
angle in the labyrinth chamber. The eight coefficients, which represent the flow 
induced force of labyrinth seal by the function of velocity and displacement, i.e. 
they are correspond to the coefficients of the journal bearing, are obtained. 

Namely, 

TEST APPARATUS 

The test apparatus to observe the flow patterns and to measure the fluid force 
is shown in figure 1. In this figure the rotor @ is driven by the three-phase motor 
@ through the variable-speed drive for spinning motion of @ . The rotor is 
supported at the upper and the lower part by the eccentric bearings @ The 
dimensions and directions of both eccentricities are set to be equal. Therefore, the 
rotor is whirled by rotation of the eccentric bearing. The eccentric bearin s are 
driven by the three-phase motor @ through the variable-speed drive 6 for 
whirling motion. Since the rotor and the eccentric bearing are driven by different 
motors, the rotor can be spun in the same direction as whirl direction (forward) and 
in the opposite direction (backward), and these spin and whirl speeds are 
continuously 

The 2. 
The working fluid is compressed and transported from the tank 1 to the tank 2. The 
tank 2 acts as an accumulator, and is installed to lower the pulsation of pressure by 
the pump using the air which is in the upper part of the tank 2. The working fluid is 
transported from the tank 2 into the test casing through four pipes, and is 
transported The €est seals have two or 
six strips and are the straight-through type seals. After that, the working fluid is 
returned to the tank 1 by natural draining. Two test casings are prepared, i.e. one 
is made of acrylic resin for the observation of streamline and the other is made of 
stainless steel for the measurement of the flow induced force. 

The rotating speed of the rotor is measured by the pulse of the notched disk 
which is installed on the upper end of the rotor. The whirl frequency of the rotor is 
measured by the measurement of the whirl amplitude of the rotor. The change of 
pressure by the whirl of rotor is measured through the needle of injector, which is 
fixed in the measuring point of the test casing where the middle point between two 
confronted strips corresponds, by the semiconductive pressure transducer. The 
measured signal current is sent to the signal analyser through the D.C. amplifire and 
is analyzed. 

changed from 1.6(Hz) to 5.2(Ha). 
schematic piping of the hydraulic circulating system is shown in figure 

to the measuring part through the rectifier. 

EXPERIMENT I (Observation of flow patterns) 

Two kinds of experiment, that is, experiment 1-1 and experiment 1-2 , are done 
using the acrylic resin test casing in experiment I. And two kinds of test seal are 
prepared, i.e. The flow 
pattern 1-1 
and the circumferential flow pattern is observed in experiment 1-2 . From the limit 
of stress of the test casing, two kinds of entrance pressure, i.e. 122.5(kPa) and 

one has two seal strips and the other has six seal strips. 
of the cross section of the labyrinth chamber is observed in experiment 
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Test procedure of experiment 1-1 (Cross section) 

To observe the cross section of the labyrinth chamber, the stroboscopic light is 
thrown through the slit whose clearance is 1.5(mm) as shown in figure 3 ,  and the 
reflected light of the tracer of aluminum powder is photographed. 

Test procedure of experiment 1-2 (Circumference) 

To observe the circumferential flow of the labyrinth chamber, the light of 
reflector lamp is used and the motion of vortex in the labyrinth chamber is 
photographed using bubble tracer. 

EXPERIMENTAL RESULTS AND CONSIDERATION 

Figures 4 and 5 show the flow patterns of one chamber seal, in which the flow in 
cross section is shown in figure 4 and the circumferential flow is shown in figure 5. 
The flow which through the first seal forms the vortex row in the labyrinth chamber. 
The center of vortex row does not stay and moves sinusoidally as shown in figure 5, 
and the sinusoidal wave moves in the same direction as spin direction at a lower 
speed than rotating speed of rotor as shown in figure 6(a). This phenomenon is clear 
from three photographs of figure 4 that the cross sections of labyrinth chamber are 
taken. is found from these photographs that the vortex moves up and down against 
flow as shown in figure 6(b). 

Figures 7 and 8 show the flow pattern of 5 chambers seal. The flow in cross 
section is shown in figure 7 and the circumferential flow is shown in figure As 
the case of one chamber seal, the flow in each chamber also forms sinusoidal vortex 
row. but there is no 
particular regularity between the phase angles of the vortex rows. Bubble which 
through the first seal is big. It means that the pressure drop in the first chamber 
is high. This result corresponds to the measurement results of the pressure drop in 
each chamber. As the case of one chamber seal, it is found from figure 7 of the cross 
sectional photograph that there are vortexes. 

It 

8. 

The periods of vortex rows in 5 chambers are almost the same, 

EXPERIMENT I1 (Measurement of fluid force) 

Two kinds of experiment, that is, experiment 11-1 and experiment 11-2, are 
performed using one chamber seal and 5 chambers seal in experiment 11. The fluid 
force F which acts on the rotor, and the phase angle 4 between whirl and fluid force, 
are measured in experiment 11-1. The spring coefficients and the damping 
coefficients of the working fluid are measured in experiment 11-2. 

Experiment 11-1 (Fluid force and phase angle) 

The rotating speed is set to the whirl speed, and the change of pressure and its 
phase angle to the whirling motion are measured in each chamber. In case of one 
chamber seal, three points of figure 9(b), that is, @ , @ , and @ , are used and in 
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case of 5 chambers seal, are used. 
And the position of these measuring points is (I11 of figure 9(a). The changes of 
pressure in each chamber are measured from @ to b 6 of figure 9(c) in order. In the 
analysis by the signal analyser, the 10 Hz-low pass filter is used to protect the 
noise of high frequency. Parameters are set to be entrance pressure, eccentricity, 
rotating speed, and direction of rotation. Conditions of experiment 11-1 are shown 
in table 1. 

seven points of figure 9(c), that is, @ to 0 

Experiment 11-2 (Spring and damping coefficients) 

The rotor is spun at the fixed eccentricity without whirling motion, and the 
circumferential pressure distribution is measured. As in the case of experiment 11-1, 
the measuring points are 0 to @ in the position of (111) in figure 9. So, the 
directions of static eccentricity are changed one after another, its procedure is 
(III)+(IV)+(I)+(II) in figure 9(a), and the pressure of each eccentric state is 
measured at the measuring points. Consequently, the circumferential pressure 
distribution of the statically eccentric rotor is measured. The procedure of 
measurement is that, first, the pressure in each chamber is measured one by one when 
the rotor's eccentric direction is one of four directions ((I) to (IV) in figure 
9(a)) and next the direction of eccentricity is changed and the pressure is measured. 
Conditions of the experiment 11-2 are shown in table 2. 

ANALYSIS OF MEASURED DATA 

The data obtained in experiment I1 are the maximum change of pressure APmax, the 
phase angle of pressure to the whirl motion L@ and the change of the circumferential 
pressure distribution APr when the rotor is spun without whirl. So, first, the x and 
the y directional force Fxo and Fyo are obtained from APmax and L@ when the rotor is 
whirling. Next, the principal spring coefficient K, and the cross coupled spring 
coefficient Kyx are obtained from Apt. And last, the principal damping coefficient 
Cyy and the cross coupled damping coefficient C are calculated using the equation 
of fluid force and the expression is similar to x a t  of the journal bearing. 

It is assumed that the circumferential pressure distribution in the whirling 
motion is circular and the center of it is Op as shown in figure IO. Thus, the change 
of the circumferential pressure distribution in the chamber AP is given as; 

The x and y direction components Fxo and Fyo of the fluid force are obtained by using 
equation ('1 ) . 

Fxo =-IzK(AP 0 COS Y ) l R s d  'p 
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Then the fluid force and its phase angle acting on the rotor are as follows; 

-1  Fxo 
$=COS F, 

where Rs is radius of rotor and Ais strip pitch. 
On the other hand, Kxx and K are obtained from the change of the 

circumferential pressure distribution A$? when the rotor is spun and no whirl with 
the fixed eccentricity, 

where e is eccentricity of ro to r .  AP1 are measured for four cases, that is,'p=O, 'p= 
~ / 2 ,  'p=-rr, and 'p=3nr/2, and are approximated to a circular distribution, as the case of 
AP, as follows; 

AP'=AP'maxCOS(Y+$'- ( 8 )  

where Aptmax is the maximum change of pressure and 4 '  is the phase angle between the 
position of APlmax and the maximum clearance. 
So, the principal spring coefficient Kxx and the cross coupled spring coefficient Kyx 
are obtained as follows; 

Last, the expressions of fluid force induced by labyrinth seal are obtained as 
follows ; 

where 
Then 
as follows; 

Fx and Fy are the function of time and w, is critical speed of rotor system. 
equations (11) and (12) are considered at the same time as equations (2) to (5)  

FXO = -Kxxe -WnCxye (13) 

Fyo= -Kyxe - W C e (14) n YY 
Substituting equations ( 2 ) ,  (3 ) ,  ( 9 )  and (IO) into equations (13) and (1.4)) the cross 
coupled damping coefficient Cxy and the principal damping coefficient Cyy are 
obtained. 
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EXPERIMENTAL RESULTS AND DISCUSSION 

Experiment 11-1 (Fluid force and phase angle) 

Figure 11 shows an example of wave mode of the signal analyser. The upper part 
is the wave of the rotor's whirl, change 
in the chamber. The noise of this wave is pressure disturbance induced by turbulent 
flow. It is found from figure 11 that there is phase lag between whirl and fluid 
force . 

In the 
case of one chamber seal, the fluid force increases with the increase of eccentricity 
in every condition of both entrance pressures and whirl directions. In many cases, 
the fluid force increases with the increase of rotating speed. But in the cases of 
the decrease 
with more than a certain rotating speed. The phase angle d, is constant, of which 
value is about 31~/2(rad) in all cases. 

Experimental results of 5 chambers seal are shown in figures I4 to 19. First, 
the discussions about the forward precession are as follows. The fluid force in each 
chamber increases with the increase of the entrance pressure. The fluid force in the 
1st chamber is more remarkably affected than the others by the rotating speed. The 
fluid force in the other chambers varies hardly or  increases slightly with the 
increase of the rotating speed. And the fluid force increases with the increase of 
the eccentricity. The change of fluid force is shown in figure 16. This is the case 
that the rotating speed is 3.l(Hz) and the tendencies of the fluid force do not 
change in the other cases. and in the 
other chambers after the 3rd chamber it gradually increases. The fluid force of the 
whole labyrinth seal F increases with the increase of rotating speed, entrance 
pressure or eccentricity (fig. 15). The phase angle d, is constant at about 3~/2(rad) 
and has no relations to entrance pressure, rotating speed, and eccentricity, except 
for the case in the 2nd chamber. The phase angle in the 2nd chamber is changed by 
conditions. The reason of this phenomenon is considered as follows. Since the fluid 
force in the 2nd chamber is small, there is no remarkable difference between the 
pressure disturbance induced by turbulent flow and the change of pressure induced by 
whirl. Then, to obtain the accurate phase angle is difficult. In the case that 
eccentricity is large i,e. l.O(mm) and the fluid force is greater than the other 
cases, the phase angle d, is constant by about 3~/2(rad). Thus, it is considered that 
the phase angles d, in all chambers are constant by about 3~/2(rad) and have no 
relation to parameters. In case of backward precession, the tendency of the fluid 
force is almost same as the case of forward precession. And the fluid force of 
backward precession is more remarkably affected than that of forward precession by 
the rotating speed. 

and the lower part is that of the pressure 

Experimental results of one chamber seal are shown in figures 12 and 13. 

high entrance pressure and forward precession the fluid force tends to 

The fluid force in the 2nd chamber decreases, 

Experiment 11-2 (Spring and damping coefficients) 

Part of experimental results of the spring and damping coefficients are shown in 
figures 20 to 31. Variation in each figure may depend on the accuracy of instrument 
and measurement. K,, and Kyx have no relation to the rotating speed of rotor. K, 
increases with the increase of entrance pressure, but KF has no relation to entrance 
pressure. K, and Kyx decrease during the working fluid flows from the 1st chamber to 
the 5th chamber. Cyy and Cxy have no relation to entrance pressure and rotating 
speed. the 
5th chamber. 

And Cxy increases during the working fluid flows from the 1st chamber to 
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CONCLUSIONS 

In this paper, the flow patterns of one chamber an 
investigated, and the fluid force and its phas 
force are experimentally obtained. The conclusi 

In the chamber, the vortex forms the sinusoidal wave and its wave moves in the 
same direction of rotation in the circumferential direction. Observing a 
certain cross section of seal chamber, the center of vortex moves up and 
down periodically. 

The fluid force and its phase angle of one chamber seal are qualitatively 
with 5 chambers seal. 

agree 

The fluid force increases with the increase of entrance pressure, rotating 
speed or eccentricity. 

The fluid force in the 1 s t  chamber and the 5th chamber of the 5 chambers seal, 
that is, the fluid force of entrance and exit part of labyrinth seal, is great, 
and the fluid force in the middle region of labyrinth seal is small. 

The phase angle of fluid force is constant and has no relation to all 
parameters. 

The principal spring coefficient increases with the increase of entrance 
pressure, and it decreases from the 1st chamber to the 5th chamber. The damping 
coefficients have no relation between entrance pressure and rotating speed. 

This study is supported by Scientific Research Fund of the Ministry of Education 
No. 565501 80 ( 1981 -1 982) and No. 585501 72 (1 983) 
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TABLE 1 EXPERIPENT II-1 
EXTERIPENTAL COIWITION 

I , 

@ .SEEAFT 
@ .PULLEY 

@,a. VARIABLE-SPEED DRIVE @,a . THP,EE-P,U,SE FIOTOR 

F 
-3 

Figure 1.  - The schematic layout of the test a p p a r a t u s .  
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0. TANK 1 
@ ,DORAIN 

@ .TANK 2 

@ .PRESSURE GAUGE 
@-@ .VALVE 

0. P W  

(accumlator)  

Figure 2 .  - The schematic piping of  t h e  c i r c u l a t i n g  system 

Figv.re 3 .  - The schematic layout  of t h e  v i s u a l i z a t i o n a l  appara tus .  
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Figure  4 .  - Cross s e c t i o n  of one chamber seal. 
- 

Figure  5. - The movement of v o r t e x  row i n  one chamber seal. 
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31.111 
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Figure 8. - The movement of vortex row i n  5 chambers seal. 

Figure 9 .  - The measuring poin ts  o f  pressure  i n s t a l l e d  on 
the  test  casing, 
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Figure 10. - The assumption of the circumferential 
pressure distribution. 
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Figure 11. - An example of the anaiytic wave. 
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Figure  1 2 .  - F l u i d  f o r c e  and phase angle  of  one chamber seal .  
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Figure  20-  - Spr ing  c o e f f i c i e n t s  i n  t h e  1st  chamber 
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Figure  21. - Camping c o e f f i c i e n t s  i n  the 1st  chamber 
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PREDICTION OF FORCE COEFFIC'IcrElfflcs FOR LABYRIElTH SEALS 

Otto W. K. Lee, M. Martinez-Sanchez, and Eva Czajkowski 
Massachusetts Institute of Technology 

Cambridge, Massachusetts 02139 

1. Introduction 

Fluid-dynamic forces arising from nonuniform pressure.patterns in labyrinth seal 
glands are known to be potentially destabilizing in high power turbomachinery. A 
well documented case in point is that of the space Shuttle Main Engine turbopumps 
(ref. l), and other examples can be found in the literature, as for instance in the 
recent review of Ehrich (ref. 2) and Childs and Ehrich (ref. 3). Seal forces are al- 
so an important factor for the stability of shrouded turbines, acting in that case in 
conjunction with the effects of blade-tip clearance variations (refs. 4,5). 

The basic mechanisms which produce the uneven pressure distribution in a laby- 
rinth have been qualitatively or semi-qualitativelx discussed in many references 
(refs. 6,7). 
glands, either from pre-swirl (as in the case of turbine shrouds) or from frictional 
interaction with the rotating shaft (as in multichamber jet engine seals). Quantita- 
tive modeling of these forces has also been reported by a number of authors (refs. 8, 
9,10), using lumped-parameter models for each gland. 
predictions of the direct and cross-wise stiffnesses and damping coefficients for 
small shaft displacements, and are useful for linear stability analyses. Non-linear 
predictions for fully developed unstable operation are less advanced. 

In most instances, the basic agent is found to be flow swirl in the 

These models yield in general 

Fairly extensive data also exist on the stiffness factors of seals of various geo- 
metries (refs. 4,5,11,12,13). These have been generally obtained in rotary rigs with 
adjustable shaft eccentricity. Much less satisfactory is the situation with respect 
to data on damping coefficients due to labyrinth seals, since these require dynamic 
measurements on either vibrating shafts, or shafts fitted with adjustable whirl mech- 
anisms. Yet these data are almost as essential as those on stiffnesses, since the 
corresponding induced forces are of the same order. Ref.(13) reports damping data 
for non-rotating shafts. 

In this paper we report on the development of a linear model for the prediction 
of labyrinth seal forces and on its comparison to available stiffness data. We also 
present a discussion of the relevance of fluid damping forces and report on the pre- 
liminary stages of a program to obtain data on these forces. 

2. Model Formulation 

The model is very similar in its main outline to those of Kostyuk (ref. 8) and 
Iwatsubo (ref. 9). It describes the flow of an ideal gas through the seal chambers, 
assuming largely constant kemperature, but allowing for isentropic acceleration to- 
wards the narrow gaps and also for isentropic azimuthal flow redistribution in each 
chamber. 
quantities are governed by equations of mass ana azimuthal momentum conservation, 
written in integral form. 

Each chamber is assigned a pressure P. and azimuthal velocity ci, and these 

The axial flow rate q through each seal throttling is approximated by a commonly 
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used expression, which basically derives from Bernoulli's equation with a density 
halfway between those of the two adjacent chambers. 
direction, this gives 

Per unit length in the azimuthal 

where 6, is the width of the narrow gap (see fig. 1) and pi = c Bi is the product of 
the usual contraction coefficient c times a carryover factor B i to account for 
nonzero upstream axial velocity and nonzero pressure recovery in the downstream cham- 
ber. Eq. (1) is assumed to apply locally at each time t and azimuth @. This semi- 
incompressible approximation is known to be reasonable up to gap Mach numbers of 
about 0.5 ;  however, the last gap or two of a labyrinth with a high overall pressure 
ratio may be above that M ach number, and, in particular, the last chamber may choke. 
We have partially accommodated this effect by retaining Eq. (1) throughout, but re- 
placing it by a choked-flow expression in the last chamber only if the first approxi- 
mation indicates sonic or supersonic conditions there. 

C 
C 

With reference to the geometry of fig. 1, the governing equations within each 
chamber are 

These equations are first linearized about a condition of zero eccentricity. The 

The first approximation then provides 

* zero'th order approximation provides a basic flow rate q 
velocity distributions P$ , c; , (Appendix 1). 
linear equations for the perturbations, defined by 

and pressure and azimuthal 

where si, Si, q 
equations are determined by an assumed eccentric motion of the shaft, whose center 
follows an elliptic path 

are functions of t and w = Rs+ . The right hand sides of these i 

= r sin S2t 
C 1 YC 2 
x = r cos S2t ; (5) 

where R is the shaft vibration frequency, closely identified with one of its natural 
frequencies. 

The details of the analysis are given in references 14 and 15. For convenient 
solution, the perturbations (for a stationary oscillation) are expressed in the form 

* 
( 6 )  iRt * 6 = Re [e (tssin @ + Eccos @)]  , etc. 
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A h  

where R 
elimination of 5 

indicates the real part, and E,, 5, are in general complex nunbers. After 
the following system of perturbation equations is obtained: i y  

< 

-F 0 0 0  

0 -Fi 0 0 

i 

i+l 5 ,  

5, 

nS 

nC 

A 

i+l 

A 

i+l 
A 

\ i+l 

-Qi O - S .  0 
1 

0 -Qi 0 -Si 

+ 

- D O 0 0  i 

0 -Di 0 0 

- 0 0 0 0  i 

0 -oi 0 0 

A 

5 ,  
A i-1 

‘ C i - ~  A + 

L l  A 

1 Ei+ iMi -B 0 -C i 

Bi Ei+ iMi ‘i 0 

-Ni Pi+ iQKi -M R.+ Is2Li i 1  

Pi+ iQKi Ni Ri+ i m i  Mi 

I 
1 

-Z.r- + SW.r 
1 1  1 2  

iRJ r - iZ.r 
i 1  1 2  

-Y.r + (-iW 
1 1  i 

(Vi+ imi)rl- 

+ slYi)r 

iY.r 
1 2  

(7) 

The expressions for the coefficients Ai Bi , ... , Z. are given in Appendix 2. 
The calculations reported 1 For a seal with K chambers, i would range from i = 1 to K. 

here have assumed uniform inlet and exit conditions. 
* 

The forces are then obtained by integration of the perturbation pressures P.c (4) a i  around the periphery of each chamber, followed by summation for all chambers. Since 
our attention will be restricted to the practical case of circular whirl (rl= r2= r), 
it is advantageous to project the forces in the directions towards the instantaneous 
minimum gap (Fd) and 90” ahead of it in the whirl direction (F ), as shown in fig. 2. 
We obtain q 

These components can be expected to be time-invariant for a symmetric shaft in 
circular whirl. 
that we must have 

For this case, the form of the system of equations (7) indicates 

A * A A 
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and the system (7) reduces to 

- Fi 0 

- Qi - Si 
i-1 

E. + i (-Bi+ !&Ii> 

P. + i (-Mi+ RKi> 

- iCi 

Ri+ i(-Ni+ mi> 

1 

+ 
1 

- Z. + QJi 
1 i+l - 

Also, the complex force vector F + i F is found to be given simply by 
di qi 

A * 
Fd + i F = T Rs Pi (- i 5, )ai 
i qi i 

whereas, if the forces Fx and F along fixed directions Ox, Oy are desired, they 
are given by Y 

iRt F + i F  =(Fd + i F  ) e  
'i i qi X i 

3. The stiffness and damping coefficients 

Most data reported to date on seal forces refer to situations with a static off- 
Within a linear approximation, it is then unambiguous to de- set, i.e., with R = 0. 

fine the direct and crosswise stiffness K 
In practice, however, unstable whirl is o%$dbyto occur at or neag (one of) the 
shaft natural frequencies, usually at the first one, R 
rotational frequencies w of the order of twice this na?ural frequency). 
of dynamic modeling, then, it is of interest to calculate or measure the forces for 
R 
real and imaginary departures of R from its basic resonance value. 
sion for the disturbance forces in terms of the x 
is 

as - Fd/r and - F /r $ respectively. 

(and it first shows up at 
For purposes 

Ro , since the fluid disturbances are expected to translate into relatively small 
A common expres- 

yc deviations of the shaft center 
C 

. - 
( F x - -  Kxxxc + Kxyyc - cxx xc + cxyyc 

where the stiffnesses K. and damping factors C are taken to be constant. This 
amounts to an approximadon in which terms propo2tional to 
neglected. 

i' ... x etc. , are all 
c y  c y  It is easy to show that the corresponding approximation in terms of R is 
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one where the actual functions F (R), F (R) are replaced by their tangents at the fre- 
quency of interest: d 4 

( Fq(R) e Fq + F (R - Ro) 
ql 0 

and then the K and C coefficients are given by 

Thus, determination (either analytical or experimental) of F , F at two whirl- 
ing frequencies near R 
formulation. 

is sufficient to extract the K and C coefficieats in this 
0 

An alternative formulation is often found in the literature (refs. 8,9,15) and 
is, in fact, the basis for the results presented here. Analytically, it consists of 
solving the system of equations (7) for r2 = 0 ,  i.e., for a linear vibratory shaft 
motion, and adscribing to.-K x those forces F , F in time phase with x 

shown that this leads 
xx c gxyxc those in quadrature with x . It can be C Y  while attributing to -C x -c x C xy to the definitions xx c 

A geometrical interpretation of the difference between equations (15) and (16) 
is shown in fig. 3. Experimental or analytical determination of the set (16) of co- 
efficients requires data on F and F at both R and -R. 

d 4 

The K’s and C’s given by (15) and (16) coincide only if F and F are linear 
literature d functions of R. 

with little elaboration, it would be of interest to study the extent to which this 
leads to numerical differences; pending this, we will in this study adopt the defini- 
tions (16). An example for a single-chamber seal is shown in Appendix 3 .  From this 
limited evidence, it appears that the important coefficients K C are about the 
same in both definitions. 

Since either definition may be used in the 

xy’ xx 
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4. Comparison to Literature Data 

4.1 Data Used 

Benckert and Wachter have published an extensive set of data (refs. 11,16) for 
multichamber labyrinth seals of simple "straight" or "full" types (fig. 4). The 
data were taken in a static-offset rig operating on pressurized air, and induced 
forces were obtained by integration of measured azimuthal pressure variations on a 
number of seal cavities. The experi- 
ments allowed variation of shaft speed, W, overall pressure ratio P /P , rotor 
eccentricity r, seal geometry (6i , Ri , h. , Fig. l), number of c hamber s 
and entry swirl c* . The seal flow ra%e q was measured and an averaged carry- 
over factor 1-1 
our calculations we used these "measured" factors when available directly; in other 
cases, we adopted values measured for chambers of the same geometry, or, for the 
"full" type of seal, where little carryover is expected we used l~ = 1. 
tion coefficient c 
given by Vermes (rgf. 17) (fig. 5). 

Labyrinths with up to 23 chambers were used. 

atm o 

wag deduced from these data and reported in a number of instances. In 

The contrac- 
was taken as a function of Reynolds number and strip geometry as 

Data of Brown and Leong (ref. 18) were also used for validation of the undis- 
turbed flow predictions . 
4.2 Undisturbed Flow Parameters 

Figure 6 compares Brown and Leong's data on the axial pressure distribution in 
an 11-chamber test seal with our calculated undisturbed pressure distribution. 
is good agreement except for the sharp pressure drop shown by the data between the 
inlet and the first chamber. This is probably a reflection of a reduced carry-over 
factor on the first strip; the calculation used a constant 1-1 (the value used is ir- 
relevant to the comparison). 

There 

Benckert and Wachter reported for one particular case the axial variation of 
azimuthal velocities cz . 
Pa/Po = .66, Rs = 0.15 my w = 1000 rad/sec, rl = 0.25 mm, r2 = 0, 6" = 0.5 mm, 
R.  = 4 mm and hi = 6 mm. The data are shown in figure 7, together with the code pre- 
dictions. The good agreement shown is important for the prediction of disturbance 
side forces, which depend critically on swirl velocities. These results appear to 
validate the formulation used for the friction factors between the fluid and the 
stator and rotor surfaces (turbulent pipe flow formulae with a standard correction 
for "pipe" curvature). 

This was for a 23-chamber seal with c: = 40 m/sec, 

* 

4.3 Stiffness Coefficients Without Shaft Rotation 

The cross-spring coefficients K = - K for a number of cases from Benakert 
XY and Wachter's tests with a non-rotatxng shaft were calculated and the results are 

summarized in Table 2 and figure 8. The key in Table 2 describing the tjest para- 
meters is explained in Table 1. 

The eccentricity r1 used in the tests was 0.15 mm, except for Run 17, which had 
rl = 0.25 mm. 

240 



Table 1. Key for Table 2 (2nd column) 
~ 

(Type, h, 6 ,  2) 

Type h: chamber height 6: clearance 2: pitch 

S = Straight-through 0 = 2.75 mm 0 = 0.25 mm 0 = 5 m  

F = Full-interlocking 1 = 6.25 mm 2 = 0.5 mm 1 = 8 m  
3 - 6  mm 2 = 4 m m  

As figure 8 illustrates, the calculated values are somewhat lower than the data 
(about 19% for series (s,O,O,O), 5% only for series (s,l,O,O)). The trends of the 
calculation are in agreement with those observed in the tests. 
is seen in figure 9 to be approximately proportional to.inlet swirl and to overafff 
pressure ratio, both in the tests and in the calculations (although, as mentioned, 
with a somewhat lower proportionality factor in the latter case). 

In particular, K 

4.4 Stiffness Coefficients with Shaft Rotation 

Results similar to those in the previous section, but including various shaft 
speeds are given in Table 3 and figure 10. 
whirl, fi = 0 )  , and is 0.25 mm in all cases. 
correlate entry swirl, and is 

The eccentricity is still static (no 
The parameter E; was used in Ref. 11 to 

The comparison of data and theory shown in figure 10 indicates more scatter, but 
less systematic deviation than in the cases without shaft rotation (figures 8 and 9). 
The agreement is best for all the cases with 17 chambers (solid symbols in figure lo), 
which show an average error of 8.5% and little scatter. 

4.5 Discussion 

The two principal sources of uncertainty in our calculations are the friction 
factors ( A ' ,  A") and the carry-over coefficient f3. The friction factor could in 
principle be substantially increased by the relative rotation of shaft and casing, 
since the fluid in each chamber is strongly sheared and develops marked secondary 
flow patterns, leading to enhanced mixing. 
lated case of turbulent pipe flow with swirl does indeed show friction increases of 
up to a factor of four at high swirl. 
the complex flow conditions of a labyrinth gland is not possible at this time, and 
this is an area requiring more experimental and analytical work. 

Examination of datal'for the somewhat re- 

An accurate prediction of wall friction under 

The impact of friction factor inaccuracies on calculated cross-spring coeffici- 
ents could be important, although not easily generalizable. In general, the cross- 
forces increase with the deviation between the swirl velocity and its frictional 
equilibrium value. 
ate the approach to this ultimate swirl, thus reducing the number of chambers where 
the excess or defect swirl is strong and thereby reducing the magnitude of Kyx 

An increase in wall friction in a non-rotating seal will acceler- 
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(whether positive or negative). 
tion coefficients, and especially for long multichamber seals. However, for short 
seals and weak frictional coupling a different effect dominates, namely the cross- 
stiffness tends to a limiting value independent of shaft rotation and in the direc- 
tion of the inlet swirl. An example of this behavior for a one-chamber seal is pre- 
sented in Appendix 3, figure A2,  where it can be seen that for this particular case, 
increasing friction would lead to increases in IK 
seals and large friction is illustrated in figureYX 
Table 2 ;  here, an increase of the friction factor above the nominal value leads to a 
reduced K 
effect . 

This trend is always apparent at large enough fric- 

I. The behavior typical of long 
11, corresponding to case 1 of 

although a reduction by more than about 0.6 would lead to the same 
YX' 

The carry-over coefficient $ is clearly another source of uncertainty in the 
model. 
ted in figure 1 2 ,  corresponding to parametric variations on Run 11 of Table 2 ,  and 
figure 13 (from Run 7 of Table 3). 
the fact that in figure 1 2  the entry swirl is greater than its asymptotic value 
(reached after an infinite number of chambers), while the opposite is true in figure 
13. In both cases, an increase of 1-1 increases the flow rate q ,  which has the effect 
of delaying the transition towards the asymptotic c* ; in figure 12 this means higher 
c? in the first 10-12 chambers, with correspondingly larger cross-forces; in figure 
13, the same delaying effect at higher 1-1 implies lower ct values in the first 6-8 
chambers, and, consequently, lower cross-forces. 

The sensitivity of calculated cross-stiffness to $ (or 1.1 = $cc) is illustra- 

The opposite trend in these two cases is due to 

Unfortunately, the state of the art in a pr;ofi  predictions of $ is not satis- 
factory. A fuller discussion of this point is given in reference 15. Basically, the 
best-known models (Vermes (ref. 17), Egli (ref. 2 0 ) ,  Komotori (ref. 21) ) ,  indicate 
substantially different variations of the carry-over factor with number of chambers, 
with Vermes' model taking no account of this number at all. The best hope here lies 
with the numerical methods which are now beginning to be applied to internal flow 
problems in seals, although the somewhat primitive state of affairs with respect to 
calculations of fully separated turbulent flows still indicates a need for improve- 
ments. Thus Wadia and Booth (ref. 22) analyzed seal flows with no rotation and ob- 
served discrepancies of up to 13% in calculated flow coefficients when compared to 
data. For dynamics studies in seals, these 2-D or 3-D methods may, in any case, be 
too laborious; their proper role should probably be in furnishing improved semi- 
empirical results for integration into a simple multi-chamber lumped-parameter model, 
of the type considered here. 

5. Parametric Studies 

Reference 15 includes a variety of calculations that illustrate the trends of 
the force coefficients versus variations of seal parameters. 
ient results will be mentioned here. 

Only some of the sal- 

(a) K increases linearly (but not proportionally) with entry swirl velocity. For 
conditions where the entry swirl exceeds the asymptotic azimuthal velocity, K 
generally positive, leading to excitation of forward whirl (with respect to yx the 
swirl direction). There is in some 
cases a value of entry swirl at which K 

(b) 
negative K 
values. 

is 

The reverse may be true at lower entry swirls. 
is zero. 

YX 
For multichamber seals with low entry swirl, the first few chambers contribute 

values, while those towards the end of the seal contribute positive 
yx Thus as the seal i s  made longer, the sign of K may at some point 

YX 
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reverse. 
such reversal occurs. 

For seals where the entry swirl exceeds the ultimate azimuthal velocity, no 

(c) 

those due to K . 
6. Considerations on Fluid Damping 

The damping coefficient Cx , which, together with K controls the side force F 
is positive in all cases studiez, leading to stabilizingYforces of the same order as qY 

This point will be more fully discussed in what follows. YX 

An example of calculated damping coefficients is shown in figure 14 (correspond- 
ing to the seal configuration of Run 1 in Table 3). A whirl (critical) frequency of 
739 rad/sec was assumed; at the commonly found ratio w/Q = 2 for instability onset, 
C = 220 N sec/m , giving QC = 1.626x105N/m. This is several times larger than 
Kxx and indicates that seal damping forces are in this case sufficient to en- 

Another example of this behavior is shown by the single-cavity 
seal of Appendix 3; here + QCxx is roughly comparable to K 

A very simplified dynamic model will help to put in perspective the roles of the 
different coefficients in stability analysis. Assuming a shaft with mass M and struc- 
tural stiffness K 
combined into 

xx 

YXysure stability. 
(but smaller). 

YX 

the equations of motion for small side displacements x,y can be 
0' 

A 
A .  

M i ' + C z + K z = O  (18) 
A A 

whereC=C + i C  , K = K  + K  + i K  a n d z = x + i y .  

Assuming K K 
the case in practice, we can define the (small) nondimensional Parameters 

xx XY 0 xx XY 

c2 / 4 ~  and c* /4M are all small compared to KO, as is likely to be 
xxy xy' xx XY 

Then a simple analysis shows that, to the first approximation, the shaft complex 

displacement ? will vary as e'st, where 

Thus any nonzero k will be destabilizing (in one or the other whirl direction), 
while a negative 5 wifx be always destabilizing; k and 5 will simply modify 
the shaft natural XXfrequency. 
- L? Cxx are seen to be equivalent. 

Also, the effects of $&a1 vafzes of IK I and 
XY 

This discussion has served to indicate that knowledge of the damping factor C xx is at least as essential to studies of fluid-induced destabilizing forces as is 
the side force factor K Yet, due to the more difficult experimental conditions, 
much fewer data are ava?YHble on C 

xx XY 
than on K . 
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We are now in the design stage of a test rig intended to address this problem. 
The general size and flow parameters will be similar to those used by Benckert and 
Wachter, but the sealed shaft will be made to execute forced whirling motion at 
speeds controlled separately from the spinning motion. 
be dynamically measured and integrated to produce Yalues of the direct and transverse 
forces F , F for a range of whirl speeds $2. Both K and C coefficients can then be 
extractei by !he methods described in this paper. 
of a rig described in reference 23 fior tests in water. 

Pressure distributions will 

These features are similar to those 

7. Conclusions 

A linear analytical model for the prediction of fluid forces in labyrinth seals 
Comparison to literature test data shows reason- 

The importance of the damping 
has been presented and discussed. 
able agreement for the important cross-stiffness K 
factor Cxx has been highlighted and the need for yx'damping data made clear. 

1. 

2. 

3. 

4. 

5. 

6 .  

7. 

8. 

9. 

10. 

References 

Ek, M.C., "Solution of Subsynchronous Whirl Problem in the High Pressure Hydro- 
gen Turbomachinery of the Space Shuttle Main Engine." 
Conference, 78-1002, July 25-27, 1978. 

SAE 14th Joint Propulsion 

Ehrich, F.F., "Identification and Avoidance of Instabilities and Self-Excited 
Vibrations in Rotating Machinery," ASME Paper 72-DE-21, Oct. 1979. 

Ehrich, F.F. and Childs, D., to appear in the ASME Journal. 

Wohlrab, R., "Experimental Determination of Gap Flow-Conditioned Forces at Tur- 
bine Stages and Their Effect on the Running Stability of Simple Rotors." NASA 
TM-77293, Oct. 1983 (Translated from Doctoral Thesis at the Muenchen Tech. Univ., 
1975). 

Urlichs, K., "Clearance Flow-Generated Transverse Forces at the Rotors of Turbo- 
machines." NASA TM-77292, Oct. 1983. (Translated from Doctoral Thesis at the 
Muenchen Tech. Univ., 1975). 

Pollman, E., Schwerdtfeger, H., Termuehlen, H., "Flow Excited Vibrations in High- 
Pressure Turbines (Steam Whirl) ." 
Alford, J. S . ,  "Protecting Turbomachinery from Self-Excited Rotor Whirl." 
Journal of Engineering for Power, October 1965. 

Kostyuk, A.G., "A Theoretical Analysis of the Aerodynamic Forces in the Laby- 
rinth Glands of Turbomachines. Teploenergetica, 1972, 19 (11) , pp 29-33. 
Iwatsubo, T., "Evaluation of Instability Forces of Labyrinth Seals in Turbines 
or Compressors." NASA CP 2133, May 1980. 

Childs, D. W. , "Dynamic Analysis of Turbulent Annular Seals Based on Hirs Lubri- 
cation Equation." ASME Tr., Journal of Lubrication Technology, Vol. 105, pp 429- 
436. Also, "Finite Length Solutions for Rotordynamic Coefficients of Turbulent 
Annular Seals." Ibid., pp 437-445. 

244 



11. Benckert, H. and Wachter, J. , "Flow-Induced Spring Coefficients of Labyrinth 
Seals for Application in Rotor Dynamics." NASA CP 2133, May 1980. 

12. 

13. 

14. 

15. 

16. 

17. 

18. 

19. 

20. 

21. 

22. 

23. 

Wright, D.V., "Air Model Tests of Labyrinth Seal Forces on a Whirling Rotor.'' 
Journal of Engineering for Power, Trans. ASME, Vol. 100, p 533, 1978. 

Childs, D.W. and Dessman, J.B. , "Testing of Turbulent Seals for Rotordynamic 
Coefficients." NASA CF 2250, pp 157-171, May 1982. 

- 

Celorio-Villase$or, A., "Analysis of Disturbing Aerodynamic Forces in Labyrinth 
Seals." MS Thesis, Dept. of Aeronautics and Astronautics, MIT, September 1982. 

Lee. O.W.K., "Prediction of Aerodynamic Force Coefficients in Labyrinth Seals." 
MS Thesis, Dept. of Aeronautics and Astronautics, MIT, February 1984. 

Benckert, H., "Stromungsbedingte Fedeskennwerte in Labyrinthdichtungen." 
Doctoral Thesis, Univ. of Stuttgart, October 1980. 

Vermes, G . ,  "A Fluid-Mechanics Approach to the Labyrinth Seal Leakage Problem," 
Journal of Basic Engineering, Tr. ASME, Series D, Vol. - 82, No. 2, June 1960, 
pp 265-275. 

Leong, Y.M.M.S. and Brown, R.D. , "Circumferential Press Use Distribution in a 
Model Labyrinth Seal, NASA CP 2250, May 1982. 

Nissan, A.H. and Bresan, V.P., "Swirling Flow in Cylinders," A.I. Ch. E. Journal, 
Vol. - 7, No. 4, Dec. 1961, pp 543-547. 
Egli, A., "The Leakage of Steam Through Labyrinth Seals," Trans. ASME, Vol. 57, 
1935, pp 115-122. 

Komotori, K., "A Consideration on the Labyrinth Packing of Straight-Through Type 
Seals," Nihon Kikai Gakkai, Trans. J.S.M.E., Vol. - 23, No. 133, 1957, pp 617-623. 

Wadia, A.R. and Booth, T.C., "Rotor Tip Leakage: Part I1 - Design Optimization 
Through Viscous Analysis and Experiment." 

Adams, M.L., Mackay, E., and Diaz-Tous, I.A., "Measurement of Interstage Fluid- 
Annulus Dynamical Properties." 

ASME Paper 81-GT-72. 

NASA CP 2250, pp 147-156, May 1982. 

Appendix 1. The Unperturbed Solution 

Squaring Eq. (1) and adding for all chambers yields for the nominal flow rate 
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Also, adding for the first n chambers only gives 

with 

n 

The momentum equation (Eq. (3)) becomes in the steady state 

* *  * 
q(ci-c i-1 ) + T f U ' - T ; U " = O  

1 -  1 "  *2 Ti - 3 Pi A' ci 

and A (the Darcy friction factor) given by a modified pipe-flow expression 

112 0.25 Dh 
0*3164 [l + 0.075 Re (-1 1 x sign (vREL) A =  
Re 2RS 
0.25 

(A-3) 

(A-4) 

(A-6) 

Here R 
flow velocity for fixed or rotating surfaces. The factor sign (v ) is needed 
to give the forces T; , T; their proper direction. Thus, we append t%sLfactor sign 
(e!) to A' and the factor sign (wR 
cafculations of Appendix 2. Dh is the gland hydzaulic diameter. Eqs. (A-3) 
through (A-6) can be solved for the distribution c. of azimuthal velocities. In 
particular, the asymptotic velocity (ct ) follows from (A-3) when cp = C T - ~  is 
assumed. 

is the Reynolds number based on chamber height and the corresponding relative e 

- c;) to A" , both here and in the first order 
S 

* * *  
Let the transverse area of a gland (fig. 1) be f. = (h. + 6.)Ri in the centered 

An asterisk on any variable denotes the unaistur8ed (centered) condition. 1 position. 
We obtain for Eq. (7) the following coefficients. 

* * *  * *  
'i fi c f  - i i  c. = - -- fi A = -  

= Rs i Y  Bi R~ y 
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- 'i-1 *2 I-li *2  6i2 

p; q* 
Fi - Ji = Ri 

* 
ci Ri 

zi = - 
RS 

* 
2ci fi 

RS 

- - 
Ni 

Qi = 

* 
C * 
i-1 p. 

'i 'i 
* s.  = 7 

1 

- xi - Ri 

* * C 

wi=5L(T 1 --- i-1 1 * * 
Pi 6i+1 c i 6i 

* 
ci Ri 

Yi = - 
RS 

Here y is the ratio of specific heats and R the gas constant. 
g 

Appendix 3. "Local" vs . "Global" Coefficients 
Sample calculations were made for a single-chamber straight-through seal with 

6 = 0 . 2 5 m . ,  R = 8 m . , h = 3 m m . ,  Rs = 15 cm., w = 1000 rad/sec, eo = 100 m/sec, 
P = 1.5 atm, P = 1 atm . For a range of whirl frequencies from R = 0 to R = 750 

radlsec, thea resulting direct and quadrature forces are shown in figure Al. 
quadrature force F , which is the one of importance for stability considerations, is 
seen to be very 
and the global. definitions of the coefficients (Eqs. (15) and (16), respectively). 

0 The 

nearly linear with R, indicating no difference between the local 
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There is, 
lated for 

Local 
Global 

on the other hand, a slight curvature in the F line. The values calcu- 
52 = 500 rad/sec are as follows: d 

Kx,(N/m) Kyx(N/m) Cxx(N sec/m) C (N sec/m) 
YX 

(Eqs. (15)) 6 10 11350 + 13.7 - 0.95 
(Eqs* (16)) 652 11480 13.98 - 1.02 

For the same seal, with 52 = 0 throughout, figure A2 shows the effect of para- 
metric variations of the friction coefficients (A’ and A“ varied simultaneously) at 
various shaft rotation speeds. 

Table 2. K Calculated vs. Experimental (w = 0) 
YX rot 

“yx 
Exper. Calcula. 

(x lo5 N/m) 
c*O 

Run Seal Type K ‘a/‘o (m/s) p 

1 S , O , O , O  17 .66 38.4 .92 .75 .611 
2 S,O,O,O 17 .32 52.9 .92 2.57 2.091 

4 S,l,O,O 17 -66 33.4 1.02 .27 0.274 

6 S,l,O,O 17 .56 39.0 1.02 .457 0.410 

a s,o,o,o 17 .49 63.5 -92 1.89 1.586 
9 S , O , O , O  17 .39 54.3 .92 2.22 1.747 
10 S , O , O , O  17 .79 15.6 .92 .184 0.160 
11 S , O , O , O  17 .49 64.2 .92 1.75 1.605 

3 S,l,O,O 17 .32 68.3 1.02 1-57 1.45 

5 S,l,O,O 17 .66 48.5 1.02 .423 0.411 

7 S,l,O,O 17 .79 38.2 1.02 .218 0.224 

12 S,O,O,O 17 -49. 34.5 .92 1.05 0.807 
13 S,l,O,O 17 .49 82.68 1.02 .98 1.098 
14 S,l,O,O 17 .49 40.78 1.02 .57 0.509 
15 S , O , O , O  17 .32 38.2 .92 1.9 1.431 
16 S , O , O , O  17 .32 27.6 .92 1.2 0.937 
17 F,3,2,1 9 .49 144.7 .665 1.47 1.606 
18 S,O,O,O 17 .32 45.5 .92 2.39 1.757 
Average error (in absolute.value) = 18.3% 

(4.5% for (S,l,O,O) , 18.6% for (S,O,O,O)). 

“YX Table 3. K Calculated vs. Experimental (id # 0) 

Run # Seal Type K pa’po (m/z) (radls) !J (x 10 N/m) 

YX rot 
c* %ot Exper. $alcula. 

1 F,3,2,2 17 .66 43.2 1000 .66 .189 0.177 
2 F,3,2,2 23 .66 47.1 1000 .66 .44 0.349 
3 F,3,2,2 23 .66 40. 1000 .66 .38 0.315 

5 F,3,2,2 23 .793 66.2 993.3 .66 .323 0.398 
6 F,3,2,2 23 .793 49.8 746.67 .66 .189 0.228 
7 F,3,2,2 17 .793 50.7 993.3 -66 ,248 0.230 
8 F,3,2,2 23 .657 86.74 993.3 .553l .442 0.398 
9 F,3,2,2 23 ,657 83.64 746.67 .606l .290 0.340 
10 F,3,2,2 17 .66 27.9 1000 
11‘ F,3,2,2 17 .66 43.2 1000 .66 .20 0.187 
12‘ F,3,2,2 17 .66 27.9 746.67 .66 .12 0.0849 
13’ F,3,2,2 17 .66 15.5 500. .66 .044 0.0178 
14; F,3,2,2 23 .66 47.1 1000 .66 .40 0.328 
15 F,3,2,2 23 .66 30. 746.67 .66 .23 0.170 
163 F,3,2,2 23 .66 54.7 500 .66 .09 0.123 

1 -- p calculated from measured mass flow rate: friction factor for a 

2 -- resultant forces from chambers 7 - 17 only. 
3 -- resultant forces from chambers 7 - 23 only. 
Average error (in absolute value) = 23.0X 

993.3 .66 .307 --- 4 F,3,2,2 23 -79 --- 

.66 .112 0.088 

channel used. 



Figure 1. - Geometry for labyrinth seal analysis. 

Figure 2. - Direct (PPI and quadrature (Fq) forces due to rotor 
eccentricity. 

(a) Local (eqs. (15)). (b) Global (eqs. ( 1 6 ) ) .  

Figure 3. - Two definitions of spring and damping coefficients. 
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Figure 4 .  - Straight-through stepped and full labyrinth seals. 
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Figure 5. - Coefficient of contraction Cc. 
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Figure 6. - Calculated versus experimental axial pressure distribution. 
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Figure Al. - Direct and quadrature forces in a short seal. 
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Figure A2. - Effect of friction factor variation on cross-stiffness in a short 
seal. Inlet swirl velocity, C o ,  100 m/sec. 
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COMPARISON WITH EXPERIMENTAL RESULTS 

Dara W. Childs and Joseph K. Scharrer 
Texas A & M University 

College Station, Texas 77843 

The basic equations are derived for compressible flow in a 
labyrinth seal. The flow is assumed to be completely turbulent 
in the circumferential direction where the friction factor is 
determined by the Blasius relation. Linearized zeroth and first- 
order perturbation equations are developed for small motion about 
a centered position by an expansion in the eccentricity ratio. 
The zeroth-order pressure distribution is found by satisfying the 
leakage equation while the circumferential velocity distribution 
is determined by satisfying the momentum equation. The first- 
order equations are solved by a separation of variables solution. 
Integration of the resultant pressure distribution along and 
around the seal defines the reaction force developed by the seal 
and the corresponding dynamic coefficients. The results of this 
analysis are compared to published test results. 

INTRODUCTION 

The problem of self excited vibration in turbomachinery due 
to labyrinth seals has led to the development of many analyses 
which attempt to model the physical phenomenon so that the 
problem can be better understood and there.fore solved. The 
shortcoming with the analyses which have been presented to date 
is that they are difficult to understand and require limiting 
assumptions such as ignoring the area derivative in the 
circumferential direction, assuming that the friction factor is 
the same for all surfaces, and assuming that the flow coefficient 
is constant along the seal, These assumptions may be of some use 
mathematically, but do very little for the understanding of the 
physical occurrence. The first steps toward analysis of this 
problem were taken by Alford [l] , who neglected circumferential 
flow and Spurk et a1 [2] who neglected rotation of the shaft. 
Vance and Murphy [ 3 ]  extended the Alford analysis by introducing 
a more realistic assumption of choked flow. Kostyuk [4] 
performed the first comprehensive analysis, but failed to include 
the change in area due to eccentricity which is responsible for 
the relationship between erose-coupled forces and parallel rotor 
displacements. Iwatsubo [5,6] refined the Kostyuk model to show 
this relationship by including the time dependency of area 
change, but he neglected the area derivative in the 
circumferential direction. Kurohashi [ 7 ]  incorporated dependency 
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of the flow coefficient on eccentricity into his analysis, but 
assumed that the circumferential velocity in each cavity was the 
same. 

The analysis presented here includes the variation of the 
area in the circumferential direction due to eccentricity and 
incorporates as many of the physical phenomena in the flow field 
as was thought necessary to produce an adequate result. The main 
purpose of this paper is to present a unified and comprehensive 
derivation of a reduced set of equations and a new solution 
format for those equations. The results of this analysis are 
compared to the published test results of Wachter and Benckert 
[8,9,101- 

NOMENCLATURE 

A- Cross sectional area of the cavity (L**2);defined in text 
B- Height of labyrinth seal strip (L);defined in fig.(l) 
C- Direct damping coefficient (Ft/L) 
Cr- Nominal radial clearance (L);defined in fig.(l) 
D- Hydraulic diameter of cavity (L);introduced in Eq.(3) 
H- Radial clearance (L) 
K- Direct stiffness coefficient (F/L) 
L- Pitch of seal strips (L);defined in fig.(l) 
NT- Number of seal strips 
P- Pressure (F/L**~) 
R- Gas constant 
Rs- Radius of seal (L);Defined in fig.(l) 
T- Temperature (T) 
Rw- Surface velocity of rotor (L/t) 
V- Average velocity of flow in circumferential direction (L/t) 
a,b- Radial seal displacement components due to elliptical whirl 

ar- Dimensionless length upon which shear stress acts on rotor 
as- Dimensionless length upon which shear stress acts on stator 
c- Cross coupled damping coefficient (Ft/L);in Eq.(18) 
k- Cross coupled stiffness coefficient (F/L);in Eq.(18) 
m- Leakage mass flow rate per circumferential length (M/Lt) 
mrrnr,ms,ns- Coefficients for Blasius relation for friction 

(L);defined in Eq.(13) 

t- 
w- 
V -  
€= 

P- 

Y- 
K: 

E;- Dimensionless entry-swirl parameter;defined in Eqs. (27) 

factor;defined in Eq.(3) 
Time (t) 
Shaft angular velocity (l/t) 
Density of fluid (M/L**3) 
Kinematic viscosity (L**2/t) 
e/cr 
Ratio of specific heats 
- Dimensionless cross-coupled stiffness parameter;defined in 
Egs. (27) 

Subscripts 

0- Zeroth-order component 
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i- 
1- 

Y- 
r- 

X- 

S- 

of 

i-th chamber value 
First-order component 
X-direction 
Y-directin 
Reservoir value 
Sump value 

PROCEDURE 

The analysis presented here is based on the see-through type 
labyrinth seal shown in figure 1. The continuity and momentum 

equations as 
shown in figures 2,3,4, and 5. A leakage model will be employed 
to account for the axial leakage. The governing equations will 
be linearized using perturbation analysis for small motion about 
a centered position. The zeroth-order continuity and momentum 
equations will be satisfied to yield the steady state pressure 
and velocity for each cavity. The first-order continuity and 
momentum equations will be reduced to linearly independent, 
algebraic equations by assuming an elliptical orbit of the shaft 
and a resulting harmonic response for the pressure and velocity 
fluctuations. The force on the shaft will be found by 
integration of the pressure fluctuations along and around the 
shaft. Using the equations for forced motion of the shaft, the 
stiffness and damping coefficients will be found. 

will be derived for a single cavity control volume 

ASSUMPTIONS 

Fluid is considered to be an ideal gas. 
Pressure variations within a chamber are small compared to the 
pressure difference across a seal strip. 
The frequency of acoustic resonance in the cavity is much 
higher than that of the rotor speed. 
Added mass terms are neglected. 
The eccentricity of the rotor is small compared to the radial 
seal clearance. 
In the determination of the shear stresses in the 
circumferential direction, the axial component of velocity 
is neglected. 
The contribution of shear stress to the stiffness and 
damping coefficients is neglected. 

GOVERNING EQUATIONS 

Continuity Equation 

Referring’ to the control volume in figures 2 and 3, the 
continuity equation for the control volume shown is: 

-+ -  PiVi - aAi +- P i A i  -+-  api + a p  hi= 0 (1) pi at + Ai a t  R~ ae R~ ae  R~ ae 
aAi 
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where the transverse surface area Ai is defined by; 

Ai = [Bi f (CrSEHi)i f Bifl + (Cr+EHi)i+11Li/2 
Momentum Equation 

The momentum equation (2) is derived using figures 4 and 5 which 
show the pressure forces and shear stresses acting on the 
control volume. This equation includes the area derivative in 
the circumferential direction, which was neglected by Iwatsubo 
[5,61* 

where ar and as are the dimensionless length upon which the shear 
stresses act and are defined as: 

as = L,/Li ar = (2B+Li )/Li 

for teeth on the rotor and as: 

as = (2B+Li )/Li ar = L~ /L, 

for teeth on the stator. Blasius [ l l ]  determined that the shear 
stresses for turbulent flow in a smooth pipe could be written as: 

‘I= - 1 p u 2  no (F)~’ 
2 i m  ( 3 )  

This relationship is applied to the labyrinth surface for the 
hydraulic diameter; 

D =  2 (Cri-l-B)Li 
(Cr i-l-Bl-Li) 

and where Um is the mean flow velocity relative to the surface 
upon which the shear stress is acting. The constants mo and no 
can be empirically determined for a given surface from pressure 
flow experiments. However, for smooth surfaces the coefficients 
given by Yamada [ 1 2 ]  for turbulent flow between annular surfaces 
are : 

mo= -0.25 no= 0.079 

For the control volume shown in figure 4, ns and ms represent 
tne constants for the stator surface and nr and mr represent 
those for the rotor surface. This feature allows one to tailor 
this analysis to a particular surface such as honeycomb or an 
abradable one. 
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Substituting the mean flow velocity relative to each surface 
and referring to figure 5, which accounts for the pressure on the 
sides of the control volume due to the eccentricity of the seal, 
the circumferential momentum equation for the seal is: 

2 

2piviAi E .t V i 2 A i  api + 'iVi aAL -lil v aPiviAi 
+ ae RS ae RG ae + 'i+l'i i i-1 a t  R, 

ms (4) = - -  Ai api  f y 1 p i ( R w - V i )  'nr 
R~ ae 

If Eq.(l) times the circumferential velocity is now subtracted 
from Eq.(4), the following reduced form of the momentum equation 
is obtained: 

In order to reduce the number of variables, all of the density 
terms are replaced with pressure terms using the ideal gas law 

Furthermore, 
the following 

in order to make the perturbation analysis easier, 
substitution is made in the continuity equation: 

.2 i2 - m hi+l- ii = i + r  i 

2';lo 
Leakaqe Equation 

To account for the leakage mass flow rate in the continuity 
and momentum equations, the leakage model of Neumann [13] was 
chosen. This model predicts leakage and pressures fairly 
accurately and has a term to account for kinetic energy 
carryover. However, the empirical flow coefficient relations 
given by Neumann were discarded in favor of the equations of 
Chaplygin [14] for flow through an orifice. This was done to 
produce a different flow coefficient for succeeding contractions 
along the seal as has been shown to be the case by Egli [151. 
The form of the model is: 

261 



where the kinetic energy carryover coefficient f l ,  is defined 
straight through seals as; 

for 

where 
j= 1 - (1 + 16.6 Cr/L)-2 

and is unity, by definition, for interlocking and combination 
groove seals. The flow coefficient is defined as; 

- Y-1 

For choked flow, Fliegner's formula will be used for the last 
seal strip. It is of the form; 

where 0.745 

LINEAR1 ZATI ON 

Since an analytical solution to the governing equations is 
not available, the continuity and momentum equations will be 
expanded in the following perturbation variables: 

Pi = P o i +  E P I  Hi e (cri 4- €HI) 

where €=e/Cr is the eccentricity ratio. The zeroth-order 
equations define the leakage mass flow rate and the velocity 
distribution for a centered position. The first-order equations 
define the perturbations in pressure and circumferential velocity 
due to a radial position perturbation of the rotor. Strictly 
speaking, the results are only valid for small motion about a 
centered position. 

Zeroth-Order Solution 

Eq.(9) is used to determine the pressure distribution along 
the shaft in the following manner. The leakage is solved using 
Eq.(7) or Eq.(8), depending on the operating conditions. To 
determine if the flow is choked or not, assume that the pressure 
in the last cavity is equal to the critical pressure for choking. 
Using this pressure, find the leakage from Eq.(8) and then use 
Eq.(7) to determine the reservoir pressure necessary to produce 
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this condition. Based on this pressure, a determination can be 
made whether the flow is choked or not. The associat 
distribution is determined by employing the correct leakage, 
along with a known boundary pressure, and solving Eq.(7) one 
cavity at a time. 

= &  
i+l i 0 lil 

For cavity i, 
is : 

the zeroth-order circumferential momentum equation 

With the pressure determined, the only variables remaining in the 
momentum equation for the cavities are the velocities. Given an 
inlet tangential velocity, a Newton root finding approach can be 
taken whereby Eq.(lO) is solved for the i-th velocity, one cavity 
at a time. This is done starting at the first cavity and working 
down stream. 

First-Order Solution 

The governing first-order equations (11,12), define the 
.pressure and velocity fluctuations resulting from the seal 
clearance function. The continuity equation (11) and momentum 
equation (12) follow: 

*oi avli + 

3 11. + G4 Pli-1 +.G5 %i+l 
v o i  aPli 

a0 + G  - - + G 1 ~  - ae 
aPli 

(11) 
s Gl 5 7 -  IRs 

. .  
aH1 voi 

-G2 - ae -G6 H1 -G2 at 

* x4 pli-l = x5 H1 
where the X's and G I s  are defined in Appendix A .  If the shaft 
center moves in an elliptical orbit, then the seal clearance 
function can be defined as: 

EH1 = -a coswt cos0 -b sinut sine ( 1 3 )  
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The pressure and velocity fluctuations can now be stated in the 
associated solution format: 

Substituting Eqs.(13),(14), and (15) into Eqs.(ll) and (12.) and 
grouping like terms of sines and cosines (as shown in Appendix B) 
eliminates the time and angular dependency and yields eight 
linear algebraic equations per cavity. The resulting system of 
equations for the i-th cavity is of the form; 

where 

The A matrices and column vectors B and C are given in Appendix 
B. To use Eq.(16) for the entire seal solution, a system matrix 
must be formed which is block tridiagonal in the A matrices. The 
size of this resultant matrix is (8(NT-1)) x (8(NT-1)) since 
pressure and velocity perturbations at the inlet and the exit are 
assumed to be zero. This system is easily solved by various 
linear equation algorithms, and yields a solution of the form: 

a +  b +  
psi E Fatxi. F b s i  

- a -  b -  
p s i  E a s i  E b s i  

b f  
pci  E ac i  C bci 

b -  
E 2 ac i  E bci 

r -  4- 

= - F  + - F  

a 5 F+ + - F  

F‘ + - I ?  

+ 
a 

DETERMINATION OF DYNAMIC COEFFICIENTS 

The force-motion equations for a labyrinth seal are assumed 
to be of the form: 
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The solution of Eq.(18) for the stiffness and damping 
coefficients is the objective of the current analysis. For the 
assumed elliptical orbit of Eq.(l3), the X and Y components of 
displacement and velocity are defined as: 

X = a coswt 3 = -aw sinwt 
Y = b sinwt Y = bw coswt 

Substituting these relations into (18) yields: 

-F = -Ka cosut - kb sinwt $. Caw sinwt - cbw 

-F = -ka coswt - Kb sinwt - caw sinwt - Cbw 

X 

Y 

coswt 

COSWt 

Redefining the forces, Fx and Fy, as the following; 

F = F coswt -1- 'Fxssinwt 

F - F coswt + l7 sinwt 
X xc 

Y YC YS 

and substituting back into (19) yields the following relations: 

- F x ~  = Ka -1- cbw -Fxs =-Caw+kb 

-Fyc =-ka -f- Cbw -Pys = Kb + caw 

The X and Y components of force can be found by integrating the 
pressure around the seal as follows: 

FX = -Rs NT-lf'l?li 1 Li cos6 d6 

0 

F'y = -Rs C PIi  Li s ine  de 

i=l 

NT-1 2~ 

i=l 
Only one of these components needs to be expanded in order to 
determine the dynamic coefficients. For this analysis, the X 
component was chosen. Substituting Eq.(14) into (22) and 
integrating yields: 
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Substituting from Eq.(17) and (19) into Eq.(24) and equating 
coefficients of sinwt and coswt yields : 

Equating the definitions for Fxs and Fxc provided by Eqs.(21) and 
( 2 5 )  and grouping like terms of the linearly independent 
coefficients a and b yields the final solutions to the stiffness 
and damping coefficients: 

SOLUTION PROCEDURE SUMMARY 

In review, the solution procedure uses the following 

a) Leakage is determined from Eq.(7) or (8). 
b) Pressure distribution is found using Eq.(7). 
c) Velocity distribution is determined using Eq.(lO). 
d) A system equation is formed and solved using the cavity 

Eq. (16). 
e) Results of this solution as defined in Eqs.(l7), are 

sequential steps; 

inserted into Eq.(26) 

RESULTS 

To compare the present analytic solution with the 
experimental results of Wachter and Benckert [8,9,10], the 
following dimensionless parameters are introduced. The 
dimensionless cross-coupled stiffness and entry-swirl parameters 
are defined by Wachter and Benckert as: 
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* 0 5pnV: 
'om (Pr-Ps) -t- 0.5p0V: 

All of the results presented for comparison in this paper are for 
a seal with teeth on the stator, with entry swirl and no shaft 
rotation. Although Wachter and Benkert published results for 
shaft rotation, the data for the operating conditions and seal 
geometry were insufficient for use in this study. The results in 
figures 7,8,and 9 are from [8] and show the relationship between 
cross coupled stiffness and the entry swirl, for a seal with 
strips on the stator and the geometry shown in figure 6.  The 
line shown is the experimental result and the symbols are the 
results from this analytical model. These figures show that the 
model compares favorably to the experimental results in magnitude 
and the overall trend for various operating condltions. The 
figures also show that the model does not yield a consistently 
high or low result. Instead, the model tends to over predict the 
value of the stiffness for a large number of strips and under 
predict stiffness for a small number of seals. This trend is 
probably due to errors in calculating the zeroth-order pressure 
distribution using the leakage model. 

The results in table (1) are from [9,10] for a seal with 
strips on the stator. The results show the effect of change in 
seal parameters such as pitch, number of teeth, radius, strip 
height, and clearance on the cross coupled stiffness. The model 
accurately shows the increase in cross-coupled stiffness due to 
decrease in clearance and decrease in strip height, but it fails 
to remain constant for change of pitch and consistantly over 
estimates the cross-coupled stiffness for the larger radius cases 
by about 26%. 

CONCLUSION 

A clear and understandable analysis utilizing reduced 
equations has been presented for the problem of calculating 
rotordynamic coefficients for labyrinth seals. This paper was 
developed to provide a less restrictive analysis and a better 
explanation of the current analyses. The model developed gives 
results that were within 25% of the experimental results 
available. However, this error must be balanced against the 
known uncertainties in the experimental data. This is especially 
important since all -of the data used are for a nonrotating shaft 
and the only influence on the cross coupled stiffness was the 
entry swirl. Although Wachter and Benckert published data for a 
rotating shaft, the data were not sufficient to calculate a 
result. Also, the only data available for see-through labyrinths 
is for the type with strips on the stator. For a more rigorous 
test of this and other models, more complete data are required 
over a wider range of parameters for different seal geometries. 
Finally, this analysis is only considered valid for the see- 
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through type of labyrinth seal since the model fared very poorly 
in comparison with interlocking and grooved seal data. 
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TABLE I. - COMPARISON OF DATA FOR VARIOUS GEOMETRIES AND OPERATING CONDITIONS 

FOR SEAL WITH TEETH ON STATOR AM) NO SHAFT ROTATION [9,10] 

0.04 

NT 

18 

18 
18 

10 
18 
18 
9 
9 - 

EXP * 
K (N/mm) 

257 
75 
15 7 
27 
29 
41 
29 
41 

CALC : 
K (N/mml 

325 
90 
198 

I 36 

~ 22 

I 29 
41 

32 

Error 

-24 
-22 
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Figure 1. - Typical cavity. 
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Figure 2. - Cavity control volume. 
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Figure 3. - Cavity control volume. 
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Figure 4 .  - Forces on control volume. 

Figure 5. - Forces on control volume. 
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Figure 6. - Configuration used for experiment. 
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7. - Comparison with data of 181 for seal in figure 6. 
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Figure 8. - Comparison with data of [ 8 ]  for seal in figure 6 .  
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Figure 9. - Comparison with data of [8] for seal in figure 6. 
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APPENDIX A 

- A o i  
G1 - RT 

DEFINITION OF FIRST-ORDER CONTINUITY 
AND MOMENTUM EQUATION COEFFICIENTS 

poiL G2 = - RT 

-I+; IkO G4 = - 3 g T  %? p o i - l  +.-- IT Ill (4s-5)  

-+; 
3- - lil0 (4s-5)  [e1 (+) (-) G5 = ccI1-t.l poi+l  ,Tr 

cc - criel 
G 6 = m o ( i  i d - 1  C i ) 

- PoiAoi  
x1 - RT 

'I: a s L  T 2 r L  p1p,.Qi 2 2 2  

poi, 
- S lil0 

x3 -Po;.+- RTino ( v o i  -voi - l )  p o i  I- T 
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msT asLD T armrLD 
+ r 

2 ( Ci+B) * IilO 5 

ci 2 (c+B) xs = - (VOi - voi-l) - 

Tho(voi - 'oi-1 
2Fl; 

2NT(NT-1) (16.6 Cr/L) (1+16.6 
[(NT+1)2 $. (1 + 16.6 Cr/L)I2 

+ 
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APPENDIX B 

SEPARATION OF CONTINUITY AND MOMENTUM EQUATIONS 
AND D E F I N I T I O N  OF SYSTEM MATRIX ELEMENTS 

CONTINUI'IY: 

G6 + 
I- - - -  (a-b) cos (Wut): G1 P: i (u+z)  v o i  + G1 ~s P o i  V,, + G3 P:i + G4 PCiml 

+ 
cos (ewt): x1 (. + %) v:i + -iG 'Oi psi + + x2 v:i -60 v ci-1 + x3 p:i 

=i- x5 (b-a) 4- x4 pci-l 2. 

= o  'Oi I- + Pci + x2 vsi -60 v si-1 + x3 p x  + x4 Ci-1 -xl (u + %) - - 
Rs sin (8wt): 

e x2 Vii -Go v- ci-1 + x3 = -  -" 2 (a-tb) 
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MATRIX 

= a  = a  = a  = G4 1,2 2,l 3,4 4,3 a 

= a  = a  = x4 

5 , 6  6,5 7,8 - a8,7. 9 

5,2 = a6,1 7,4 8,3 a 

= a  = a  - = -fi a 

The remaining elements are zero 

Ai MATRIX 

a 1,l = G1 (. 4 2 )  
a 3,3 = G1 (% - .) 

= a  = a  = a  = G3 1,2 2,l 3,4 4,3 

5 ,2  a6.!. 7,4 8.3 

a 

= = a  = a  = xg a 

Aoi  = -  a = a  5,l 7,3 R s  

a 595 = x1 (w+!+) 

a 7,7 =xl (+) 

= a  = a  = x2 5,6 = a6,5 7,a 8,7 a 

-Ao i 
R s  

= -  = a  6,2 8,4 a 

a 696 = -xl ( w + $) 

8,8 = '1 a 

- p o i  = a  1,s 3,7 - G1 Rs a 
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- p o i  
- -G1 Bs = a  2 ,6  4 , 8  a 

The remaining*elements  are zero  

Ai+l M T R I X  

= a  1 , 2  = a2,1 = a 3 , 4  4 , 3  = G5 a 

THE REMAINING ELEMENTS ARE ZERO 

B and C column Vectors 

B =  

-G2 v o i  + 

- ( T G  2 ) 
G6 
2 
- 

-X, 
J - 

2 

0 

-x5 
2'- 
0 

C =  

G2 v o i  + -(= 2 ) 
G6 
2 
- 

- x5 
2 

0 

- -x5 
2 

0 
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PBELIMII'UUXY IXVESTIGATION OF LABYRINTH PACKING PRESSURE DROPS 
AT ONSET OF SWIRL-INDUCED ROTOR INSTABILITY 

E. H, Miller and J. B. Vohr 
General Electric Company 

Schenectady, New York 12345 

Backward and forward subsynchronous instabi 1 ity has been 
observed in a flexible model test rotor under the influence of swirl 
flow in a straight-through labyrinth packing. The packing pressure 
drop at the onset of instability was then measured for a range of 
operating speeds, clearances and inlet swirl conditions. 

The trend in these measurements for forward swirl and forward 
instability is generally consistent with t short packing rotor 
force formulations of Benchert and Wachter 171 ,, 

Diverging clearances were also destabilizing and had a forward 

A larger, stiff rotor model system is now being assembled which 

orbit with forward swirl and a backward orbit with reverse swirl. 

will permit testing steam turbine-type straight-through and hi-lo 
labyrinth packings. With calibrated and adjustable bearings in this 
new apparatus, we expect to be able to directly measure the net 
destabil izing force generated by the packings. 

I NTRODUCTI ON 

Destabilizing packing force measurement obtained by integrating 
circumferential and axia pre s e distributions have been reported 
by several i n v e s t i g a t o r s ~ l ~ 2 , ~ ~ ~ ~  and servT5tg Fadfbrate various 
analytical p ing force prediction methods 9 3 9 . One 
measurements on a rotor system and in separating the destabilizing 
cross coupled direct force from the viscous damping forces. 

To demonstrate the importance of inlet swirl in the generation 
of destabilizing packing forces, a rotor packing model with very 
simple instrumentation was built and tested in our laboratory. With 
inlet swirl velocities greater than packing surface speed and in the 
same direction, the rotor became unstable at its first critical 
speed. Shaft rotation was reversed and the rotor again became 
unstable with about the same pressure drop across the packing. In 
this case, however, the subsynchronous orbit continued rotating in 
the direction of inlet swirl opposing the direction of shaft 
rotat ion. 

investigator M Wright has reported success in making direct force 

We then modified the packing model and with additional 
instrumentation, carried out a limited test program to measure the 
pressure and flow conditions which would cause instability with 
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alternate packing designs. These tests have the virtue that both 
direct and damping forces are physically integrated by the rotor. 
They have the disadvantage that, with the bearings and 
instrumentation used in this program, we could not quantify the 
level of the destabilizing force nor could we separate the direct 
from the damping forces to make comparisons with published data. 

Discussion of Initial Test Results 

Figure 1 shows the assembled rotor/labyrinth facility. The two 

By opening both 
flexible air hoses are independently valved to permit either forward 
or backward swirl without changing shaft rotation. 
valves together the inlet velocities are essentially cancelled and a 
test condition of negligible swirl exists. While the preliminary 
tests had used a single admission with reversed motor rotation to 
get backward swirl, the two admission modification greatly 
simplified the test procedure and analysis. 

Figures 2 and 3 show the rotor and labyrinth components of this 
facility. Air is admitted to the central plenum through the 
tangential inlets. Pitot tubes installed in the plenum measured the 
swirl velocity. Two static pressure taps are also located in the 
inlet plenum. 

strong rotational speed dependency. As shown by Figure 4, we did 
not find any. 
dynamic characteristics over the speed range so that we can learn if 
the apparent larger packing forces at low speed is a real effect. 

A typical vibration spectrum at the onset of instability is 
displayed on Figure 5 for a backward swirl. Filtered synchronous 
and subsynchronous orbits were simultaneously displayed and forward 
and backward orbits were easily distinguished. Figure 6 shows this 
display for the typical backward swirl condition. 

The first series of tests were to determine if there was a 

In future test programs we will measure the bearing 

Figure 7 shows some particularly interesting data. Both forward 
and reverse admission valves were fully opened to the shop air 
supply. The plenum chamber built up to 15 psia and the rotor 
remained 88stable18 by previous criteria. When the instrument gain 
was increased by lox, a non-synchronous orbit was observed at about 
15 Hertz, sometimes rotating in the synchronous direction sometimes 
against. 

The initial tests were run at .010 radial clearance on all the 
teeth. The packing casing was then disassembled without disturbing 
the rotor and bearings, and the clearances were enlarged in a 
diverging geometry from .0108' at the packing inlet to .020 mils at 
the exit. The third and last test of the clearance series was with 
the clearances further enlarged to a cylindrical .020" clearance. 
The data for the six test conditions are show on Figure 8. Since 
there has been much conjecture about the "stabilizing" effect of 
diverging clearance, special attention was given to the diverging 
test condition. In addition to the usual visual examination of 
orbits on the CRT, analysis of the signal confirmed that the 
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subsynchronous orbit with diverging clearance packings was in the 
same direction as inlet swirl and, in all respects, the divergitlg 
W 2 0  mil clearance case behaved 1 ike an intermediate clearance 
between 10 and 20 mils. 

The raw data is misleading in indicating a lower critical 
pressure, hence, a higher level of instability- as clearances are 
increased. This effect is related to our test model, since as 
clearances are increased the inlet velocity a1 o increases and this 
increases inlet swirl. Benchert and Wachter ' s f  1) short packing 
formula shows packing force increasing proportionally with inlet 

velocities from our pitot data and the referenced force formulation, 
we have corrected the raw trend line of Figure 7 to a constant inlet 
swirl condition. 

ure and inlet swirl energy. Using average tangential 

A further test was carried out to assess the effect of swirl, 
independent of clearance. The labyrinth packing casing was modified 
with temporary nozzle liners in the inlets and tests were repeated 
at the . O N  mil clearance but now with higher nozzle inlet 
velocities. The results of these tests are shown on Figure 9 and 
confirm the strong correlation between destabilizing force and inlet 
swirl velocity. 

P R O P O S E D  TEST PROGRAM 

As noted earlier, it was not possible to obtain a quantitative 
determination of destabilizing forces contributed by the packings 
because the flexible shaft and the unknown and asymmetrical cross 
coupling stiffness forces of the cylindrical bearings. In a future 
series of tests, this problem will be remedied by using a stiff test 
rotor supported on tilting pad bearings with adjustable, isotropic 
calibrated stiffness and damping characteristics. A picture of the 
test facility is shown.in Figure 10. 

This facility was originally designed for dynamic testing of 
bearings but is being modified by replacing the midspan test bearing 
with an appropriate labyrinth test seal and by installing the 
special isotropic support bearings. A schematic of the test rig is 
shown in Figure 11. Air is introduced into a central plenum, passes 
through the labyrinth and exhausts to atmosphere at either end. 
Various seal configurations and clearances will be tested. The air 
in the plenum will be introduced with controlled and measured swirl. 

The tilting pad support bearings are punted on springs having a 
stiffness value of approximately 2.3 x 10 lb/in. Two pads at 
each end of the rotor are oriented at 450 from vertical, resulting 
in isotropic stiffness and damping characteristics; i.e., vertical 
and horizontal stiffness are the same. Use of tilting pads 
eliminates any destabilizing cross coupling stiffness coefficients 
from the bearings. 

For such an isotropic system, the force balance at the threshold 
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where Ks is the destabilizing cross coupling stiffness force 
generated by the test seal, Bb is the isotropic damping 
coefficient of the spring mounted support bearings, Bs is the 
damping coefficient of the seal and Y is the natural frequency of 
the rotor on its support bearings. Because the tilting pad bearings 
are mounted on springs whose stiffness is relatively low compared 
with the stiffness of the oil film between the pad and the rotor, 
the effective damping Bb of the oil film and support spring in 
series is quite low and may be varied by changing the vertical load 
imposed on the shaft as shown in Figure 12. Test procedures would 
establish a desired level of damping Bb in the test rig by 
imposing the appropriate load, bring the rotor up to the desired 
test speed, and then slowly increase the plenum pressure in the test 
seal up to the onset of whirl. The net destabilizing force from the 
seal, (Ks - Bs)P , will then be determined from the equation 
above. Damping of the support bearings, Bb, can be determined 
either by measuring the exponential decay of shaft vibration induced 
by striking the test rotor or by measuring the response of the rotor 
to a known unbalance. 

A recognized deficiency of the proposed testing is that it will 
not yield separate determination of Ks and Bs, but only a 
measurement of the net destabilizing effect of the seal. However, 
the tests will suffice to check the ability of various analyses to 
predict this overall destabilizing force permitting one to evaluate 
the usefulness of these analyses as design tools. 
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40.00 

Figure 2. - Schematic of rotor f o r  packing stability test. 

286 



Figure 3. - Schematic of l aby r in th  f o r  packing s t a b i l i t y  test. 
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Figure 5. - Typical CCW admission vibration spectrum €or packing 
stability test; CW rotation, 2000 rpm; 4 psi; CCW inlet. 
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Figure 6. - Typical CCW admission orbits for packing stability test; 
CW rotation; 2000 rpm; 4 psi; CCW inlet. 

1OX G A I N  

Figure 7. - CW and CCW admission orbits for packing stability test; CW 
rotation; 2000 rpm; 15 psi; both inlets fully open. 
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Figure 10. - Large-stiff-rotor labyrinth packing facility. 
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IDENTIFICATION OF DYNAMIC COEFFICIENTS 

OF ANNULAR TURBULENT SEALS 

Raker Nordmann and Harald Massmann 
University of Kaiserslautern 
Federal Republic of Germany 

This paper presents an identification procedure to determine dynamic coeffi- 
cients of annular turbulent seals in turbopumps. Measurements were carried out at a 
built test rig with two symmetrical arranged seals. A rigid rotating shaft is sur- 
rounded by an elastically supported housing, which is excited by impact forces. The 
relative radial motion between the rotating parts and the housing, respectively bet- 
ween the seal surfaces, is measured by displacement pick-ups and from the time sig- 
nals complex frequency response functions can be calculated. Finally an analytical 
model, depending on the seal parameters, is fitted to the measured data, to find the 
dynamic coefficients. 

INTRODUCTION 

It is well known, that forces in annular pressure seals have a large influence 
on the vibrations of turbopump rotors. Therefore the knowledge about this forces is 
very important. In order to describe the real behavior of the seals, hydrostatic as 
well as hydrodynamic effects have to be considered (Ref. 1 , 2 , 3 , 4 ) .  Caused by this 
seal forces unstable bending vibrations may occur. 

In the design stage a machine designer wants to know, whether a turbopump rotor 
will run stable during operation and what size the stability threshold speed will 
have. Precalculations should be carried out to evaluate the stability behavior. 
For this task in many cases a linear rotor model with inertia-, damping- and stiff- 
ness coefficients can be employed. It is no problem to find stiffness and inertia 
input data for the shaft. In contrary there is a uncertainty concerning the input 
data of seals. 

Theoretical models exist to determine the required dynamic seal characteristics 
(Ref. 1 , 2 , 3 , 4 ) ,  but there is a necessity to have more measured data to compare them 
with theoretical results and to modify existing seal models. In the case of turbu- 
lent seals in pumps only few experimental data are available today (Ref. 2,5 ,6 ,7 ) .  
Childs and Dressman (Ref. 5 )  have developed a test facility for dynamic testing of 
straight and convergent tapered seals. Radial and tangential force components, re- 
sulting from a circular centered orbit, could be measured and the result were com- 
pared with various theoretical predictions. The circumferential forces are in a good 
correlation with the predictions of a finite length theory derived by Childs (Ref. 4 ) .  
On the other hand the radial forces are underpredicted by this theory.Childs et a1 
(Ref. 6 )  have designed another test rig for testing the leakage and rotordynamic 
characteristics of the interstage seal configurations for the High Pressure Fuel 
Turbopump (HPFTP) of the Space Shuttle Main Engine. In this test program the seals 
are geometrically similar to the HPFTP seals and are operating at the original high 
Reynolds numbers. Again in this test program it is planned to measure the seal for- 
ces directly. 
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In our paper an identification procedure is presented to determine the inertia-, 
damping- and stiffness c 
nary 'test facility has b developed consistin tiff rotating shaft, 
which is surrounded by an elastical 
arranged between the shaft and the axially across these two 
seals. The housing is excited by impact forces, resulting in a relative radial motion 
between rotor and housing, respectively between the seal surfaces. The measured in- 
put and output time signals are transformed to the frequency domain and complex fre- 
quency response functions are obtained, expressing the dynamic behavior of the seals 
including the mass of the housing. To find the dynamic seal coefficients an analyti- 
cal model, depending on the seal parameters, is fitted to the measured data. 

ficients of straight lar turbulent seals. A prelimi- 

wo symmetrical seals are 

First measurement results are reported in this paper, pointing out the depend- 
ence of the seal dynamic coefficients on the rotational frequency and the axial ve- 
locity of the fluid in the seals. 

DYNAMIC COEFFICIENTS OF ANNULAR TURBULENT SEALS 

Black (Ref. 1)  was the first, who has developed a dynamic model for short annu- 
lar pressure seals. In this model he considers 

- a turbulent leakage flow in axial direction caused by a pressure drop 
- a circumferential fluid flow as a consequence of the shaft rotation 
- and small radial motions of the rotor about a centered position (fig. 1) 

for 
sed 

- 

With the basic equation of cbntinuity, the momentum equation and the friction law 
the fluid Black obtains the following linear force-motion relationship, expres- 
by inertia-, damping- and stiffness coefficients 

The equations are based on the leakage relation from Yamada (Ref. 8 )  for flow bet- 
ween concentric rotating cylinders 

Ap = (1 + 5 + 2 ~ ) * 3 -  PV2 (2) 

with 

AP 
5 
P fluid density 
v 

pressure difference across the seal 
entry loss coefficient; 5 = 0.5 in the whole text 

average fluid velocity in axial direction 

oss coefficient 5 is d d as 

L u = x -  AR, 
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with the seal length L, the radial clearance AR and the friction factor 

7Rr 2 3/8 

8Ra 

- 1  /4 A = 0,0790Ra E1 + (-) 1 

This factor depends on the radial as well as the axial Reynolds numbers 

R P !  Rr = - 
V (5) 

R seal radius 
n rotational speed of the rotor 
V kinematic viscosity of the fluid 

It is shown in Black's analysis that the dynamic coefficients of equation (1) can be 
represented in the following form 

Inertia coefficients: 

2 m = m  = r R A p - p 2 T / X  
YY z z  

Damping coefficients: 

Stiffness coefficients: 
2 2  k 

k -k = IT R A p . p18T/2A 
= k = IT R A p - (po-p2n T / 4 ) / X  

YY zz 

YZ tY 
They are dependent on the pressure difference Ap, the seal radius R, the friction 
factor A, the rotational speed a, the average flow time T = L/V and finally on the 
quantities po, p l y  p , which depend on the friction l o s s  coefficient CI and the entry 
loss coefficient 5 (ief. 2). Black's classical formulas correspond to short seals. 
An extension to finite length seals is possible by using correction terms, which had 
been determined by measurements (Ref. 2). Changes of A for the circumferential direc- 
tion as a fact of the radial shaft displacements are corrected by another factor. 

Child (Ref. 3,4) has derived expressions for the dynamic coefficients of high 
pressure annular seals. In his analysis he assumes completely developed turbulent 
flow in both the circumferential and axial directions. His model is based on Hirs 
turbulent lubrication equations (Ref. 9). The short seal dynamic coefficients, de- 
rived by Childs (Ref. 3) are similar to the previous mentioned solutions from Black. 
In addition to Black's formulas the influence of an inlet swirl can be calculated. 
Childs (Ref. 4 )  has continued his analysis by deriving expressions for finite length 
seals. For use in the rotordynamic analysis of pumps the Hirs based models from 
Childs are the best currently available models. 
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IDENTIFICATION OF THE DYNAMIC SEAL COEFFICIENTS 

The test rig, used for the experimental determination of the dynamic seal coef- 
ficients, consists of a very stiff rotating shaft and an elastically mounted rigid 
housing with two symmetric seals between rotor and housing (fig. 2). The housing is 
excited by test forces (input signal) and the system response is a relative motion 
between housing and shaft (output signal). From measured input and output signals 
mobility frequency response functions can be calculated. Finally an identification 
method, working in the frequency domain, is applied to the measurement data. It is 
possible to model a linear mechanical system corresponding to the real test rig. It 
consists of a rigid mass (housing) and the stiffness and damping coefficients of the 
seals. We assume that the equations of the model are known, but that the unknown 
parameters (seal coefficients) have to be determined. This can be done by a proce- 
dure requiring a good correlation between-measured frequency response functions and 
analytical frequency response functions (fig. 3 ) .  

Mechanical and Mathematical Model 

Fig. 4 shows the mechanical model with a rigidly supported very stiff shaft, the 
rigid mass m of the housing and the stiffness and damping elements corresponding to 
the seals, respectively to the flexible spring supporting the casing. Other forces 
acting on the housing, e.g. forces of the pipes, forces of the additional seals etc. 
are considered to be small. Applying test forces in the middle of the housing, the 
system responds only with translatory motion in the two directions y and z. The 
displacements can be described by the movements of the centre of gravity. The equa- 
tions of motion for the model are 

.. 
m.y + 2(m .y + c . j r  + c . Z  + k .y + k .z) = F  

YY YY YZ YY YZ Y 

ZZ ZY ZZ ZY Z 
,- 

m.2 + 2(m -z + c .i + c .i + k .y + kZz. z) = F 
(9 )  

With harmonic test forces, acting in both directions, four stiffness frequency func- 
tions as well as four mobility frequency functions can be calculated. 
If the exciter forces are 

A A iwt) 

A A iwt) 
F = F . sinwt = F ’ Im(e 

FZ = F . sinwt = F * Im(e 
Y Y  Y 

Z Z 

the system response has the form 

n iwt iwt) y = Im(y.e ) ,  z = lm(z.e 

$, 2 complex amplitudes 

and we obtain the force-displacement relation 
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The inverse functions of (12) are the complex mobilities 

A = {k - (7 m + m )w2  + iwc 1 - { k  - (2 m + mzz)w 2 +iwc 1 YY YY YY zz  zz 

- {kyz + iwc }.{kZy + iwc 1 
YZ ZY 

Measurements of the Mobility Frequency Response Functions 

Contrary to the complex stiffness functions (12) the mobility functions (13) 
are easy to measure. For the determination of these functions from measured input 
and output time data, we take advantage of the fact, that the ratios of the Fourier 
transformed signals are equal to the frequency responses. The force and response 
signals are measured in the time domain, transformed to the frequency domain by 
means of Fast Fourier Transformation and the quotient is calculated. This procedure 
is executed by efficient two-channel Fourier Analyzers. Fig. 5 Shows in principle 
the measuring equipments. The system is excited by a hammer impact, which is equal 
to an impuls force acting on the housing as a broadband excitation. Pulse duration, 
frequency content and force amplitude can be influenced by the variation of the 
hammer mass, the flexibility of the impact cap and the impact velocity. The relative 
displacements between housing and shaft are measured with inductive pick-ups. The 
time signals are amplified, digitized by the Fourier Analyzer and the frequency 
response functions are calculated. A bus system transfers the measured data to a 
digital computer, where an identification procedure calculates the unknown seal coef- 
f icients 

Estimation of the Dynamic Seal Coefficients 

Different possibilities exist to determine the dynamic seal coefficients from 
the measured mobility response functions. The first idea is to fit analytical res- 
ponse functions to the measured ones. This can be done either directly with the 
flexibility functions or after the inversion of the measured curves, with the stiff- 
ness functions. 
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Another method will be presented in this paper. From a theoretical point of 
view the product of the complex mobility matrix H 
ness matrix %. 
error ma rix S because of measurement errors (noise, etc). matrix 

(en. 13) and the complex stiff- 
(eq. 12) should be the unity matrix E. By combining ;he measured -kin 

Gi!% the analytical Matrix sin the resul7 will be E and an additional - 
- 

= E + S  S i n *  %in - -  

or, with 

2 
= K - w M + iwC S i n  - - - 

2 - w M + iuC1.Hkin = - -  E + S - _  

The last formula can be rearranged to 

- w 2 r -  !!sin ~ C s i n  i = E + S r  - - r 
E %in real part: 

2 i  r i - w MEkin + w C Hkin = 0 + 
i 

imaginary part: &Ekin - -  

respectively 

where A consists of the measured frequency response functions and of the related 
frequezcies w.  X represents the unknown coefficients M, C and K, and E'is a modi- 
fied unity matri; with some zero elements because of txe YeperaFion of-the complex 
values into two real values. Applying the Euclidean norm to this equation S'shall 
become minimal. In practice there will be carried out a matrix multiplicatzon from 
the left with the transpose matrix of A. 
By this we find the so-called normal equations, a determined system of equations 
for the unknown seal coefficients. 

1' 

In our case- measuring four frequency T and X and A E' are 6 x 2 matrixes. No 
I_ 

- 
T functions, the product - -  A A is a 6 x 6 matrix 

assumptions are made in the procedure con- 
cerning the special structure of the matrices (skewsymmetry etc.). The advantages 
of the described algorithm are the fast calculation of the seal coefficients and 
the minimal requirement of storage space. Preliminary simulations have shown the 
practicability of this method. 
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DESCRIPTION OF THE TEST RIG 

Mechanical and Hydraulic Design 

Two annular sealing surfaces, integrated symmetrically in a stiff housing are 
the core parts of our testing plant (fig. 2). A shaft, rotating without contact in- 
side the housing, is the second component of the seals. The fluid, in our case water, 
streams trough these radial clearances in an axial direction primarly. There is one 
central water supply for both seals and two drains, one for each. With this arrange- 
ment the housing cannot be displaced axially and we will measure only a translato- 
rial, no rotational, movement of the casing in the radial direction if the geometries 
of the seals are identical. The shaft itself is resistant to bending and supported 
by rigid bearings. Shaft, motor and bottom-plate form the reference system for meas- 
uring the motion of the housing (mass m = 14.5 kg) which is fastened with soft 
springs to the fixed system. The necessary connections between both parts of the 
test rig are dimensioned in such a way that their influences are small compared 
with the seal behaviour. 

Beside the mechanical component of the test stand we have the hydraulic part. 
= 4.5 m3/h) feeds water out of are- %ax A centrifugal pump (maximal throughput: 

sewoir into the system. Filter and slide values regulate the flow and the tem- 
perature of the water to make sure a steady state system. Through flexible hose 
pipes the water runs into and out of the housing. 
With the geometrical values: 

length of the seal: L =  35mm, 
R = 21.0 mm, 

21.35 mm, kl \-Rs = 350 pm, 

the range for the number of revolutions U = 0...6000 l/min and the range for the 
fluid velocity in the seal V = 0...13.5 m/sec, the characteristical Reynolds num- 
bers, R and R can be varied 

S 
radius of the shaft: 
radius of the housing: 
clearance of the seal: 

a r 

Ra = 0....11 800 Rr = 0....5 800 

0 if the fluid temperature is 30 C (this temperature is used in every measurement). 
These ranges are restricted to 

Ra = 7000.. . . l l  800 
Rr = 2400 .... 5 800 

(V = 9 . 0 . .  .13.5 m/sec) 
(U = 2500...6000 l/min) 

in order to guarantee the turbulent region of flow in the seals. By changing the 
water temperature there will be available a different working range because of the 
temperature sensitivity of the kinematical viscosity v. 
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Measured Quantities and Instrumentation 

Three different groups of measuring values can be distinguished 

- data of the fluid 
- data of the exciter 
- response data of the housing. 

Pressure, temperature, density and viscosity characterize the fluid state. If work- 
ing with an incompressible medium it is sufficient to measure pressure and tempe- 
rature as the only variables of state and calculate the others. 
Therefore several pressure - and temperature pick-ups are distributed over the test 
plant. Furthermore the fluid velocity is measured in the supply-line and the shaft 
speed is displayed by the motor control.,With this, all necessary data in order to 
calculate the seal coefficients, are available. The excitation force of the hammer 
blow is measured with a piezoelectric accelerometer mounted in the hammer hed and 
a charge amplifier. The greatest forces obtainable are 120 N to 150 N. The third 
group of data belongs to the motion of the housing relative to the shaft. Inductive 
pick-ups with a carrier wave amplifier registrate the distance between shatt and 
housing contactlessly. Two working planes with two orthogonal measurement directions 
permit the control of the housing's displacements (translatorial, rotatorial). 

The present data of the force and displacement as a function of the time are 
transformed to the frequency domain by a digital spectrum analyzer which calculates 
the transfer functions (ratio of displacement to force in the frequency domain) and 
stores them on tape. The identification of the system parameters M,C,K itself is 
carried out by a desktop computer with the stored data. 

--- 

Previous Tests 

In order to get to know the behaviour of the test rig itself without any "seal 
effects" several static tests had been performed: a constant load had been applied 
to the housing and the related movement had been measured, some kind of stiffness 
determination. When doing this without shaft rotation and fluid velocity (no seal 
effect), the stiffness of the system, that are the stiffness of the bolt springs, of 
the inlet and outlet pipes, of the instrument leads and so on, is measurable (fig. 6 ) .  
We found a linear force-displacement relation, which differs for the four directions 
(+ y, + z) but in general we found a stiffness of the set-up of about 5.104 N/m for 
the y and the z directions. This is an additional term similar to the mass of the 
housing which has to be taken into consideration while calculating the diagonal 
elements of the stiffness matrix. 

Increasing the axial flow while the shaft speed is still zero, caused an in- 
crease of the system's stiffness which coincided quite well with the pre-calculated 
values from the models of Black (Ref. i , 2 )  and Childs (Ref. 3) (table 1 ) .  The con- 
stant error of those measurements could be a systematical one and consequently it 
could cause some problems in identifying the stiffness coefficients out of a dynamic 
measurement. 
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MEASUREMENTS OF THE DYKAMIC COEFFICIENTS 

Measurement Procedure 

Every measurement set consists of four frequency response functions H (input 
direction k = y, z; response direction i = y, z). A s  described above our input ik data 
result from multiple successive impact signals (in order to reach a high energy level) 
of an optimized hammer which renders possible an excitation only for a linear seal 
behaviour. Force and response (distance between shaft and housing as a function of 
time) signals are measured simultaneously and later on processed in a digital fourier 
analyzer. The data set, obtained in this way, describes a single working condition 
of the test system, i.e. fluid velocity, fluid temperature and shaft speed are con- 
stant. To get the following results and dependences, only one parameter will be 
varied during one series of measurements. The temperature and with this the viscosity 
will be constant for all measurements and equal to 30 C. 0 

By the way, at the moment we are measuring four frequency response functions in 
order to confirm the skew-symmetrical character of the frequency response matrix, 
but later on the expenditure of measurements could be probably reduced to two func- 
tions. 

A desktop computer with a medium storage capacity takes over the subsequent 
treatment of the stored data. A program which contains the identification procedure 
itself ( H * K  - -  = - E) and an in-core solver for this determinante equation with respect 
to the unknown coefficients of the seal, calculates the parameters and, with the 
help of these, the fitted frequency response functions. Both functions, measurement 
and curve fit, can be displayed and plotted so we can estimate the quality of our 
curve fit algorithm visually. Furthermore the parameters My - - -  Cy K as functions of 
fluid velocity and shaft speed are reproduced by approximate equations which are 
polynominal equations whose order had been found in comparison with theoretical 
curves calculated with the above mentioned models and a least square method's opti- 
mi za t ion. 

Presentation and Discussion of some Results 

The described process is demonstrated for one working condition: V = 12.0 m/sec, 
U = 3000 min-', T = 3OoC, in order to understand the results discussed later. Figure 
7 shows the measured Hik, plotted as magnitude and phase of the complex values, and 
the analytical frequency response functions too. The correlation of measured and 
analytical data is more or less good. Especially the additional peak in H 
Furthermore the signal to noise ratio was expected to be better. 

surprise. 
YY 

The resultant matrices of the seal coefficients can be read in fig. 8. As men- 
tioned before the values for the complete system with two seals and all additional 
terms (mass of the housing, soft springs etc.) are presented. It can be seen, that 
the main diagonal elements are not equal, furthermore the expected skewsymmetry 
could not be found in the measured results. This is one result of a series of meas- 
urements, which point out the influence of the shaft rotation while the axial ve- 
locity is constant. The values of the whole series for constand axial fluid velocity 
V = 12 m/sec are drawn in fig. 9. The coefficients which should be equal in magnitude, 
when following the theory, are shown in one diagram and treated as two values for the 
same operating condition. Besides the measured coefficients fig. 9 points out the 



corresponding values of the above mentioned theoretical models (Ref. 1 , 3 ) .  There is 
partly a good correlation, especially for the inertia and damping values. Even the 
traces of curves of the stiffnesses are similar to the theory, but here the values 
for k , k 
crosszeoupfgd stiffnesses k k 
retical values. 

are found out 30 % to 40 % too small, The worst case we find for the . Differences are possible up to 90 % of the theo- 
YZ' ZY 

How can we explain and then correct this problem? 
Suppose there is an inlet swirl of the water streaming through the inlet chamber, 
i.e. the fluid has an axial and, that's important, a circumferential velocity at 
the beginning of the seal. Applying the theory of Childs (Ref. 3 )  to our test system 
with a negative inlet swirl (the senses of rotation of the shaft and of the fluid 
are different), so the stiffness terms could reduce remarkably. On the other hand 
the cross-coupled dampings are influenced also very clearly. The problem at the 
moment is how to determine this inlet swirl and to decide whether or not it is 
constant with the shaft speed. Some experiments done with the contrary sense of 
rotation for the shaft, in that case an inlet swirl should change its sign and 
should effect the coefficients in some different manner, we got stiffness-values 
slightly different to the first results, but not as much influenced as expected! 
We suppose: our test rig doesn't agree with the two-degree-of-freedom model which 
was described earlier in the paper. When looking at fig. 7 the two transfer func- 
tions H 
Hz onlyY& excitlng in the y direction. Also the coherences arent't good at all at 
this frequencies. That characteristic can be found in almost every measurement. In 
order to eliminate its reason we looked at the whole system and measured a vibration 
belonging to a motion of the complete test rig at that critical frequency. It's a 
vibration of the system on the flexible connections between itself and the environ- 
ment in the y-direction. This causes a motion of the "fixed" reference system during 
our measurements. An expanded mathematical model for the test set-up (three degrees 
of freedom) points out a reduction of the stiffness elements. This may be an ex- 
planation for the small stiffness values in the measurements. To avoid this problem, 
a modification of the test rig supports will be carried out. 

and HZ show a particularity, a break-down in magnitude at about 12 to 14 

Fig. 10 points out the influence of the axial velocity V. At first some remarks 
to the theoretical values. If we increase the axial velocity the seal coefficients 
will increase too, except the inertia term. Two cases appear: the increasement of 
velocity results in a parallel shift of the k 
rises for k k 
Now let's dok at the measurements. The statements form above are transferable very 
well. Even the absolute shift values of k k and c , c are agreeing. The 
difference of the main stiffness element g&ween V = 1875 m$gec and V = 12.5 m/sec 
calculated for the measurements is 7 -104N/m and for the theory 6.104N/m. 
The main damping values aren't as constant as predicted but the difference between 
them of about 250 N/msec is comparable with theoretical results. 

C c curves or the gradient yy' kZZ) yy, zz 
z' zy' 

Z Z  

The cross-coupled stiffness element is very small but we find, that the main 
aspect, greater gradients for higher velocities, is right. The cross-coupled damp- 
ing is approximately a linear function of the shaft speed but there is hardly an 
influence of the velocity. This fact and the numerical values confirm the annular 
seal models. 
Finally no influence of the axial velocity can be seen for the inertia term, which 
is also in good correlation with the theory. 
After a modification of our test rig further examinations will follow and we hope 
to obtain new results for the dynamic seal coefficients. 
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TABLE I. - STATIC STIFFNESS VALUES FOR U = 0 l/min 

Om0 1 1 
10.5 
12.0 

measured K 
CN/ml 

132 500 
171 800 
216 000 
266 600 
308 100 

theoretical K 
tN/ml 

164 000 
208 000 
270 000 
330 000 
390 000 

-17.4 
-19.8 
-19.4 
-21 .o 
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Figure 1. - Black's annular seal model. 
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Figure 4 .  - Mechanical model of test rig. 
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The necessary Measurement Set-up 

DIGITAL FOURIER ANALYZER 
IMPACT EXCITATION 
WITH ACCELERATION 

Figure 5. - Necessary measurement set-up. 

Static Load Test 
0 : APPLIED LOADS IN1 (W-T SHAFT ROTATION AN0 AXIAL FLOW) 

SEAL CLEARANCE 

Figure 6. - Static load test (without shaft rotation and axial flow). 
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Figure 7. - Complete set of frequency response functions €or U = 3000 l/min, 
V = 12.0 m/sec, and T = 30" C. 

Fluidal and geometrical values: 
Length of the Seal: 35 mm 
Radius of the Seal: 21 mm 

Temperature: 30.0% 
Dens'*: 995 kg/m3 

Radial Clearance: 0.35 mm Vi~cosity: 8.OE-7 W%/S~C 

Pressure drop: 2.23 bar 
Fluid vdOc*&: 12.03 m/88C 
Rev. of the shafk 3000 l/min 

Reynolds-radial: 2 887 
Reynolds-axial : 10 530 

Representation of the identified SEAL-PARAMETERS 
Inertia matrix tkgl Damping matrix IN/msecl Stiiness matrix IN/ml 

k 1 9 7  000 - 33 3 0 ~  
+ 47 200 +210 000 

1 

Figure 8. - Numerical results for example in figure 7. 
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ANALYSIS AND TESTIfElG FOR ROTORDYNAMIC COEFFICIENTS OF ToILpBULKNl! ANNULAR 

SEALS WITH DIFEWUBW, DIRECTIONALLY HOMOGENEOUS SURFACE-ROUGHNESS 

TBEAlwENT FOR ROTOR ABD STATOR E m *  

D. W. Childs and Chang-Ho Kim 
Texas A&M University 

College Station, Texas 77843 

A combined analytical-computational method is developed to calculate the 
transient pressure field and dynamic coefficients for high-pressure annular seal 
configurations which may be used in interstage and neck-ring seals of multistage 
centrifugal pumps. 
convergent-tapered geometries which may have different (but directionally-homogeneous) 
surface-roughness treatments on the stator or rotor seal elements. 
particular to so-called "damper-seals" which employ smooth rotors and deliberately- 
roughened stator elements to enhance rotor stability. 

The solution procedure applies to constant-clearance or 

It applies in 

Hirs' turbulent lubrication equations are modified slightly to account for 
A perturbation 

The zeroth-order equations define both the leakage and 

different surface-roughness conditions on the rotor and stator. 
analysis is employed in the eccentricity ratio to develop zeroth and first order 
perturbation equations. 
the development of circumferential flow due to shear forces at the rotor and 
stator surfaces. 
and axial and circumferential velocity fields due to small relative motion 
between the seal rotor and stator. 
a centered position and does not employ linearization with respect to either the 
taper angle or the degree of swirl, i.e., the difference between the circumferential 
velocity at the given axial position and the asymptotic circumferential-velocity 
solution. 

The first-order equations define perturbations in the pressure 

The solution applies for small motion about 

Test results for four different surface-roughness confirm the predicted net 
damping increase for "damper seals". 
highest net damping and lowest leakage of all seals tested. 
stantially stiffer than predicted, but the theory does an adequate job of predicting 
net damping. 

A round-hole-pattern stator yielded the 
The seals are sub- 

NOMENCLATURE 

Dimensionless 

7, i? Dimensionless 

f (2) Dimensionless 

ai coefficients defined in Appendix A 

damping coefficients defined by Eq. ( 3 4 )  

clearance function defined by Eq. ( 9 )  

* The results reported herein were partially supported by NASA Contract NAS8-33716 
from the George C. Marshall Space Flight Center; Contract Monitor Frank Garcia. 
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h(z)  = H/? Dimensionless clearance function 

First-order perturbation clearance function defined by 
Eqs. (11) and (18) hl 

z, a Dimensionless seal stiffness coefficients defined by Eq. ( 3 4 )  

ms, ns 
mr, nr 

P 

= p/pv2 

4 

t 

uz = uz/V 

ue = Ue/RW 

ueo3 uei 
uzo’ uzl 
z = Z/L 

A 

Ai - 
C 

pS 

AP 

Dimensionless mass coefficients defined by Eq. ( 3 4 )  

Dimensionless empirical turbulence coefficients for 
stator and rotor 

Fluid pressure (F/L2) 

Dimensionless fluid-pressure introduced in Eq. (7) 

Dimensionless fluid-pressure perturbations introduced in 
Eq. (11) 

Taper-angle parameter defined in Eq.(10) 

Independent variable time (T) 

Dimensionless axial and circumferential velocity components 
introduced in Eq. (7) 

e Zeroth and first-order perturbations in u 

Zeroth and first-order perturbations in u 

Dimensionless axial coordinate 

Z 

Test orbit amplitude CL) 

Dimensionless coefficients defined in Appendix A 

Nominal seal radial clearance, (5) 

Seal discharge coefficients defined by Eq, (-16) 

Entrance and exit clearances, respectively, (L) 

Clearance function, illustrated in figure 2,  and defined 
in Eq. (17) , (L) 

Centered-clearance function defined by Eq, (91, (L) 

Seal length (L) 

Seal supply pressure ( F / L ~ )  

Nominal pressure-drop across seal (F/L2) 
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R Seal radius (L) 

Ra = 2pVH/p Axial Reynolds number 

= 2pfi-F/~ Centered-position, axial Reynolds number 

T=I L / v  

uz’ u8 

V (2) 

x, y 
Z, R8 

ct 

E = e/E 

A A  
E = e / 2 ~  

5 

x r 
T = t/T 

w 

R 

Transit time for a fluid element to traverse the seal 

Axial and tangential bulk-f low fluid velocity components (L/T) 

Centered-position axial fluid velocity (L/T) 

Radial seal displacements (I,) 

Spatial coordinates illustrated in Figure 2 

Seal taper angle illustrated in Figure 3 

Seal eccentricity ratio introduced in Eq, (11) 

Relative roughness 

Inlet pressure-loss coefficient 

Dimensionless stator and rotor friction-factors defined in Eq. (15) 

Dimensionless time 

Shaft angular velocity (T-l) 

Shaft precessional velocity (T-’), introduced in Eq, (22)- 

INTRODUCTION 

Figure 1 illustrates the two seal types which have the potential for developing 
significant rotor forces. The neck or wear-ring seals are provided to reduce the 
leakage flow back along the front surface of the impeller face, while the interstage 
seal reduces the leakage from an impeller inlet back along the shaft to the back- 
side of the preceding impeller. Pump seals may be geometrically similar to plain 
journal bearings, but typically have clearance to radius ratios on the order of 
0.005 as compared to 0.001 for bearings. Because of the clearances, and normally- 
experienced pressure differentials, fully-developed turbulent flow normally exists 
in pump seals. 

A s  related to rotordynamics, analysis of seals has the objective of defining 
the reaction force acting on a rotor as a consequence of shaft motion, For small 
motion about a centered position, the relation between the reaction-force components 
and shaft motion may be expressed by 
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The off-diagonal coefficients in Eq. (1) are referred to as llcross-coupled" and 
arise due to fluid rotation within the seal. 
develop significant direct stiffness values K in the centered, zero-eccentricity 
position due to the distribution between (a) inlet losses, and (b) the axial 
pressure gradient due to wall-friction losses. Lomakin [l] initially pointed out 
the phenomenon. Both analysis [2] and experiments [3] have shown the Eq. (1) holds 
for fairly large eccentricies on the order of 0.5; i.e., the dynamic coefficients 
tend to be relatively insensitive to changes in the static-eccentricity ratio. 

Seals, unlike plain journal bearings, 

Prior analytical and experimental developments have generally examined 
"smooth" seals where both stator and rotor elements of the seal are assumed to 
have the same nominally smooth surfaces. 
developments for this type of seal is provided in references [ 4 ]  and [5] and will 
not be repeated here. 
seal" configuration recently proposed by von Pragenau [6], which employs a smooth 
rotor and a deliberately surface-roughened stator element. For the same surface 
roughness on the rotor and stator, the asymptotic, circumferential, bulk-flow 
velocity is Rw/2 in the centered position because (a) the radial velocity distribu- 
tion is assumed to be symmetrical about the midplane, and (b) the circumferential 
velocity is zero at the stator wall and Rw at the rotor wall. 
analysis demonstrates that the damper seal yields a lower asymptotic circumferential 
velocity which implies a reduction in the destabilizing cross-coupled stiffness 
coefficient k and a consequential improvement in rotordynamic stability. 

k review of the analytical and experimental 

The subject of this investigation is the so-called "damper- 

Von Pragenau's 

Von Pragenau employs an approximate "short-seal" analysis to develop analytical 
expressions for the rotordynamic coefficients of constant clearance seals. The 
development of these analytical expressions is lengthy and.difficult. The combined 
analytical-computational approach used in this development yields an exact 
numerical solution to the governing equations for both constant-clearance and 
convergent-tapered seals with significantly less labor. 
modification to Hirs' [7] governing equation to account for different surface- 
rnughness conditions on the rotor and stator, the analysis procedure is baeieally 
that of reference [ 4 ]  and 151. 

Following a slight 

GOVERNING EQUATIONS 

Figure 2 illustrates a differential element of fluid having dimensions Rde, 
dz, and H (Z, 8, t). The upper and lower surfaces of the element correspond to 
the rotor and stator seal elements and have velocities of Rw and zero, respectively. 
The bulk velocity components of the fluid are Ue and Uz; i.e., these are the averages 
across the fluid film height H of the Circumferential and axial fluid velocities. 
The essence of Hirs' formulation is the definition of the wall shear stress T as 
the following empirical function of the bulk flow velocity Vw relative to thewwall 

no R ~ O  a 
v 
W 

% 7 = p l n 0  

The bulk flow velocities relative to the rotor and stator are, respectively 

V = (Ue-RW) 5 + U E 
It 2-2 

v =u&+u E -s 2 - 2  
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( 4 )  

Hence, the shear stress at the rotor and stator are 

V2 
T = p -nr r (2YT r 2 

T =p-yns V2 S ('";"r' 
S 

Hirs' formulation assumes that the surface roughness is the same on the stator and 
rotor; hence, the same empirical constants mo, no apply to both surfaces. The 
formulation of Eq. ( 4 )  accounts for different surface roughnesses in the seal 
elements via the empirical constants (mr, nr), (ms, ns) for the rotor and stator 
surf aces. 

The components of wall shear surface stress in the Z and R8 directions are 

9 vs = (Ue2 + U Z 2 ) 2  

Summing forces in the Z and Re directions for the free-body diagram of figure 2 (b) 
yields the following momentum equations*: 

[auz +- -  'e auz 
at R ae + p H  - 

ms+l 
+ (Ue/Uz)2] 2 - R ?E! ae = 2 p UzUe R T  

' e  sue] 
+ p H  [%+ at Rae - + uz az 

The bulk-flow continuity equation is 

*The continuity Eq. (6.c) has been used to simplify these momentum equations. 
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These equations may be nondimensionalized by introducing the following variables: 

T = L/?, b = ?/RU 

where 'F and v are the average clearance and axial velocity, respectively. 
resultant equations are 

The 

ms+l 

mr+l 

ae + ue(UT) -- 

PERTURBATION EQUATIONS 

Seal Geometry 

Figure 3 illustrates the geometry for a tapered seal. At the centered position, 
the clearance function is defined by 

(9) 
O1L 

2 
- 

H0(z) = (C + -) - CXZ = 11 + q (1 - 2z)J F = f C 

where 01 is the taper angle, and 
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- aL co-cl 
c = (C0 + C1)/2, q = -y = cO+cl 2c 

The parameter q is a measure of the degree of taper in a seal and varies from zero, 
for a constant-clearance configuration, to approximately 0.4 for a maximum-stiffness 
seal design [81. 

Perturbation Analysis 

The governing Eqs. ( 6 )  define the bulk-flow velocity components (ue, uz) and 
the pressure, p,  as a function of the spatial variables (Re ,  z )  and time, t, 
expansion of these equations in the perturbation variables 

An 

where E = e/c is the eccentricity ratio yields the following equations: 

Zeroth-Order Equations: 

(a) Axial-Momentum Equation 

dFo - -  o ) + 4q ] /2f3 dz - - [(aosos + "Or r 

(b) Circumferential-Momentum Equation 

-- 
dz 

(c) Continuity Equation 

u = llf 
20 

First-Order Equations 

(a) Axial-Momentum Equation 

aFl 
aZ - hiAiz - - zl A 32 

- -  

(b) Circumferential-Momentum Equation 
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(c) Continuity Equation 

Most of the parameters 
CTsy CT are defined by r 

- 
Os - 

of these equations are defined in Appendix A. The quanities 

where the wall friction factors are defined by 

1+ms l+mr 

A = nsR ms (1 + &) 2 , Ax = nrRZ (1 + & )  (15) 
S a0 

These expressions correspond to Yamada's [9 ]  test correlation €or flow between 
rotating annulli. 

SOLUTION PROCEDURES 

Zeroth-Order Equations 

The zeroth-order equations define the steady-state leakage and the circumferential 
velocity development u (z) due to wall shear. The governing equations, Eqs. (12), 
are coupled and nonlinear through the dependency of the coefficients a 
and T. 
velocity V corresponding to a specified pressure drop AP and the circumferential 
velocity distribution u 
Cd of the leakage AP refgtionship 

eo 
Or' aosy %o The equations must be solved iteratively to determine the average leakage 

( z ) .  The resultant solution defines the leakage coefficient 

B p = c d 2  pV' 

The pressure drop at the entrance 

(16) 

is defined by 

PV' (1+<) 
= 2 ( l + q ) z  

where 5 is an entrance-loss coefficient 
0.5. 

which is generally on the order of 0.1 to 
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’ 
&hl = -x cos0 - y sin0 

where 
- 

x = x/c, y = Y/E 

Note that hl is not a function of z ,  and its time dependency arises from the dis- 
placement variables x (t), y (t). 

is assumed: 
To satisfy circumferential continuity conditions, the following solution format 

u ( z ,  0, T) = u ( z ,  T) cos0 + uzls ( z ,  T) sin0 21 z 1c 
u81 (2, T, 0) = uelC ( z ,  T) cos0 + uelS (2, T) sin0 (19) 
N 

p1 ( z ,  8, T) = Ylc (2, T) + TlS (2, T) sin0 

Substituting from Eq. (19) into Eq. (13) eliminates 8 as an independent variable, 
and yields six real equations. By introducing the complex variables 

ZlC + jUZlS 3 = u  

Gel = uelC + ju 
21 

01s 

A 
Y 

& E  & 
- = - + j -  

into these equations, the following complex equations are obtained 

1 - j (UT) uo0 GZl + - - f az + 
A 
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with the A. coefficients defined in Appendix A. 
l. equations is eliminated by assuming a harmonic seal motion of the form 

The time dependency in these 

where r is a real constant. The associated harmonic solution can then be stated 
0 

A j QTT 
p1 (z, ‘1 = P1 (z> e 

Substitution from Eqs. (22) and (23) into Eq. 

where 

(21) yields 

(2q/f 3+j TT/ f )  81 

g2 -%e 

83 

- - 

- (Alz+2q/f 4+j rT/f 2, 

and 

r = n - wU (z) eo 

0 

Fb (L/R 

0 

The following three boundary conditions are specified for the solution of 
Eq. (24): 

(a) The exit pressure perturbation is zero; i.e., 
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- 
P1(L) = 0 (27) 

(b) The entrance circumferential velocity p tion is zero; i.e., 
- 
uBi(0) = 0 (28) 

(c) The pressure loss at the seal entrance is defined by 

P, - P(o, e ,  TI = - '(0, e, -o (1 + 5) 2 2  
which yields the following boundary condition: 

- 
P1(0) = - (1 + 5) uz1(0)/(l+q) (29) 

Solution of the differential Eqs. (24) in terms of the boundary conditions is 
relatively straightforward, yielding a solution for the velocity and pressure 
fields of the form 

Dynamic Coefficient Definitions 

Having obtained the pressure-field solution of Eq. (30), solution for the 
dynamic coefficients will now be undertaken. 
on the rotor due to shaft motion are defined by 

The reaction-force components acting 

FX(t) = -&RL oJ 1 oJ2T plcosededz = -&RLpv2 o!l o!2TF cosededz 
1 

From the last of Eq. (19), these integrals further reduce to 

(31) FX(t) = -&RL~rpv' ol 1 FICdz; Fy(t) = -&RLlTpv' J1 glsdz 
0 

The motion defined by Eq. (22) is orbital at the precessional frequency and 
radius Ro. 
to obtain 

This statement may be confirmed by compar Eq. (18) with Eq. (22) 

- - 
X = Cr cosQt, Y = Cro sin& (32) 0 

Definition of the reaction forces is simplified by performing the integration 
at a time when the rotating displacement vector is pointing along the X axis, i.e., 
when Qt = 0. 
Hence, Eq. (31) yields the following component force definitions parallel and 
normal to the displacement vector 

Eq.. (23) shows that j1 and p1 coincide for this time and location. 

1 Fr(QT> = -ro(TRLpv2) ol f3C(z)dz 
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The useful nondimensional version of these equations is 

(33) 

- 
where Ro = Cr 
function of Q!?, because. for a given seal geomezry CL, R, C) and set of operating 
conditions (AP, w), the excitation frequency QT is the only independent variable, 
Stated-differently, Eq. (33) provides a frequency-response solution for the reaction 
force components. - 

is the amplitude of seal motion, The components are expressed as 

To calculate seal coefficients, a comparable statement of reaction-force 
components is developed from the following nondimensional statement of Eq, (1) 

1 
TRAP 

- -  

Substitution from Eq. (32) yields 

9 1  

X 

(34) 
.. 
Y 

(35) 

Hence, the dynamic seal coefficients (K, k, C, cy M, m) may be obtained by 
comparing the solution obtained by Eq. (33) with Eq. (35). More specifically, 
they are obtained by a least-square curve-fit of the solutions stated on the 
right-hand side of Eq. (35). 

TANGENTIAL VELOCITY DEVELOPMENT 

The frames of figure 4 illustrate the circumferential velocity development 
u 
surface roughnesses. 
(mr, nr), (ms, ns). For the figures illustrated, the roughness of a smooth surface 
is defined by Yamada’s [9 ]  coefficients 

(z) which is predicted by Eq. (12b) for the same and different rotor and stator eo Roughness is characterized by the empirical coefficients 

mo = -0;25, no = 0.079 

while the parameters 
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mo = -.0024, no = 0.0262, 

h -  
corresponding to a theoretical relative roughness $ = e/2C = 0.1 are used for the 
rough surface. Observe that the solution converges towards one half irrespective 
of whether both surfaces are smooth or rough. However, in figure 4 (b) the 
asymptotic solution is less or greater than one half depending on whether one 
uses a smooth-rotortrough-stator or a rough-rotor/smooth-stator combination. 
results of figure 4 substantially support von Pragenau's [ 6 ]  central conclusion 
concerning the desirability of a rough-stator/smooth-rotor combination. 

The 

EXPERIMENTAT., RESULTS 

Introduction 

The test results reported here were developed as part of an extended, NASA- 
funded, high-Reynolds-number test program of pump seal configurations in support 
of the SSME (Space Shuttle Main Engine) development program. High-Reynolds numbers, 
which are comparable to those achieved in the cryogenic turbopumps of the SSME, are 
achieved by using CBrF as a test fluid. This is a DuPont-manufactured refrigerent 
and fire extinguisher $hid (Halon) which combines a high density and low absolute 
viscosity to achieve very low kinematic viscosity, actually less than liquid 
hydrogen [ lo ] .  Details of the flow loop are provided in [ll]. 

Figure 5 illustrates the test apparatus. The test fluid enters the center 
and discharges axially across the two test seals. Seal inserts are pressed into 
cylindrical seats in the housing. 
eccentrically in the rotor with an eccentricity A. 
a synchronously-precessing pressure field. Axially-spaced, strain-gauge, pressure 
transducers are provided to measure the transient pressure field. 
type proximity probes are provided to simultaneously measure the rotor motion X(t), 
Y(t) relatives to the housing. 
to define Fr/A and Fo/A, the force coefficients parallel and normal to the seal 
eccentricity vector. In any test, five to ten cycles of data, containing on the 
order of 2,000 data points, are analyzed, yielding a calculated average and standard 
deviation for Fr/A and F /A. The test results reported here were carried out to 
provide answers for the pollowing questions: 

The rotor segments of the seal are mounted 
Hence, rotor rotation generates 

Capacitance- 

The transient pressure measurements are integrated 

(a) How do predictions from the current theory compare to test results? 

(b) For damper seal configurations, (rough-stator/smooth-rotor) how do 
various roughness treatments compare in terms of leakage, stiffness, 
and damping? 

Stator Configurations 

Tests were carried out on the following stator configurations: 

(a) smooth finish, 

(b ) knur led-indent at ion roughness , 

(c) diamond-grid post pattern, 
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(d) round-hole pattern. 

All seals use the same radial clearance, Cr = .527 mu. 
illustrated in figures 6 .  
as that used in current test versions of the HPOTP (High Pressure Oxygen Turbopump), 
and the seal insert was supplied by Rocketdyne division of Rockwell International, 
the manufacturer of the SSME. The diamond-grid post pattern was manufactured by a 
milling operation which produced grooves which left the square post pattern. 
round-hole pattern.,was also produced by a right-hand milling operation. 

Seals b throagh d are 
The knurled-indentation roughness pattern is the same 

The 

Empirical Turbulence Coefficients 

With reference to the adequacy of current analysis, the stator and rotor 
roughness is characterized in terms of empirical coefficients. These coefficients 
must be calculated from the static test data before a theoretical prediction can 
be made for Fr/A and Fe/A, and calculation of these coefficients is the subject of 
this subsection. 

In the apparatus of figure 5, a smooth-seal insert is used in the left-hand 
side, while the damper-seal stators were inserted in the right hand side of the 
housing. To the extent possible, the same "very-smooth" finish was provided for 
both the smooth-seal insert and the rotor. Leakage rates and pressure gradients 
were measured for both the smooth and damper seals for all dynamic tests. 

The steady-state axial pressure gradient equation has the form 

Hence, with a measured pressure gradient and a known density p and axial velocity v, the parameter 0 can be calculated. 
efficient A by 

a is related to the friction-factor co- 

a = X  (+) 
The smooth-rotor/smooth-stator data were used to calculate or and X 
were assumed to apply for both the rotor and smooth stator. 
61 and R 
formula are calculated 

values which 

data, the empirical coefficients mr, nr of the following frictzon-factor 
From tbe h versus 

ao 
mr+l 
2 
- 

( 3 6 )  = nr Rmr [ 1 + (R6I/V) 2 ]  'r ao 

on a least-square basis, yielding 

nr = 0 , 0 6 7 4 ,  mr = - 0.217 
For the smooth-rotor/rough-stator combinations, a combined a" is measured, 

which is related to the corresponding rotor Or and (rough) statorCaS by 

2 S r 
ac= 'r*s - * C T  = 2 a c - a  ( 3 7 )  

This formula was used to calculate a for the rough stators by using measured values 
for 0 and calculating a value for CT from Eq. ( 3 6 )  with the parameters of Eq. ( 3 7 ) .  
The egpirical coefficients obtained for the stator inserts are provided in table 1, 
together with an estimate of the relative-roughness parameter corresponding to 
pipe-friction data. 

S 

The results are generally consistent with expectations, 
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except f o r  the  pos i t i ve  value f o r  m s  obtained f o r  t he  hole-pat tern s t a t o r ;  however, 
over the  Reynolds-number range t e s t ed ,  t he  combined f r i c t ton - fac to r  xc ac tua l ly  
increased ( s l i g h t l y )  with increasing Raofor t h i s  s t a t o r  i n s e r t .  

Dynamic T e s t  Data 

For a given seal configurat ion,  a test matrix is  obtained by varying the  a x i a l  
Reynolds number and running speed, 
capaci ty  of t he  supply pump and the  minimum AP s u f f i c i e n t  t o  generate reasonable 
t r ans i en t  pressure s igna l  amplitudes. For a given R value,  t h e  running speed i s  
var ied  sequent ia l ly  over t h e  running-speed capaci ty  of t h e  d r i v e  motors. Figures 
7 through 10 i l l u s t r a t e  t h e o r e t i c a l  and experimental r e s u l t s  f o r  the  four  s t a t o r s  
t e s t ed .  An inspect ion of these r e s u l t s  demonstrates "reasonable" agreement between 
theory and experiment f o r  F /A but  much l a rge r  Fr/A magnitudes a t  lower speeds than 
predicted.  Further ,  the  magnitude of F;/A decreases more rap id ly  with increasing 
running speed than predicted.  

The Rao range varies between the  maximum flow 

a 

0 

DISCUSSION OF EXPERIMENTAL RESULTS 

Comparison t o  Theory 

I f  a c i r c u l a r  o r b i t  of the  form 

X = A cosut Y = A sinwt 

i s  assumed, Eq. (1) y ie lds  the  following d e f i n i t i o n  of fo rce  coe f f i c i en t s  

F,/A = -K - c w  + MU* 
F0/A = k - CW 

where t h e  cross-coupled m a s s  coe f f i c i en t  m has been dropped as being neg l ig ib l e  i n  
comparison t o  the  inf luence of k and C. A t  f i r s t  glance, these  equations suggest 
t h a t  s u f f i c i e n t  independent equations could be obtained, i n  the  present  apparatus,  
t o  independently ca l cu la t e  a l l  the  rotordynamic coe f f i c i en t s  by holding the  f lowrate  
constant  and running a t  th ree  d i f f e r e n t  speeds. 
e f f i c i e n t s  depend on w precludes t h i s  approach. While K,  C y  and M are weak funct ions 
of w through t h e i r  dependence on 0, t he  "cross-coupled" coe f f i c i en t s  k and c are 
l i n e a r  funct ions of w. 
seal such t h a t  t he  i n l e t  t angen t i a l  ve loc i ty  is Ue0(o)  = Rw/2, then theory p red ic t s  
t h a t  k = Cw/2, c = Mu, and 

However, t he  f a c t  t h a t  the  co- 

I n  f a c t ,  i f  t h e  f l u i d  is  prero ta ted  p r i o r  t o  en ter ing  the  

Fr/A = -K, FO/A = -Cw/2 

The present  test apparatus provides no in t en t iona l  prero ta t ion ,  and the  expected 
r e s u l t  i s  of t he  form 

k = blCw/2, bl<l 

c = b2Mw, b2<l  

F e / A S  -C W =  -C(1-bl/2)w ef 
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Fr/A 2 -Kef + Mefw2 = -K+M(1-b2)w2 

The term Cef denotes the "net damping coefficient" resulting from the drag force 
CWA and the forward whirl excitation force kA. 
and experiment is obtained by curvefitting the theoretical and experimental results 
for the Fr/A and F /A to obtain predictions for Kef, C Note that the 
procedure of curvepitting the data with respect to w effminates the running-speed 
dependency. Further, K 
curve, and Cef is the sf5pe of the Fg/A versus w curve. 

Mef are given in table 2 for the stators tested, and support the following general 
conclusions: 

A direct comparison between theory 

, and Mef. 
is the zero-running speed intercept of the Pr/A versus w 

ef: 'ef' and A comparison of measured and experimentally-derived values for K 

(a) Direct stiffness values are substantially underpredicted by theory. This 
result is consistent with earlier water test results [S, 121. Improved 
correlation generally results at larger F/R ratios. 

(b) Net damping coefficients are overestimated by theory, but the agreement 
is reasonable and generally improves with increasing R 

The added-mass coefficient is substantially underpredicted by theory. 
However, this result is at variance with earlier water-test results 
[12] which show an overestimation of the added-mass coefficient. 

a0' 

(c) 

Relative Performance of Stators 

Gynamie Coefficients 

Figures 11 and 12 illustrate K for the stators tested versus AP, and 
can be used for direct comparison 
roughness designs. 

fness and effective damping of the 
The results support the following conclusions, 

(a) The knurled-indentation and the diamond-grid stators are, respectively, 
the most and least stiff. 
comparable stiffness. 

The hole-pattern and smooth stators have 

(b) The hole-pattern and diamond-grid stators provide, respectively, the most 
and least net damping. 
comparable net damping coefficients. 

The smooth and knurled-indentation stators have 

The disappointing performance of the diamond-grid stator is related to its larger 
average clearance. 
clearance of 0.889 mm as compared to the 0.527 mm minimum clearances of the remaining 
configurations. 

The relieving operation which yields the posts yields an average 

Leakage Performance 

To evaluate leakage performance, C is defined using the conventional discharge L coefficient Cd definition 
pV2 AP = Cd 2 

which yields 
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Hence , 

The coefficient C 
expected through seals having the same radius. Figure 13 illustrates C versus 
AP for the seal stators and demonstrates that the round-hole pattern an% smooth 
stators have, respectively, the best and worst performance. The knurled-indentation 
pattern has a slightly better leakage performance than the diamond-grid pattern. 

is a nondimensional relative measure of the leakage to be L 

CLOSURE 

A theory is presented, based on a simple modification of Hirs' turbulent 
lubrication equations, to account for different but directionally-homogeneous 
surface roughness treatments for the rotor and stator of annular seals. 
theoretical results agree with von Pragenau's predictions that a "damper seal" 
which uses a smooth rotor and a rough stator yields more net damping than a 
conventional seal which has the same roughness for both the rotor and stator. 

The 

Experimental results for four stators confirm that properly-designed 
roughened stators can yield higher net damping values and substantially less 
leakage than seals with smooth surfaces. 
leakage viewpoints uses a round-hole-pattern stator. 
stator suggest that, within limits, seals can be designed to yield specified 
ratios of stiffness to damping, Additional testing for this type of seal is 
scheduled for 1984-1985 to examine the influence of hole depth, hole shape, and 
the ratio of hole-relieved area to total surface area. 

The best seal. from both damping and 
Initial results for this 

APPENDIX A: PERTURBATION COEFFICIENTS 

ms+l - ms+l 
2 = (1 + +) 2 

s os 1 + (uBO/buZO) 2] ' Bs 

mr+l mr+l 
2 2 
- 

Braor 

mr-1 

B r a lr 11 -!- [ (ugo-l)/buZo] '1 
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A2z 

A3z 

A2e 

A3 0 

1 .  
t h e  

r 1 
Q ms a +U mraOr(ueo-l) 
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TABLE 11. - A COMPARISON OF THEORETICAL AND MEASURED VALUES FOR 
EFFECTIVE STIFFNESS, DAMPING AND ADDED-MASS COEFFICIENTS 

MEF 

ME F 
e x  

th 

- 

1.38 , 

1.38 

4.115 

6.88 

9.35 

0.986 

1r.24 

'3 .82 

18.6 

11.2 

11.23 

1.88 

2 .61  

7.58 

11.9 

4.83 

1.94 

2.25 

2.58 

1.88 

Smooth 

K n u r l e d  - 
Indentation 

Diamond Grid 

Hole Pattern 

. 
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NECK RING 
SEAL 
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INTERSTACE SEAL 

Figure 1. Neck-ring and interstage 
seals. 

Y 

Figure 3. Tapered seal 
geometry. 

Figure 2. Seal differential element. 
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D ROUGH STATOR/ROUGH ROTOR 
0 SMOOTH STATOR/SMOOTH ROTOR 

RE- 2 5 1 4 9 . 5  Rc- 2 0 7 2 5 4 .  

. ~- 
. 4  .a 

.2 .6 1. 

Ax ls l  Locstlon 
Figure  4(a) .  Pred ic ted  c i r cumfe ren t i a l  v e l o c i t y  

development f o r  t h e  same r o t o r  and s t a t o r  roughnesses. 

0 SMOOTH STRTOR/ROUGH ROTOR 
0 ROUGH STATOR/SMOOTH ROTOR 

R a -  2 5 1 4 9 . 5  R C - 2 0 7 2 6 4 .  

0 .  B 
0 .  . 4  .a 

.2 .6 1. 

Axlal Locstlon 
Figure 4(b) .  Pred ic ted  c i r cumfe ren t i a l  v e l o c i t y  

development f o r  d i f f e r e n t  r o t o r  and s t a t o r  roughnesses. 
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Figure 5. Test apparatus-, 

Dlm8nJont In Yllllmtl8f8 "'Y 

Figure 6(a). Rocketdyne-manufactured, knurled-indentation 
stator insert. 
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Figure 6 ( b ) .  Diamond grid, 
post-roughness stator 
insert. 
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FINITE-LENGTH THEORY 
SMOOTH STATOR / SMOOTH ROTOR 

CIRAOIALI - .6271 mm 

--- Mamo.~rod - Thmry 
0 Ra - 69860.2 

lur l ioc R o u g h n u i  Otlell 

Figure 6 ( c ) .  Round-hole 
pattern stator insert. 
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Figure 7. 
Measured and theoretical 
results for Fr/A and F /A; 
smooth stator. 0 
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F I N I T E - L E N G T H  THEORY 
ROCKETOYNE STATOR / SMOOTH ROTOR 
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Figure 8, 
Measured and theoretical results 
for F /A and Fg/A; knurled- 
indenration stator. 
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AHALYSIS FOR LEAKBGE AND ROToBDPEuLnIC COEFFICIENTS OF 

SURFACE ROUGHENED TAPERED ANNULAR GAS SEALS* 

C. C. Nelson 
Texas A&M University 

College Station, Texas 77843 

FiwEW.3 

In  order to soften the effects of rub, the stmoth 
stators of turbine gas seals are -tines replaced by 
a honeyccmb surface. ?his deliberately roughened 
stator and stmoth rotor carbination retards the seal 
leakage and m y  lead to enhanced rotor stability. 
However, m y  factors determine the rotordynamic co- 
efficients and l i t t l e  is knm as to the effectiveness 
of these "honeycomb seals'' under various changes in 
the independent seal parameters. 
develops an analytical-canputational mthod to solve 
for the rotordynamic coefficients of this t y p s  of 
ccmpressibleflm seal. 

The governing equations for d a c e  roughened 
tapered annular gas seals are based on a rrodified H i r s '  
turbulent bulk flm &el. 
employed to develop zeroth and' first-order perturb+ 
tion equations. 
integrated to solve for the leakage, pressure, density, 
and velocity for s ~ l l  motion of the shaft about the 
centered psition. ?he resulting pressure distribution 
is then integrated to find the corresponding rotor- 
dynamic coefficipmts. Finally, an example case is used 
to damnstrate the effect of changing fran a snr>3th to 
a rough stator while varying the seal length, t a p ,  
preswirl, and clearance ratio. - 
c (2) = centered position seal clearance 
E = (ce'cx) /2 = ~aninal seal clearance 
c = CfR = Dksionless  nanindL seal clearance 

= Specific heat a t  constant volun~ 
cV 

= Direct and cross-ccupled darnpins 

= Dh%sionless direct and cross-mupled 

This analysis 

A perturhtion analysis is 

sese equations are nurrerically 

- -  

GI a 

6 0" 
coefficients of Eq. (1) 

"This work is being supported by NASA Grant W 3 - 1 8 1  
f ran  the Lewis Research Center. 

L 
e = L/R 

M = "& 
*st "r 
5 1  "r 

P 
5 = PIPa 

R 
T 
9 

t 

= Shaft rliamter 
= Local seal clearance 
= Dhznsionless clearance 
= Entrance loss coefficient 

= Direct and cross-coupled stiffness 
coefficients of ~ 4 .  (1) 

= Dimensionless direct and cross-coupled 
stiffness coefficients defined by 
Eq. (25) 

= Seal length 
= Dhznsionless seal length 

= Mach n u h e r  

=Coefficients for H i r s '  turbulent 
lubrication equations 

= Pressure coefficient 

= pressure 
= Dinmsionless pressure 

= S b f t  radius 

= centered psition, axial mynolds 

= Circunferential &ynolds Number 
= catered psition, nominal 

circmferenhal Reynolds number 
= Perfect gas constant 
= Temperature 
= T h  

n u r h r  
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z = z/L, e 
y = c / c  

e/2Z 
LJ 

P 

P V  
E 

I 

e = PIPa 

Tsr 'r 
7 5 TU 

n 
H = n/w 
Y 

Subscripts: 

a, e, x, b 

0; 1 

s I  r 

= Velocity of rotor surface 

=Fluid velocity in the z and 8 

= Dhensionless tangential. and axial 

directions 

velocities 

= Axial and cirnanferentidl. seal 

= D i m n s i s n l e s s  seal coordinates 
= Specific heat ratio 
= Dimensionless seal eccentricity mt io  
= Relative surface roughness 
= Viscosity 
= Density 
= D h s i d e s s  density 
= Shear stress illustrated in Fig. (2) 
5 Dhsianless thm 
= Shaft orbital velocity 
= Shaft whirl ratio 
= Shaft angular velocity 

coordinates illustrated in Fig. (1) 

= Rservoir, entrance, wit, and smp 

= Zeroth and first-order perturbations 

= Stator surface and rotor surface, 

umditions, respsctively 

i n  the d e e e n t  variables 

respectively 

IMI'FOD~ION 

Figure 1 il lustrates the basic g m t x y  of the 
convergent tapered annular turbine gas seal. In this 
figure both the rotor and the stator elemnts of the 
seal are Shawn to have the same naninally smcloth sur- 
faces. In practice, however, the SIIWth stator is 
sometimes replaced by a honey ccmb or  other deliberate- 
ly  roughened surface. 
surface is to soften the effects of rub frun the rotor 
and to retard leakage. 
rotor and ruugh stator canbination may have significant 
influence on the seal's rotordynamic coefficients. In 
fact, wn  Pragenau 111 suggests just  such a concept for 
an incaqress ib le f lm "dimper seal" which he believes 
w i l l  enhance rotor stabil iw. 

objective of determining the reaction force acting on 
the rotor as a result of the shaft mtion. For s ~ I . 1  
notion about a centered position, the relation between 
the .reaction-force carpnents and the shaft motion can 
be written 

The pvpose of this  roughened 

But i n  addition, the 91130th 

As related to rotordynamics, seal amlysis has the 

me off-diagonal coefficients (k, c, m) are referred to 
as  the cross-coupled stiffness, damping, and added-mass 
tenns, respectively. 
fmn the f luid 's  circum€erential velocity ccmponent. 
=is phenanen~n is usually referred to as the effectsof 

lhese cross-coupled terms arise 

Figure 1. Smooth Tapered Annular Seal .  

swirl. The cirmmferential velocity ccmpnent is in 
part a function of the stator and rotor surface 
roughness. A rough stator and sllooth rotor w i l l  tend 
to  reduce +he circumferential velocity, leading t o  a 
reduction i n  the destabilizing cross-coupled iem. 

Fleming [2,31 mde a separate analysis for the 
direct stiffness K, and for the direct damping c of 
smoth tapered annular gas seals. Hawever, he did not 
include the effects of swirl  and thus could not obtain 
the cross-coupled ksnns. Ch i lds  [41 developed an 
m l y s i s  for both direct and cross-coupled tenns of Fn- 
canpressible-flow by using Hirs' [51 turbulent bulk- 
flow ndel and a perturbation technique. Nelson [61 
used a similar apprcach to develop a numrical solution 
for the direct and cross-coupled stiffness and damping 
of mth compressible-flow seals. lhe present analy- 
sis W f i e s  the solution of reference [6] to  include 
the effects of different stator and rotor surface wn- 
ditions and then demonstrates the 'analysis on a 
specific seal -le. 

GcwEmmG EWATIONS 

?he control v d m e  e h e n t  Shawn in Fig. 1 has 
been enlaxged arid redrawn in Fig. 2. Note that the 
smwth stator surface has been replaced by a roqhened 
honeycab surface. 
the net wall shear stresses resulting fmn both the 
pressure induced flaw and the drag induced flaw. Hirs' 
turbulent bulk-flm Me1 assumes that these stresses 
can be written as 

lhe shear stresses T~ ami T~ are 

here 
surface upon which the shear stress is acting. 
constants n,, and q, are generally enpirically d e t e r  
mined fran pressure flow exprimnts.  

is the mean f l w  ve&ity relative to the 
H i r s '  

For the control 
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Figure 2 .  Control Volume f o r  a Sea l  with 
a Honeycomb Sta tor .  

wlunx? in Fig. 2, + and n4; represent H k s '  constants 
relative to the stator surface and nr and 9 represent 
those relative to the rotor surface. Substituting the 
wan flow velcxity relative to each surface into 
Eq.  (2) and then taking the appropriate canpnent of 
the shear stress i n  the Z and e-direction, the axial 
and circumferential -turn equations are 

- ? 2 + l  

ms+l 
2 
- 

R ae 

+ 

+ 

~ n d  for adiabatic flow the energy equation is 

continuity: 

hergy: 

wfiere 

ms+l - 
2 m 

fs =T "S (ui + u:) (2Rc) 

m-+l 

yields the zeroth and 
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ple zeroth-order =quations describe the s- 
flow resulting f m  a centered position rotating shaft. 
Before these equaticpls can be integrated, values for 
Hirs' ccnstants %, , q, and % must be established. 
Lacking experirrWtal%t+ for these canstants, sues 
can be apKOpthted by the use of colebmok's 
f o d a  171. 

1 \ 
=-2 log  pF - +  2.51 ,) (6 1 

R a m  

For a given relative roughness a least-squares f i t  is 
used to aetennine no and m, over a range of %(say 
5000~R$000000) . 
order Mach nutnber Mo(0), 
coefficient k i n  a manner similar to Zuk [81, the 
follming equations give the initial ~erotharder 
pressure and density. 

Integration begins by guessing an entrance zeroth- 
Defining an entrance loss 

In the f i r s t  application, k is assum3 to be 0.1. Ex- 
pmding the Mach number as defined i n  the narwclature 
in tern of the perturbation variables gives the 
follming zeroth-order entrance equation 

F m  this equation, the in i t ia l  zeroth-order axial 
velocity u,(o) can be found. Having naw go(0), go(0), 
and uzo(0), the centered position axial Reynolds 
nutnber is detemined and used to apprcocimate a new 
loss coefficient fnen the data of Deissler [91 as 

For &3200,000, k is set equal to zero. This new loss 
coefficient is tha used to determine new entrance 
conditions and the procedure repeated until  a consis- 
tent result for k is found. 
zer~th-onkr c-mtial. velocity, ug!O), is a 
given independent variable which indicates the ammt 
of premtation given to the entering fluid. 

Having nm the zeroth-order initial renditions, 
4 s .  (A.la) through (A.ld) are numerically integrated 

Finally, the initial 

almg the seal length. The guess for the entrance &&I 
n& is continually adjusted until: (a) the Mach 
m b e r  at the exi t  just reaches one ard the exi t  pres- 
sure remains greater than the a;mp, pressure far .choked 
flaw, or (b) until  the exit pressure just matches the 
suanp pressure and the Mach nunber rains less than 
one for unchoked flaw. A l l  intenne&a ' te values of the 
pressure, density, and velocities and their  deriva- 
tives are then stored for later use in solving the 
first-order perturbation equaticms. A l s o ,  the leakage 
is determined fmn  these zerothQrder values. 

First-Order Solution 

The first-order 4 s .  (A.2a) tlusugh (A.2d) define 

resulting frnm the seal clearance function hl(z,B,r). 
I f  the shaft center mves i n  an elliptiel orbit, then 
the mtation displacement vector to the shaft center 
has COordlM ' t e s  

61 (z ,e ,T) ,  &(z,e,T) I (z,e,d I and uel (z,e,z) 

x=CKoOOSSZt , Y = C y o S i M t  (11) 

hl = -xoa&~cos8 - yoShGt.sin8 

and the clearance function is 
., I 

(12) 

The as@ harmonic response is 

-c -s -c -s -c -9 -c s c s c s c g= (Px,Px,Py,Py, fix, Px, Py, by,ux,u,,uy,uy,vxl~,v;,v~~. 

?he coefficients of [AI, [BI , C, and 
Appendix B. 
mined  f m  the values obtained in the ~eroth-order 
solution. 

are given in 
These coefficients .are canpletely deter 

The necessary sixteen bcmdary caditions for 
4. (14) are naw written by examining the pertwbation 
conditions that mst exist a t  the entrance and exit 
for choked or unchokd flow. 
these conditions, me following definitions are IMde: 

For ease in writing 
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For choke3 tiw, the first-order perturbation in 
i n  the exit Mch number is set equal to zero. 
Using the definition 05 the Mach number, the 
first-order EhMXrbatim is 

 hisy yield^ ' I 

For unchoked flaw, the first-order pxturbation 
i n  the ex i t  pressure is zero giving 

Q1) = 0 (18) 

A t  the entrance, the circmferential. velocity 
perturbation is zero, i.e. 

U g l ( 0 )  = 0 (19) 

Expansion of the pressure loss Eq.  (7) in 
of the perturbation pressure and the perturba- 
tion Mach maker f n m  4. (16) yields the 
following first-order pressure loss  equation 
which must be satisfied a t  the entrance: 

A similar expansion for  the density change a t  
the entrance defined by Fq. (8). giyes 

where 
2 

[Mo (0) (k+l)-21 
= l + ( Y - l )  2y(k+1) (23) 

Solution of the differential  4. (14) i n  tenns of the 
above sixteen boundary c d t i o n s  can be found by 
nunerical integration -es. 
take the fonn 

';he solution w i l l  

- x = x@) + Y&Z) 

Dynamic Coefficient D e f i n k b n s  

are neglected, the dynamic seal coefficienw can be 
obtained by numerically integrathg the appropriate 
solution ccrrpnmt of 4. (241, Le., 

(24) 

As sham in refezence [61 i f  the added mass terms 

1 1 

w m a  EXAMPLE 

For the cmpressible flaw seal with different 
statox-rotor surface roughness treitmnts, there are 
fourteen independen t gecmetric and fluid dynamic seal 
variables. Assuming a perfect gas, these variables 
can be rduced to ten dimensj.Onless prameters. one 

pa/%, y, L/D , %/%, %R, es/kL/% and 
ue(O)4Je(O)/(wR). Due to t h i s  large nudxr  of inde- 
pendent parameters, it is unreascglable to attempt to 
describe the leakage and dynamic c e f f i c i g n t ' s  dew- 
dence in the fonn of a canplete Set of design charts. 
mus, a specific seal gearetry and flaw condition was 
chosen,a& only the length, taper, fluid p r m t i o n ,  
andclearanceratio (L/D , C4Cx,  ugo(0), and C/R) 
w e r e  independently varied. 
selected is &valent to the turbine interstxje seal 
of the High Pressure Oxidizer Turbopump (HPOTP) of the 
S-pace Shuttle Main wine operating .at Rated Wer  
Level. The rotor is stmoth ard the stator is a honey- 
ccmb &ace, resulting i n  the following seal 
parameters as supplied by Jackson [lo]: 

passible Set is PS=pa/( w2R2}, P mh, 

me particular seal 

pa = 34.05 MPa (4938 psia) 

q, = 26.41 MPa (3830 pia) 

Ta = 773OK (1391OR) 

R = 7.282 an (2.867 in) 
Ce = 0.381 mn 

Cx = 0.254 mn 

L = 2.527 an (0.995 in) 
y = 1.4 

4 
I-I = 2.05 x Pa-s  (1.38 x lbm/ft.s) 

0 = 28352 rpn 

(0.015 in) 

(0.010 in) 

R = 2480 m*N/kg°K (461 f t . I b / h 0 R )  

Uen(0) = 0.25 

es/2z = 1.54 x 

er/23 = 3.08 x 

j m s  = -0,0251, n,=0.01534 

+mr = -0.1691, nr=0.03976 

Results abtaind for  t h i s  seal are shown in 
F a b l e  1. 
w i t h  the given srmth rotor and mgh stator. 
second row represents the results i f  both the stator 
an3 rotor are stmoth. As expected, the rough stator 
decreases the leakage arid cross-coupled stiffness. 
Hwever, it also has the effect  of significantly 
reducing the direct st iffness and slightly decreasing 
tile direct damping. 

ihe f i r s t  r w  of data represents the seal 
'he 

i, BIO-~ b10-~ c a 
(ics/a) (N/m) N/m) (N*s/m) (N*s/m) L 

mgh 1.23 3.07 0.147 1770 13.0 
-th 1.35 3.40 0.160 iaoo -0.9 

Table 1. Leakage and Rotordynamic 
Coefficients for  the XPCftP Rrrbine Interstage S e a l  

plotted in Figs. 3 through 6. In  these graphs, the 
broken lines represent the given rough stator and the 
continuous l ines represent a scooth stator. 

Results obtained by Vcvying the seal geamtry are 

The 
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wrkical bmken lux represents the actual value of 
the indeptlnaent variable for  the Hporp seal. 
coupled damping is not shown since it was found to be 
relatively insignificant. 

jpreswirl). Clearly, prerotatim has no effect on 
P I  K ,  o r  C. However, there is a direct linear 
relationship for  k. 

Figurs 4 shaws the effect  of changing the naninal 
clearance C (convengent taper was held constant). 
W i t h i n  the range Shawn, decreasing the clearance 
results i n  an exponMtial increase i n  a l l  caefficients 
and a linear decrease in leakage. 

Figure 5 shms the effect  of convergent taper, 
Ce/Cx. For these results, the ex i t  cleamnce was 
held constant and the entrance clearance increased. 
It should be noted that t h i s  also has the effect of 
increasing the Ilcminal clearance. 
results i n  0.00355C/R<0.0061. As might be expected 
fran Fig. 4, increasing the t a p  i n  t h i s  mmer 
increases p and decreases IC and C. 
roughly a 50% increase when the seal is changed fran 
straight to having a convergent taper r a t io  of 
CeE-2. 

Finally, Fig. 6 shows the effect  of seal length. 
Generally, as L/D increases, the coefficients increase 
and the leakage decreases. Hcwever, for a very long 
seal (i.e. , L/D =0.8), K does reach a maxinun and 
thereafter decreases. 

CONCLUDING REMARKS 

Cross- 

Figure 3 shows the effect  of f luid premtation 

%us l . E G R 5 2 . 5  

Hawever, K shows. 

An analysis has been presented which calculates 
the leakage and rotordynamic coefficients for  tapered 
annular gas seals ~II which the rotor and stator have 
different surface roughness treatments. To demn- 
strate this analysis, the effect  of changes in seal 
length, taper, clearance and fluid prerotation was 
Shawn for  the HPOTP turbine interstage seal. 
ly, changes in  the abovementioned seal parameters 
resulted in m j o r  changes in  the leakage and 
rotordynamic coefficients. 

In terms of the honey ccmb stator enhancing 
rotor stabi l i ty ,  the results appear mixed. There is a 
favorable 9% reduction i n  cross-coupled stiffness and 
leakage. 
creases a h s t  2% and direct  st iffness decreases 10%. 
Thus, general stat-ts concerning the problems of 
instabi l i ty  and critical speeds can only be addressed 
by considering the ent i re  rotordynanic system - clearly 
a problem outside the scope of t h i s  analysis. 
should also be kept in mind that the selection of H i r s '  
constants nay not accurately ref lect  the actual shear 
stresses developed over the honey canb surface. 
Experimental tests need yet to be performed to 
determine the correct values for  these constants. 
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Y p i a z  a0 so ro i az 
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0 ==- ~ f +(ueo-l)fm +-- 

"h, b s o  J ":a:: 

where 

m-+l 

First-Order Fquations 

(A. la)  

(A. lb) 

(A. IC) 

(A. Id) 

(A. 2a) 
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where 

ijo ao  

i=1,2,3 ... 12 - co ahl aij, ij0ueo ahl aUel aijl ai,i+4 - uzo/~ +-+-- 0 I-- 
ae + i j o ~ + ~ e o a ~  ai,i+8 = ijp i=1,2,3,4 ho a+ a? ho 

i=l ,2,3,4 

i=l, 2 , 3,4 - 
(A. 2c) ai+12 I i - Y'uzo/p. 

'Y '50uzo a i+8,i - - 
ijot 

i=5,6 I 7 8 

2 

i+r,i a. 
- %o -- a i=9,10,11,12 

u u  
20 eo i=13,14,15,16 - 

aili -- L 
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i=5,6 ,7 , 8 
U 

biti+8 = - -%I Bo f so a+Cueo-l)fsobl i=5,6,7,8 
ch, 

348 



i=9,10,11,12 

i=l, 2,3 I 4 

bi+ll,i = -bi+12,i-1 =fi y i=2,4 

bi+lO,i -bi+13,i-l = y'ugo i=3,4 

i=13 I 14 - 2 = -  bi,i+2 bi+2,i - '80 
Vectors e and 

PZOE 
C14 = -d15 = - 

poho 

349 





DESIGLP OF EILECTJXOHAGWETIC BEBRING FOR VIBRATION 

CONTROL OF FLEXIBLE TRAZVSMISSION SIIAF’I? 

V. Gondhalekar 
E.T.H. Ziirich, Switzerland 

R. Holmes 
Department of Mechanical Engineering 

University of Southampton, U.K. 

Recently magnetic bearings have been proposed by several 
researchers and shown t o  be viable on a var ie ty  of rotor 
assemblies. T h i s  paper is concerned with the design and 
construction of such a bearing, which employs features h i the r to  
not used by other workers. These include an or ig ina l  approach 
t o  the  design of the electromagnets and t h e i r  amplifiers,  and 
t o  software i n  a d i g i t a l  control system, t o  condition the 
control s ignals  so as t o  make the magnets appear t o  be l inear  
and uncoupled. The  resul t ing system is used t o  control a 
rotor-bearing assembly, whose speed range covers two flexural-  
c r i t i c a l  speeds. 

INTRODUCTION 

T h e  f e a s i b i l i t y  of using magnet forces t o  control shaf t  
vibrat ions has recently been a subject of a t ten t ion  from a 
number of researchers and successful application of bearings 
and dampers i n  rotat ing assemblies has been reported [ 1 , 2 ,  3 1 .  
A f lex ib le  transmission shaf t  is a special  case of a rotat ing 
assembly which needs some form of control t o  maintain i t s  
vibrat ion amplitudes within reasonable l i m i t s  w h e n  passing 
through i t s  c r i t i c a l  speeds. Squeeze-film bearings have been 
shown t o  be capable of reducing vibration amplitudes but these 
can normally only react  t o  the rotor  displacement a t  the 
bearing locations.  A controlled electromagnet (CEM) located a t  
a point along the length of a transmission shaf t  has a l so  been 
shown t o  be e f fec t ive  i n  reducing vibration amplitudes [21.  
The CEM of fers  the poss ib i l i t y  of applying a force which is a 

acement and/or velocity a t  the CEM location or 
o t e  from it. This of fers  the. poss ib i l i t y  of 

implementing a control s t ra tegy which responds t o  one signal or 
t o  the weighted average of more than one signal measurement 
remote from the CEM location. 

Some magnetic bearing configurations proposed by past  
workers are  shown i n  Fig.1. The s t a t i c  m e m b e r  of t ha t  shown i n  
Fig. la  is the simplest t o  construct but i n  an attempt t o  combat 
eddy c u r r e n t  e f f ec t s  the ro ta t ing  sleeve mus t  be made from 

*The authors gra te fu l ly  acknowledge the Science & Engineering 
Research Council, U.K. ,  for  t h e i r  f inancial  support. 
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rectangular laminations. Any lamination completing the flux 
path only does so for a short time increment and other 
laminations sequentially perform this function as the shaft 
rotates. A rela vely long axial to provide a 
given magnetic f on of Fig.lb 
makes lamination of both static and rotating members easy, 
the latter now bei from flat discs. A 
disadvantage, however, is inefficient radial space utilization. 
A l s o  the long narrow limbs lead to high magnetic saturation, 
that is high flux concentration at the magnet bases. 

Magnetic bearings are best igned to ate in an 
attraction rather than a repuls mode, but either case the 
basic inverse square-law relationship between magnetic force 
and gap has to be overcome since this can lead to instability. 
Schweitzer [l] describes a design similar to that of Fig. lb in 
which stability is achieved, together with the linearity of the 
force-current characteristic by a differential circuit, in 
addition to a circuit ensuring premagnetisation with a constant 
current. Thus operation takes place about a non-zero steady- 
state condition. Easier analysis and controller design are 
assured by the improvement in linearity but bulky magnets are 
necessary to dissipate the consequent heat produced by the 
premagnetisation current. 

A logical next step is to integrate all four magnets into 
a single structure as shown in Fig. IC. However, there is here 
a high degree of interaction between the four poles, and 
consequently the magnet performance has to be improved by 
special techniques requiring bidirectional drive amplifiers to 
alter the direction of the flux as required [2]. This 
disadvantage can be overcome by using the four active/four 
passive pole configuration of Fig. Id C31, in which four 
unidirectional amplifiers can be used. 

Fig. le shows a 3 pole active/3 pole passive configuration 
as used in the present work, as it gives a better space 
utilization than does that of Fig. Id, as well as reducing 
magnet interaction. However, since the magnets do not lie on 
mutually perpendicular axes, xy, cross-coupling is introduced 
between these axes. This is counteracted by suitable software 
using a microprocessor interface which in any case is essential 
for adaptive control purposes. Also it was decided to d 
for operation about a point of zero magn xcitation as 
obviates the need for an extra coil to supply a constant 
magnetising current. Thus resistive heating of the magnet coils 
is reduced and consequently their weight and size. The whole 
device is required to exert dynamic rather than static force 
components and hence there is no need from that point of view 
for a non-zero quiescent operating point. One of the main 
objectives.of the present work is to design software to 
condition the control signals so as to make the magnets appear 
linear (and uncoupled) in spite of using this zero-excitation 
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operating point. 

The rotor system controlled by the electromagnets is shown 
in Fig.2, and the final electromagnet configuration in Fig.3. 
The overall system including the microprocessor and associated 
peripherals is shown in Fig.4. The electromagnets, their drive 
electronics and the computer system are described in some 
detail and some results obtained from the rig to date are 
presented. 

THE ELECTROMAGNETS AND THEIR DRIVE ELECTRONICS 

A block diagram of the electromagnet system designed for 
the present work is shown in Fig.5. Each power amplifier, A, 
which drives a magnet coil, C, is of the switching type, 
employing pulse-width modulation to reduce power losses. It is 
designed to operate at a maximum A.C. input of 220 v rms and as 
a result approximately 300 v D.C. is available to drive each 
coil, with a current limit of 10 amp, but with available 
capacity up to 15 amp. 

The electromagnet configuration of Fig. 3 consists of six 
radial poles - 3 active and 3 passive - the latter acting as 
return flux paths. The electromagnets and the rotor sleeve are 
constructed from 0.1 mm disc laminations to eliminate eddy 
currents up to approximately 300 Hz and the 3 active poles were 
suitably energised to generate forces along the x and y axes. 
This particular configuration was chosen because it utilizes 
the available radial space more efficiently in terms of force 
than a similar structure consisting of four active poles, and 
the number of drive amplifiers is reduced from 4 to 3 .  One 
djsadvantage is the force interaction introduced between the 
orthogonal axes, but as mentioned above, software is employed 
to overcome this problem. 

An electromagnet exerts a force approximately proportional 
to the square of the magnet flux present at the pole face. It 
is also unstable in an open loop mode since, as the deflection 
increases towards a magnet, so does the attractive force from 
that magnet. The system can, however, be made stable by 
feeding back a signal VH produced by a Hall probe, which is 
proportional to the flux at the pole face (Fig.5). 

Since the electromagnets can only operate effectively in 
an attraction mode, with no repulsion, then in order to 
overcome this unidirectional forcing feature in creating 
restoring forces to counteract displacements, X and Y, the 
excitation signals, SI, S2, S 3 ,  to the three drive amplifiers A 
(Fig. 5 ) would be constituted as follows : 
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- O.5CXl0 T/4  + 0.5Cxl 3T/4 - 0-5cX13T/4 T 
T/ 4 

T s1 = 

where T is the periodic t i m e .  For  displacements X and Y as 
shown i n  Fig. 6a, the s ignals  S thus appear as  shown i n  t h a t  
f igure  . 

I t  w i l l  be noted t h a t  a l l  th ree  s igna ls  contain both X and 
Y components. This is because magnets 2 and 3 have t o  exert  
forces t o  counter X and Y displacements ,  b u t  i n  the process 
introduce unwanted X-dependent forces i n  the Y di rec t ion .  
These are n e u t r a l i s e d  by addi t ional  X-component forces 
generated i n  magnet 1 by s ignal  SI. Assuming t h a t  a l i nea r  
re la t ionship  e x i s t s  between the s igna ls  and the a t t r a c t i o n  
forces  produced by the magnets, then, for  some amplifier gain, 
c,  

I n  f ac t ,  the  force produced a t  each pole face is 
proportional t o  the square of the f lux a t  t h a t  face and hence 
t o  the square of the c u r r e n t  supplied t o  each magnet c o i l .  
Thus, i f  there  is a l i nea r  r e l a t ion  between any s ignal  S and 
i t s  c o i l  current then each magnet force w i l l  be proportional t o  
S2 and not t o  S as assumed above. However, t h i s  can be 
p a r t i a l l y  accommodated by replacing the mul t ip l ie r  0.5 i n  the 
f i r s t  of equations (1) by 0 .5 ,  the  other two equations 
remaining unaltered. This i s  followed by wri t ing Fy and F, as 

FY = [ - ( s l ) 2  + 

As a r e s u l t ,  the forms of the forces produced i n  the x,y 
d i rec t ions  a re  shown i n  Fig. 6b. When combined t o  produce a 
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polar  force diagram a s ignf icant  3rd Harmonic is revealed 
( F i g . 6 ~ ) .  

ach 
S, 

Linearisat ion 
ieved by using 
t o  each magnet 

of each magnet device can, however, be 
the square root of the control  s ignal  input,  
amplifier.  This input s ignal  then produces a 

proportional f lux,  the approximate square of which is 
proportional to  the force exerted on the ro tor .  The control 
s igna l  S ,  vs force output thus follows an approximately l i nea r  
re la t ionship  and allows the  s ignal  and hence force 
contr ibut ions of the three magnets t o  be added l i nea r ly .  

The square root of a number can be found using software by 
computing a f i n i t e  number of terms of a s e r i e s  expansion, b u t  
t h i s  can be time-consuming i n  a real-time appl icat ion.  A 
piece-wise l i nea r  approximation t o  the function y = K J S  was 
therefore  used, where S is the control  s igna l ,  and K is a 
constant. The above function is divided i n t o  32 segmen t s  of 
progressively grea te r  length, since a square root function 
va r i e s  rapidly around zero, and the software computes the 
square root i n  96 usec on a 28002 cpu. The square-rooting 
procedure, when applied t o  the control  s ignals  of a l l  3 magnets 
r e s u l t s  i n  the polar force diagram shown i n  F ig .  6d, indicat ing 
considerable improvement over t h a t  shown i n  F ig .  6c. The 
software can be adapted, i f  required, to  compensate for  the 
sa tura t ion  of the magnet core material  a lso.  

A s  w e l l  as being influenced by the square-law non- 
l i n e a r i t y ,  the magnet forces a re  a l so  subject t o  current-rate  
sa tura t ion  i n  the  dr ive amplifiers.  This occurs i f  more than 
the  maximum drive voltage of the amplifier i s  demanded. 
Fortunately, i n  prac t ice ,  the current r a t e s  demanded are  low 
enocgh t o  be unaffected by any l imi ta t ions  i n  V, pa r t i cu la r ly  
when the restor ing forces provided by the magnets are  kept 
within reasonable l i m i t s .  

CONTROL STRATEGY 

Assuming negl igible  in t e rna l  damping, the ro tor  vibrat ion can 
be represented by the following set of equations: 

i = 1 t o 4  Yi - 1 a i j ( P .  + mw y . )  - ai4Kdy4, 
2 j=3 

j= l  
- 

3 J 3  

where a i  a re  the influence coef f ic ien ts  ( m / N )  r e l a t ing  t o  the 
mass s t a t ions  1, 2 and 3 ,  w is  the ro tor  speed i n  rad/s,  P j  a r e  
t he  forces due t o  mass unbalance, y j  a r e  displacement 
amplitudes a t  the  mass s t a t ions  and Kd i s  the  s t i f f n e s s  
introduced by the  CEM a t  s t a t i o n  4. The negative dynamic 
s t i f f n e s s  curve a t  s t a t i o n  4 for  t h i s  ro tor  i s  shown i n  Fig.7. 
Dynamic s t i f f n e s s  is the ro tor  dynamic force a t  s t a t ion  4 
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divided by dynamic displacement, and the frequencies at which 
the negative stiffness equals the dynamic stiffness of the 
support at station 4 are the natural frequencies of the 
complete system. Thus the intersections with a horizontal line 
Kd parallel to the w-axis give the natural frequencies wn (that 
is critical speeds) of the rotor system. A speed-dependent 
controller can ensure that the natural frequencies of the rotor 
system are sufficiently removed from the mass-unbalance 
disturbance frequency (that is the rotational speed) by 
automatically adjusting the stiffness Kd. 

It is also possible to introduce both stiffness and 
damping at station 4. Fig. 8 shows some typical response 
curves taken from the rotating assembly of Fig.2, sample values 
of stiffness and damping provided by the controlled 
electromagnets being indicated. These serve to indicate how 
the critical speeds can be altered and the peak responses 
brought down to acceptable levels. 

CONCLUSIONS 

The results of this research indicate that efficient and 
compact electromagnets have been designed to effectively 
control the vibrations of a supercritical rotating assembly. 
By the use of a microprocessor, software has been designed to 
overcome any problems of cross-coupling between orthogonal axes 
and of inherent non-linear force-def lection characteristics in 
the magnets. By the same microprocessor a considerable degree 
of control can also be achieved, as indicated in Fig. 8. 
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Figure 3. - Active-pole electromagnet configuration. Radial air gap, 2 mm; 
radial stiffness, lx105 to 10x105 N/m; peak power requirement, 200 W. 

Power Magnet 
device 

Figure 4 .  - Computer and electromagnet system. 
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F i g u r e  6c.  - P o l a r  f o r c e  diagram. 

F i g u r e  6d. - Improved p o l a r  f o r c e  diagram. 
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5 x  10' 

F i g u r e  7 .  - Negat ive  dynamic s t i f f n e s s  c u r v e  and s h i f t s  i n  n a t u r a l  f r equency  
due  t o  kd. 

1 Uncontrolled response 
2 Controlled response  

Stiffness 1.8 x 105 N/n  
Damping 3.7 x lo3 N S / m  

Stiffness 8.9 x lo5 N/m 
Onnplng 2.6 x lo3 NS/a 

3 Controlled response 

1st crlrlcnl 

1 I I I I 

600 12co 1800 2&00 3030 
speed r e v /  mln 

F i g u r e  8 .  - T y p i c a l  r e sponse  c u r v e s .  
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EFFECTS OF FLUID IMERTIA AElD TURBULENCE OM F'ORCE 

COEFFICIENTS FOR SQUEEZE FILM DAHPERS" 

Luis San Andrds and John M. Vance 
Texas A&M University 

College Station, Texas 77843 

The e f f e c t s  of f l u i d  i n e r t i a  and turbulence on the  force  coe f f i c i en t s  of 
squeeze f i lm dampers are inves t iga ted  ana ly t i ca l ly .  
temporal terms are included i n  the  ana lys i s  of i n e r t i a  e f f e c t s .  
turbulence i s  based on f r i c t i o n  coe f f i c i en t s  cur ren t ly  found i n  the  l i t e r a t u r e  f o r  
Po i seu i l l e  flow. 

Both t h e  convective and the  
The ana lys i s  of 

The e f f e c t  of f l u i d  i n e r t i a  on the  magnitude of the  r a d i a l  d i r e c t  i n e r t i a  
coe f f i c i en t  ( i . e .  t o  produce an apparent "added m a s s "  a t  s m a l l  e c c e n t r i c i t y  r a t i o s ,  
due t o  the  temporal terms) i s  found t o  be completely reversed at l a rge  e c c e n t r i c i t y  
r a t i o s .  The r eve r sa l  i s  due e n t i r e l y  t o  the  inc lus ion  of t he  convective i n e r t i a  
t e r m s  i n  the  ana lys i s .  

Turbulence i s  found t o  produce a la rge  e f f e c t  on the  d i r e c t  damping coe f f i c i en t  
a t  high e c c e n t r i c i t y  r a t i o s .  For the  long or  sealed squeeze f i lm damper a t  high 
e c c e n t r i c i t y  r a t i o s ,  t he  damping predic t ion  wi th  turbulence included i s  an order of 
magnitude higher than t h e  laminar so lu t ion .  

NOMENCLATURE 

- - 
'rt 'tt 

inner  cyl inder  rad ius  

dimensionless j our n a l  

outer  cyl inder  rad ius  

dimensionLess damping 

t ve loc i ty  V 

cen ter  r a d i a l  acce le ra t ion  

coe f f i c i en t s  i n  ( r , t )  d i r ec t ions  due t o  t angen t i a l  

3 -- 
damping coe f f i c i en t s  = (Cr t ,  C t t >  * V U / &  

dimensionless-inertia coe f f i c i en t s  i n  ( r , t )  d i r ec t ion  due t o  normal 
acce lera t ion  a 

i n e r t i a  coe f f i c i en t s  = (Drr, Dtr )  * ukL/& w 

c i r c u l a r  centered o r b i t  rad ius  

r 
3 -- 

dimensionless f l u i d  f i lm force  i n  ( r , t )  d i r ec t ion  

*This research w a s  supported by the  Turbomachinery Research Consortium at  Texas A&M 
University.  
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= i n e r t i a l  w a l l  shear  stress €unctions 5 fg” f 

H = 1 + E c e :  dime ckness 

h = b6H = f i lm  thickness  

= momentum i n t e g r a l s  r the  f i lm thickness  Ice' I e g ’  ‘55 
2 k = geometry parameter = (L/b) fo r  sho r t  SFD assumption, 1 f o r  o thers  

= parameters depending on the nature  of the  flow 5 key k 

L = squeeze f i lm damper length 

P = pressure 

2 
p = p6 /(kw 11) 
- 

= dimensionless pressure 

= dimensionless l o c a l  flow rates i n  (0,s)  d i r ec t ion  q e y  q5 
2 2  Re = w6 b /v = squeeze Reynolds number 

2 %  Rep = 

U = f l u i d  relative ve loc i ty  along lubr icant  f i lm  

[(qe+H)2 + (L/b q5) ] = Poi seu i l l e  flow Reynolds number 6 

U* = absolute  f l u i d  ve loc i ty  along lubr icant  f i lm = u + b  

U = d b w :  dimensionless f l u i d  ve loc i ty  
- 

- 
U m = L 1 i i d Q =  mean f h i d  ve loc i ty  along lubr icant  f i lm 

V = f l u i d  ve loc i ty  across  lubr icant  f i lm 

V = v/b6w = dimensionless f l u i d  ve loc i ty  
- 

- 
= E = dimensionless j ou rna l  cen ter  t angen t i a l  ve loc i ty  

= f l u i d  ve loc i ty  i n  the  a x i a l  d i r ec t ion  

= w/Lw = dimensionless axial ve loc i ty  

vt 

W 

W 
- 

- 
W m =LIGdtl  = mean f l u i d  ve loc i ty  i n  a x i a l  d i r e c t i o n  

w = frequency of damper motion 

t = t i m e  

(x,y,z) = moving coordinate system 

(x,y,z)* = f ixed coordinate system 
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a1,a2,a3 

y 

= coe f f i c i en t s  eventual ly  depending on Re  f o r  tu rbulen t  motion 

= a H / a e  = f i lm  thickness  gradient along circumferent ia l  d i r ec t ion  

- 2  I? = r(um ) = dimensionless i n e r t i a  funct ion f o r  long SFD assumption 

6 = (b-a)/b = clearance r a t i o  

E = e/b6 = dimensionless c i r c u l a r  o r b i t  r ad ius ,  e c c e n t r i c i t y  rad ius  

(O,n,E) = dimensionless coordinates = (x/b, y/h, z/L) 

AT 

P = f l u i d  densi ty  

AT = w a l l  shear stress d i f fe rence  i n  (8,s) d i r ec t ion  en’ srl 

1-1 = f l u i d  v i scos i ty  

V = p / P  = kinematic v i scos i ty  

T = t u  = dimensionless t i m e  

Subscripts:  

0 = i n e r t i a l e s s  o r  purely viscous 

i = i n e r t i a l  

INTRODUCTION 

Squeeze f i l m  dampers (SFD) are designed t o  have a s t a b i l i z i n g  e f f e c t  on the  
rotordynamics of turbomachinery. 
Reynolds e f f e c t  i n  a t h i n  o i l  f i lm around a bear ing t o  produce a predic tab le  
damping coe f f i c i en t .  
l i g h t  v i s c o s i t y  o i l s  has brought the  need t o  include f l u i d  i n e r t i a  e f f e c t s  i n  the  
design ana lys i s .  
are now extending the  lub r i ca t ion  theory i n t o  the  range where the  Reynolds (slow 
flow) assumption i s  no longer appl icable .  

A t  least fo r  some simple geometries and motions, t he  f l u i d  i n e r t i a  e f f e c t s  
have been shown t o  be q u i t e  s ign i f i can t .  

To the  rotordynamicist  f l u i d  f i lm forces  and dynamic coe f f i c i en t s  are more 
important than ve loc i ty  or  pressure f i e l d s .  
approaches have been developed f o r  ca l cu la t ing  the  damping and i n e r t i a  coe f f i c i en t s ,  
assuming motions of s m a l l  amplitude a about an equilibrium point .  
i t  can be shown t h a t  the  convective i n e r t i a l  terms may be neglected i n  the equations 
of motion, s ince  they are of order  a 
a l l  these  analyses,  t h e  t rend of the  damping and i n e r t i a  coe f f i c i en t s  is  t o  increase  
as the  s ta t ic  e c c e n t r i c i t y  r a t i o  increases ,  a f a c t  t h a t  has been shown t o  be true 
i n  practice. 

This has general ly  been accomplished by using the  

The increase  i n  s i z e  and speed of modern turbomachinery using 

Sparked by t h e  recent  pioneering work of Tichy [ l - 4 1 ,  researchers  

Analyt ical  [2,7] and numerical [5,6] 

I n  this case, 

while t he  temporal t e r m s  are of order  a. I n  
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However, f o r  la rge  excursions of t he  journa l  center  about i t s  centered pos i t ion  
The temptation the  f u l l  i n e r t i a l  term should be re ta ined  i n  the momentum equations. 

t o  neglect  convective terms i n  order t o  s implify and l i n e a r i z e  the  problem i s  no 
longer j u s t i f i a b l e  even fo r  very simple cases such as the  long o r  sho r t  b 
so lu t ions .  For example, reference [9] r ecen t ly  presented numerical calc 
the  dynamic c o e f f i c i e n t s  of an SFD performing c i r c u l a r  o r b i t s  (CCO) about t he  center  
of t he  bear ing housing. Using the  same approach as i n  [5 ] ,  the  convective i n e r t i a  
e f f e c t s  were neglected,  so the  coe f f i c i en t s  have the  c h a r a c t e r i s t i c  form described 
above. This behavior of t he  f l u i d  f i lm forces  w i l l  be shown t o  be i n  e r r o r  even f o r  
moderate e c c e n t r i c i t i e s  and Gotally inco r rec t  at la rge  o r b i t  amplitudes. Furthermore, 
i n  reference [9] t he  d i r e c t  damping and i n e r t i a  coe f f i c i en t s  f o r  the cavi ta ted  SFD 
were found t o  be one half  the  value of the f u l l  f i lm case and independent of t he  
i n e r t i a  parameters of t he  f lu id .  This appears unreasonable s ince  i f  czv i t a t ion  is  
allowed, t h e  ex ten t  of the  region where the  f i lm is broken w i l l  be influenced by the  
magnitude of t he  i n e r t i a l  f m c e s .  Our purpose i n  the  present  ana lys i s  w i l l  be t o  
determine the  dynamic coe f f i c i en t s  taking i n t o  account t he  f u l l  i n e r t i a l  terms fo r  
simple geometries i n  order t o  understand b e t t e r  t he  ac t ion  of viscous and ine r t i a l .  
forces  i n  an SFD. 

The inc lus ion  of i n e r t i a  complicates t h e  problem i n  a SE'D, and turbulence 
e f f e c t s  make the  problem even more involved. Unlike the jou rna l  bear ing case where 
a considerable amount of a n a l y t i c a l  and experimental work has been done, turbulence 
i n  squeeze f i lm dampers remains r a t h e r  obscure due t o  the  lack  of experimental da t a  
o r  a good understanding of t h e  mechanics of squeezing flows. Nelson [117 used the  
empir ical  f r i c t i o n  coe f f i c i en t  fo r  pure Po i seu i l l e  flows i n  an attempt t o  include 
turbulent  e f f e c t s  f o r  the  long SFD case. No s a t i s f a c t o r y  r e s u l t s  w e r e  obtained 
s ince  the  f l u i d  apparent v i scoc i ty  w a s  used t o  ca l cu la t e  the  e m p i r i c a l  f r i c t i o n  
f ac to r  f o r  the  flow. 

Tichy [ 4 ]  suggests t h a t  turbulent  flow i n  SE'D's w i l l  occur a t  higher Reynolds 
numbers than f o r  Po i seu i l l e  flows, i .e.  Rep > 2000. This a s se r t ion  seems reasonable 
s ince  the  ve loc i ty  f i e l d  i n  a SFD i s  constant ly  changing and ad jus t s  i t s e l f  t o  the  
normal motion of t he  boundary, thus making the  flow more s t ab le .  
reasonable t h a t  t r a n s i t i o n  from laminar t o  turbulent  regions should be smooth i n  
order  t o  s a t i s f y  cont inui ty  of the  flow. A l l  these considerat ions make the problem 
more untractable  and point  out the  urgent need of experimental data .  I n  the  mean- 
t i m e ,  i t  w i l l  prove he lp fu l  t o  use t h e  e m p i r i c a l  co r re l a t ions  cur ren t ly  found i n  
the  l i t e r a t u r e  and thus ob ta in  upper bounds f o r  the  forces  and dynamic coe f f i c i en t s  
when turbulence i s  present  i n  the  flow. 

It a l s o  seems 

STATE2BNT OF THE PROBLEN 

Figure 1 shows the  geometry of the  SFD system. The equations of motion fo r  
t he  flow i n  the  annular region between a whir l ing  nonrotat ing 
i ts  bearing housing are s t a t e d  i n  a moving coordinate frame. 
t h e  d e t a i l s  of the  in t eg ra t ion  of t h e  motion equations across  
t o  f i n a l l y  obta in  i n  dimensionless form: 

inner  cyl inder  and 
Appendix A contains  
the  lubr icant  f i lm,  
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a a ae q0 + ag 45 = o  (3)  

This system of equations must be solved x i t h  appropriate  boundary condi t ions 
f o r  t he  flow rates (q q ) and t h e  pressure p. Analyt ical  so lu t ions  t o  the  problem 
are extremely d i f f icuf ;  s ince  the  exact form of the  w a l l  shear stress d i f fe rence  
(A-ren ,  AT 
necessary!n Presumably, t he  problem may be solved numerically on a computer wi th  its 
f u l l  t r idimensional  complexity, but such an e f f o r t  may prove t o  be unnecessarily 
cos t ly  o r  even impract ical .  

) is  unknown and some assumption regarding t h e i r  func t iona l  form becomes 

A s  a f i r s t  approximation t o  a p r a c t i c a l  so lu t ion  of t he  problem, w e  assume t h a t  
f o r  t he  laminar region,  and even i n  t h e  presence of tu rbulen t  e f f e c t s ,  t h e  shear 
stresses a t  the w a l l s  may be w r i t t e n  as: 

q5 
5 AT = -k - +  R e  f 

En H2 

The approximate form of the  funct ions k k , f 0  and f w i l l  be discussed later e ’  5 i n  t he  ana lys i s .  
cont r ibu t ion  of i n e r t i a  t o  the  w a l l  shear s t r e s s  d i f fe rence .  

Note a l so  t h a t  i n  equations (44; we have included an e x p l i c i t  

Once a so lu t ion  t o  the  system of equations (1) t o  (3 )  has been obtained the  
f l u i d  f i lm forces  ac t ing  on the  inner  cyl inder  are ca lcu la ted  by in t eg ra t ion  of 
the  pressure d i s t r i b u t i o n  over the  flow region. 
the forces  are expressed i n  t e r m s  of damping and i n e r t i a  coe f f i c i en t s .  L e t  ( f r , f t )  
be the  r a d i a l  (along t h e  cen te r l ine  of both cyl inders)  and t angen t i a l  dimensionless 
f l u i d  f i lm forces ,  and given by: 

For rotordynamics appl ica t ions ,  

I _ -  - -  - f r = ) < c o s  0 d R = -  ‘rt ‘t Drr ar 
R 

_ -  - -  
f t  =fi s i n  e dR = - ‘tt ’t - Dtr ar 

R = { 058527T , 0<5<1} - -  
- -  

In  equations (51, V t ,  a, are the  dimensionless ,LurnaL c e n t e r  tangent ia l  - 
ve loc i ty  and r a d i a l  acce le ra t ion ,  respec t ive ly ;  and (Crt, Cft) ,  (Drr,  Dtr)  are the  
dimensionless damping and i n e r t i a  coe f f i c i en t s .  
these  coe f f i c i en t s  are given by the  r e l a t ions :  

The dimensional counterpar ts  of  
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Our i n t e r e s t  i s  t o  
present  the  dynamic coef 
i n  the  flow. This i s  a 
s ince  it w i l l  cont r ibu te  t o  a be t  
the laminar and turbulen t  s o l u t i o  
cav i t a t ion  i s  considere 
f o r  some cases, but perm 
wi th  i n e r t i a  and turbule  
Furthermore, t he  d i r e c t  
from the  ind i r ec t  e f f e c t  cause 

LAMINAR FLQW SOLUTIONS 

Long Bearing Assumption 

I n  this sec t ion  we  assume t h a t  t h e  cy l inders  are i n f i n i t e  i n  ex ten t ,  o r  t h a t  

5 
very t i g h t  end seals are placed at  t h e  ends of the  SFD, o r  that the a x i a l  flow q 
i s  negl ig ib le .  W e  are l e f t  wi th  the  equation: 

- -  - 
P = Po + Re Pi 

Here w e  have divided the  pressure i n t o  two p a r t s  so t h a t  
inf luence of i n e r t i a .  

contains e x p l i c i t l y  the  i 

For s m a l l  Reynolds numbers, R e < l ,  Brindley [7] and the  f i r s t  author [lo] have 
found t h a t  k, = 12 as i n  the  usual  i u b r i c a t i o n  approximation, and t h a t  
pressure graa ien t  i s  given by: 

t he  i n e r t i a l  

(9b) 

For l a rge  Reynolds numbers, assuming t h a t  t h e  flow remains s t a b l e  
the  inv i sc id  pressure gradient  i s  given as: 

and laminar, 

Equation (9c) i s  d i f f e r e n t  from t h  
e n t l y  due t o  an e r r o r  i n  the  boundary co 

esented by Tichy i n  [41 ,  
s used f o r  t i s c i d  flow 
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For both extreme values  of t he  i n e r t i a l  parameter Re ,  the  dimensionless f low 
rate q i s  unaffected by i n e r t i a  and is  equal to :  e 

2 2(E -1) 
qe = 

(2+E2) 

I n  order  

r =  

be a funct ion 
equation. 

Figure 2 
curves B 6r C y  

t o  make a quan t i t a t ive  comparison of equations (9a-9c) w e  let: 
- 

t h a t  i nd ica t e s  t he  magnitude of the  i n e r t i a  t e r m  i n  the  pressure 

shows equations (9a-9c); curve A represents  (9a) wi th  f 
equation (9b-c) , respect ively.  

= 0, al=1.2, 0 

A br i e f  look a t  f igu re  2 shows the  surpr i s ing ly  similar behavior of the  flow 
fo r  t he  la rge  range of Re considered. The a c t u a l  value of I' f o r  moderate Reynolds 
numbers w i l l  l i e  between curves A and B; curve F shows the  bes t  f i t t i n g  l i n e  
between the  A and B curves from which w e  select the i n e r t i a l  cont r ibu t ion  t o  the  
w a l l  shear stress d i f fe rence  as: 

Thus, w e  assume t h a t  fo r  moderate Reynolds numbers, t he  w a l l  shear stress 
d i f fe rence  i s  approximately given by: 

With these  considerat ions,  the  pressure f i e l d  f o r  the  flow can be determined, 
and from t h i s ,  t he  dynamic coe f f i c i en t s .  A s  previously s t a t e d ,  only the  uncavitated 
SFD i s  t r ea t ed  here so t h a t  the  e f f e c t  of i n e r t i a  on the  f l u i d  f i lm forces  can be 
c l e a r l y  i so l a t ed .  
t he  Reynolds number and t h e  dynamic coe f f i c i en t s  must be determined numerically f o r  
each change i n  the  i n e r t i a  parameter. 

Otherwise, t he  ex ten t  of t he  cavi ta ted  region is  dependent on 

In tegra t ion  of equations (8) and (9) ,  subject  t o  the  cont inui ty  condition f o r  
t he  pressure f i e l d ,  i s  r e l a t i v e l y  easy and is given i n  [8] .  The dynamic coe f f i c i en t  
fo r  t he  long SFD wi th  laminar flow come t o  be: 

Note t h a t  t h e  d i r e c t  damping coe f f i c i en t  i s  the  same as i n  the i n e r t i a l e s s  

coe f f i c i en t  fo r  the %fferen t  
divided by R e  is 

so lu t ion .  Analyt ical  expressions f o r  t he  d i recEt iner t ia  coe f f i c i en t  D are given 
i n  Table I. 
cases considered. 
surpr i s ing ly  s i m i l a r  f o r  the  la rge  range of Reynolds number considered. The l a r g e s t  

Figure 3 shows a comparison of t h i s  
The behavior of the  i n e r t i a  coe f f i c i en t  5 rr 
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di f fe rence  occurs at s m a l l  and l a rge  e c c e n t r i c i t i e s  but  i s  never more than 20%, 
(between Re-0 and Re=- ). The rapid decrease of t h e  i n e r t i a  coe f f i c i en t  as the  
e c c e n t r i c i t y  r a t i o  grows l a rge r  appears t o  cont rad ic t  t he  recent  r e s u l t s  presented 
i n  [ 9 ] .  
acce lera t ion  e f f e c t s  were accounted f o r  i n  the  equation of motion while here  both 
the  convective and temporal i n e r t i a  terms a r e  re ta ined.  
f i gu re  3 shows the  i n e r t i a  coe f f i c i en t  when only the  temporal e f f e c t s  are 
included. 
s i z e  approaches the  r a d i a l  clearance.  

The reason f o r  the  discrepancy i s  t h a t  i n  the  MTI study only temporal 

The upper dashed curve i n  
1 

The coe f f i c i en t  grows rap id ly  and even goes t o  i n f i n i t y  as the  o r b i t  

Short Bearing Assumption 

I n  this sec t ion  w e  assume t h a t  t he  SFD has s m a l l  L/D r a t i o s ,  t he  ends are 
open t o  the  atmosphere, and f o r  s impl i c i ty  w e  a l so  assume t h a t  no high ex te rna l ly  
induced axial flow i s  present  i n  the  damper. The reason fo r  the  lat ter assumption 
i s  t o  avoid pressure boundary condi t ions which would r equ i r e  the  e x p l i c i t  presence of 
the  i n e r t i a l  parameter Re. 
ana lys i s ,  t he  c i rcumferent ia l  flow i s  assumed t o  be negl ig ib le .  
i n  eqs. (1) t o  (3) and get t h e  following set of equations: 

9 A s  i s  cur ren t  practice f o r  the  shor t  journa l  bear in  
W e  set k=(L/b) 

The a x i a l  i n e r t i a l  pressure gradient obtained fo r  s m a l l  R e  using a regular  
per turba t ion  so lu t ion  i n  R e  i s  given by Tichy (3) as: 

Assuming the  
pressure gradient  

a q t  51 a 2 
ae 3 5 ~  a g  (qg 

1.2 - - -- 

flow remains s t a b l e  and laminar, fo r  l a rge  Re t h e  inv i sc id  
i s  given by: 

From a quan t i t a t ive  comparison of equation (18a-c), f o r  moderate Reynolds 
numbers w e  select the  i n e r t i a l  contr ibut ion t o  the  w a l l  shear stress d i f fe rence  
t o  be: 

2 a  2 1 %  
+ 10 a e  fS= - -- 3 5 ~  a g  (95 
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Thus, we  assume t h a t  t h e  w a l l  shear  stress d i f fe rence  f o r  
approximation i s  given by: 

With these  considerat ions,  equations (17) and (18a-e) are 
the  pressure f i e l d .  For the  f u l l  f i lm assumption, the  dynamic 
be : 

t he  shor t  SFD 

in tegra ted  t o  obta in  
c o e f f i c i e n t s  come t o  

Note t h a t  the  d i r e c t  damping coe f f i c i en t  c i s  the  same as i n  tfie i n e r t i a l e s s  
solut ion.  Analyt ical  expressions f o r  t he  d i r e c t t i n e r t i a  coe f f i c i en t  D are 
given i n  TabLe 11. 
coe f f i c i en t  D divided by Re as a funct ion of t he  eccen t r i c i ty .  A s  i n  the  long 
SFD case, t h e  form of the  i n e r t i a  coe f f i c i en t  i s  su rp r i s ing ly  similar f o r  t he  la rge  
range of squeeze Reynolds numbers considered. Note the  tremendous inf luence t h a t  
t he  convective i n e r t i a l  terms have on the  coe f f i c i en t  when compared t o  the  dashed 
curve which is  based only i n  the  inc lus ion  of temporal e f f e c t s  on the  equation of 
motion. Thus, analyses based on s m a l l  per turba t ion  about an equilibrium point  are 
i n  la rge  e r r o r  compared t o  the  exact so lu t ion ,  i f  the  o r b i t  i s  large.  

For the  d i f f e r e n t  cases considered, f i gu re  4 showsrEhe i n e r t i a  

r 

TURBULENT FLOW SOLUTIONS 

The inc lus ion  of turbulence e f f e c t s  i n t o  the  flow complicates the  problem 
enormously. Although the  mechanism of turbulence fo r  f u l l y  developed Couette and 
Po i seu i l l e  flows has been s tudied  extensively,  both ana ly t i ca l ly  and experimentally,  
and many cont r ibu t ions  t o  the  ana lys i s  of flow i n  narrow channels have been given i n  
the  p a s t  years;  t he  mechanics of squeezing flows are f a r  more complicated. 
subjec t  s t i l l  remains obscure due t o  the  complete absence of theoret ical-empir ical  
formulation and the l ack  of experimental r e s u l t s .  

The 

Undaunted, we  assume t h a t  t he  coe f f i c i en t s  k & k t o  be used i n  turbulent  flow 
e 5  i n  a SFD are given by: 

kc = ke = 12 + 0.005 Rep (22)  

where 

i s  the  Po i seu i l l e  Reynolds number cur ren t ly  found i n  the  l i t e r a t u r e .  

Relat ion (22) w a s  obtained as the  bes t  f i t t i n g  curve between the  experimental 
co r re l a t ion  given by Hirs (12) and the  a n a l y t i c a l  r e s u l t s  based on the  mixing length 
theory given by Elrod and Ng (13). 
t he  laminar t o  turbulent  regions i n  a SFD must be smooth i n  order t o  insure 
cont inui ty  of t he  flow. 

Here w e  have assumed t h a t  t he  t r a n s i t i o n  from 
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The assumed expressions may be f a r  away from the  a c t u a l  expressions which 
should be obtained from experimental r e s u l t s .  
absence of b e t t e r  e m p i r i c a l  formulations,  and the  r e s u l t s  obtained w i l l  prove t o  be 
upper bounds of the a c t u a l  forces  and dynamic coe f f i c i en t s .  

However, w e  have chosen them i n  t h e  

Long Journal-Bearing Assumption 

As  i n  s ec t ion  3 . a ,  the  a x i a l  flow is  neglected and the  pressure gradient f i e l d  
i s  given by: 

9 
L. 

(H+qe) Re y q e  
- 

Re * = - ( I 2  + 0.005 7 1 H  + q e l )  + 35 [-7+46 7 1  
. H  ae  

Note t h a t  w e  have assumed t h a t  f given i n  ( 1 2 )  preva i l s  even i n  the  turbulent  e regime. 
numerical i n t eg ra t ion ,  t he  dynamic coe f f i c i en t s  w e r e  ca lcu la ted  fo r  an uncavitated 
SFD wi th  a clearance r a t i o  6 = 0.001. 

A very simple computer code w a s  w r i t t e n  t o  obta in  t h e  pressure f i e l d .  Using 

Figure 5 shows the  d i r e c t  damping coe f f i c i en t  c as a funct ion of the  t t  e c c e n t r i c i t y  r a t i o  f o r  d i f f e r e n t  R e ,  and f igu re  6 dep ic t s  t he  same coe f f i c i en t  as 
a funct ion of the  Reynolds number f o r  d i f f e r e n t  o r b i t  rad ius  E. From the  f igu res  
i t  i s  evident t h a t  turbulence has a la rge  e f f e c t  on the  damping coe f f i c i en t ,  and 
consequently on the  t angen t i a l  force.  This i s  due t o  the  increase  i n  the  apparent 
v i scoc i ty  of t h e  f l u i d  as the  i n e r t i a  parameter grows. 

Figure 7 shows the  d i r e c t  i n e r t i a  coe f f i c i en t  E /Re f o r  var ious o r b i t  
rad ius ,  the  p a t t e r n  of t he  curves i s  the  same as i n  f fgu re  3 f o r  moderate Reynolds 
numbers. It is  c l e a r l y  seen t h a t  t he  e f f e c t  of turbulence i s  t o  increase the  
coe f f i c i en t ,  e spec ia l ly  at  la rge  whi r l ing  o r b i t s ,  t h i s  i s  due t o  t h e  increase  i n  
flow rate qe  as E grows i n  order  t o  s a t i s f y  cont inui ty  of the  pressure f i e l d .  

A comparison of the  r e s u l t s  given i n  f igures  5 and 7 shows t h a t  the r a t i o  
E /z 
t6is may be an important r e s u l t  s ince  i t  implies  t h a t  the t angen t i a l  force w i l l  be 
l a rge r  than t h e  purely i n e r t i a l  r a d i a l  force.  

i s  less than 1/10 fo r  a l l  e c c e n t r i c i t i e s  and Reynolds numbers considered, r tt  

Short Journal  Bearing Assumption 

For the  sho r t  SFD assumption, t he  a x i a l  pressure gradient  equation comes t o  be: 
- 
a = -(12+0.00% Re (L/b) l q d )  5 + - ~e [- 11% --- 44 a 2 6  H3 H IO ae  3 5 ~  ag 45 2 ]  

Assuming t h a t  t he re  i s  no high a x i a l  flow ex te rna l ly  induced i n t o  the  SFD, the  
flow q remains unchanged from the  i n e r t i a l e s s  so lu t ion .  Equations ( 2 6 )  and ( 2 7 )  
are amdnable of closed form in t eg ra t ion ,  t he  d e t a i l s  of t he  same are omitted fo r  
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brevi ty ;  i t  is  found t h a t  t he  d i r e c t  i n e r t i a  coe f f i c i en t  5 
equation (2)  of Table 2. 

is  the  same as given i n  rr 

Figure 8 shows the  d i r e c t  damping coe f f i c i en t  as a funct ion of t he  eccent r i -  
c i t y  r a t i o  f o r  d i f f e r e n t  values  of t*he squeeze Reyno!& number Re ,  and f igu re  9 
shows t h e  same coe f f i c i en t  as a funct ion of Re fo r  var ious  values  of the o r b i t  
rad ius  E. A l l  ca lcu la t ions  w e r e  made f o r  an uncavitated SFD wi th  a clearance r a t i o  
of 6=0.001, and a L/D r a t i o  equal  t o  0 .25 .  From the  f igu res  a s i g n i f i c a n t  inf luence 
of turbulence on t h e  damping coe f f i c i en t  i s  seen. A s  expected, t h e  la rger  t h e  
Reynolds number, t h e  l a rge r  the  dynamic coe f f i c i en t  and consequently the  t angen t i a l  
force  increases  proport ional ly .  
the  apparent v i scoc i ty  of t he  f l u i d  as the  i n e r t i a  parameter grows. 

Once again,  t h i s  e f f e c t  i s  due t o  the  increase i n  

SUMMARY 

The present paper has considered the  inf luence of i n e r t i a  and turbulence on the  
flow i n  the  annular region between a whir l ing damper journa l ,  descr ibing c i r c u l a r  
centered o r b i t s ,  and i t s  bearing. After  an ana lys i s  of the  fluid-flow equation f o r  
the  problem, the  usual assumptions considering the  length of t h e  SFD are made t o  
obta in  the  c l a s s i c a l  long and shor t  journa l  bearing approximations. 

The region of flow w a s  assumed t o  be continuous, i .e. no cav i t a t ion  w a s  
allowed i n  the  f lu id .  This allowed a clear ana lys i s  of t he  e f f e c t  of i n e r t i a  and 
turbulence on the  f l u i d  f i lm forces  and the dynamic coef f ic ien ts .  The laminar 
so lu t ion  showed the  importance of t he  inc lus ion  of convective i n e r t i a  terms i n  the  
equations of motion. 
c l e a r  t h a t  numerical o r  a n a l y t i c a l  approaches t h a t  ca l cu la t e  the  dynamic coe f f i c i en t s  
f o r  la rge  motion amplitudes i n  base t o  s m a l l  per turba t ions  about an equilibrium 
point  may be l a rge ly  i n  e r r o r .  

The r e s u l t i n g  r eve r sa l  of t he  "added m a s s  e f f ec t "  m a k e s  i t  

I n  the  absence of empir ical  coe f f i c i en t s  f o r  t he  turbulent  motion i n  squeezing 
flows, a f r i c t i o n  coe f f i c i en t  based on the  Po i seu i l l e  ana lys i s  of H i r s  and Elrod and 
Ng w a s  used. This may be modified by experimental r e s u l t s  i n  the  fu tu re ,  s ince  
the  t r a n s i t i o n  from laminar t o  turbulent  motion may t u r n  out  t o  appear a t  l a rge r  
Reynolds numbers than here considered. A s  suggested i n  reference ( 4 ) ,  t he  values  
here presented should be considered as upper bounds f o r  t he  a c t u a l  dynamic coeff i -  
c i e n t s  and as q u a l i t a t i v e  ind ica to r s  of the  inf luence of turbulence on the  flow. 
I f  these  bounds are even approached by the  real case, turbulence w i l l  be found t o  
have a l a rge  e f f e c t  on the  d i r e c t  damping coe f f i c i en t  fo r  squeeze f i lm  dampers. 

The present ana lys i s  should prove t o  be s tepping s tones f o r  fu tu re  developments 
t h a t  w i l l  consider SFD's of f i n i t e  ex ten t  and a l s o  the  inf luence  of i n e r t i a  i n  t h e  
boundary condi t ions of the  flow. 
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TABLE I. Direct I n e r t i a  Coeff ic ient  f o r  t he  rr 
Long Squeeze Film Damper 

s m a l l  
Re<<l  

l a rge  
R e t t m  

moderate Re 
fg=o 

moderate Re 
f from 
eqn. (12) 8 

-IT 12 [r2(1+28b) + 9rl1 
35 

2 1 ~ r ~  

14 [ r 2  + 6 r l l  

14 -IT [I?, + 6.5714285 r l ]  35 

Defini t ions : 
, %  

B = ( 1 - f ~ ~ )  , b = ( 2 + ~ ~ )  

For temporal e f f e c t s  only: 

-24 Drr/Re = -IT I' 10 2 
(1.6) 

(1.1) 

(1.2) 

(1.3) 

(1.4) 

(1.5) 
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TABLE 11. Direct Inet t ia  Coefficient 5 rr 
fo r  t h e  S h o r t  Squeeze Film Damper 

- 
Drr/Re = -I' [C1 + C2 (f3-1)] 

I 
R e  

small 
R e < < l  

l a r g e  
R e > > l  

modera te  Re 
f <=o 

modera te  R 
f ,  from e 

D e f i n i t i o n s :  

c1 

1.2 

1.0  

1.0 

1.1 

(2.2) 

(2.1) 

(2.3) 

(2.4) 

(2 .5)  

(2.6) 

Temporal E f f e c t s  Only: 

c1 = 1.2  , c2 = 0 ( 2 . 7 )  
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APPENDIX A 

Coordinate System and Equations of Motion 

Consider two c i r c u l a r  cy l inders  of r a d i i  a and b (>a)  and assume t h a t  the  
center  of the  smaller cyl inder  r o t a t e s  with constant angular ve loc i ty  w i n  a circle 
of rad ius  e about t he  center  of the  l a rge r  one. 
do not touch i s  

The coridition t h a t  the  cy l inders  

Here 6 and E are the  clearance and e c c e n t r i c i t y  r a t i o s ,  respect ively.  

The f i r s t  c h a r a c t e r i s t i c  of the  geometry of lubr icant  f i lms t h a t  p e r m i t s  
s impl ic ica t ion  of the  problem i s  t h a t  t he  thickness  of the  lubr icant  f i lm,  h,  i s  
very s m a l l  compared t o  i ts  length o r  t o  i t s  rad ius  of curvature.  A s  consequences 
of t h i s  t he  following assumptions are made (8). 

1)  The e f f e c t s  of the  curvature of the  f i lm are negl ig ib le .  
2 )  The v a r i a t i o n  of t he  pressure across  the  f i lm  i s  s m a l l  and nray be neglected. 
3)  The rate of change of any ve loc i ty  component along the  f i lm i s  s m a l l  when 

compared t o  the  rate of change of t h i s  same ve loc i ty  component across  the  
f i lm and can be neglected.  

In  accordance wi th  assump ion  ( l ) ,  w e  can prescr ibe  a f ixed orthogonal 
i n  the  plane of t he  lubr icant  f i lm.  See 5 Cartesian coordinate frame {x+) 

f igu re  1, where the  y* a x i s  ii &=&he d’ rec t ion  of t he  minimum f i lm dimension. 
moving orthogon 1 coordinate frame Cx. 1 

1 i=l and i t s  x ax i s  perpendicular t o  the  l i n e  jo in ing  the  centers  respect  t o  Cx+) i=l 
of both c y l i n i e r s  i s  introduced, an4 i t  can be shown t h a t  the  flow w i l l  be steady 
t o  an observer moving wi th  t h e  {x. 1 .  

A 
t r a n s l a t i n g  with ve loc i ty  T=bw wi th  - 3  

3 

frame. 
1 i=l 

The following dimensionless coordinates are introduced: 

(A. 3) 

where h = bSH(El), H(B) = 1 + Ecose (A. 4 )  

X Z e = -  b ,  E = y ,  q = K ,  - c = t w  

i s  the  lubr icant  f i lm thickness  at  loca t ion  El. 

Dimensionless ve loc i ty  components i n  the  two coordinate frames are defined as 

U w* - - v - -  w , u = -  u* - u* = - v* = - r v ,  w* = - =  
bw ’ 6bw L W  bw 

- 
(A.5)  

- - 
u * = u + l  

The pressure and the  shear  stresses are made dimensionless according t o  
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and k=l fo r  long bear ing assumption 

(A. 7) 
2 k = (L/b) f o r  shor t  bear ing assumption 

Withtheseconsiderations, the momentum and cont inui ty  equations fo r  t he  
t r idimensional  flow, expressed i n  t h e  moving coordinate  sys ten  are 

where y = a H / a e  and 
2 

Re = - w6 b2 
V 

i s  the squeeze Reynolds number. 

The boundary conditions appropriate  for  the  flow are 
- -- 

a t  n=O - u=-ls - v=w=o 
n = l  u=-1 , v=-y, w=o 

(A. 10) 

(A. 11) 

(A. 12) 

(Note t h a t  w e  have neglected the  ve loc i ty  component due t o  the  motion of the  
surface n=1 i n  t h e  8-direct ion s ince  i t  i s  of order 6 ) .  

The pressure must s a t i s f y  appropriate  conditions a t  t he  ends of the  SFD and 
must be single-valued and per iodic  i n  t h e  c i rcumferent ia l  d i r ec t ion ,  i .e, 

Equations ( A . 8 )  t o  ( A . l O )  are in tegra ted  across  the  f i lm t o  obta in  

(A. 13) 

(A. 14) 

(A. 15) 

(A. 16) a a 
qe + ag q5 = 0 

where qe and q are the  dimensionless l o c a l  flow rates i n  the  8 and 5 di rec t ions ,  
5 
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and the  Iij 's are defined as: 

(A. 17a) 

(A. 17b) 

(A. 18) 

To proceed, fu r the r  assumptions about t he  ve loc i ty  d i s t r i b u t i o n  should be 
made. 
a f fec ted  by i n e r t i a ,  and we- let  the  ve loc i ty  momentum i n t e g r a l s  i n  ( A . 1 8 )  be 
given by 

To this end we  assume t h a t  t he  shape of t he  ve loc i ty  f i e l d  is  not g rea t ly  

2 
1 8  = a q /n + 0.4 q, + 0 . 2  H 

(A. 19) 

For t h e  type of flow considered, t he  range of v a r i a t i o n  of t he  coe f f i c i en t s  
{ ai) '- i=l i s  between 1 . 2  and 1.0 fo r  s m a l l  Reynolds numbers and la rge  Reynolds 
numbers, respec t ive ly ;  thus it may be assumed t h a t  averaged values  w i l l  suf f ice  t o  
obta in  meaningful r e s u l t s .  
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Figure 1. - Squeeze film damper geometry and coordinate systems. 
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Figure 2. - Function I'(G2) indicating magnitude of inert ia  term i n  m pressure equation for i n f i n i t e l y  long squeeze f i lm damper. 
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Figure 3.  - Direct inert ia  coe f f i c i ent  Drr/Re for circular centered orbi ts  - 
as  function of  eccentr ic i ty  - long squeeze f i lm damper assumption; laminar 
flow solution.  
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from Table 1 
‘4: 2esl ). eqm (1.21 
Bp Re=-l, eqn. (1.3) 
C: mdarate Re. eqn. (1. 4) 
Dt rnoderatxa Re, aqn. (1.5) 

- -  E: temporal effects anly / eqnC1.6) 
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Figure 4 .  - Direct inertia coeff ic ient  Drr/Re for circular centered orbits 
as function of eccentricity - short squeeze f i lm damper assumption; laminar 
flow solution. 
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Eccentricity, orbit radius 

Figure 5. - Direct damping coefficient Dtt for circular centered orbits as - 
function of eccentricity - long squeeze film damper assumption; turbulent 
motion solution. 
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Figure 6. - Direct damping coefficient for circular centered orbit as 
function of Reynolds number - long squeeze film damper assumption; turbulent 
motion solution. 
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Figure 7. - Direct inertia coefficient Drr/Re for circular centered orbits 
as function of eccentricity - long squeeze film damper assumption; turbulent 
flow solution. 
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Figure 8. - Direct damping coefficient for circular centered orbits as 
function of eccentricity - short squeeze film damper assumption; L/D=O. 25; 
turbulent motion solution. 
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Figure 9. - Direct damping coefficient 
function of Reynolds number - short squeeze film damper assumption; 
L/D=0.25; turbulent motion solution. 

for circular centered orbits as 
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SQUEEZE-FILM DAMPERS FOR TURBQMACHINERY STABILIZATION 

L. J. McLean and E. J. Eahn 
Universi ty  of New South Wales 

Kensington, N.S.W., 2033, Aust ra l ia  

This  paper presents  a technique f o r  inves t iga t ing  the  s t a b i l i t y  and damping 
present i n  c e n t r a l l y  preloaded r a d i a l l y  symmetric multi-mass f l e x i b l e  r o t o r  bea2'hg 
systems. In  general ,  one needs t o  f ind  t h e  eigenvalues of t h e  l i nea r i zed  pertur- 
bat ion equations,  though zero frequency s t a b i l i t y  maps may be  found by solving as 
many simultaneous non-linear equations as t h e r e  are dampers; 
s i n g l e  damper, such maps may be found d i r e c t l y ,  regardless  of t h e  number of degrees 
of freedom. 
freedom f l e x i b l e  r o t o r  with an unpressurized damper. 
zero frequency s t a b i l i t y  maps are l i k e l y  t o  prove t o  be a simple way t o  de l inea te  
mult iple  so lu t ion  p o s s i b i l i t i e s ,  they do not  provide f u l l  s t a b i l i t y  information. 
Further,  pa r t i cu la r ly  f o r  low bearing parameters, t he  introduct ion of an unpressur- 
ized squeeze f i lm  damper may promote i n s t a b i l i t y  i n  an otherwise s t a b l e  system. 

and i n  the  case of a 

The technique is  i l l u s t r a t e d  f o r  a simple symmetric four  degree of 
This example shows t h a t  whereas 

INTRODUCTION 

The use of c e n t r a l l y  preloaded squeeze f i lm  dampers f o r  t h e  a t tenuat ion  of t h e  
unbalance response i n  turbomachinery has  been w e l l  documented, and so lu t ion  tech- 
niques which enable a l l  equi l ibr ium operation p o s s i b i l i t i e s  t o  be  conveniently por- 
trayed f o r  general  multi-degree of freedom r o t o r  bearing systems are increasingly 
ava i l ab le  ( r e f s .  1, 2 ) .  However, t he  question as t o  which of these  equilibrium 
so lu t ions  is s t a b l e  has not  been as f u l l y  addressed. Indeed, earlier s t a b i l i t y  
inves t iga t ions  f o r  simpler squeeze f i l m  damped f l e x i b l e  r o t o r s  ( re f .  3) showed t h a t  
i n s t a b i l i t y  ( i n  the l i n e a r  sense) was indeed poss ib le  wi th  unpressurized dampers 
below and above the  f i r s t  pin pin c r i t i ca l  speed, though no i n s t a b i l i t y  w a s  noted f o r  
pressurized dampers wi th  r e t a i n e r  spr ings.  
accommodate the  inf luence  of gyroscopic e f f e c t s ,  non-rigid bearing mounts and super- 
cri t ical  operat ion on s t a b i l i t y  needs t o  be b e t t e r  quant i f ied .  Hence, i t  is the 
purpose of t h i s  paper t o  present  a s t ra ightforward but  general  technique f o r  inves t i -  
ga t ing  t h e  s t a b i l i t y  and degree of damping present  i n  general  multi-mass f l e x i b l e  
r o t o r  bear ing systems incorporat ing one o r  more cen t r a l ly  preloaded squeeze f i lm  
dampers. The technique w i l l  be i l l u s t r a t e d  f o r  a simple symmetric four  degree of 
freedom f l e x i b l e  ro to r .  

The u t i l i t y  of squeeze f i l m  dampers t o  

SYMBOLS 
A 

A,B square matrices defined by C = T-'CT* 

C* matrix defined by equation (18) 

C l  = c l / C ( m l  +m,)wl  

equations '(27) and (28) 

C r a d i a l  c learance of damper 

C matrix of viscous damping and viscous damping of d i s c  i n  
f i g u r e  3 

gyroscopic coe f f i c i en t s  2Cl 
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Crs, etc. = Q ~ ~ ~ / C ( m , + m , ) w l ,  etc. 

e i  r o t a t i n g  frames respec t ive ly  

Ps, PR matr ix  of damper s t i f f n e s s  
coe f f i c i en t s  i n  s t a t iona ry  and e c c e n t r i c i t y  of ith damper; 

i=l,. . . ,m 
’Si j 9’Ri j elements of Ps and PR defined 

by equations (7) and (20) 
respec t ive ly  

matr ix  of damper damping coef- 
f i c i e n t s  i n  s t a t iona ry  and 
r o t a t i n g  frames respec t ive ly  

F1,2 unbalance exc i t a t ion  fo rces  

F_s, 5 
defined by equation (31) 

Vectors of system exc i t a t ion  

s t a t i o n a r y  and r o t a t i n g  frames 
respec t ive ly  

vec tors  of per turbated system 
exc i t a t ion  and hydrodynamic 
forces  i n  s t a t iona ry  and 

and hydrodynamic forces  i n  Q s p  QR 

Qsij ,QR,.  elements of Q and QR defined 
lJ by equations 98) and (21) 6xs, 6% 

respec t ive ly  

r o t a t i n g  frames respec t ive ly  R rad ius  of damper journa l  

Fsi, P R ~  elements of Fs and FR - 
respect ively;  i=l ,..., n 

i subscr ip t  (omitted where 

j 

K system s t i f f n e s s  matrix 

K* matrix defined by equation (19) 

meaning i s  clear) 

subscr ip t  o r  fl depending on 
context 

s, R subsc r ip t s  den0 t ing  s t a t iona ry  
(XYZ) and r o t a t i n g  (xyZ) 
frames respec t ive ly  

degrees of freedom x g  and x4 
respec t ive ly  

T transformation matr ix  defined 
by equation (11) 

T* matrix defined by equations 
(A4) t o  (A6) * 

t r ea1 t i m e  

r ,  s subsc r ip t s  denoting damper 

L 

I system mass matr ix  
P = T”=* 

kl r o t o r  s t i f f n e s s  i n  f i g u r e  3 U uribalance parameter 

k, r e t a i n e r  spr ing s t i f f n e s s  i n  = plml /C(ml  +m2)C1 

f i g u r e  3 u state vec tor  defined by 
equation (26) damper length 

XYZ, x y Z  s t a t iona ry  and r o t a t i n g  
Cartesian reference frames 
respec t ive ly  

= m / C m l + m 2 1  59 5 system displacement vec tor  i n  
s t a t iona ry  and r o t a t i n g  frames 
respec t ive ly  s t a t i o n s  o r  some character-  

ist ic system mass & Eo system steady state displace- 
m e r i t  vec tor  i n  s t a t iona ry  and 
r o t a t i n g  frames respec t ive ly  matr ix  defined by equation 

(All)  

M1,‘ 1 9 2  

m number of hydrodynamic damper 

m 

6X, 6x perturbed system displacement - -  
vector  i n  the  s t a t iona ry  and 

(A121 r o t a t i n g  frames respec t ive ly  

elements of X o r  5 lumped mass of d i s c  i n  f i g u r e  3 

lumped mass a t  bear ing s t a t i o n s  
i n  f i g u r e  3 

phase d i f fe rence  between ith 
lumped mass and t h e  s t a t iona ry  
frame as defined i n  f i g u r e  2 freedom (necessar i ly  even) 

llii matrix defined by equation 

2% 

m2 xl, etc. = xl/C, etc. 
Xi, xi - 

n number of system degrees of y i  
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A 

A* 
x 
lJ 

p1 

x 

damper eccen t r i c i ty  r a t i o  = e / C  

damping r a t i o  a t  r o t o r  mid-span 
i n  f i g u r e  3 = cl/(2mlwc) 

eigenvector of t h e  perturbed 
system as defined by equation 

transformation matrix as 
defined by equation (12) 

matrix defined by equation (A5) 

sys  t e m  eigenvalue 

lub r i can t  v i scos i ty  

d i s c  mass e c c e n t r i c i t y  i n  
f igu re  3 

non-dimensional t i m e ' =  u t  
angle between axes OX and Ox 
as defined i n  f i g u r e  2 

eigenvector of t h e  perturbed 

( 2 9 )  n 

w 

WC 

wb 

% 

1 

system as defined by equation 
(22) 
Phase d i f fe rence  between 
r o t a t i n g  and s t a t iona ry  frames 
as defined i n  f i g u r e  2 

n a t u r a l  frequency a t  s t a b i l i t y  
threshold 

r o t o r  speed 

a c h a r a c t e r i s t i c  s s t e m  
frequency = d i n  f igu re  3 

a bearing parameter 
= ~ J R L ~ / c ( ~ , + ~ ~ ) c ~ I  i n  f i g u r e  3 

= ik2/(ml +m2) 
den0 tes d i f f e r e n t i a t i o n  with 
respec t  t o  t i m e  t 

denotes d i f f e r e n t i a t i o n  wi th  
respec t  t o  t i m e  T 

THEORY 

Figure 1 dep ic t s  a general  n degree of freedom r o t o r  bear ing system incorpor- 
a t i n g  one o r  more squeeze f i lm  dampers. For the  system, t h e  equations of motion, i n  
f ixed  Cartesian co-ordinates, may be wr i t t en  as: 

Assuming (i) a x i a l l y  symmetric r o t o r  and foundation s t i f f n e s s e s ,  ( i i )  viscous 
damping, (iii) c e n t r a l  preloading of t h e  hydrodynamic dampers, ( iv )  synchronous 
unbalance exc i t a t ion ,  (v) neg l ig ib l e  to r s iona l  and axial v ibra t ion ,  one can obta in  
c i r c u l a r  synchronous so lu t ions  & t o  equation (1) as explained i n  re ference  2, i.e. 

@o +cg + %  = gS(gO,&-J (2) 

Note t h a t  & is a funct ion of t i m e .  
state so lu t ions  X, t h a t  is of i n t e r e s t .  

It is the  degree of s t a b i l i t y  of these  steady 
- 

I f  the  s teady state so lu t ion  II, is perturbed by 6g t o  g, whereupon 
changes t o  gs(g,k), i.e. i f :  

g = g 0 + s g ,  (3) 

M6X - + C6i - + K6X - = 6gS , ( 4) 

6:s = - gsa0,io) (5) 

then subs t i t u t ion  of equation (3) i n  equation (1) u t i l i z i n g  equation (2) y ie lds :  

= Ps6X - + Qs& - + higher  order  terms , ( 6 )  

where 
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I i 
Figure 1 Typical multimass f l e x i b l e  ro to r  running i n  damped f l e x i b l e  supports 

and where 

and 

Thus, neglect ing higher order  terms, equation ( 4 )  

(8 )  

may a l s o  be  wr i t t en  as: 

MdX - + (C-Q,)d? - + (K-PS)6g = 0 . (9) 

The exis tence of t he  par t ia l  der iva t ives  is  assumed and they are evaluated a t  go,io, 
Unfortunately, t h e  elements of Qs and Ps, involving der iva t ives  of damper 

forces ,  are i n  general  t i m e  dependent, so t h a t  equations (9) do not  reduce t o  an 
eigenvalue problem. To overcome t h i s  d i f f i c u l t y ,  one may choose a r o t a t i n g  Cartesian 
reference frame (x,y.,Z) wherein the  Cartesian ax i s  p a i r  (x,y) r o t a t e s  with- angular 
ve loc i ty  w about t he  Z a x i s  as shown i n  f igu re  1. be t h e  vector  of displace- 
ments i n  the r o t a t i n g  frame, then: 

I f  
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Y 

Figure 2 Location of damper mass m i  i n  f ixed  and r o t a t i n g  reference frames 

where f o r  an n degree of freedom system (n even), t he  transformation matr ix  'E i s  
given by: 

with equal 2x2 diagonal submatrices A, where: 

cos + -s in  + 
A =  (12) 

[ s i n +  c p + ]  3 

and + = a t + $  (13) 

Note t h a t  9, t he  angular displacement of t h e  xy axes from the  XY a x i s  a t  t i m e  t-0 is 
a r b i t r a r y .  
i.e.: 

Premultiplying equation (1) by T'I gives forces  i n  the  ro t a t ing  frame, 

Hence, as shown i n  the  Appendix, s u b s t i t u t i o n  of equation (10) i n t o  equation 
(14) yields:  
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I f  xo be the  steady state so lu t ions  of equation (15), then following t h e  same 
arguments as above f o r  t he  s t a t iona ry  frame, t h e  equations of motion consequent upon 
system perturbat ion 65, become: 

o r  

where 

and = - *  
QRi  j a i  

Again, t h e  PR 
t h a t  go = - 0 .) 

and the  Q R ~ ~  are assumed t o  e x i s t  and are evaluated a t  zo. (Note 
i j  

I n  general ,  t h e  steady state damper e c c e n t r i c i t i e s  e i  w i l l  have constant  phase 
Hence, the elements 

By se l ec t ing  
angles  (yi-+) with respec t  t o  the x axis, as shown i n  f igu re  2. 
of PR and QR w i l l  be  funct ions of e i  and (y i -w) ,  where II, i s  a r b i t r a r y .  
II, equal  t o  one of t he  yi 's  (say y l ) ,  PR and QR w i l l ,  i n  t he  general  case of m 
dampers, be funct ions of (2m - 1) q u a n t i t i e s  el,e2,. . . ,%, y2-y1 ,y3-y1,. . . ,ym-yl. 

i.e. independent of t i m e ,  s o  one is i G e d i a t e l y  ii a pos i t i on  t o  inves t iga t e  the  
s t a b i l i t y  and t h e  damping per ta in ing  t o  the equi l ibr ium so lu t ions  zo by examining the  
so lu t ions  of equation (17), a set of n homogeneous second order l i n e a r  d i f f e r e n t i a l  
equations with constant  coe f f i c i en t s .  

Note t h a t  the  coe f f i c i en t s  of 6%, 6; and 6x i n  equation (17) are constants,  

TEzus, by assuming so lu t ions  of t he  form: 

6x - = XeAt , 

where the  I( and A may be  complex, non- t r iv ia l  so lu t ions  of equation (17) e x i s t ,  i f ,  
and only i f :  

det[A2M + AC* +K*l = 0 . (23) 

Equation (23), t h e  c h a r a c t e r i s t i c  equation of t h e  perturbed system, is a poly- 
nomial of degree 2n i n  A. The s t a b i l i t y  of ,  and t h e  damping per ta in ing  t o  the  
equilibrium so lu t ions  zo depend on t h e  real  p a r t s  of t h e  roo t s  of equation (23) with 
t h e  s t a b i l i t y  threshold being determined by t h a t  combination of system parameters 
which r e s u l t  i n  any p a i r  of roots ,  A I y 2  = k j R ,  where R is  t h e  n a t u r a l  frequency a t  the  
s t a b i l i t y  threshold.  
t o  R=O ( i . e .  = k j O )  w i l l  occur whenever: 

Note t h a t  one such possible  s t a b i l i t y  threshold corresponding 

detCK*l = 0 . (24) 

I f  s t a b i l i t y  threshold determinations w e r e  the  s o l e  requirement, one could 
dispense with t h e  need t o  f ind  t h e  roo t s  A I ,  ..., AZn and apply a l i n e a r  systems theory 
technique, e.g. Routh's Cr i te r ion ,  t o  the coe f f i c i en t s  of equation (23). Such w a s  
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the procedure adopted i n  reference 3. 
needs t o  r e so r t  i n  general t o  some numerical procedure f 

If the degree of 

An a l t e rna t ive  and numerically f a r  more s - 
ming e f f o r t  i s  concerned, is t o  u t i l i z e  
procedures, by recasting equations (17) 
normal procedure is t o  transform these n second order d i f f e r e n t i a l  equations in to  the 
2n f i r s t  order equations (see f o r  example reference 4): 

where 

A = [: :*1. 
and 

By assuming solutions of the  form: 

A t  g = p  , 
where the 9 and X may be complex, non-trivial solutions of equation (23) e x i s t  i f ,  
and only i f :  

detCAA + B 1  = 0 . (30) 

Equation (30) is a polynomial of degree 2n i n  A. It i s  equivalent t o  the  
charac te r i s t ic  equation (23). The 2n values of X, t h e  roots of the  charac te r i s t ic  
equation, are in  t h i s  formulation more commonly referred t o  as eigenvalues. 
2n eigenvalues have been located f o r  a given choice of system parameters, both the  
s t a b i l i t y  and the  degree of damping present can be quantified. 

Once the  

SYSTEM WITH ONE DAMPER 

So f a r  t he  problem formulation has been qui re  general. I f  one restricts 
a t ten t ion  t o  a s ingle  damper, an important simplification occurs i f  I/J is set equal t o  
yl, whereupon the elements of PR and % i n  equations (16) are functions of el only. 
Thus, t he  need t o  evaluate y1 is avoided, thereby simplifying s t a b i l i t y  evaluation 
and design da ta  portrayal. 

design study purposes, i t  is  convenient t o  non-dimensionalize equations 
iding the  force equations by mcW2 and the moment equations by mC2w2 and 

introducing the non-dimensional t i m e  ‘C=ut. 
except a l l  quant i t ies  are now non-dimensf-onal. 
equation (24) immediately t o  find those s t a b i l i t y  thresholds which pertain to zero 

The above theory is otherwise unchanged, 
In par t icu lar ,  one can u t i l i z e  

397 



n a t u r a l  frequency. 
matrix, t h e  elements of which are products of q,/w and funct ions of &, where q, is a 
bearing parameter involving the  bearing dimensions and lub r i can t  v i scos i ty .  Thus, 
whereas equation (24) is  a non-linear equation i n  E, and f o r  a given %, could be 
solved i t e r a t i v e l y  by-some appropriate  technique such as t h e  search procedure, one 
may note  t h a t  f o r  some assumed E but  unspecified 6, t h i s  equation is a 
when t h e  damper is  f l e x i b l y  supported, and a quadra t ic  i n  q, when t h e  damper is  
r i g i d l y  supported. Hence one can determine d i r e c t l y  from equation (24) t h e  physical- 
l y  meaningful values  of wb ( i f  any) which s a t i s f y  it. A r e p e t i t i o n  of t h i s  f o r  o ther  
values  of w would enable t h e  s t a b i l i t y  thresholds  corresponding t o  zero n a t u r a l  
frequency and var ious values  of E t o  be drawn on a design map with q, as ord ina te  and 
w as abscissa .  

Note t h a t  t h e  non-zero elements of PR are loca ted  i n  a 2x2 sub- 

Note t h a t  such a map is  possible  regard less  of t he  number of degrees of f ree-  
dom, o r  of t he  unbalance d i s t r ibu t ion .  
l y  superimposed on the  corresponding equi l ibr ium o r b i t  eccen t r i c i ty  design maps i n  
reference 2, thereby ind ica t ing  at a glance,  the l ikel ihood of operat ion i n  the  
v i c i n i t y  o f ,  o r  within,  t h i s  p a r t i c u l a r  type of unstable  region. Note t h a t  t h e  
absence of o ther  s t a b i l i t y  thresholds  (a t  some non-zero n a t u r a l  frequency) has  not  
been proven, and t o  be  s u r e  t h a t  a l l  s t a b i l i t y  regions have been located,  one would 
need t o  apply a more general  technique, e.g. Routh's Cr i te r ion ,  t o  equation (23) over 
t h e  range of O < & < l ,  f o r  t h e  range of values  of b+, and w of i n t e r e s t ,  a r a t h e r  
daunting t a sk  even f o r  systems with only four  degrees of freedom. 

I f  drawn t o  the  same scale, it can be  d i rec t -  

ILLUSTRATIVE EXAMPLE 

The u t i l i t y  of the  above approach w i l l  b e  i l l u s t r a t e d  f o r  t he  s ing le  d i s c  
symmetric f l e x i b l e  r o t o r ,  previously inves t iga ted  f o r  s t a b i l i t y  i n  reference 3 and 
f o r  which equilibrium so lu t ions  are avaf lab le  i n  reference 2. 

Figure 3 is a diagram of t h i s  system with node 1 being taken a t  the  c e n t r a l  
d i s c  of mass 2ml, and nodes 2 and 3 a t  t h e  ends of the  r o t o r  which are supported by 
i d e n t i c a l  squeeze f i l m  dampers. The lumped mass a t  the  bear ing ends is m,, t h e  
r e t a i n e r  spr ing  f o r  c e n t r a l  preloading has s t i f f n e s s  k, and t h e  r o t o r  s t i f f n e s s  
between t h e  c e n t r a l  and e i t h e r  end node is k,. A l l  unbalance is assumed t o  be a t  the 
d i s c ,  r e su l t i ng  i n  a d i s c  m a s s  e c c e n t r i c i t y  p l .  Viscous damping a t  t h e  d i s c  is 2c1. 
Since t h e  ro to r  i s  symmetric about t h e  d i sc ,  i t  w i l l  s u f f i c e  t o  consider one ha l f  of 
the  system only. The equations of motion, appropriately ordered, f o r  this systefn a t  
a r o t o r  speed w are given by: 

1 mlXl + clkl + k,(X, - X,) = p,m,w2cos(wt) - F, 

I mlX, + clk, + k,(X2 - X4) = plm,w2sin(wt) = F, 

m2X3 + k , ( X ,  - X1) + k2X3 

m,X4 + k,(X, - X,) + k2X4 

F3 

?he equations of motion f o r  t h e  perturbed system are given by equations (16) ,  
which, i n  nondimensional form, upon dividing each equation by (m,+m,)CW2 and l e t t i n g  
1: =at, become: 
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xg= x4 
Y Y  t !t \I " 

Figure 3 Flexib le ,  symmetric unbalanced r o t o r  supported on i d e n t i c a l  
squeeze f i lm  dampers and retainer spr ings  

- 
Kl-Ml -C1 -K1 0 

'Kl C l  0 K,+Kz-M2*bq-/@ 0 -O%s -K1 /* j 1"1 = o ,  - (32) 

0 -5 - W b K s r / W  KI+K2-M2-%Kss/W 
I 

where, t o  s implify the  nota t ion ,  t h e  damper degrees of freedom x3 and xq are denoted 
by r and s respec t ive ly .  The coe f f i c i en t s  hr, Crr, ..., etc. are ava i l ab le  i n  
a n a l y t i c a l  form f o r  unpressurized and f u l l y  pressurized (IT and  IT f i lm) dampers f o r  
both t h e  s h o r t  (Ocvirk) and f i n i t e  width (Warner) bear ing approximations ( r e f .  2). 
Thus, f o r  the unpressurized o r  f u l l y  pressurized bear ings respec t ive ly ,  and using t h e  
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shor t  bearing approximation, one has: 

4&(1 + E,) 
%r = - (1 - E2)3 

o r  0 , (33) 

The equation obtained by s e t t i n g  the  determinant of IC* i n  equation (32) equal  
t o  zero is a quadra t ic  i n  4, and may b e  solved f o r  given values  of E and w. 

To present  the da ta  i n  terms of non-dimensional q u a n t i t i e s ,  i t  i s  convenient 
t o  p l o t  a non-dimensional bear ing parameter %/wC aga ins t  t he  non-dimensional r o t o r  
speed w/wc, where wc is  some c h a r a c t e r i s t i c  n a t u r a l  frequency of t h e  system, say ,  t h e  
highest  undamped n a t u r a l  frequency of t he  system which w i l l  f a l l  below the  desired 
operat ing speed. Equation (24) w a s  then solved f o r  %/wc over a range of w/wc and E 
t o  ob ta in  t h e  zero n a t u r a l  frequency s t a b i l i t y  threshold maps i f  f i g u r e  4, using the  
following values  of t he  non-dimensional system parameters: 

M, = 0.25 , 

C1 = 25(1 - M2)/(U/UC) = 0 . 0 0 7 5 ) ( ~ / ~ , )  

The q u a n t i t i e s  ur, wc and 5 are defined i n  the  notat ion.  (using the  
notat ion i n  reference 3, t h e  above choice of parameters would correspond t o  a=0 .25 ,  
f = 0 . 5 ,  5=0.0005, a = w / w c  and B=%/uc.) 
speed of the ro to r .  

Here, wc is t h e  f i r s t  pin-pin c r i t i ca l  

Note that provided the  same s c a l e s  are used f o r  the axes %/wC and w/wC, one 
can overlay t h i s  s t a b i l i t y  threshold map n o t  only over t h e  equilibrium eccen t r i c i ty  
o r b i t  map given i n  f i g u r e  3 i n  reference 2 which is f o r  an unbalance parameter Ux0.3, 
bu t  a l s o  over any such map f o r  t h e  system, regard less  of t h e  unbalance d i s t r ibu t ion .  
These zero frequency s t a b i l i t y  thresholds  w e r e  compared t o  the  s t a b i l i t y  thresholds  
f o r  % / w C = O . l ,  0.3, 0.6 and 1.0 i n  f i g u r e  8 of re ference  3, which w e r e  determined 
using Routh's Cri ter ion.  
t he re  is agreement. However, f o r  w / w c > l ,  t h e  predicted regions of i n s t a b i l i t y  i n  
f igu re  8 of reference 3 exceed those of f i g u r e  4. Thus, f i g u r e  4 does no t  provide 
f u l l  s t a b i l i t y  threshold information; 
approach such as Routh's Cri ter ion.  

N o  s t a b i l i t y  thresholds  w e r e  found f o r  ~ G 0 . 6 1 .  For w / w c < l  

and f o r  t h i s ,  one would need t o  r e s o r t  t o  an 

As an a l t e r n a t i v e  o r  i n  addi t ion  t o  seeking s t a b i l i t y  thresholds ,  and t o  
determine the  degree of damping per ta in ing  t o  the  equi l ibr ium so lu t ions ,  one can f ind  
t h e  eigenvalues A i  f o r  the  system i n  f i g u r e  3 by forming equation (25) and using an 
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Figure 4 Zero n a t u r a l  frequency s t a b i l i t y  map f o r  t h e  system i n  f igu re  3 

eigenvalue so lver  t o  determine t h e  Xi @ = I ,  2, ..., 8). ThLs was done f o r  the 
pa r t i cu la r  equilibrium so lu t ions  indicated on f i g u r e  5 (Corresponding t o  f i g u r e  4 i n  
reference 2) .  I f  any of t he  X i  have non-negative real pa r t s ,  t he  so lu t ion  is 
regarded as unstable.  
s tab le .  
s t a b l e  so lu t ions ,  p a r t i c u l a r l y  in  the  low o r b i t  e c c e n t r i c i t y  so lu t ion  d e n  mult iple  
so lu t ions  are possible ,  as t h i s  gives  a q u a l i t a t i v e  ind ica t ion  of t h e  l ikel ihood of 
jumping t o  the undesirable  and possibly unstable  h igh  o r b i t  so lu t ion  upon some system 
perturbat ion.  
such as the  smallest logari thmic decrement, -2nRe(X) / 1 Im(X> 1, o r  the smallest damping 
r a t i o ,  -Re(X) / [XI ,  
The latter quant i ty  1s ind ica ted  f o r  i l l u s t r a t i v e  purposes i n  f igu re  5. For example, 
a t  w/wc - 0 . 3 ,  t h e  damping r a t i o s  corresponding t o  %/wC =0.006, 0.06 and 0 . 3  are 
0.0053, 0.047 and 0.23 respec t ive ly .  

Where a l l  t h e  A i  have negat ive real p a r t s  t he  so lu t ion  is 
Of p a r t i c u l a r  i n t e r e s t  is  the  degree of relative damping present i n  such 

Various m e a n s  of determining t h i s  relative damping are ava i lab le  (ref . 4 )  

Ei ther  of these quan t i t i e s  r equ i r e s the  determination of t he  X i .  

The equi l ibr ium so lu t ion  f o r  wb/wc -0.3 could 

401 
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0.2 03 0-4 0.5 0-7 1.0 2.0 3-0 4050 7.0 10.0 

ROTOR SPEEO W / W ,  (DIM) 

Figure 5 Damping r a t i o s  a t  se lec ted  poin ts  on the  r o t o r  response curves f o r  
var ious values  of bearing parameter f o r  t h e  system i n  f igu re  3 

be regarded as having a high degree of relative damping whereas t h a t  f o r  Wb/Wc =0.006 
could be regarded as having a low degree of r e l a t i v e  damping. 

Wherever mul t ip le  so lu t ion  p o s s i b i l i t i e s  e x i s t ,  a l l  intermediate  so lu t ions  
w e r e  unstable.  I n  a l l  such cases, t h e  o s c i l l a t i o n  frequency w a s  zero, and the  
i n s t a b i l i t y  w a s  predicted by t h e  s t a b i l i t y  map of f igu re  4 .  However, unstable  
s ing le  so lu t ions  are a l s o  indicated,  as w e l l  as unstable  higher e c c e n t r i c i t y  
so lu t ions  i n  case of mult iple  so lu t ions .  
damper has worsened system behaviour. 
f o r  wb/wc equal t o  0;006 and 0.06 but not f o r  0.3. 
o s c i l l a t i o n  frequency w a s  always non-zero and w a s  not  predicted by t h e  zero frequency 
s t a b i l i t y  map of f igu re  4. 

In  such cases t h e  introduct ion of the 
Such unexpected unstable  so lu t ions  occurred 

I n  a l l  such cases, the  

402 



This provides add i t iona l  proof t h a t  f rgure  4 does not  provide f u l l  s t a b i l i t y  - 
threshold information. The number of equi l ibr ium so lu t ions  inves t iga ted  f o r  
i n s t a b i l i t y  proved i n s u f f i c i e n t  t o  y i e ld  d e f i n i t i v e  t rends  i n  the  va r i a t ion  of 
r e l a t i v e  damping as one progresses along any p a r t i c u l a r  frequency response curve i n  
f igure  5. 
need t o  be undertaken. This i s  not warranted, f o r  t h e  purpose of this example was  
no t  t o  inves t iga te  i n  d e t a i l  the  p a r t i c u l a r  system of f i g u r e  3,  but r a the r  t o  
i l l u s t r a t e  how simply t h e  technique developed i n  the paper may be put t o  p r a c t i c a l  
use. 

To pick up such t rends,  a more thorough inves t iga t ion  of t h e  A i  would 

Note t h a t  although f igu re  4 does not represent  global  s t a b i l i t y  thresholds ,  
it does pred ic t  t he  i n s t a b i l i t y  of a l l  the  "intermediate" so lu t ions  and so,  i t  
serves  as a loca to r  of jump speeds, Le.  speeds a t  which there  is a t r a n s i t i o n  from 
a speed f o r  which there  is only one so lu t ion  t o  one where the re  are at most two 
s t a b l e  so lu t ions  o r  v i ce  versa .  Since t h e  high o r b i t  e c c e n t r i c i t y  so lu t ion ,  i f  
s t a b l e ,  i s  st i l l  undesirable,  general ly  r e su l t i ng  i n  unbalance force  magnification, 
operat ion i n  t h e  v i c i n i t y  of such jump speed regions should be avoided. Though only 
proven f o r  the  model i n  f igu re  3, t h i s  equivalence between the  zero frequency 
s t a b i l i t y  map and jump speed loca t ion  i s  expected t o  be v a l i d  f o r  general  multi- 
degree of freedom systems. I f  so, a r e l a t i v e l y  simple way has been found f o r  
de l inea t ing  mul t i s tab le  operation p o s s i b i l i t i e s  f o r  any system with one damper. 

CONCLUSIONS 

1 .  

2. 

3, 

4 .  

5. 

A technique i s  developed f o r  inves t iga t ing  the  s t a b i l i t y  of and the  
degree of damping i n  t h e  c i r c u l a r  synchronous o r b i t  so lu t ions  of n 
degree of freedom r o t o r  bearing systems. I n  general ,  the  technique 
requi res  f ind ing  the  2n eigenvalues of t h e  l i nea r i zed  per turbat ion 
equations. 

The per turbat ion equations of motion are not a funct ion of the  
unbalance d i s t r i b u t i o n ,  s o  f o r  a given system a s i n g l e  global  
s t a b i l i t y  map s u f f i c e s  f o r  a l l  unbalance d i s t r i b u t i o n s  of i n t e r e s t .  

Zero-frequency s t a b i l i t y  thresholds  may be found by solving as many 
simultaneous non-linear equations as the re  are dampers. I f  t he  system 
contains  one damper only, a l l  such s t a b i l i t y  thresholds  may be found 
d i r e c t l y  by solving a t  most a qua r t i c  equation. 

Zero-frequency s t a b i l i t y  maps do not  provide f u l l  s t a b i l i t y  
information, bu t  f o r  t h e  four  degree of freedom system invest igated 
i n  t h e  i l l u s t r a t i v e  example, and probably f o r  more general  higher 
degree of freedom systems as w e l l ,  such maps provide a simple way t o  
de l inea te  mult iple  so lu t ion  p o s s i b i l i t i e s .  

Depending on t h e  system parameters, s i n g l e  equi l ibr ium and, where 
mul t ip le  equilibrium so lu t ion  p o s s z b i l i t i e s  exist, the high o r b i t  
e c c e n t r i c i t y  so lu t ion  may a l s o  be unstable ,  w i t h  t he  l ikel ihood of 
i n s t a b i l i t y  apparent ly  increasing as the  bear ing parameter is reduced. 
Thus, t h e  in t roduct ion  of an unpressurized squeeze f i lm  damper may 
promote i n s t a b i l i t y  i n  an otherwise s t a b l e  system. 
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APPENDIX 

Since 

where 

and 

X = T x ,  - - 

.. .. 
X = Tx + 25; + T i  , - - - 

I ,  -sin @ -cos@ 

cos$ -s in@ 
A* = [ 

it follows t h a t  + = U T * ,  

(A4 ) 

Hence, subs t i t u t ion  of equation (10) i n t o  equation (14) gives:  
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where 

and 

To evaluate T'lMT., it is  convenient t o  p a r t i t i o n  it  i n t o  2x2 submatrices. 
Any one of these  submatrices w i l l  have t h e  form A-lmA, where m is the corresponding 
submatrix of M. 
elements of m are of the form: 

Then it is  easy t o  show t h a t  A - ' d  equals m, i f ,  and only i f ,  the  

Hence, i f  equation (All) i s  s a t i s f i e d  f o r  a l l  submatrices of M, then T-IMT 
Conditions similar t o  equation (All) are required f o r  T-lCT and T-'KC t o  

As may be seen from reference 6 ,  such condi t ions are 
equals M. 
equal G and K respect ively.  
s a t i s f i e d  f o r  M, C and K matrices i n  general ,  even when gyroscopic e f f e c t s  are 
present.  

To evaluate  T-lMT*, i t  i s  again convenient t o  p a r t i t i o n  it i n t o  2x2 sub- 
matrices. 
corresponding submatrix of M. 
equation (All), A"d* w i l l  equal  m where m is given by: 

Any one of these  submatrices w i l l  have the form A - ' d * ,  where m is the 
Hense, not ing that m w i l l  be of t h e  form given by 

A A h 

Thus T-'MT* equals  M, where t h e  2x2 submatrices m of M are formed from t h e  
correspondin submatrice2 
Similar ly  T CT* equals  C. Hence, equation (A8) s impl i f i e s  to :  

m of M according t o  equations (All) and (A12). -K 

Equation (AH) is t h e  equation of motion i n  the  ro t a t ing  frame. Note that t h e  
coe f f i c i en t s  of x, x and are a l l  constants.  - -  - 
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DAMPING CAPACITY OF A SEALED SQUEEZE FILM BEARIHW 

M. M. Dede, M. Dogan, and B. Holmes 
University of Southampton 

Southampton, U. K. 

In an earlier paper E11 the advantages of incorporating an 
open-ended or weakly-sealed squeeze-film bearing in a flexible 
support structure simulating an aero-engine assembly were 
examined. In the present paper attention is given to 
empirically modelling the hydrodynamics of the more usual 
tightly-sealed squeeze-film bearing, with a view to assessing 
its damping performance. 

INTRODUCTION 

A squeeze-film is an annulus of oil supplied between the 
outer race of a rolling-element bearing (or the bush of a 
sleeve bearing) and its housing. It is often used as a multi- 
directional damping element for the control of rotor 
vibrations. 

In most aeroengine applications, the purpose of the 
squeeze film is to introduce damping so that the rotor can 
safely negotiate any critical speeds and operate smoothly at a 
higher speed. The amount of damping can be quite critical: If 
it is too little, excessive movement will take place within the 
squeeze-film annulus, if too great the damper will act like a 
rigid link, making its presence superfluous . 

A squeeze-film damper is in effect a journal bearing in 
which the inner member does - not rotate. Hence, it is not 
possible to assign to it any linear stiffness coefficients 
which might allow the oil film to take any gravity or other 
static load, since such coefficients are directly dependent on 
journal speed. Any lift emanates instead from non-linear 
effects. For certain operating conditions, such as in the 
regions of critical speeds, where any static load is small 
compared to the dynamic load, circular concentric orbits could 
possibly be assumed, with the result that quasi-linear 
amplitude-dependent coefficients could be used. Linear 
analyses could. thus be carried out to obtain the vibration 
orbits in an interative fashion and transmitted forces could be 

*'The authors gratefully acknowledge Rolls Royce (UK) Limited 
for their financial support, an-d ASME for permission to publish. 
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computed. For cases where the static load is not small a non- 
linear analysis is called for. Any analysis requires a 
specification of the effect of cavitation, which has a profound 
influence on the dynamic load-carrying capacity. Indeed, an 
uncavitated film may be shown to lead to the complete 
elimination of load-carrying capacity. 

In order to investigate closely the performance of the 
squeeze-film damper in this kind of application, an 
experimental rigid rotor [l] was designed and built to simulate 
an aeroengine gas turbine running at speeds up to 6000 rev/min 
in rolling-element bearings, one mounted into a housing with an 
annular gap constituting the squeeze-film damper. This damper 
was provided with a circumferential groove and supplied with 
oil at a prescribed pressure. Each land on either side of the 
groove was of diameter 130 mm and length 9 mm and the radial 
clearance of the squeeze-film was 0.216 mm. The purpose of the 
test rig is to study the orbits of vibration and dynamic 
squeeze-film pressures resulting from various degrees of mass 
unbalance. 

Notation 

C 

d 
e 

f (a 
h 
h 
R 
L 
m 

P 

- 

Pc(8) 
Po 
Ps 
Pcav 
P 
Po 

Ps 
Pcav 
P 

PC 

- 
- 

- 
- 

radial clearance of squeeze film 
seal gap 
journal eccentricity 
function of Z 
squeeze-film thickness 
nondimensional film thickness = h/c = 1 + Ecose 
radial width of seal 
bearing-land length 
effective rotor mass 
oil film pressure 
pressure using the long-bearing approximation 
pressure at maximum film thickness 
supply pressure 
cavitation pressure 
nondimensional film pressure = p/nw(R/~)~ 
nondimensional pressure at maximum film thickness 

nondimensional supply pressure = ~~/nw(R/c)~ 

Pcav/nw ( R/c 1 
static load per land 
dynamic load per land = mum* 

= Po/n~(R/c)~ 
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p1 ,p2 squeeze-film forces in radial, transverse directions 
Q p/mcc,J2 
QC Pc/mcw2 = u/c 
R bearing radius 
t time 
U eccentricity of mass unbalance 
z axial coordinate - 
z z / L  
a attitude angle measured in direction of unbalance 

B nondimensional viscosity = ~lR(L/c)~/mw 
Y end leakage flow coefficient 
E eccentricity ratio = e/c 
Il oil viscosity 
0 circumferential coordinate 
81 02 oil film boundaries 
x end-leakage factor (c/dI3 R/L 
w angular velocity of rotor. 

force rotation 

THEORETICAL TREATMENT 

The Reynolds equation, suitably adapted €or a squeeze-film 
bearing in which the inner member does not rotate, may be 
written in a nondimensional form as 

3 -  2 a  - =(x a s) + (z) =(h %) = 12(~'cos0 + Ea'sin0) , (1) 3 -  

az az 

where 

c 

h = h/c = 1+Ecos0 , 
- 
z = z/L , 

The variables are given in the notation. 

A common type of squeeze-film damper configuration with a 
central circumferential oil groove and without end seals was 
investigated in ref [l]. For such a damper, it was assumed 
that the oil flow in the circumferential direction was 
negligible when compared with the flow in the axial direction. 
This is known as the short-bearing approximation. Hence the 
first term on the left-hand side of eqn (1) was dropped. 
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Integrating twice with respect to y, and putting, 
7 - - 
p = p s a t z  - - - 1/2 
- 

and p = o a t T  = 1/2, 

gave 

This is the general expression for nondimensional pressure in a 
short squeeze-film with a circumferential oil supply groove and 
without end seals. 

The sealed squeeze-film 

It is not uncommon to use seals in squeeze-film dampers to 
reduce end-leakage and thus to increase the effective damping. 
This application, however, makes computations difficult to 
carry out since any mathematical model for predicting the 
squeeze-film pressure is dependent on the amount of oil leakage 
allowed by the seals. First, let us consider that the seals 
allow only small leakage from the ends of the damper. It is 
therefore assumed that the pressure gradient in the axial 
direction is negligible compared to that in the circumferential 
direction This is known as the long-bearing approximation. 
Hence eqn.(l) becomes 

a 3 ap 
a e  =(% -) = ~ ~ ( E ' c o s ~  + Ea'sine) ( 3 )  

The solution of-eqn ( 3 )  for pressure, satisfying boundary 
conditions p = po at (3 = 0, and 291 is readily available in the 
literature E21 and is quoted here as 

where Go is the nondimensional pressure at the maximuz film 
thickness. It could be taken as the supply pressure ps but 
more reasonably can be obtained from the short-gearLng pressure 
expression (eqn (2)) by setting the conditions p(B,z) = po at 
e = 0, and averaging over the land length. This gives 
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and ensures that pc( 0)in eqn ( 4 )  is not a function of ?. 
ps is used instead of &/2 since with sealing there wj-11 be 
little attenuation of ps. Eqn ( 4 )  is true only for squeeze- 
film bearings in which the pressure gradient in the axial 
direction is relatively small, or for bearings which have a 
large length to diameter ratio. 

It appears that neither the short-film model nor the long- 
film model offers a suitable solution from which to calculate 
the pressure distribution in a centrally-grooved and sealed 
squeeze-f ilm damper with a restricted but not necessarily small 
oil leakage. This is because the pressure gradients in both 
axial and circumferential directions should both be 
significant for such dampers. For this reason and for speed of 
computation using non-linear programs, an analytical pressure 
expression which includes the effect of axial oil flow as well 
as circumferential oil flow is essential in order to calculate 
the squeeze-film forces. 

To construct such an analytical model, let us assume that 
the pressure distribution in the y-direction in a centrally 
grooved and sealed squeeze-film damper is to be built up as 
illustrated in Fig.1. Now the boundary condition at = - 1/2 
is readily available as the oil supply pressure in the groove, 
- but the boundary condition at the ends of the squeeze-film (at 
z = 1/21 is dependent on the oil-leakage flow rate. For a 
given damper design this boundary condition may be specified by 
introducing an end-leakage factor, say A, and writing the 
boundary condition as 

in which X = 0 for full leakage and X = 1 for zero leakage. 
c 

pc( 0 )  is readily given by eqn (4) as the nondimensional 
pressure in the 0-direction for the relatively simple case of 
the long-bearing approximation. It should be noted that this 
allows pressure to be variable in the circumferential direction 
at the ends of the damper, whereas often the short-bearing 
approximation is used in conjunction with the specification of 
a constant pressure at the ends of the damper. 

Now using these boundary conditions as 

p = ps at z = - 1/2 - -  - 
- - 

and p = XT~(~) at z = 1/2, 

we obtain the final form of the modified pressure expression 

- 1 -  
+ p (- - z )  s 2  
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Fig. 2(a) shows a typical set of circumferential pressure 
distributions at the mid-land position for two different values 
of the factor A ,  together with the theoretical predictions for 
the short-bearing and the long-bearing film assumptions. Fig. 
2(b) shows a comparison of axial pressure distributions between 
the short-bearing and the modified film model for X = 0.09. 
The indication is that the modified film model may provide a 
useful approximation to the experimental case when the value of 
X is selected correctly. 

Calculation of squeeze-film forces with curtailment of 
negative pressure 

The squeeze-film forces Pi and P2 are obtained by 
integrating the squeeze-film pressure distribution in 
directions respectively along and normal to the line of centres 
of the journal and the bearing as follows: 

where 0 1  and 02 are the film boundaries in the circumferential 
direction. 

In this work, with a view to obtaining adequate 
predictions of vibration orbits, each numerical hydrodynamic 
pressure distribution was curtailed at its experimentally- 
observed negative pressure limit before integration to obtain 
the squeeze-film forces as in ref Ll]. 

Experimental tests 

Tests were first carried out using oil of viscosity 
6.15 cp, an end-plate clearance of 0.0635 mm and a supply 
pressure of 5 lbf/inZ gauge (345 kN/m2). Fig. 3(a) shows 
counter-clockwise orbits within the clearance circle of 0.216 
mm radius,and dynamic pressure recordings at a mid land 
position at the base of the damper, at various rotor speeds for 
Qc = 0.459, while Fig. 3(b) shows the corresponding numerical 
predictions, for which the value of the X factor used was 0 . 0 9 .  
The negative pressure limit noted in each experimental pressure 
recording was used as a limiting condition for the corres- 
ponding numerical computation of dynamic pressure. Similar 
comparisons for a higher value of Qc of 1.055 are given in 
Figs.4(a) and (b) again using a X factor of 0.09 for the 
numerical computations. These results show experimental 
vibration orbits and pressure waveforms in good agreement with 
their numerical counterparts. In all the experimental pressure 
waveforms the horizontal base line denotes atmospheric 
pressure. 

Effect of supply pressure on the damper performance 

Since the supply pressure is added linearly to the dynamic 
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v a r i a t i o n  i n  the  X factor appears to  be r e l a t i v e l y  small, i n  
p a r t i c u l a r  fo r  t i g h t  s ea l ing ,  t h a t  is l o w  values of d/c. 

SOME FURTHER CONSIDERATIONS OF THE OUTLET BOUNDARY CONDITION 

A s  a l ready pointed out  the o u t l e t  boundary condi t ion for 
t h e  sealed squeeze-film is dependent on the  o i l  leakage flow 
rate allowed by the  seals. A means of specifying t h i s  boundary 
condi t ion w a s  given by the in t roduct ion  of an end leakage 
f a c t o r  A .  S o m e  f u r t h e r  considerat ions r e l a t i n g  to  the 
in t roduct ion  of this X f a c t o r  w i l l  now be given. 

Assume a s o l u t i o n  to  t h e  Reynolds equation (eqn 1) of the  
f o r m  

w h e r e  f ( y )  and Tc( 9 )  are funct ions for  pressure  i n  the a x i a l  
and c i rcumferent ia l  d i r e c t i o n s  respec t ive ly ,  the  l a t t e r  being 
spec i f i ed  a t  the mid-land pos i t i on .  Subs t i t u t ing  eqn (7) i n t o  
eqn (1) and dividing by pc( 9 1 3 ,  gives 

R ) 2  d2f  = o  - 
b + g2 f ( 7 )  - IZ - 

dz2 

w h e r e % =  1 2  ( E '  cos9 + Ea' s i n 9 ) / p c  ( 8 )  r3, and 

The so lu t ion  of eqn (8) for f ( y ) ,  w i t h  g2 being t r e a t e d  as  a 
parameter, i s  s t r a i g h t  forward, and is  of t he  form 

where C1 and C2 a r e  constants  to  be determined from the 
boundary condi t ions.  For the  damper under considerat ion these 
boundary condi t ions are: 

- -  - - 
p ( 8 , z )  = ps a t  z = - 1 / 2 ,  

and a boundary condi t ion a t  
consider ing the a x i a l  flow balance across any u n i t  
c i rcumferent ia l  area around the s e a l  as  

= 1 / 2  which can be obtained by 

where d is the  end seal gap width, 
R is  the e f f e c t i v e  length of the  gap, 
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pressure,  the e f f e c t  on the  v ib ra t ion  orbits of a higher supply 
pressure  should t h e o r e t i c a l l y  be akin to  t h e  e f f e c t  of a l o w e r  
negat ive pressure.  I n  f a c t ,  an increase  i n  the supply pressure 
would r e s u l t  i n  a reduction i n  t he  o r b i t  s i z e ,  and s u f f i c i e n t  
increase would suppress the  negative pressure  region completely 
and thus e l imina te  the load carrying c a p a b i l i t y  of t he  squeeze- 
f i lm C31. T o  show the  e f f e c t  of supply pressure on the  
v ib ra t ion  o r b i t s  and c a v i t a t i o n  pressure,  a set  of experimental 
recordings is given i n  Fig. 5 ( a )  fo r  Qc equal to  1.055. 
Fig.  5 (b )  shows the  corresponding numerical p red ic t ions  fo r  
x = 0.09. For these tests supply pressures  of 5, 25 and 45 
p i g  (34.5, 172 and 310 k N / m z )  w e r e  used. From these  f igu res ,  
it can be seen that  the  reductions i n  the  orbi t  s i z e  are 
s u b s t a n t i a l  between 5 and 25 psig , whi l s t  t he  reduct ions 
between 25 and 45 ps ig  are r e l a t i v e l y  s m a l l .  An accompanying 
f e a t u r e  i s  the development of negative pressure w i t h  increase 
i n  supply pressure,  as  can c l e a r l y  be seen i n  the  recordings of 
dynamic pressure.  This may be due to  the  f a c t  t h a t  for  5 psig,  
venting from atmosphere takes  place,  while f o r  higher  supply 
pressures  t h i s  is prevented by continuous f lush ing .  Such 
f lush ing  would remove cav i t a t ion  bubbles and a l l o w  the tension 
sp ikes  to f o r m  as shown a t  t he  higher  supply pressures .  I t  is 
also i n t e r e s t i n g  t o  note t h a t  no s i g n i f i c a n t  rise i n  the  
p o s i t i v e  peak pressure l e v e l  w a s  observed or predicted with 
increase  i n  supply pressure,  probably due t o  the  accompanying 
reduction i n  o r b i t  s i z e .  

E f f e c t  of t h e  sea l ing  gap on damper performance 

The next phase of the present  work w a s  t o  inves t iga t e  the  
e f f e c t  of end-plate s ea l ing  on damper performance and thus t o  
g ive  a graphical  es t imat ion for  the value of the  X f a c t o r  fo r  a 
given end-plate clearance. For convenience t e s t i n g  w a s  f i r s t  
c a r r i e d  o u t  fo r  a supply pressure  of 5 psig.(345 k N / m z ) .  Three 
d i f f e r e n t  end-plate c learances of 0.114 mm, 0.139 m and 
0.216 mm w e r e  used ,  being set by the  i n s e r t i o n  of spacing 
shims. The experimental recordings shown i n  Fig.  6 ( a )  a r e  for  
a Qc value of 0.549, a speed of 3500 rev/min and f o r  an o i l  
v i c o s i t y  of 6.15 cp. These compare with the  d isp lay  of Fig. 
3 ( a )  (3500 rev/min) f o r  a sea l ing  gap of 0.0635 m. Fig.  6 ( b )  
shows the  corresponding numerical p red ic t ions .  For each 
sea l ing  gap the  value of the m o s t  appropr ia te  X f a c t o r  is given 
i n  the  f igures .  From these  comparisons, it can be seen t h a t  
the general  s i z e  of t h e  orbi t  increases  w i t h  increase  i n  t he  
value of end-plate c learance.  Good agreement can also be 
observed between the  experimental recordings and the  numer ica l  
p red ic t ions  f o r  both orbits and pressure waveforms. F r o m  a 
wide range of r e s u l t s ,  covering a v a r i e t y  of rotor speeds, 
supply pressures  and unbalance ratios u / c , a  p l o t  of the A 
factor aga ins t  the end-clearance ra t io  (def ined a s  the  r a t i o  of 
end-plate c learance t o  the  damper r a d i a l  c learanee)  is shown i n  
Fig.  7. I t  ind ica t e s  t h a t  for a given end-clearance the  
appropr ia te  value of the f a c t o r  i s  increased with increase  i n  
o i l  v i scos i ty .  H o w e v e r ,  given the  v i s c o s i t y  range used, the 
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p and ap/az are the p r e s s u r e  and the p r e s s u r e  
g r a d i e n t  a t  the end of the damper (z = L/2)  
r e s p e c t i v e l y .  

T h i s  boundary c o n d i t i o n  has been used by M a r m o l  and Vance C5l 
w i t h  s o m e  s u c c e s s .  Rearranging and w r i t i n g  i n  nondimensional 
f o r m ,  we  o b t a i n ,  

p ( e i )  = = - yh” (G atz = 1 / 2 ,  

w h e r e  y = ( c / d ) 3  R/L, and is in t roduced  as a f low c o e f f i c i e n t .  

Thus, i n  t e r m s  of the f u n c t i o n  f(y), these boundary 

- 
a z  

c o n d i t i o n s  are: 
- f(y) = ps/pc(B) a t  = - 1 / 2 ,  and 

f(z) = - y? d f / d T a t y =  1 / 2 .  

I n s e r t i n g  the above boundary c o n d i t i o n s  i n t o  eqn (9) and 
s o l v i n g  for C1 and C2, we o b t a i n  

w h e r e  

Equat ion  ( 9 )  for the f(;) f u n c t i o n  a lso r e q u i r e s  the f u n c t i o n a l  
f o r m  of g z .  Observing that  as L / R  + Q), d f / d y  -f 0 and f -+ 1, 
t h e n  f r o m  eqn (8) g2 becomes 

- 
9 2  = - b = - 1 2  ( E ’ c O s e  + t za’s ine) /pc(e)h”  (11) 

w h e r e  pc( 0 )  is the nondimensional p r e s s u r e  f r o m  the long- 
b e a r i n g  approximation of the Reynolds equa t ion .  Having 
o b t a i n e d  the r e q u i r e d  f u n c t i o n s  the p r e s s u r e  can t h e n  be found 
f r o m  eqn (7) as 

- 
e -  - 
p ( e , z )  = pc(e)  ( ~ 1  egLy/R + c2 e-gLz/R + 1) ( 1 2 )  

w h e r e  g, C 1  and C2 are c a l c u l a t e d  f r o m  eqns (11) and ( l o ) ,  
r e s p e c t i v e l y :  Equat ion  ( 1 2 )  is a general p r e s s u r e  expres s ion  
for any f i n i t e - l e n g t h  squeeze-f i lm damper w i t h  c e n t r a l  
c i r c u m f e r e n t i a l  o i l  supp ly  and end-sea ls .  A s i m i l a r  approach 
w a s  used by Barret t  e t  a1 [61 b u t  for an open-ended j o u r n a l  
b e a r i n g .  I t  w a s  shown to  g i v e  reliable r e s u l t s .  
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respect of orbit size and pressure wave form. From Fig. 8(a), 
it can be seen that even with the full sealing condition 
(y + -) the corresponding peak pressure is considerably smaller 
than that obtained from the long-bearing approximation. For 
full leakage (y = o)# the finite-length solution is nearly 
identical to the short-bearing solution, as is expected due to 
the small L/R ratio employed in the test bearing. As far as 
the specification of the end boundary condition is concerned, 
similarity (but not equality) can be observed in Fig. 8(c) 
between the pressure profiles obtained from the two different 
approaches of using the X factor of 0.09 and the y coefficient 
of 2 7 .  

To give a graphic view of the approach, two sets of 
numerical orbits and pressures are shown in Figs. 9(a) and (b), 
using respectively values of y of 27 and - (the full sealing 
condition). These results should be compared with the 
experimental recordings of Fig. 3(a) and the numerical 
predictions of Fig. 3(b). From these comparisons, it can be 
seen that, even with full-sealing ( y  = -)the predicted orbits 
are considerably larger than the experimental ones and the ones 
predicted by using the X factor of 0.09, in particular for the 
case of 5800 rev/min. A reversal in the position of the sharp 
"tail" between 3500 and 4000 rev/min was not observed when 
using the y coefficient. The numerical pressure waveforms of 

reement with 

az 
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From eqn (7) the pressure gradient is 

Hence, 

Comparing this with the equation, 

shows that X replaces 

( -  yh’ af) . 
az 

There are two possible reasons why equation (13) does not give 
satisfactory results. These may be enumerated as follows: 

1) The leakage flow through the end seals may not be truly 
radial. However, even if a screw type of flow is assumed 
by increasing y say, we have seen (Fig. 9(b)) that this 
still does not give adequate agreement with the 
experimental results, even when y = m .  

2) Equation (13) assumes reverse flow f r o m  the seals 
when the pressure p is negative. However, this does 
not seem likely since there is no oil reservoir behind the 
seals, and indeed in the experiments, ingress of air was 
the more likely occurrence. 

Thus, while there is no obvious parametric link between X 
and the dimensions of the end seals, the X approach appears to 
be one to give adequate predictions of vibration orbit and 
dynamic squeeze-film pressure. Fig. 7 can then be used to 
establish an empirical link between parameters. 

CONCLUSIONS 

The work presented in this paper has dealt with the 
performance of the sealed squeeze-film damper when used in 
aero-engine applications. In such applications, the operation 
of the damper is governed by five nondimensional groups. These 
groups are the nondimensional static force Q, the nondimen- 
sional dynamic force Qc, the noEdimensiona1 viscosity 6, the 
nondimensional supplx pressure ps and the nondimensional 
cavitation pressure Pcav. Good agreement has been observed 
between experimental observations and numerical predictions 
using an empirical leakage factor, over a wide range of 
operating parameters. This work has also demonstrated 
experimentally that sustained lift of the rotor in the squeeze 
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film annulus can be obtained without the use of 
support stiffness, and the squeeze-film was sho 
this lift by the assumption of a cavitated film 

It has been shown that the use of an end-le 
has resulted in SUC ssful predictions of vibrat 
dynamic pressures i the sealed squeeze-film. It has been 
demonstrated experimentally that the dampi can be increased 
effectively by decreasing the sealing gap d a means of 
determining X for a given gap has been given graphically. One 
indication was that this gap should be made less than half the 
damper radial clearance to achieve effective damping. 

There remains the problem of needing to know in advance 
the value of negative pressure to adopt for curtailing the 
squeeze-film pressure during computation of the squeeze-film 
forces and orbits in any given application. Experimental 
recordings of dynamic pressure show that this negative pressure 
appears to take one of three approximate values: 

(i) Approximately atmospheric, when the supply pressure 
is not great enough to prevent ingress of atmospheric 
air, which fills the cavitation zone: 

exist due to the liberation of dissolved gases and 
fluid vapour. The supply pressure here has to be 
somewhat higher to prevent ingress of air, but is 
still not high enough to flush the bubbles away: 

supports tension, many cavitation bubbles in the 
previous cycles being flushed away by a fairly high 
supply pressure. 

(ii) Approximately absolute zero, when cavitation bubbles 

(iii) Lower than absolute zero, when the oil temporarily 

For the bearing assembly considered in this work, when 
used under most engine conditions, it could reasonably be 
expected that much of the performance could be such as to 
produce cavitation pressures in the third region when a value 
of about -40 psig seems a fair average. This is based on the 
assumption that the external oil pressure at the squeeze-film 
groove is likely to be around 40 - 50 psig. It is suggested 
that, given the highly complicated mechanism of negative 
pressure development in the squeeze-film, reliance can be 
placed on the use of irly high supply pressures to ensure a 
measure of cons isten in the negative pressure at which film 

* assumed to occu 
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INDUSTRIAL CENTRIFUGAL COMPRESSORS 

Luciano Bonciani and Luciano Terrinoni 
Nuovo Pignoue 
Florence, Italy 

An experimental investigation was performed to determine the characteristics of the 
onset and the growth of rotating nonuniform flow in a standard low specific speed 
stage, normally utilized in high pressure applications, in relation to change of 
stationary component geometry. 
Four configurations, differing only in the return channel and crossover geometry were 
tested on an atmospheric pressure open loop test rig. 
Experimental results make conspicuous the effect of return channel geometry and give 
the possibility of shifting the unstable zone onset varying such geometry. 
An attempt was made to interpret the experimental results in the light of Emmons - 
Stenning's rotating stall theory. 

1. INTRODUCTION. 

Present experience with aeroinduced vibrations in turbomachines has emphasized 
two types of aerodynamic forces giving rise to completely different kinds of 
vibrational behavior: 

- Forces depending on displacement and displacement velocity of the rotor 
- Forces independent of rotor vibration caused by aerodynamic instability of the 
flow somewhere in the machine. 

Although such forces are always present, usually they do not pose operational prob- 
lems in low density applications. However, when the gas handled density increases, 
their intensity can grow till causing severe vibration problems. 
Forces of the first type can completely destroy the damping present in the system, 
giving rise to high amplitude limit cycles at the first natural bending frequency 
of the rotor (often, unfortunately, the limit cycle amplitude is higher than the 
allowable clearances) (Ref. 1-8). 
Forces of the second type are more benevolent in nature: their effect is limited 
to a strong low frequency vibration of the rotor. 
In this case, the frequency, in a figurative sense, belongs to the force not to the 
rotor and the amplitude depends on the damping and stiffness characteristics of the 
rotor-bearing system (which are unaffected by the phenomenon). 
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Full load tests carried out on centrifugal compressors (Ref. 9, 10, 11) have put 
in evidence that for surge when reduc- 
ing the flow a 
It is quite remarkable 
at atmospheric pressu 
In order to provide 
was scheduled with t 

- Identifying the parameters ruling the unsteady flow condition onset. 

- Finding, if possible, which of the stage components (impeller, diffuser, return 
channel) bears major responsibility. 

- Defining the modifications necessary to displace the phenomenon onset (can it 
happen near an operating point? And if so,  what should be done?). 

This paper describes the results of such research, obtained studying a typical 
reinjection stage, tested in four configurations. Part of the results have already 
been presented (Ref. 21). 

SYMBOLS 

R Radius (m) 

2 P Static pressure (kgf/m 

2 Po Total pressure (kgf/m ) 

q Dynamic pressure (kgf/m 2 

-1 
Impeller angular speed (sec 

C r  Radial velocity (m/sec . ) 

CG Tangential velocity (m/sec.) 

-1 
cy of pressur oscillations (sec 1 

re oscillations (kgf/m ) 

a1 velocity (Er = Cr /&?R)  

2 

c 

?. Fundamental frequency of p rmalized to impeller speed 
S (Fs = 2nf / Q  ) 

S 
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A 

Mu 

9; 

z 

a 

45 

i 
5 

CP 

Amplitude of pressure oscillations nondimensionalized with dynamic pressure 
( h  = A / q )  

Tip speed Mach number 

Inlet flow coefficient 

Total enthalpy rise coefficient 

Absolute flow angle (referring to tangential direction) (Deg.) 

Inlet angle of return channel vanes (referring to tangential direction) (Deg.) 

Incidence angle on return channel vanes (i = a5 - &)  (Deg.) 5 

Pressure recovery coefficient 

Subscripts: 

10 = Measured at section 10 

10' = 

20 = 

20' = 

30 = 

40 = 

40' = 

50' = 

60 = 

60' = 

I I  

I1  

' I  

I '  

I I  

1 1  

I I  

I I  

1' 

' I  

I I  

1 1  

I 1  

' I  

' I  

I I  

1 1  

I I  

I t  

I 1  

I 1  

I t  

I I  

I t  

I I  

I I  

I 1  

10 

20 

20 ' 

30' 

40 

40 

50' 

60 

60 

D = Diffuser 

RC = Return channel 

* = Onset of unsteady flow 
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2. TEST FACILITIES AND INSTRUMENTATION. 

Tests were performed on an atmospheric pressure open loop t e s t  r i g  dedicated t o  the  
ind iv idua l  stage development ( R e f .  1 2 ) .  A c ros s  sec t ion  of t h e  tes t  r ig  is shown i n  
Fig.  1. The stage cons is ted  of  an impel ler ,  a free-vortex d i f f u s e r ,  a crossover and 
a r e t u r n  channel. 
Speed w a s  ad jus ted  by an hydraul ic  coupling torque converter  while an e l e c t r i c a l l y  
actuated discharge valve w a s  operated t o  vary t h e  flow. 
Table 1 shows the  conventional instrumentat ion usua l ly  used f o r  i n d u s t r i a l  stage 
development t e s t i n g .  
Table 2 shows t h e  instrumentat ion u t i l i z e d  t o  de t ec t  p ressure  o s c i l l a t i o n s  connected 
with nonstat ionary flow condi t ions.  Details of t h e  conventional instrumentat ion are 
given below. 
. The da ta  acqu i s i t i on  system w a s  based on a Solar t ron  system 35 with a PDP 11/03 

cont ro l  u n i t .  
. A l l  p ressure  readings were connected, through a scannivalve,  t o  a s i n g l e  pressure  

t ransducer .  The t r a n s f e r  func t ion  of t h e  measurement chain w a s  experimentally 
t e s t e d  t o  check t h a t  t h e  output w a s  t he  t i m e  average of t h e  pressure within the  
frequency range of i n t e r e s t .  

Regarding nonstat ionary readings w e  can note  t h a t :  
. S t a t i c  pressure probes were the  Ku l i t e  XT-190-50 type 
. Dynamic pressure probes were the  Kul i te  XB-093-50G type 
. Probe s i g n a l s  were recorded on an Ampex PR 2200 tape  recorder  and f i n a l l y  ana- 

lyzed through-an Ono-Sokki CF-500 r e a l  time spectrum analyzer.  Data shown f o r  each 
t e s t e d  po in t  are the  RMS average of 256 spec t ra .  

Four conf igura t ions  ( ind ica t ed  i n  t h e  following by t h e  c a p i t a l  l e t t e r s  A ,  B ,  C ,  D )  
were t e s t e d ,  d i f f e r i n g  only i n  r e t u r n  channel and crossover geometry. The main 
geometrical  dimensions are shown i n  Table 3. 

3. DATA REDUCTION. 

A b r i e f  note  about da t a  reduct ion may be i n  order  here .  
- A t  every measurement s ec t ion ,  along t h e  flow path i n  t h e  stage, s t a t i c  pressure  

is assumed t o  be t h e  average of t h e  readings from t h e  ava i l ab le  pressure taps .  
- The i n l e t  and o u t l e t  s t a g e  values  of  t h e  t o t a l  p ressure  ( sec t ions  10  and 60) are 

t h e  average of t h e  readings from a four-Kiel type probe rack. 
- Total  pressure  and flow angle  t r a v e r s e  da ta  a t  d i f f u s e r  i n l e t  and o u t l e t  (sec- 

t i o n s  20 and 40) were taken using a three-hole Cobra probe. Such readings were corn- 
bined with t h e  s t a t i c  pressure value and the  t o t a l  temperature readings,  i n  order  
t o  c a l c u l a t e  a mass-averaged t o t a l  pressure.  

- Total  i n l e t  temperature w a s  assumed t o  be  t h e  average of  t h e  readings from e i g h t  
c i rcumferent ia l ly  and r a d i a l l y  spaced thermocouples. 

- Total  temperature t r ave r se  da t a  a t  s e c t i o n  20 were taken with two thermocouples. 
Such values  were combined with t o t a l  and s t a t i c  pressure values  i n  order  t o  cal- 
c u l a t e  a mass-averaged t o t a l  temperature. 
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4. 

5. 

Total temperature at section 40 was not measured: the mass-averaged value calcu- 
lated from section 20 was assumed valid for section 40 too. 
Total outlet temperature (section 60) was practically coincident with the one 
measured at section 20 (except for efficiency calculation purposes), thus con- 
firming the validity of the previous assumption. 
Flow angles were measured by Cobra probes at sections 10, 20, 40. 

Measured angles at sections 20 and 40 showed a regular trend with the flow in the 
steady flow zone, but were found badly scattered in the unsteady one. On the contra- 
ry the angles calculated using 
. Mass-flow 
. Static pressure 
. Mass-averaged total pressure . Mass-averaged total temperature 
showed a regular trend with flow under any condition (steady or unsteady). They were 
found to be strictly repetitive and were in good agreement, in the steady flow re- 
gion, with the angles measured by the Cobras at the middle of the diffuser width. 

At section 20 an additional check was performed calculating the angle by 
. Mass-flow 
. Static pressure 
. Mass-averaged total temperature rise. 
The agreement between the two procedures was satisfactory. As the latter method 
could be applied only to section 20, the former one was chosen for both sections. 

Finally a very important parameter, the incidence angle on the return channel leading 
edge i , was calculated from the continuity equation assuming constant density and 
angular momentum conservation between station 40 and return channel inlet. 

5 

TEST PROCEDURE DESCRIPTION. 

Each configuration was tested by varying the flow from the maximum allowed till 
surge and vice versa at constant speed. The procedure was then repeated at differ- 
ent speeds. 
While testing configuration A the readings from the conventional instrumentation 
were not recorded simultaneously with the pressure oscillation readings (see Ref. 
21); during other configuration tests, time-averaged and instantaneous measurements 
were recorded together. 

TEST RESULTS. 

5.1. Configuration A. 

5.1.1. Unsteady flow behavior. 

The test results (detailed in Ref. 21) will be, for the sake of completeness, 

433 



b r i e f l y  summarized here.  
F ig .  2 shows t h e  observed frequencies  normalized t o  t h e  impel ler  angular speed 
versus  t h e  i n l e t  flow c o e f f i c i e n t .  Reducing the  flow a t  constant  speed, t h e  fol-  
lowing behavior w a s  observed: 
. Pressure o s c i l l a t i o n s  s t a r t e d  simultaneously on a l l  pressure  t ransducers  with 

very low amplitude and almost s inuso ida l  shape. 
. A small flow reduct ion r e s u l t e d  i n  a s l i g h t  increase i n  frequency and a con- 

s ide rab le  increase  i n  amplitude, t h e  s igna l  shape remaining s inusoida l .  
. Further  flow reduct ions produced d i f f e r e n t  r e s u l t s  according t o  t h e  t e s t  t i p  

speed Mach number. It  w a s  found t h a t  t h e  unsteady flow p a t t e r n  could e x h i b i t  
two d i s t i n c t  shapes: 
- A double frequency shape (DFS) so ind ica ted  because the  frequency ana lys i s  

showed the  presence of two components a t  f 
same amplitude. 

Higher order  harmonics, while present  i n  both cases, had neg l ig ib l e  ampli-  
tudes .  

and f / 2  having p r a c t i c a l l y  t h e  

- A s i n g l e  frequency shape (SFS) charac te r ized  by a dominant component a t  f . 
S S 

S 

The phase d i f fe rence  between s t a t i c  probes a t  t he  same rad ius  w a s  90° f o r  
t h e  DFS s i g n a l  and 180° f o r  t he  SFS one, thus ind ica t ing  t h a t  DFS w a s  asso- 
c i a t e d  with a s i n g l e  lobe p a t t e r n  while SFS w a s  assoc ia ted  with a two lobe 
one. It  w a s  found t h a t  a t  Mu = 0.45 and Mu = 0.60, t h e  DFS w a s  s t a b l e  from the  
onset  region till t h e  region before  surge,  where a sudden s h i f t  t o  the  SFS 
shape w a s  always found. A t  h igher  t es t  Mach numbers (Mu = 0.75 and Mu = 0.85) 
the  switch from one shape t o  t h e  o the r  could happen i n  p r a c t i c a l l y  any poin t  of 
t h e  unsteady flow reg ion ,  but  t he  f a c t o r s  governing it were not  understood: 
sometimes a spontaneous t r a n s i t i o n  from the  SFS t o  the  DFS w a s  observed seveFal 
minutes af ter  the  l a tes t  valve pos i t ion ing ,  sometimes (bu t  no t  always) t h e  
in t roduct ion  of t h e  conventional probes i n t o  t h e  d i f f u s e r  w a s  ab l e  t o  trigger 
such t r a n s i t i o n .  

. Amplitudes a t  s e c t i o n  10' ( impel le r  i n l e t )  were always neg l ig ib l e  till the  
surge.  

. On opening the  valve and explor ing t h e  phenomenon s t a r t i n g  from t h e  surge,  
t h e  frequencies  and amplitudes were genera l ly  r e p e t i t i v e  r e l a t e d  t o  flow; 
however, a s l i g h t  h y s t e r e s i s  w a s  noted i n  the  onse t  region. 

Since it was evident  from t h e  t es t  r e s u l t s  t h a t  two d i f f e r e n t  unsteady pat-  
t e r n s  were f u l l y  compatible with the  same flow and RPM (o r  b e t t e r  with the  
same Ip - Mu va lues ) ,  an attempt t o  
To a t t a i n  t h i s  a i m  a s m a l l  s t r i p  of sandpaper w a s  glued on t h e  lead ing  edge 
( suc t ion  s i d e )  of  f i v e  consecutive vanes of t he  r e t u r n  channel. 

s t a b i l i z e  one of t h e  two pa t t e rns  w a s  made. 

Test ing such conf igura t ion ,  no d i f f e rence  w a s  found i n  t h e  onse t  zone, but  t h e  
DFS w a s  no t  found anymore a t  whatever t e s t  Mach number. I n  addi t ion ,  t he  s in-  
gle  frequency shape exhib i ted  the  same amplitude, frequency and phase lag 
than before  f o r  a given flow c o e f f i c i e n t  and t i p  speed Mach number ( F i g .  3 ) .  
After  t h i s  r e s u l t ,  no add i t iona l  tests were ca r r i ed  out  on configurat ion A.  



5.1.2. Time-averaged r e s u l t s .  

Fig. 4 shows the  pressure  r a t i o s  a t  sec t ion  60 ( s t a t i c - to - to t a l  and to ta l - to-  
t o t a l )  versus flow coe f f i c i en t .  A var i a t ion  i n  the  s lope  can be noted a t  the  
onse t  of t he  pressure  o s c i l l a t i o n s  followed by a region with a pos i t i ve  s lope.  
A t  Mu = 0.75 and Mu = 0.85, two d i s t i n c t  branches c l e a r l y  iden t i fy  the  regions 
re levant  t o  the  two shapes of the  previously described s i g n a l  (DFS and SFS). 
The i n l e t  flow c o e f f i c i e n t  corresponding t o  the  onset  of the  pressure osc i l -  
l a t i o n s  continuously grows when the  t i p  speed Mach number increases .  However, 
i f  the  i n l e t  flow c o e f f i c i e n t  is p lo t t ed  versus any of t h e  impeller o u t l e t  
var iab les ,  f o r  example e as shown on Fig.  5, it can be noted t h a t  the  
unsteady flow condi t ion invar iab ly  appea r s  f o r  a p r a c t i c a l l y  constant  value 
of such var iab les .  In  addi t ion ,  as the  more i n t e r e s t i n g  parameters a r e  sure ly  
t h e  flow angles,  w e  can note  t h a t  the  onset  values a r e  ( see  Fig.  6 ) :  

r20  

The behavior of t he  d i f fuse r  pressure recovery c o e f f i c i e n t  (Fig.  7)  shows con- 
s ide rab le  s c a t t e r i n g  corresponding t o  the a onset  value.  
Quite remarkable i s  the  sudden drop of t he  r e tu rn  channel pressure recovery 
coe f f i c i en t  C (Fig.  8) corresponding t o  the  i onset  value.  The f igu re  
c l e a r l y  shows the two branches corresponding t o  the  two s igna l  shapes shown 
before.  
Figs.  9, 10, 11, 12, 13 show the  behavior of the  configurat ion A with sandpaper 
on the  r e t u r n  channel vanes. While the  unsteady flow onset  values ( i  i n  par- 
t i c u l a r )  a r e  unchanged, t h e  r e tu rn  channel pressure recovery c o e f f i c i e n t  pre- 
s e n t s  only t h e  lower branch (SFS) t o  the  l e f t  of t he  onset  d i scont inui tv .  
The following tendency i n  readings a t  s ec t ions  20 and 40 i n  t he  unsteady flow 
region is worth not ing:  
- While t o t a l  temperature readings a t  s ec t ion  20 did not  show any t rend t o  

f l a t t e n  after the  onset  (Fig.  14), t o t a l  pressure readings,  on the  cont ra ry ,  
tended t o  f l a t t e n  and even t o  decrease,  so t h a t  dynamic pressure a t  sec- 
t i o n  20 tended t o  decrease too (Fig.  15). 
The agreement between the  measured t o t a l  pressure and the  one ca lcu la ted  
from t o t a l  temperature r i s e ,  s ta t ic  pressure and mass flow go t  poorer and 
poorer. Even higher deviat ions from a regular  t rend a r e  found a t  sec t ion  40 
(Fig.  15). Measured flow angles began t o  be badly s c a t t e r e d ,  previous 
agreement with the  ca lcu la ted  values being gradual ly  l o s t .  

20 

PRC 5 

5 

This behavior of t h e  readings w a s  almost the  same f o r  every configurat ion 
t e s t ed .  



5.2. Configuration B. 

Configuration B differs from configuration A only in th 
the crossover geometry as reported in Ref. 21. The 
at the design point of the stage, an incidence ang 
equal to - 6 degrees (the onset value for the configuration A). 

5.2.1. Unsteady flow behavior. 

This time only the single frequency shape was encountered all over the tested 
range of tip speed Mach numbers. The onset as well as the growth of the pres- 
sure oscillations was found to be quite similar to the one experienced when 
testing the configuration A when the SFS was present. Fig. 16 shows the ob- 
served frequencies, normalized to the impeller angular speed, versus the in- 
let flow coefficient. 
The phase difference between static probes at the same radius was 180° as ob- 
served for the SFS signal in the previous configuration. 

5.2.2. Time-averaged results. 

The onset of the unsteady flow (Fig. 17) was now shifted to considerably 
higher flows. As before, the onset of the pressure oscillations started for 
a constant value of any impeller exit variable (Fig. 18). However, in this 
case, we found (see Fig. 19): 

i 5 - 6 O  
5" 

As the calculated R.C. incidence angle is practically coincident with the 
critical one found when testing configuration A, while vaneless diffuser inlet 
angles differ 4 degrees, it seems evident that the phenomenon tracks the re- 
turn' channel. 
As before, the R.C. pressure recovery coefficient exhibited a sudden drop, 
coinciding with the start of the pressure oscillations, but only the lower 
branch to the left of the onset discontinuity was observed (Fig. 20). 
Fig. 21 shows the diffuser pressure recovery coefficient versus a Scat- 
tering is reduced and the onset drop is less evident, 20 * 

5.3. Configuration C. 

In order to obtain additional confirmation of the previous test results, a dif- 
ferent channel was designed, having the same width of the B one but a lower vane 
inlet angle. The modified vane had a greater camberline curvature and a slight- 
ly different thickness distribution on the leading edge zone. The aim was to 
displace the onset back to the zone where it was found when testing the configu- 
ration A. 
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5.3.1. Unsteady flow behavior. 

Only the test at Mu = 0.75 has been analyzed in detail, as behavior at differ- 
ent tip speed Much numbers was similar. Again, the onset and the growth of the 
pressure oscillations was found to be very similar to the ones previously shown. 
The signal corresponding to unsteady flow was once more a single frequency 
shape (Fig. 22) with 180° phase lag. 

5.3.2. Time-averaged results. 

As can be seen, the onset was now displaced to a slightly lower value, but 
higher than the expected one (Figs. 23 and 24). The diffuser inlet and exit 
flow angle at the onset were (see Fig. 25): 

As before, the onset of pressure oscillations coincides with a sudden drop of 
the return channel pressure recovery coefficient (Fig. 26). The same figure 
suggests the reason for the apparent failure: the new return channel exhibits 
a lower critical incidence. The camberline modification seems to have lowered 
the critical incidence angle from - 6 to - 4 degrees. Therefore, the onset flow 
coefficient is about 20% higher than expected based on i = -6O. 

5 

5.4. Configuration D. 

At this point, an additional veriFication was of course necessary: the return 
channel width was reduced, keeping unchanged the camberline and the thickness 
distribution. The width was chosen equal to configuration A ' s  to facilitate the 
comparison. 

5.4.1. Unsteady flow behavior. 

The general behavior, from the point of view of the onset and the growth of 
the phenomenon, was essentially unchanged. 
The present configuration resembled the configuration A: the double frequency 
shape was again encountered at both tested tip speed Mach numbers (Fig. 28). 
In addition at Mu = 0.45 a certain sensitivity to the introduction of the pres- 
sure probes in the diffuser was found. In this case, however, the effect was 
not the shift from SFS to DFS signal but a slight frequency variation of SFS. 
Such sensitivity was not noted at Mu = 0.75. 
The phase lag was 180° for SFS and again 90° for the DFS signal. 

437 



5.4.2. Time-averaged results. 

Figs. 29, 30, 31 show that the unsteady region was displaced to a lower flow 
coefficient and the diffuser inlet and exit flow angle at the onset were 

Again the return channel pressure recovery coefficient (Fig. 32) shows a 
discontinuity corresponding to the pressure oscillation start. 
The hypothesis of a lower critical incidence angle due to the camberline and 
thickness modification seems to be confirmed: the incidence angle at R.C. 
leading edge on the onset was again i5*z -4O. 
Finally, Fig. 33 shows the behavior of the diffuser Cp 

D' 

6. NONDIMENSIONAL FREQUENCY AND AMPLITUDE OF THE PRESSURE OSCILLATIONS. 

The analysis of the experimental results easily suggests that, for each configu- 
ration, the frequency-amplitude curves at different Mach numbers can be made to 
collapse, with a suitable choice of nondimensionalization factors, when plotted 
versus whatever outlet variable. The choice of the scale factors and of the out- 
let variable can be made in many ways, bringing in all cases to a single curve for 
the frequency and for the pressure amplitude. However, the four tested configura- 
tions differ only in the R.C. geometry and, in every case, the onset of the un- 
steady flow was found to correspond to a constant value of the incidence on the 
leading edge of the R.C. vanes. The phenomenon seems to be controlled by the R.C. 
to such a large extent that five strips of sandpaper were sufficient, when testing 
configuration A, to eliminate the double frequency shape. Such considerations sug- 
gest as the best nondimensionalization factor for the frequency the angular speed 
at section 40 (C+ /R ) .  
As for the amplitudes, it was found that, using the local dynamic pressure as non- 40 40 

dimensionalization factor, the same order of magnitude was obtained at every meas- 
urement section (with the exception of the impeller inlet). So in the following, 
the four configuration results will be compared on the basis of the so defined non- 
dimensional frequency and amplitude (at section 40' )  versus R.C. vane incidence 
angle. 

6.1. Comparison of the nondimensional frequency and amplitudes for the A, B, C, D, 
configurations. 

The data reduction results are shown in Figs. 34, 35, 36 (configuration A), 
Figs. 37, 38 (configuration A with sandpaper), Figs. 39, 40 (configuration B), 
Figs. 41, 42 (configuration C) and finally in Figs. 43, 44, 45 (for configura- 
tion D). In any case the reduction to a single curve is very satisfactory. 
Comparing all the nondimensional frequency plots we can note: 

438 



- The onset 

Configuration D seems to be a case somewhat apart: the amplitudes are compara- 
tively lower and very scattered. 

So, the comparison seems to lead to the following conclusion: 
- The frequency curves can be represented fairly accurately by 

but while the K value is the same for each configuration, (?s/e+40)* seems to 
depend on the relative width of the return channel. 
For configurations A and D, we have: 

K e 0.057 (i measured in degrees) 

( fs/e+40) 0.25-0.30 

Exactly half of such values is of course found for f /2 when the DFS is present. 
For configurations B and C, we have: 

5 

S 

K e 0.057 

( ?  /e+ ) "0.18-0.22 
s 40 * 

- The amplitude curves can be represented fairly well by a single relation of the 
kind 

A = f ( i 5 - i  5* ) 

for configurations A ,  B, C. No explanation can be suggested for the apparent 
deviation of configuration D. 

It is a bit puzzling that the relative width of the return channel seems to influ- 
ence only the onset values of nondimensional frequency, but not the slope of the 
frequency versus incidence curves, nor the amplitude relations (at least for con- 

In the light of the previous discussion, it seems that the phenomenon can be ex- 
plained on the basis of rotating stall on the R.C. vanes. 
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So an attempt can be made to utilize th 

based on an 

steady-state param 
natural consequence of the linearization, the pre 
the spatial stall configuration are left indetermined. Even th 
with the experimental results is only fair, such methods are useful in providing 
qualitative understanding of the phenomena and in suggesting correlations among 
the relevant parameters. 

7.1. Emmons - Stenning's theory. 

Emmons - Stenning's theory is a typical flow stability calculation which can be 
extended without difficulties to cascades between revolution surfaces. Basic as- 
sumptions are: 
- The flow upstream the cascade is potential and the fluctuating velocity com- 

- The cascade pressure rise coefficient derived from steady conditions is eon- 

- Pressure oscillations at the cascade outlet are negligible. 

ponents vanish at infinity. 

sidered valid in unsteady conditions too. 

The calculated stall speed is then given by 

where n is the number of lobes and J a geometrical nondimensional parameter 
(see appendix A). As a consequence, the (calculated) observed frequencies are 
given by 

Some criticism 
present case: 

- The pressure 

can of course be made about the use of such relations in the 

oscillations do not fade away with the distance from the leading 
edge of the R.C. vanes, showing that the coupling h the impeller-diffuser 
system cannot be neglected. 

- Due to the influence of the impeller outlet fluctuating conditions, the flow 
. the diffuser can hardly be considered potential in nature. 

A more complete analysis could be attempted which, while retaining the basic hypo- 
theses of the previous theory, takes into unt the interference between the 
return channel and the other components stage . 
However, an attempt to find a correlation with the variables involved in the 
Emmons and Stenning's formula is justified by the strong influence of the R.C. 
geometry on the phenomenon. 
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To this end, the observed nondimensional frequencies were plotted versus 
(1-C )/cos a with the exclusion of configuration A (the lack of simultane- 
ousness between conventional measurement and pressure oscillation readings 
hindered that). 
Comparing all the nondimensional frequencies versus (1-Cp )/cos a plots (Figs. 
46, 47, 48, 49) we can note: 
- For each configuration there exists a range of the abscissa values where the 
curve is practically linear. This range corresponds to the narrow range of flow 
where the Cp suddenly drops, just after the onset. In this zone (the only 
zone where the theory can be expected to work), the agreement between theoret- 
ical and experimental results is fairly good. When the pressure oscillation 
amplitude increases, the linear relation is lost and the frequency becomes 
quite independent of the abscissa. 

- Configurations having the same R.C. width exhibit almost identical curves. 
However, the slope of the linear zone is different for configurations A, D and 
configurations B, C. While the theory accounts for geometrical differences 
through the J factor, the slope difference is higher than predicted. 

- The agreement between theoretical and experimental results is better for con- 
figurations A and D. Such condition is however limited to the upper frequency 
in case of DFS signal: the lower one is overestimated. It is worthy of note 
that in such case the ratio of the predicted frequencies is not integer, while 
during the configuration A, D tests such ratio was exactly 2. 

2 
PRC 5 

2 
RC 5 

RC 

In view of the limits of the present approach, expecting such details from the 
theory appears to be asking a bit much. On the whole, the results can be 
considered fairly satisfactory. It must be remarked that the Emmons-Stenning's 
theory provides a correlation rather than a prediction method: critical inci- 
dence, maximum Cp etc. cannot usually be predicted with the required accuracy. 

8. CONCLUSIONS. 

1. 

2. 

3. 

4. 

The main results of the present investigation are the following: 
The four configurations clearly showed that the return channel bears major 
responsibility for the onset of the unsteady flow. 
For every configuration, the unsteady flow onset was found to occur when a well 
defined incidence angle on the leading edge of the return channel vanes was 
reached. The critical incidence was found to be dependent on the vane skeleton, 
but independent of the crossover geometry. 
The general behavior of the nondimensional frequencies and amplitudes is similar 
for the four configurations when plotted versus the difference between the 
actual incidence and the critical one. However, the narrower return channels 
exhibited higher onset frequencies and, in addition, could exhibit two distinct 
unsteady flow patterns (SFS and DFS). Within the tested Mu range, such behavior 
was never observed with the wider ones (configurations B and C). 
The comparison with the Emmons-Stenning's theory can be considered fairly satis- 
factory and provides additional confirmation of the fact that the phenomenon 
is controlled by the return channel rotating stall. 
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Additional theoretical and experimental work would be required in order to 
complete and extend the present results. 
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APPENDIX A 

STABILITY OF THE FLOW T 

A brief account of the Emm 
Suppose we have an isolate 
upstream and downstream at a great distance compared with the blade mer 
length. The motion equations (with the assumptions below specified) are written for 
the upstream field and the flow between the blades (a major assumption of the theory 
makes calculations for the downstream field unnecessary) and a stabil 
performed in a classical way. 

1. Upstream field. 
Assuming incompressibLe nonviscous flow with uniform conditions at infinity, the 
energy equation in a system rotating with the cascade is written 

where p ,  w , u are the velocity potential, the relative flow velocity and the 
local blade velocity ( U  =nr  ) ,  while is the stagnation pressure. 

2. Cascade. 
Assuming incompressible unidimensional flow, the motion equation is written 

where c+, ,U have the usual meaning and f is the term due to the wall shear 
stresses. 
Integrating along the mean line of the channel from the inlet (1) to the outlet 
(21, we obtain 

1. 

T llowing is 
- equation is linearized usin steady conditions and re- 

terms only. Due to the assumed conditions, the up- 
Id is potential and the v 

-In = 

r We 
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- Upstream perturbation velocity variation along the cascade pitch is negligi- 
ble.This immediately allows expressing the velocity perturbation between the 
blades as 

where s, b,,@ are the pitch, the inlet width and the normal section of the 
channel defined by two consecutive blades. 

- When linearizing equation 1, it is assumed that the term 

0 

can be represented, even in unsteady conditions, by 

2 
CP (by /” , ) i  c Wm, + a:, 

where 
cascade inlet. 

f i a  , *mr # *e* are the flow angle and the velocity components at the 

- Lastly, outlet pressure variations are assumed to be zero all over the cir- 
cumference. This assumption, suggested by the physical behavior of a cascade 
in incipient stall, allows a major simplification: we no longer have to 
calculate the downstream field which, never being potential in unsteady 
conditions, usually poses greater difficulties than the upstream. 
Eliminating the inlet pressure variations, we finally find 

where the pertu 1 derivatives have to be calculated at the cas- 
cade inlet (m = 0). 
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The po ten t i a l  4 must s a t i s f y  the  equatio 

b ( b r L 6 )  + 4r 
am Dm J-2 a92 

= 0 

with the  condition 

lim 995 5: 0 
m e - -  

It is convenient t o  perform a change of var iable  by d 

m 
B - J +  

0 

and t o  develop the  po ten t i a l  i n  Fourier s e r i e s  

where the  functions XVL a r e  the  so lu t ions  of the  boundary value problem 

The poten t ia l  der ivat ives  a t  the  cascade i n l e t  a r e  

With the  pos i t ion  

we f ind  

+ I -  cp, wm, - - a CP 
Rl 
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Neutral  s t a b i l i t y  condi t ions are 

I C t -  C p )  a t n r p ,  
I 

The stall  propagation speed is given by 

I I - cp VP 
wa, r +  n x , T  car'p, 
- -  - 

and t h e  corresponding nondimensional f requencies  by 

The formulas are s t r i c t l y  v a l i d  a t  the  i n s t a b i l i t y  onse t ,  but  it can be hoped 
t h a t  they maintain t h e i r  v a l i d i t y  even i n  the  i n i t i a l  phase of t h e  phenomenon. 
The IC., values are dependent on the  width d i s t r i b u t i o n  i n  f r o n t  of t he  cascade 
and der iving general  r e s u l t s  is not  s o  easy. However, i f  it is assumed t h a t  t he  
width va r i e s  monotonically from some value bl at  g = o  t o  some value b, a t  &..-oo 

it  can be shown t h a t  

r e s u l t s  

So, when the  width increases  toward the  cascade leadin s l i g h t  frequency 
increase should be expected. It  is however doubtful t h a t  t h i s  approach could 
model the  crossover geometry: as matter of fact ,  t he  experimental r e s u l t s  show 
the  opposite t rend.  For comparison with experimental r e s u l t s ,  K , = I  w a s  u t i l i z e d  
f o r  any configurat ion.  

As a f i n a l  remark the  following can be noted: 
i n  the  case of r o t a t i n g  cascade, assuming zero i n l e t  whir l ,  t he  observed non- 
dimensional frequency is given by 

In  the  case of  s t a t iona ry  cascade, w e  have d i r e c t l y  
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predic t ions  are confirmed 

Measuring sec t .  

Sec. 10' 
(impeller i n l e t )  

Sec. 20' 
(d i f fuser  i n l e t )  

Sec. 30' 
( diffuser  m i  dspar 

Sec. 40' 
(d i f fuser  e x i t )  

.Sec. 50' 
. ( re turn channel 

throat  a rea)  

Sec. 60' 
( re turn channel 
e x i t )  

I Measuring sect. 

Sec. 10 
(impeller i n l e t )  

Sec. 20 
(d i f fuser  i n l e t )  

Sec. 40 
( d i  f fuser  e x i t  

Sec. 60 
( re turn channel 
e x i t )  

This means t h a t  impel ler  r 
than r e t u r n  channel r o t a t i  
addi t ion ,  t he  frequency is 

by t h e  experimenta 

r a d i a l l y  spaced) 

2 (circum. spaced) 

4 K i e l  8 (circum. and 

TABLE I1 
Total pressure 

S t a t i c  pressure probes probes 
I 

1 

2 
(90° spaced) 

2 
(90° spaced) 

2 
(90° spaced) 

2 
(90° spaced. Throat area of two 
sect ions of  the return channel) 

1 
( a t  the e x i t  of one of the two 
sect ions of sec. 5 0 ' )  

TABLE I11 

Impeller Outlet Width : 0.050 

Diffuser Inlet  Width : 0.0311 

Diffuser Exi t  Width 

Configurations 

Return Channel I n l e t  Width 

Return Channel Outlet Width : 0.0400 0.0522 0.0522 0.0400 

R e t q n  Channel In le t  Angle : 18' 14O.5 14O.5 
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Figure 2. - Normalized observed frequency versus inlet flow coefficient. 
(Configuration A. 
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Figure 3. - Normalized observed frequency versus inlet flow coefficient. 
(Configuration A with sandpaper.) 
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Figure 9.  - Static-to-total  and total-to-total  pressure ra t ios  a t  sect ion 60 
versus i n l e t  flow coe f f i c i ent .  (Configuration A with sandpaper.) 
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Figure 14. - Total enthalpy rise coefficient versus inlet flow coefficient. 
(Configuration A. 1 
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Figure 15. - Dynamic pressure at sections 20 and 40 versus inlet flow 
coefficient. (Configuration A,)  
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Figure 16. - Normalized observed frequency versus inlet flow coefficient. 
(Configuration B.1 

458 



I 
I 

1 
1.0s I 

7 b ' o b '  iio d o  ' ido ' 1fO ' l d o  I 2io 2do ' 250 8 2fo ' 

Figure 1 7 .  - Static-to-total and total-to-total pressure ratios at  section 60 
versus in l e t  flow coefficient.  ( figuration B* 
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Figure 22. - Normalized observed frequency versus inlet flow coefficient. 
(Configuration C. 1 
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. - Static-to-total and total-to-total pressure ratios at  section 60 
in l e t  flow coefficient.  (Configuration C . 1  
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Figure 28. - Normalized observed frequency versus inlet flow coefficient. 
(Configuration D.) 
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Figure 29. - Static-to- and total-to-total pressure ratios at section 60 
versus inlet flow coef nt. (Configuration D. 
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Figure 34.  - Nondimensional frequency versus incidence angle. (Configuration A . )  
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Figure 35. - Nondimensional amplitude (fs) at section 40' versus incidence 
angle. (Configuration A , )  
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Figure 36. - Nondimensional amplitude (fs/2) at section 40' versus incidence 
angle. (Configuration A , )  
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Figure 38. - Nondimensional amplitude at section 40' versus incidence angle. 
(Configuration A with sandpaper.) 

472 



0.50 

i s  
G 
O *  40 

0130 

0.20 

0.10 

0.00 

A 
1 * G O  -75  e85 I M u  

' I o  TMOttLlNO A 
THE VALVE i 
WEN 1 NO 

VALVE Ir 7 I 

I 1 1 -  I 1 1 1 1 1 1 1 1 
I - 1  2 -10 -8 -6 -4 -h i:' 0 

Figure 39. - Nondimensional frequency versus incidence angle. (Configuration B. 

4 1  3 



00  40 

Lo* 
0.98 

0.30 

O I 2 S  

0.20 

0.1s 

0.10 

0.05 

0.00 

Fi 

. 4 5  s60 .75 I Mu 
THROTTLIWO 
THE VALVL 

OCLWlWO 
ITHE VALVL Ir @ I 

$t \ 
1 1 1 1 1 1 1 1 1 1 1 

- 1  4 ' -1'2 -10 -8 -6 - 4  ' -2  iz 0 

.gure 40. - Nondimensional amplitude at section 40' versus incidence angl 
( Configuration B. 

.e. 

4 1  4 



Figure 41. - Nondimensional frequency versus incidence angle. (Configuration C.) 
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Figure 42. - Nondimensional amplitude at section 40' versus incidence angle. 
(Configuration c.> 
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Figure 4 3 .  - Nondimensional frequency' versus incidence angle. (Configuration D e )  
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Figure 44 .  - Nondimensional amplitude (fs) at section 40' versus incidence 
angle. (Configuration D.) 
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Figure 45. - Nondimensional amplitude (fs/2) at section 40' versus incidence 
angle. (Configuration D.) 
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Figure 47. - Nondimensional observed frequency. (Configuration B e )  
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DIRUHIC STIFFRESS CHARACTERISTICS OF HIGH ECCKRlTRICITP 

RATIO BEARINGS AND SEALS BY PERTURBATION TESTING 

Donald E, Bently and Agnes Muszynska 
Bently Nevada Corporation 

Minden, Nevada 89423 

In prior work perturbation methodology was done to describe the behavior of 
lightly loaded bearings or seals. 
algorithms and to show the algorithm of the fluid inertia effect. 

This paper takes up the much more complex behavior of cylindrical bearings 
and seals that are statically loaded to eccentricities in excess of 0.7. 
stiffness algorithms as a function of static load are developed from perturbation 
methodology by empirical modeling. 

This work helped to clarify the stiffness 

The 

INTRODUCTION 

In prior papers by the authors C1-31 perturbation methodology was emplayed to 
study the behavior of lightly loaded seals and bearings. 

Most studies of rotor instability mechanisms caused by fluid (liquid, steam, or 
gas) forces, and studies o f  the behavior of squeeze film dampers have been to 
measure, by theory and/or by experiment, the beari ng/seal dynamic stiffness 
characteristics. 
by imbalance at rotative speed or by static loading with the rotor at its 
operational speed has been applied. Such examination is perfectly valid, 
however, the data o f  the direct and cross stiffness terms are limited to those 
two data points, instead of across a wide range of perturbation speeds. 
of this, much needed data is not known. 

To this effect, most often the perturbation technique, either 

Because 

Examination of the direct and quadrature dynamic stiffness characteristics of a 
rotor system when it is at its operating speed and conditions, is best accomplished 
by sinusoidal perturbation across the range of speeds where the dynamic stiffness 
terms are desired. 
precession rate (usually 40 to 50% o f  rotative speed in an uncontrolled seal or 

Generally, these are in the range o f  (a) the average fluid 
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bearing), o r  (b) i n  the region o f  the s e l f  balance resonances (usually the f i r s t  

one, and usual ly below operating speed). 

I n  some studies o f  r o t o r  systems, such as i d e n t i f y i n g  a resonance above maximum 

operating speed, the perturbat ion method i s  eas i l y  employed t o  exc i te  the r o t o r  

t o  obtain t h i s  data t h a t  i s  otherwise very d i f f i c u l t  o r  uncertain, o r  avai lable 

only from calculat ion.  

For another example, the study o f  the frequency s h i f t  o f  the forward and reverse 

resoriances due t o  gyroscopic e f fec ts  o f  ro to rs  as a funct ion o f  r o t a t i v e  speed, 

the perturbat ion methodology produces excel lent  resul ts.  For such a study, the 
r o t o r  i s  perturbed by c i r c u l a r  perturbation, both forward ( i n  d i rec t i on  o f  sha f t  

ro ta t ion) ,  and i n  reverse ( i n  opposite d i rec t i on  o f  sha f t  ro ta t ion)  f o r  each 

r o t a t i v e  speed o f  the r o t o r  system o f  in te res t .  

Perturbation methodology i s  also o f  great assistance i n  the many faceted studies 

o f  f u l l  and p a r t i a l  rub mechanisms o f  a r o t o r  system. 

NOTATION 

KD 

KQ 

KQY 
Kext x 

Kext y 

DX 

DY 

MF 

KDX 
KDY 

K 
QX 

D 

M 

MFX 

MFY 
WR 
wP 

Di rec t  dynamic s t i f f n e s s  ( if symmetric) 

D i rec t  dynamic s t i f f n e s s  (X axis)  

D i rec t  dynamic s t i f f n e s s  (Y axis)  

Quadrature dynamic s t i f f n e s s  ( i f  symmetric) 

Quadrature dynamic s t i f f ness  (X axis) 

Quadrature dynamic s t i f f n e s s  (Y axis) 

External spr ing  c o e f f i c i e n t  (X axis)  

External spring c o e f f i c i e n t  (Y axis) 

Bearing Damping c o e f f i c i e n t  ( i f  symmetric) 

Bearing Damping c o e f f i c i e n t  (X axis) 

Bearing Damping c o e f f i c i e n t  (Y axis) 

Rotor e f f e c t i v e  mass 

Bearing f l u i d  i n e r t i a  c o e f f i c i e n t  ( i f  symmetric) 
Bearing f l u i d  i n e r t i a  c o e f f i c i e n t  (X axis) 

Bearing f l u i d  i n e r t i a  c o e f f i c i e n t  (Y axis) 

Rotor r o t a t i v e  speed 

Perturbation speed (+fwd, -rev) 

1 bs/ i  nch 

1 bs/ i  nch 

1 bs/ i  nch 

1 bs / i  nch 

1 bs/ i  nch 

1 bs/ i  nch 

lbs/ inch 

1 bs / i  nch 

l b  sec/inch 

l b  sec/inch 

l b  sec/inch 

l b  sec2/inch 
l b  sec2/inch 
l b  sec2/inch 

l b  sec2/inch 

rad/sec 

rad/sec 
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A 

rl 
WU 

Mu 

Ru 

P 
A 

- - FX 

FY 
t 

Ratio o f  average f l u i d  s w i r l i n g  v e l o c i t y  
d iv ided by r o t a t i v e  speed 

O i l  v i scos i t y  

Per turbat ion imbalance 

Perturbation imbalance mass 

Per turbat ion imbalance rad ius 

S t a t i c  load on r o t o r  

Angle of app l ica t ion  o f  the  s t a t i c  load P measured i n  
d i r e c t i o n  o f  sha f t  r o t a t i o n  from v e r t i c a l  

Force vector i n  X d i r e c t i o n  

Force vector i n  y d i r e c t i o n  

Time 

J-iL 

----- 

cent ipo ise 

grams 

l b  sec2/inch 

inches 

l b s  

degrees 

l b s  

l b s  

seconds 
----- 

H I  STORY 

For several years the authors bel ieved t h a t  Ed Hu l l  [4-61 d i d  the f i r s t  

pub1 ished (and some unpubl i shed) experiments, o f  per tu rb ing  a r o t o r  system 

across a frequency range ( a t  other than synchronous o r  steady s tate)  i n  1955, 

bu t  recent ly  found a reference i n  Paul Trumpler's book [7], t o  Stone and 

Underwood 181, dat ing  the  methodology back t o  1947, so i t  i s  poss ib le  t h a t  other 

e a r l i e r  work ex is ts .  

Even though these researchers showed the  resu l tan t  amplitude and phase o f  the 
per tu rba t ion  co r rec t l y ,  ne i ther  took the next step o f  d i v i d i n g  the input  force 

vectors by the motion vectors t o  obta in  the  d i r e c t  and quadrature dynamic 

s t i f fnesses.  However, both researchers d i d  b r i l l i a n t  work i n  obta in ing vector 

motion measurements considering the  extremely crude e lec t ron ics  t o o l s  t h a t  were 

ava i lab le  t o  them a t  the time they d i d  t h e i r  work. 

APPLICATION OF PERTURBATION METHODS I N  ROTATING MACHINERY 

To inpu t  a per tu rba t ion  o f  e i t h e r  motion o r  force t o  a mechanical system, a wide 

v a r i e t y  o f  methods may be employed, such as impulse, step white noise, square 

waves and so fo r th .  
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However, when the direct and quadrature dynamic stiffness coefficients of a 
rotating machine are desired, then the perturbation forcing method tecomes highly 
restricted. 
accuracy of phase and amplitude of both the force (perturbation by force) as well 
as the motion (perturbation by motion). 

It is necessary to use continuous sinusoidal perturbation with high 

There is a free choice of driving the system with either a known motion vector and 
observing the resultant force vectors, or driving the system with a known force 
vector and observing the motion. However, it is extremely difficult to build a 
test system to drive a known input motion, and relatively easy to build a system 
with a known input perturbation force. 
response motion vectors than to measure response force vectors. As a result, the 
authors chose to input with a known amplitude and phase a sinusoidal perturbation 
force, and observe the response motion vectors. 
test a real rotor system as well as a laboratory experiment. 
the data is equally difficult with either method. 

Further it is much easier to measure 

This methodology may be used to 
The reduction of 

There also appears to be a free choice of whether to apply the perturbation force 
to the rotor casing or directly on to the shaft. 
perturb the shaft as close as possible to the bearing or seal under test in order 
to eliminate or minimize the possible errors introduced by the complexities o f  

any other method. 

The authors chose to directly 

Since two degrees of freedom o f  the rotor motion are involved, there t’s one more 
vital consideration of the sinusoidal perturbation forcing input: (1) it may be 
in one radial axis, such as vertical (2) it may be circular forward, or circular 
reverse, or (3) it may be somewhere between these, specifically an ellipse with 
forward or reverse characteristics. 

When gyroscopic effects are the subject of study, it is obvious that circular 
perturbation force must be employed, as any other force (elliptical or 
unidirectional), contains a mixture of forward and reverse components. 
forward circular perturbation yields the forward resonances clearly, and only 
reverse circular perturbation yields the backwards resonances clearly. 

Only 

The ideal perturbation system when the dynamic stiffnesses are not symmetric 
is to maintain a resultant perturbation motion of circular nature. This may 
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be achieved using Adams’ method [9] which is to introduce a circular perturbation 
motion or else to adjust the amplitude and phase of the input perturbatjon force 
to obtain a circular motion response. 
dynamic stiffness terms, but both are very difficult to accomplish. 
the studies in this report were done with circular sinusoidal foward and reverse 
input perturbation force, as in previous studies [SI. 

Both methods yield directly reducible 
As a result, 

LABORATORY STUDY OF STABILITY CHARACTERISTICS OF A 360° LUBRICATED 
CYLINDRICAL BEARING AS A FUNCTION OF STATIC LOAD, ROTATIVE SPEED, 

OIL SUPPLY PRESSURE, AND VISCOSITY 

The experimental rotor set-up for the bearing/seal perturbation test is shown in 
Figures 1 and 2. 

In previous experiments, the authors studied the direct and quadrature stiffness 
terms of the same bearing and same rotor configuration for light preloads. 
the present study, the constant preload was varied from 0 to 32 lbs., (increasing 
by 4 lbs at each sequence of tests) in order to observe the behavior of the 
dynamic stiffness terms when the oil film is broken (or partially broken) in the 
negative pressure region of the bearing. 
400, 500 and 600 rad/sec were employed with ci rcul ar perturbation frequencies 
from - (reverse) 400 rad/sec to + (forward) 400 rad/sec. 
studies were with a constant perturbation imbalance weight of 28 grams, and with 
a constant oil supply pressure of 5 psi. 
pressure was raised to 20 psi, with results shown in Figure 5. 
held a oil outlet constant at 65O, 90°F, and 130OF. T-10 turbine oil was 
employed for all data. 

In 

Rotative speeds of 0, 100, 200, 300, 

The’ bulk of these 

At the end of the tests, the oil 
Temperature was 

For zero, or light loads and symmetric rotor, the vertical and horizontal force 
a1 gori thms are: 

- 
Eq. (2) FX=[Kext+jWpD(-hWR-~R)2]~- j[hRD]y and since 

Eq. (3) R=jg because the resultant orbit are circular, equations 1 and 2 
reduce to: 
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The dynamic stiffness vectors are: 

- 
Eq. (6) Ky=KD+jK =p /y' Q Y  

- 
Eq. (7) KX=KD+ jKQ=Fx/Z 

with the result that for a symmetrical, lightly loaded 360° 
lubricated bearing, or a lightly loaded seal it becomes: 

Eq. (8) KD=Kext-~P2M-(hWR-~p)2MF Direct Dynamic Stiffness 

Eq. (9) IC =(w -Au, )D Quadrature Dynamic Stiffness Q P R  

More detailed deviation of the above relationships can be found in the 
publications [1-3]. 

It may be noted that direct dynamic stiffness versus perturbation speed is parabola 
and offset from zero speed toward the average swirl speed of the oil (hwR), and 
that the quadrature term consists of a straight line with a value Qf zero at a 
perturbation speed of exactly wP=AwR (the traditional speed" of oil whirl). 
The quadrature term at zero frequency perturbation represents the famous 
tangential term, otherwise known as "aerodynamic cross coup1 in$' term, "cross 
coupled" spring coefficients As a matter o f  fact, this is 
the oil wedge support term o f  a cylindrical bearing, from the single action that 
the shaft must move sideways (at quadrature) a sufficient distance to create a 
constriction of the oil in order to form a pressure wedge 90° behind this 
constriction in order to support the load. (As such, a cylindrical bearing or 
seal is an elementary servomechanism with very poor stability control.) 

IIKyXll , etc. 

Static Load Study 

Before running the forward and reverse perturbation tests, a complete series of 
static loading tests were run across the variations of static load, static load 
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angle, v i scos i t y ,  and o i l  pressure wh i le  maintaining the r o t o r  constant 

operat ional  speed. A b r i e f  ma t r i x  summary o f  the r e s u l t s  o f  the  steady s t a t e  

de f l ec t i on  versus load t e s t s  are shown i n  Figures 3 ,  4 and 5. 

Since wp i s  zero and Kext is also zero f o r  these sets o f  tests ,  equations (8) 

and (9) reduce t o  the  fo l l ow ing  equations (10) and (11) f o r  the l i g h t l y  loaded 

condi t ion.  This extends from zero load t o  wherever the knee (an evident non- 

1 i n e a r i t y )  o f  the  s t a t i c  displacement occurs. 

(io) K ~ = - A ~ u ~ ~ M ~  S t a t i c  D i r e c t  S t i f f ness  

(12) K --hwRD S t a t i  c Quadrature S t i  f f ness Q- 

Clear ly ,  the  f l u i d i c  i n e r t i a  term, (-h2wR2MF), cont ro ls  the  d i r e c t  dynamic s t i f f n e s s ,  

and equal ly  c lea r l y ,  the  "cross spring" term, ( f l u i d  wedge support term -AwRD), 

cont ro ls  the quadrature s t i f f n e s s  i n  the  1 i g h t l y  loaded bearings. 

Since the wedge support term i s  formed by the  sha f t  moving sideways t o  the  s t a t i c  
load t o  form a r e s t r i c t i o n  t o  form the wedge support, the sha f t  de f l ec t i on  i s  

ahead of the s t a t i c  load angle by 90 degrees i n  the  d i r e c t i o n  o f  ro ta t i on .  

the d i r e c t  term Eq. (8) i s  ne t  negative, as i n  the above s i t u a t i o n  o f  the negative 

d i r e c t  spr ing e f f e c t  of f l u i d  i n e r t i a ,  then the  sha f t  a t t i t u d e  angle i s  i n  excess 

of 90 degrees. 

When 

Figure 3 shows the curves o f  a t t i t u d e  angle and e c c e n t r i c i t y  r a t i o  f o r  var ious 

pre load a t  temperatures 65OF, 90°F, and 1 3 O O F  o f  T-10 o i l .  

the a t t i t u d e  angle i s  h ighest  f o r  h ighest  v i s c o s i t y  a t  l i g h t  loads, bu t  t h a t  t h i s  
reverses a t  h igh  s t a t i c  preload. This i n f e r s  t h a t  f l u i d  i n e r t i a  i s  a func t ion  o f  

v iscos i ty ,  b u t  i t  is the  b e l i e f  o f  the authors t h a t  t h i s  re la t i onsh ip  i s  a 

secondary r e s u l t  o f  the  c o n t i n u i t y  o f  the  o i l  f i l m  i n  the negative pressure 

region. 

f i l m  i n  the negative pressure reg ion col lapses, o r  p a r t i a l l y  collapses, the f l u i d  

i n e r t i a  term i s  d r a s t i c a l l y  reduced. 

shown i n  the  graph. The v a r i a t i o n  a f  the  e c c e n t r i c i t y  r a t i o  and a t t i t u d e  angle 

as a func t ion  o f  r o t a t i v e  speed a t  constant o i l  temperature (90OF) and pressure 

(5 p s i )  i s  shown i n  Figure 4. 

It may be observed t h a t  

This graph (and other  r e s u l t s  shown l a t e r )  i nd i ca te  t h a t  i f  the  f l u i d  

It i s  predominantly t h i s  e f f e c t  t h a t  i s  

Somewhat s i m i l a r  t o  the previous p i c tu re ,  the  e f f e c t  reverses from low t o  high 
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s t a t i c  load, w i t h  ever increasing att i tude angle as a function of rotative speed 
u n t i l  the knee of the curve (following the fluid iner t ia  term -A2w<MF), t h e n  
reversing a t  the knee. 
iner t ia  term is  primarily a function of the partial  collapse of the film i n  t h e  
negative pressure region. Simply, when a i r  moves i n ,  t o  replace the oi l  i n  
ei ther t h e  steady s t a t e  o r  dynamic negative pressure region, there is  no need to  
j e t  o i l  through the t h i n  film region from the high pressure region to  the low 
pressure region; therefore major decrease of the f luidic  iner t ia  term occurs. 

Again, the authors believe that  t h i s  loss of t h e  f luid 

Figure 5 shows the effect  of the s t a t i c  deflection versus s t a t i c  load for o i l  
supply pressure variations from 5 t o  25 p s i ,  a t  constant speed of 200 rad/sec and 
o i l  temperature of goof. Here a new type of inversion i s  observed. 

8efore the knee of the curve, the att i tude angle increases w i t h  pressure from 5 
to  20 ps i ,  bu t  a t  25 ps i  i t  is  clearly reversed. 
f luid iner t ia  term between 20 and 25 psi supply pressure. I t  is believed that the 
collapse of the fluid iner t ia  term in t h i s  instance is  because the new oil  feed 
to  the bearing supplies the negative pressure region, alleviating the need for 
t h e  f luid iner t ia  effect. Note that t h i s  is for a different reason than occurs 
i n  the other tes ts .  
also reverse beyond the knee of the curve. 

T h i s  shows a collapse of the 

I t  should be noted tha t  these deflections versus load graphs 

The Perturbation Tests 

Hundreds of r u n s  were made to  establish the direct  and quadrature dynamic 
stiffness terms. 
( w i t h  a few a t  higher pressure), w i t h  rotative speeds from 100 rad/sec to  600 
rad/sec, i n  steps of 100 rads/sec, w i t h  o i l  temperatures of 65, 90 and 13OoF, 
( t h u s  viscosities of 64.3, 35.6 and 15 centipoise), w i t h  perturbation speeds of 
30 t o  400 rad/sec, mostly forward, (and enough i n  reverse t o  show the typical 
st iffness behavior), and w i t h  a 28 gram perturbation weight a t  1.1 inch radius. 
A very brief summary of these t e s t s  are shown i n  t h i s  report. 

These t e s t s  were predominantly run  a t  5 ps i  o i l  supply pressure 

Figure 6 shows the direct and quadrature dynamic s t i f fness  is a t  zero and l ight  
preloads a t  three viscosit ies,  a t  100 rad/sec, a t  5 psi o i l  supply pressure, and 
for forward and reverse perturbation. 
performance. 

The quadrature stiffness shows i t s  regular 
(1) zero crossover a t  48% of rotative speed, which is the average 
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swirl ra t io  A, (2) a slope, which is D lbs.sec/in of 
on viscosity, and (3) the o i l  wed 
of A, wR rotative speed, and D da 

support  term (cro 

The direct  term shows its typical parabola behavior due primarily to  
iner t ia  term. 
the fluid iner t ia  term is  independent of viscosity. 
dynamic load employed for t h i s  t e s t ,  and for the very low o i l  supply p r  
the fluid iner t ia  term increases w i t h  increasing viscosity. 

f luid 
For very l ight  dynamic perturbation loads, as previously studied, 

However, w i t h  the heavy 

The authors believe 
that  t h i s  sh i f t  of the f luid iner t ia  term is due to  partial  loss of 

pressure region a t  t h e  lower viscosities. 

The figures 7 through 10 show the effects on the dynamic stiffness 
s t a t i c  loading of 0 t o  24 pounds i n  steps of 4 lbs. These r u n s  are 

the negative 

terms w i t h  
a t  an o i l  

supply pressure of 5 p s i ,  a t  an outlet  oi l  temperature of 65OF (64.3 centipoise) 
and a t  constant rotative speed of 300 rad/sec. 

I t  may be observed that the dynamic quadrature st iffness tends t o  increase i n  
slope w i t h  higher s t a t i c  load, b u t  that  t h i s  is a small effect ,  w i t h  a 24 pound 
s t a t i c  load indicating an increase i n  damping o f  about 50 percent over the damping 
a t  zero s t a t i c  load. 

However, the direct  dynamic stiffness show much greater variations w i t h  s t a t i c  
load, especially (1) a t  24 pounds, where a large increase i n  the dynamic direct  
vertical spr ing  term occurs, and (2) a t  perturbation rates from about -10% of 
rotative speed t o  about +30% of rotative speed. 
st iffness term shows increase as a function o f  s t a t i c  loading more evenly for each 
increment of s t a t i c  load. These results should be related t o  the deflection 
versus s t a t i c  load shown i n  Figures 3 and 4. 

The  horizontal direct  dynamic 

CONCLUSIONS 

First, i t  may be concl 
algorithm to describ 
condition exi 
T h i s  may be caused by many factors, including low o i l  supply pressure or broken 
flow, high s t a t i c  loading, high dynamic loading, low rotative speed, etc. I t  

d that  for a 360 degree lubricated bearing a simple 
s dynamic behavior is virtually impossible when any 

r to  be pulled i n t o  the negative pressure region. 
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fo l lows t h a t  it i s  very d i f f i c u l t  t o  es tab l i sh  a c lea r  mathematic r u l e  f o r  s t a b i l i t y  

f o r  such a bearing. Cole and Hughes [lo] s ta ted  essen t ia l l y  the  same thing on t h e i r  

remarks o f  a Boeker and S t e r n l i c h t  paper [111 30 years ago w i t h  less  evidence, 

and apparently no knowledge o f  the f l u i d  i n e r t i a  term o r  extreme poss ib le  va r ia t i ons  

o f  t h a t  term. "During the course o f  some f i l m  extent  experiments on a t ransparent 

sleeve bear ing (1 X 1 X 0.002 in.) with a s ing le-hole o i l  en t ry ,  we have observed 

t h a t  w h i r l  a t  frequency near t o  h a l f  sha f t  speed may occur over a wide speed range 

bu t  on ly  wh i l e  the  f i l m  remains complete. As soon as the  f i l m  breaks, as a r e s u l t  

of increased e c c e n t r i c i t y  r a t i o  o r  changed o i l -supp ly  condi t ions,  w h i r l  ceases." 

Second, i t  i s  concluded t h a t  a 360 degree lub r i ca ted  bear ing i s  not a good 
prototype model f o r  work w i t h  l i q u i d  o r  gas seals. For l i q u i d  seals, the 

pressure o f  the supply i s  orders o f  magnitude higher than t h a t  o f  t y p i c a l  o i l  

supply pressures, so t h a t  the  f l u i d  i n e r t i a  term w i l l  be much greater  and much 

more consis tent  i n  the speeds o f  i n te res t .  

occurrence o f  an incomplete o r  cav i ta ted  f i l m  i n  the negative pressure region, so 

t h a t  much h igher  s i m i l a r i t y  may be expected. 

the t e s t  bear ing from the center should be a very good method o f  studying seals, 

as a seal t e s t  r i g  may be center fed a t  h igh  pressure, and the low pressure a t  

the ends, which can be equivalent t o  two halves o f  a seal w i th  h igh pressure.at  

one end, and l o w  pressure a t  the other  end. 

f o r  seals i s  simple t o  const ruct  and use, as there i s  no secondary high pressure 

seal area on the r o t o r  system. 

tested. 

For the gas seal, there can be no 

However, the p r i n c i p l e  o f  feeding 

With t h i s  conf igura t ion  a t e s t  stand 

If a n t i - s w i r l i n g  methods are being employed and 

However, they would be i n  opposite d i rec t i ons  on opposite ends o f  the  

t e s t  seal. 
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Figure 1. - Experiment setup. 
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Figure 6. - Direct and quadrature dynamic stiffness at rotative speed of 
100 radlsec, oil outlet temperatures of 65”, 90° ,  and 130° F, oil supply 
pressure of 5 psi, and no static load. 
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