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PREDICTION AND
EXPERIMENTAL TECHNIQUES

A SIMPLIFIED NONLINEAR METHOD FOR ESTIMATING
THE FATIGUE LIFE O ACOUSTICALLY
EXCITED PANELS

M. B. McGrath, P, J. Jones, S, R. Tomer
Martin Marietta Corporation
Denver, Colcrado

tests.,

of the stenderd S/N curve,

and test results ere presented,.

Present methods for calculating the fetigue iife of penels subjected to
short duretion, high intensity random acoustic excitation heve been shown
to compute expected fatigue life much shorter than that demonstreted by

A simple method besed on the "single mode approach” is presented
vhich includes nonlineer effects of membrene stresses due to large dis-
placements and an improved descriptic~ of the low cycle/high strese portion
A simple, economical computer program imple-
menting this method is included and comperisons of enelytical predictions

INTRODUCTION

Skin panels of aerospace vehkicles are of-
ten exposed to high intensity, short duration
rendom ecoustic nuise, Prediction of the
fetigue life of such penels has, in generel,
relied on the lineer "single mode epproach"
counled with Miner's cumuletive camage rule,
This design tool, either enelytical or in the
form of design cherts, severly under estimates
the fetigue life for ring frame, stringer type
panels which are designea for short ducation,
high intenaity acouatic excitation.

The parameters effecting the fatigue life
prediction of panels aubjected to acoustic ex-
citetion were investigited in an attempt to
obtain better correlation between simpl: ana-
lytical tectniques an¢ existing test data., The
parameters studied were boundary condi:tion,
curvature effects, preload, temperature, fun~
damental frequency, damping, variation of input
acoustic excitation, r mbrane effects and S/N
data interpretation, Of these the last two
were found to have a significant effect for
metallic ring frame. stringer panels designed
to survive high intensity acoustic excitation
fer short durations,

This pap > prescats an extension of the
"single mode roach" to include the effects
of nenlinear rusponse associated with large
displacements and an improved method of using
coaventional S/N data. A simple computer pro-
grom implementing this method is described und
a listing is included. The results of a sample
problem using both the linear and nenlinear

method are compared to test deta where excellent
agceement with the nonlineer method is obteined.

LINEAR METHOD

The fetigue life of e panel exposed to
ecoustic excitetion depends on the stress hia-
tory end the tolerence of the materiel to the
eccumuleted demage, The approech used for cel-
culating the fetigue life of a panel is to
determine the stress levels and the distribu-
tion of the stress due to the acoustic excita-
tion. Using thia "stress history" the accumu-
leted damage {s calculeted based on a damage
model and conventionel S/N data. When the
damage reaches a certain value, the panel {is
assumed to have fatigued and th: ti: to fail-
ure 18 calculated baaed c¢n the know: response
frequency. The method requires knowing the
stregsa ‘evel, stress distribution, panel fre-
quency, damage model, S/N data and excitztion
power spectrum,

The linear "single mode approach" (1, 2,
3) for calculating the stress in panels sub-
jected to random acoustic excitation is com-
monly used and relies on the followlag assump-
tions: 1) the panel reaponse is primarily in
the fuadamental mode, 2) the acoustic excita-
tion 1s fully correlated over *he panel, 3) the
input pressure spectral density is cssentially

o 3 e

b s
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]

constant around the fundamental frequency, and
4) the mode of -ribration Is the same as th:
deflectud shape for a uniform pressure, Ia
addition to thuse general aasumptions, the
boundary condition of riveted panels is




generally assumed to be fixed.

The equation based on the single mode
assumption fov computing RMS Stress, ¥ , is

" « ;
o - -
7 an Sp Ko (1)

where £, = panel natural frequency, Sp = pres-
sure spectral density, Q = dynamic amplifica-
tion factor, and K, = maximum stress for a
uniform pressure of unit magnitude. The linear
method further assumes that the stress peaks
have a Rayleigh Distribution and uses conven-
tional S/N data to calculate the damage accumu-
lation., Miner's rule is commonly used which
assumes that the damage is linearly accumula-
ted based on a ratio of actual cycles used at

a given stress level to the total number of
cveles to fallure at that stress level as ob-
tained from S/N data. VWhen the response dis-
placements and stresses are -mall, test data
has indicated thut the Rayleigh Distribution
and cumulative damage rule give reasonable
cstimates of the fatigue life.

NONLINEAR EFFECTS

However, when thin panels are exposed to
high intensity random acoustic excitation, the
panel may respond with large displacements,
For displacements beyond the linear range mem-
brane stresses are induced that cause the panel
to be stiffer than predicted by the linear
theory and consequently the actual stresses
are less than predicted by the linear theory.
Test data for such cases have verified that
the stress peaks have a distribution skewed
from a Rayleigh curve, (4). Since the stress
levels are .iess the damage accumulated will be
less than predicted by the lipnear theory and
the panel will survive more cycles to failure,
The nonlinear cffect actually prolcngs the
fatigue life of a panel and the linear calcu-
lations can be overly conservative.

A recond problem can result fn using
Miner's cumulative damage rule for large
stresses since the common S/N data must be
extrapolated into the low cycle/high stress
region of the S/N curve. The ordinary extra-
polation for the linear method is made to the
statlc ultimate stress value for onc-half
¢vele, lowever, reference (5) indicates that
a better estimate of the true ultimate for low
cvele Catigue can be made by extrapolating the
S/N data on a log-log plot to the one-half
cycle point, This extrapolation results in a
much higher value of ultimatc stress than the
static ultimate and when used in the accumu-
lated damage calculations results in a less
conservative estimate for the low cycle fa-
tigue of a panel,

APPROACH

The approach proposed to calculate fatigue
life of panels exposed to high intensity acous-
tic excitation is based on extending the linear
gingle mode approach to account for the two ef-
fects discussed above, The large displacement
effect 18 accounted for by assuming that the
fluctuating pressure peaks (not stress peaks)
follow a Rayleigh distribution and calculating
the corresponding stress distribution using non-
linear plate equations that include the effect
of large displacements, (The non-linear effect
on panel fundamental frequency and damping is
not included), This calculation produces a
skewed stress distribution which 1s used in
Miners damnge rule with the S/N data to esti-
mate the fstigue 1life, The second effect is
accounted for by using a log-log extrapolation
to the low cycle region on conventionally
available high cyele S/N data,

The basglc steps of the linear method are
well cstablishod and can be performed by hand
calculations or implemented on a digital com-
puter.  The extension to include the two ef-
fects 1is best discussed in terms of the indf-
vidual steps of the calculations which the
following describes. The method hae been im-
plemented on a computer program and is listed
in the appendix.

1) Compute Natural Frequency

The formulas used in the program for com-
puting the panel natural frequency were taken
from reference (6)., The program assumed
clamped boundary conditions,

2) Compute RMS Pressure

The RMS pressure, Ppmg, is calculated
using the equation

Peys ™ ‘/w/z £.Q sp : (2)

where the terms ave defined previously, The
acoustic spectrum is input-to the program in
1/3-octave values and the program {nterpolates
based on straight lines on a-linear (db) log
(frequency) curve. The pressure spectral den-
sity values are computed: assuming the’ calculated
panel natural frequency is the center froquency
of a 1/3-octave band. The relation of center
frequency to 1/3-octave bnnuw1dth is described
below: ; .

. fo " e . S F s
o= L2889 (3)
L ‘ o

,,

where fL = lower frequency and fu = higher fre-
quency of the 1/3 octave band Also 2

'l
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fo= £ f (4)

where fo = the center frequency (in this case,
the natural frequency of the panel). Using
this relationship, it can bc shown that the
bandwidth (BW) can be cxpresscd as

BW = fH - fL =0.23 fc (5

The program selcets the range on the input
acoustic curve that encompasses the natural
frcqueney as shown in the skctch:

db
m

db

dbn

db (linear)

1 |fm

Frequency (log)

The db level at fi(dbi) is then computed as

dbm - db
db, = | =Bt | 155 £ /£ +db

i logyg £n/fn 10 "i""n n
The pressure spectral density (Sp) used in
equation (2) can be expressed as

7% psi) [ aby/10 %)

S = T0L235 8,

3) Compute Stress Values

Formulas uscd for computation of the
bending and membrane stress and displaeement
were taken from (7). The only modification
to the basic eguations was an allowance to
compute maximum static strecs based on a maxi-
mum fiber distance (fiber distance of panel
thickness divided by 2 used in basic equa-
tions).

4) Interpolate S/N Data

The S/N curve supplied is interpolated
based on straight lines on a log-log curve.
For example, assume the following inpuc S/N
curve:

¥
28
g : e — —
: n : !\
| 1
Nn Ni Nn

Cycles (log)

The program selects the range on the curve
based on S;, which, for this case, would be
Sp to Sy, and computes N; based on

1 N [1"8 O/ )] (s./S)
8 - wog. . ( S
10 i loglo (Sm/Sn) 101" "n

+ log), N (8)

if the computed value on N, is less than 0.5
indicating a stress level éear the ultimate
stress, the program uses Ny = 0.5,

5) Calculate Damage

The program computes fatigue life based
on thce cumulative damage criteria:

n
- J -
Dm Z Nx 1.0 at failure 9

where n, and N, are applied and allowable
cycles at a given str:ss level. Assuming a
Rayleigh distribution of peaks, the probability
of occurrence of a pressure peak at sigma lcvel
x is

P(x) = x exp (- g ) (10)

where P(x) equals fraction of the total nu. .1
of cycles. The pressure peak is then equalcyd
to stress levels using membrane and bending
theory. Essentially, the pressure peaks fol-
low a Rayleigh distribution, but because oi
nonlinear rembrane effects, the stress dis-
tribution is not Rayleigh. It can be shown
that the numbe: of random cycles to failure i:

@ A S, O iy
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siats equation is the basis for the fatigue- The listing of the program ia given in

1ifc computation, The program performs a the appendix. The run time per case is ap-

aumerical integration on proximately 2 scconds., The computer program
input consists of panel geometry and struce
tural properties, 1/3-octave acoustic spec=

T oy trum, and material S/N data. The output
X X (12) includes panel natural frequency, preasure
N spectrum density, rms pressure and displace-
0 * ment, cycles to failure, time to failure, and
a damage table, The input format includes the
option to repezt information from the previous F]
using sigma values (x) from 0.2 to 5.0 with case and change one input purameter at a time,
dx = 0.2, With the value of Ng, the time to The format c¢f the input is shown in Table I.
failure (tg) is computed as
{
te = £ Ny 13)
Table I ’
PROGRAM INPUT DA1a !
N .
!
Input Format
1. NCASE = Number of cases I5 i
} 2. ICK = Code for repeating panel data (repeat if
) ICK = 0 muat not be 0 for 1gg case) 15
| 3, ES, EL, I, E, R, ¥I, Q, D = Short side, long side, 10X, Y
thickness, modulus of elasticity, Poisson's ration, 3E17.8, i
weight per unit area, amplification factor, dis- E15.8 3
l tance to extreme fiber. (Will use previou: data &
| 1f 1CK = 0.) }
{ 4,  JCK, DBINC = Code for repeating acouatic data if 15, 5X, ;‘f
equals O (if not, JCK equals number of input points E17.8 %
on acoustic curves), DBINC incremental db value to &
be added to initial input curve (this allows for "”3
increasing the original 1/3-Octave acoustic curve L
without repeating the input data), 4
X 5. PBsD (J,1), [SD (J,2) J=1,JCK 10X, ;
PSD (J,1) = Frequency 2E17.8 -
PSD (J,2) = db value ’
(will use previous data plus DBINC if JCK = Q)
6. KCK, SNINC = Code for repeating SN data if KCK 15, 5X,
equals 0 (if not, KCK number of input points on €N E17.8
curve), SNINC incremental number to be multiplie. '
times the initial input curve (this allows for in-
| creasing the initial SN curve without repeating
H input data).
7. SN (K.1), SN (K,2) K=1,KCK 10X,
SN (K,1) = Stress 2E17.8
SN (K,2) = Number of cycles
2 (will uae previous data times SNINC if KCK = Q)
If NCASE equals 1, this ia the last input.
Fcr next case go to 2 and repeat.,




TEST VERIFICATION RESULTS

The 1ethod deacribed in this paper and the
computer program were verified through compari-
son with test resulta availabie from previous
scoustic tests, The results are cowmpared for
twelve panels from two different tests and are
aummarized in Table II, The teata were per-
formed on two Titan II 10 foot diameter skirt
sectiona of .040" thick aluminum skin riveted
to vertical longerons and horizontal frsmes,
the spacing of which definea the panel sizes,
The acoustic overall sound pressure levela

In the first aet of panels in Table iI,
the failurea occured from 210 to 360 seconds.
The num!~r of cycles to failure range from 2.4
to 4.2 x 104 cycles which ia in the lower range
vwhere S/N dota ia commonly meaaured, This
panel configuration was analyzed using both
the linear and non-linear methods (the linear
method also used the log-log extrapolation of
the S/N data) and the non-linear method pre-
dicts a result that ic in the range of failure
and conservative. The linear method with log-
log S/N extrapolation predicta a time to fail-
ure that is conaervative by *w~o ordera of

W

b B e, B i,

(OASPL) were 163.5 and 164.5 db and the input
Y spectrum ard responae frequency of the panela
were measured, (The acoustic spectrum ia re-
quired to be input to the program to determine
the one-third octave level in the region of
the natural frequency.) The excitation wss stresa well into the non-linear range to pro-
applied in bursta lasting for 30 aeconds for duce failure. %
the 164.5 db level and for 120 seconds for the :
163.5 db level test. Cracks were noted in the The sacond aet of panela failed from 840
panel sectiona and the test completed when all to 1500 seconds or in 6.6 x &% to 1.2 x 10°
6 panels exhibited a crack. ¢ycles. The predictions were again botk con-
servative,

magnitude, The linear method with an extra-
polation to the st tic ultimate stresa predicts
that fuailure will cesult in 1.4 cycles or .012
aeconds, The linear method for thia case ia
not reasonable aince the answer requires a

N i
Table II
) COMPARISON OF TEST AND ANALYSIS RESULTS FOR
) FATIGUE LIFE OF PANELS
Test Parametera Test Reaulta Analysis Results é
Linear (Log-Log S/N) Non-Linesr #
Panel Time to Time to %
. Type and Material Input Frequency | Time to Frequency | Failure | Frequency {Failure §
i Geometry Acoustics (Hz) Failure (H2) (sec) (Hz) (aec) &
’ 6 Panela 2014-34 | 164,5 db 118 6 Panela: 120 3.8 120 170
i, of Miasile Alumirum| OASFL 210
0= Skirt, to
L3 Longeron/ 360
s - Frame Seconda
! Construction
] 8.7x21.5
x.04"
s Y 6 Panela 2014-T6 | 163.5 db 78 6 Panels: 79 17 79 470
: of Miasile Aluminum}] OASPL 840
Skirt, to
Longeron/ 1500
y Frame Seconds
. Construction
11,.9x15.6
x,040




CONCLUSIONS

An extcnsion of the widcly used "single
mode method" for estimating fatiguc 1ife of
pancls subjected to random aeoustic excitatien
has been developcd, The basic changes involve
a first order correction to include non-linear
(membranc) effects on stress computation and a
improved description of loyw cycle/high stress
S/N data, Excellent agrcement with test datg
for metallic fra.es, stringer panels was ob-
taincd using the modified method and with the
mcthod that ‘.acorporates only the $/N data ex-
trapolation technique, However, the test re-
sults were for failures in the 194 cycle range
vhere th2 large dcflections are less pronounced,
Ir fact, the proposed method will approach the
lincar method above the 106 eyele range, For
Pancls eonfigurations where large dcflection
would occur (less than 103 eyeles) the proposed
method would be most applieable, The safest
approach is to use bot}: me thods Jeseribed above
and eompare the cyeles to failure and base the
Judgement on the order of magnitude numbers,

In any analytical prcdiction of fatigue, the
answer ean only be used as an order of magni-
tudc estimate and the actual configuration
should be verified by test if the estimate is
at all questionable,

it TP e
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APPENDIX

NPAR COMPUTER PROGRAM LISTING

PROGRAM NPAR(CINPUTOUTPUT»TAPESZINPUT»TAPEG=OUTPUT)
NPAR = NONL INFAR PANEL ACOUSTIC RESPONSE

PROGRAM COMPUTES FATIQUE LIFE OF FLAT ISOTROPIC PANELS
SUBJECTEO TU ACOUSTIC EXCITATION

COMBINATION CF BENDING ANO MEMBRANE THEORY (LARGE OEFL.)
CLAMPED PANELS ONLY IFIx=2

ANALYSIS USES SINGLE MOOE APPROACH AND MINER CUMULATIVE
DAMAGE CRITERIA

PAUL JONES 4/72

OIMENSION PSO(2092)9ALAOB(1]1)9BTAOB(11)9COEF(1))
C AL(2911)98BT(2911)9A08(2)9SN(2042)

OATA XG/1.506/
DATA XH/1.248/
DATA XJ/1.248/
OATA YG/1.506/
OATA YH/1.248/
OATA YJ/1.2648/
OATA AL/O.’o.’.l650.28'.25'.51V05900825008°'l00100950102.0

. looeflo‘°'lol9'l050'10280lu63'lo3801072'l05‘0l086/
DATA BT/0,90093e¢805¢7506690911e12014,702003002140027.:492645935400
* 3165041000362+ 47.0040,6952.5985,0057.6953.5167,07

OATA AOB/1.91.5/
OATA COEF/00912:¢59025¢950¢975¢9100,6125¢915064917549200,92504/

1001 FORMAT(I595X9e3E17.8)

1002 FORMAT(10X93E17.8¢E15.8)

1003 FORMAT(/9SXe40HNAT FREQ OUT GF BOUNDS OF INPUT SPECTRUM)

1004 FORMAT (10X92E17,.8)

1005 FORMAT (/95X 9 30HPANEL NATURAL FREQUENCY EQUALSsZ2Xs1E15.8)

1006 FORMAT (/95X932HPRESSURE SPECTRAL OENSITY EQUALS2%91E15.8)

1009 FORMAT (/95X 919HFMS PRESSURE EQUALS92Xs1E15,.8)

1010 FORMAT(/95%923FRMS OISPLACEMENT EQUALSs2r+1E!15.8)

1011 FCRMAT(/9SX937HCYCLES T0 FAILUKE (DM=1,) EQUALS+2X91E15.8)

1012 FORMAT(/9SXe)SHTIME TO FAILURE+2X91E154892X9 7THSECONDS)

1013 FORMAT (1H] 9//4+23HOUTPUT DATA CASE NUMBFER2Xs1I5)

2002 FONMATLIOX G PELT )

2000 PURMAT (792 c« 2AHCUMMUL aTIVE NeMAGE T/BLE)

2001 FORMAT (/9) wXo9ii3iGMA (X)ol1A99013T2ED5 X o FXs%tiF (A s L3Xe4HN(X)
®1IXsGHP (X)) /N(X))

3000 FORMAT(/+SXelOQHINPUT DATA)

3001 FORMAT ((3X913HSHORT SIOE = +1F15.8914H sLONG S1DE = +1F15.8)

3002 FORMAT/13Xe12HTHICKNESS = 91F1548+20F »MODULUS OF ELAS = -

11F15.¢8)
3003 FORMAT (13X el THPOLSS101S KATIO = »iFi%,3v16H +WEIGHT/AREA =
LIFLS «B)
3006 FOFMAY (13X g cHANs 16T AT O FACT = 91F)15.893H oF1X COLE = o15)
3005 FAORMAT(13Xs10HDR TC& = «qFiL.oe’? Y §SN INCR = 91F15,.4)

READ NUMBER OF CASES
READ (591001 )INCASES

00 99 I=1sNCASES
WRITE(6s1013) 1
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C LENGTH 9F SHMORT EDGE+LENGTH OF LDNG EDGE+ THICKNESS+MODULUS DF ELASTICITY,
C PDISSONS RATIDIWEIGHT PER UNIT AREA.OAHPING(O)ODISTANCE TO EXT, FIBER
C READ STRUCTURAL PANEL DATA (USE PREVIDUS DaATA IF ICk=0)
REAO(SO]OO])ICK.FREO
IF(ICK.EQ.0) 6O TO 10
REAOlSolOOZ)ESoELoToEoRo&ToOoD
IFIx=2
C
C READ INPUT aCOUSTIC SPECTRUM (USE PREVIDUS DATA IF JCK=0)
C SPECTRUM MUST CDVER EXPECTED PANEL RESONANT FREQUENCY
C READ INPUT ACOUSTIC SPECTRUM (USE PREVIOUS DATA IF ycKk=0)
C SPECTRUM MUST CODVER EXPECTED PANEL RESDNANT FREQUENCY
C 173 DCTAVE LEVELS DB VS, FREQ (LINEARILDG)
C JCx EQUALS NUMBER DF POINTS ON INPUT SPECTRUM
c

C DBINC EQUALS INCREASE (DECREASE'DOVER INITIAL 1/3 OCTAVE CURVE.

C OBINC = 0 FDR FIRST CASEs IF JCK NOT EQUAL TD 2ERC (CASE 2+ETC)
C THEN DBINC SHOULD BE ZERD.,

C

10 READ(5+1001)JCKyDBINC

IF (JCK.NE, 0)KCU=JCK

IF(JCK.EQ.0) GO TD IS

READ(SoIOO‘)((PSD(JoI)oPSO(JoZ))oJ'loJCK)
c
C READ INPUT CONVENTIONAL SeN DATA (USE PREVIOUSDATA IF KXCk=0)
C STRAIGHT LINES ON LOG-L0G PLOT STRESS=N (LOW STRESS FIRST)
C KCK EQJALS NUMBER OF POINTS ON SN CURVE
C

C SNINC EQUALS INCREASE (DECREASE) OVER INITIAL SeN CURVE. SNINC = I,
C FOR FIRST CASE., NUMBER 0OF CYCLES = NUMBER OF CYCLES INITIALLY eSNINC
C

15 READ(5+1001)KCKySNINC
IF (KCKoNE,0) XXCaKCK
IF(KCK.EQ,0) 63 TD 16
READ(5+1004) (¢ N1Jo 1) 9SN(Us2) ) s gu]vKCK)

C WRITE OUT INPUT DATA
16 WRYTE1643000)
WRITE(6+300)) ES,EL
WRITE(6+3002) TE
WRITE(6+3003) RywT
WRITE(6+3004) QoIFIX
WRITE(6+3005) DBINC,SNINC
C
C COMPUTE NATURAL FREQUENCY OF PANEL
c
IF (FREQ .GT, 0.0) G0 TD 18
FPRZIXG”‘0(YG'EL/ES)"OO(2.'(EL/ES)"Z)'
» (REXMEYHs (1, =R) #x oY )
FPr=FPFr2ee 5
FR&G'(FPR'£7"X.5)'3.1616/EL"2)“((E'S.u#Z/(NT'(I.-R"Z)))".5)
C
C INTERPOLATE INPUT ACOUSTIC DATA OBTAIN PRESSURE SPECTRAL
C DENSITY VALUE AT NATURAL FREQUENCY = LINEAR INTERPOLATION
C
18 1CK=KCy-1
20 DO 30 K=l.ICK
FRIzPSD (Ky 1)
FR2zPSD(X+141)
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IF(FREQOGEFRL.ANDJFREULELFRZ) GO TO 35
30 CONTINUE
WRITE(6e1003)
60 TO 99
35 ALP=ALOGlO(PSO(K*le1)/PSD(Ke]))
ALPHAZALOGIO(FREQ/PSD(Ke1))
DRPALE(PSD(Kel'e2)=PSD(Ke2) ) Z7ALP
DA=NBPAL®ALPHA+PSD(Ke2) ¢ DRINC
Bw=,235¢FREW
PS12=(8,.58E=18:%(10,%*(NB/10-")
PS=PSI2/bw
c
C INT_POLATE DISPLACEMENT AND STRESS COEFFICIENTS
C FOx a/8 RATIO
(o
RAT10=EL/ES
ABl=A08(1)
AB?=AQB(2)
DO 45 J=l,ll
N=J
IF(RATIO0.GT.AB2) GO TOU 40
BTAOB(N)=(((BT(2sN)=BT(1eN))/(AB2=AB]1))* (RATIO=ABL) )
L4 BT (1eN)
ALAOB(N)=( ((AL(2sN)=AL(1eN) )/ (ABC-AB1))*(RATIO=AB1) )
L4 AL (1+N)
GO TO A4S
40 BTAOB(N)=BT (24N)
ALAOB (N)=AL (24N)
45 CONTINUE
(o
C COMPUTE RMS PRESSURE AND DISPLACEMENT
(o
RMSPRE (1.57*FREQ®*PS*Q) #* 5
COEFF=(RMSPR® (ESe#4) ) /(E®(Teeg))
DO 46 Jsl.10
CO1=COEF (J)
C02=COEF (J+1)
N=J
IF(COEFF.GE.COl sAND.COEFF,LE.CO2) GO TO 47
46 CONTINUE
47 ALPHA= (((ALAOB(N¢]1)=ALAOB(N})/Z(C02=CO1))*(COEFF=CO1))+
. ALAOB (N)
RMSDS=ALPHA®T
(o
C COMPUTE FATIQUE LIFE OF PANEL
C ASSUME RAYLEIGH DISTRIBUTION OF PRESSURE PEAKS
c
WRITE(642000)
WRITE(6+2001)
DELTAS=.2
SIGMA=0.0
SUM=0,0
II=KKC=1
DO 65 K=1425
SNF1=SN(1l+1)
SIGMA=SIGMA+DELTAS
PROBS=SIGMA®EXP (=SIGMA®#2,/2,.)
SIGPR=SIGMA®RMSPR
COEFF=(SIGPR® (ES##4) ) /(E®(T#%4))
DG 48 J=1+10
C01=COEF (J)
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C02s8COEF (yel)
Nay

IF(COEFF.GE.COI.ANO.COEFF.LE.COZ) GO To &9

48 CONTINUE
49 BETA'(((BTAOB(NOI)-BTAOB(N))/(COZ-COI))’(COEFF-COI))O

50

55
60

65

c

> 8TA0B(N)

SIGST-BETA'(E'(T"Z)/(ES"Z))
IF(SIGST.LE.SNF]) GO T0 Ss

00 S0 usl, 1t

Nsy

SNF1=SN(Js])

SNF2aSN(J+1y])
IF(SIGST,GE.SNFI.ANO.SIGST.LE.SNFZ) G0 TO 60
CONTINUE

6O TO 60

N=]

ALPI(ALOGIO(SN(N01oZ)/SN(NoZ)))/(ALOGIO(SN(N'lol)/SN(Nol)))

TLQGN.(‘LP.(‘LQGIO(SIGST/SN(N'I))))QALQGIO(SN(N'Z)’
IF (SNINC «EQ, 0.) SNINCs=],0

TN'IO...TLQGN.SNINC

IF(TNLT,05) TNa,S

PON=PRORS/TN

lRITE(6'2002)SIGNA'SIGST'PROBS.TNQPON
SUMSSUMSPON®DELTAS

FLCY=],/SuM

TFLeFLCY/FREQ

C PRINT DATA
c

99

WRITE(6+1005) FREQ
WRITE(6+1006) PS
WRITE(6+1009) RMSPR
WRITE(6+1010) RMSOS
WRITE(691011) FiCY
WRITE(64+1012) TFL
CONTINUE

END
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STUDIES ON THE DYNAMIC IMPACT OF JET ENGINE BLADES

A i,

C. T. Sun! and R. L. Sierakowski?
National Research Council Senior Research Associates
Air Force Materials Laboratory
4 Wright Patterson Air Force Base, Ohio

The foreign object damage of jet engine fan and compressor blades
is studied considering the flexure-torsion viorations of a discretized
mass model. A trangient vibration problem is solved with initial
velocity conditions used to simulate the dynamic loading conditions,
A parametric study of numerical resgults of bending and torsional
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discussed in detai],

vibration of titanium and boron-a

luminum blades is presented and

INTRODUCTION

As a consequence of improving the perform-
ance of jet engine Systems, the introduction of

studies on the impact resistance and fracture

of plate type composites have been discussed
in [2'4] .

T e g

§
high performance composite ‘ype materials for Less consideration has been focused on i
jet engine fan compressor blade applications obtaining data on the magnitude of the dynemic :
has been considered. The potential use of such stresses produced during impact on blade ¥
materials introduces a wide variety of materials. In order to understand and evaluate 3
challenging new technological problems ranging potential candidate materials to withstand 4

from blade fabrication techniques to examining
mechanical properties changes occurring
during use in varied environments. One area
of principal concern relates to the response of
such blade materials when subjected to
dynamic loadings caused by ingestion of stones,
ice balls and birds. Such impact type loadings
are classified under the general area of foreign
object damage wiih such objects creating
localized or far removed failures. Localized
damage is usually of the cratering or penetra-
tion type while that Produced at far removed
locations is uUsually the result of dynamic
Overstress or wave interaction.

Some recent analytical studies related to the
Wave surface shape and speed during impact of
composite plate materials have been discussed
in [1]. In addition, some limited experimental

—e———  ma——

l. On leave of absence from Iowa State University.
2. Present address: Department of Engineering Science and Mechanics,
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impact damage, it is desirable to develop
characterization techniques to identify
importunt material Teaponse parameters.,

Such data ie needed to systematize and classify

testing techniques to reproduce and evaluate
candidate materials.

In the present investigation four types of
compressor blade materials have been studied
including stainless steel, titanium, boron-
aluminum, and graphite-epoxy. Numerical
results for the firat and second natural bending
frequencies, tip displacement, and maximum:
flexural stress are Presented as a function cf
engine speed 0, and the first torsional
frequency, maximam angle of twist, and maxi-
mum torsional stress as a function of a geo-
metrical parameter ¢ considering a fixed strike
velocity, A Tesponse comparison between a

University of Florida,
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geometrically similar boron-aluminum and
titanium blade i8 discussed.

ANALYSIS

For initial study, an examination of the
dynamic respons~ of blades subjected to
impacting objects of sizeable mass relative to
the blade mass is considered. The discrete
mass model developed takes into account com-
bined bending, torsion and centrifugal loading
and is formulated using Lagrangian mechanics.

An overall view of a typical fan blade
assembly is shown in Figure | and a schematic
of the geometric configuration used in the
analytical formulation is shown in Figure 2.

Figure 1. Overall View of Fan Assembly”

For model purposes the blade has been con-
sidered to be a cantilever beam with lumped
masses placed at selected spanwise stations.
A further division of the mass distribution
along the blade chord has been made to account
for eccentricity between the blade center of
gravity and elastic axis.** The geometrical
notation used is shown in Figure 3. The kinetic
and potential energies for the homogeneous
blade configuration as shown in Figure 3 and
defined in terms of the generalized coordinates
yi and ¢, are given below:

* Courtesy of United Aircraft Corporation

Figure 2. Schematic of Fan
or Compressor Blade

Center of
mass

Figure 3. Geometrical Beam Notation

** One approximate method to determine the
chordwise mass to be placed at elastic axis
and center of gravity, respectively, is to
use a weighted mass distribution and the
percentage of the static moment about geo-
metrical profile of the chord.
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The last term in (2) represents the contribution
of centrifugal force due to engine rotation,

In the present analysis, the influence of
damping has been neglected. The governing
equations of motion arc then obtained using
Lagrangian mechanics.

dfaL ) oL
dt i = 0 (3)

aék 3q,

Since, for the blade geometries considered, the
shear center is very close to the centroid of
the blade, (i.e., e; is very close to zerc) the
flexural-torsion coupling is small and each of
the motions has been considered independently.
In this case, Yi and ¢; in (1) become uncoupled,
The kinetic energy T can then be expressed as

n
1 . i s.‘ (1)
= E E i+ Lin)z +-2'{:Jlmg Czd)

4)

In equation (4) it is to be noted that a pseudo
geometrical dimension ¢; has been included.
This has been incorporated in order to calcu-
late uncoupled torsional vibrations. (See
Figure 4.)

A typical equatior. of motion for bending is
then given by

L Z kyyyy +my 0% = 0 (5)

and for torsion by

n
+ h m (6)
)=l

(i)

Equation (6) shows that the engine speed {] has
no effect on torsional vibration. This fact is
nearly true when the counling effect between
bending and torsion is very small. Consider-
ing harmonic motion the eigenvalues and eigen-
vectors for the system are obtained by setting
the determinant of equntions (5) and (6) cqual
to zero separately.

T2 -
I kij w 6ij| 0 (7
for bending and
- o _
Ihij-uBijI—O (8)

for torsion. In equations (7) and (8) the m, L0
and c. have been incorporated into the kxi and
h1 for convenience. Equations (7) and (%) rep-
resent the standard eigenvalue problem

Once the eigenvalues and eigenvectors have
been obtained, the transient vibrat.on nroblem
can be studied. In the present analysis, the
impact event has been incorporated as an

deformed
position

_l_ m(;l) m(l) S m;

/

undefcrnad
posit.o

Figure 4. Cross Section of Symmetric
Uncoupled Bending- Torsion Geometry
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initial conditien. The gencral solution is thus
wiven hy " Al

n

iy S on beoy! e .
;‘ 2 i ,ﬁ{)(m’. cos .t

e !

(%
n i sinugt
L3 e g
s=1 8
where
R R n |
[P} = = s : (1)

In Egnation (10). "os] a colims atr.x. rep-
resents the sth colurin of tie inodai mairix i @]
and [¢5] T is the transpose of [ ]|. In addition,
an upper bound rcsponse has heen calculated by
taking the maximum values of the triconemetric
functioas and assuning these to occur simul-
taneously.

RESUL TS AND DISCUSSION

Althoagh several materials have been
cxamined, data obtained for two of the bladc
materiale considered have beern presented
graphically in Figures 5-10. The two materials
repcesented are titanium and boron-aluminum
with the ycometrical and phys.oal Hroperties of
titaniumr and boron-alumisuni hlades veing
given in Tables | and 2, respectively., Itis
aoted that the arca monents of inertia for betn
blades are not constants along the span. and
this facl has Leen ircorporated o evaluat'ny i
bending stiffness coefficients k..

For the cases considers, ahicet oot tes
been introduced into the reswui‘s thro gh n
initia! welocity condition, I tho nrecent w0 o
a single tmpact velocity of Tl i foc, as el
introduced as a reference, recogmzing that
results for higher velocities can be obtained by
scaling the reference results. In the present
analysis a Rayleigh distribution for the lumped
mass~s has been used in conjunction with a
variahlc geometry blade profile.

In Figure 5 the uncoupled hending frequen-
cies are plotted versus engine speed §) for the
two materials. It is noted that the stiffer
boron-iluminum blade has a natural frequency
in first bending approximately three times
greater than that of the titanium blade.

Figure 6 shows the blade tip displacement
az measured from the elastic axis as a function
of {1. 1t can be seen that the tip displacement
for titanium blades as a function of engine
speed is greater thin the ~orresponding boron
aluminum.  This re-ults in the root bending
stresses shown in Figure 7 plotted versus
enugine operating spced. For the impact situa-
tion considered, (100 ft./sec.) the magnitude
of the stresses shown appear insufficient to
causc failure; however, upward scaling of the
tmpact velocity would result in correspondingly
aiyhor stvesses, resulting in blade failure.
or the case ot torsionalimpact, that is, when
chordwise eccentricity exists between the
center of gravity and elastic axis, calculated
results for uncoupled torsional frequency,
torsional stresses and angle of twist are pre-
sented in Fignres 8, 9. and 10, respectively.
The torsional stresses have been calculated on
the basis of an assumed narrow rectangular
chordwise blade profile based upon an average
spanwise angular displacement., Since there is
lack of theoretical and experimental guidance
regarding the magnitude and location of the
luniped mass m&“ along thc chord, two sets of
data for the two materials studied are shown
and compared. The first case assumes that
60 of the mass is at the blade center gravity
while the second case assumes a 30% distribu-
tien, In cach case we introduce a parameter c
to indicate the chordwise location of mgﬂ
relative to the elastic axis. The torsional
natural {requency torsional stresses and angle
of twist calculated for the:c chordwise mass
distributions are prescnted in Figures 8, 9,
and 10 as a function of ¢ for titanium and
oron-alumiinum blad=s. As expected, when
tne values of ¢ and m‘?” merease the torsional
swresses and the angle of twist increase while
the natural frequencies decrease.

CONCLUDING REMALKS

Pas. o tpon e investigiiton of fitaaiwm and
boron-aluminurn blades, it is observed that the
effect of engine speed {l is insignificant on the
resulting blade stress. This observation is
particularly true for the boron-aluminum blade,
which is stiffer than the titanium blade. In
general, the influence of engine rotation is to
stiffen the blade. However, this influence
decreases as the blade stiffness increases.

It can be seen from Figures 8-10 that the
values of ¢ and n play a very important role in
torsional vibration. As ¢ and/or 7 increase
the torsional stiffncss of the blade tends to
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decrease. A reasonable value of c or 7 can be
determined experimentally, The torsional
mode of vibration, however, is less significant
than the corresponding bending modes.

Finally, due to the light weight and high
strength of the boron-aluminum, its response
characteristics are superior to the correspond-
ing titanium blade.

ACKNOWLEDGEMENT

This research work was conducted while
both authors held National Research Council -
Air Force Systems Command Senior Resident
Research Associateships,

The authors wish to express their gratitude
to Mr. Dansen Brown of Air Force Flight
Dynamics Laboratory, WPAFB for his compu-
tation of the numerical results and to Mr. John
McFarland of Air Force Materials Laboratory,
WPAFP for his calculation of the geometrical
properties of titanium and boron-aluminum
blades.

BENDING NATURAL FREQUENCY

el B-Al

1000
T —— e
2F ==

5GO A
2F e
F__ s m = =
—___-__/IF/
0 Y T T Ll 1
(o] rd 4 6 ] 10

ROTOR SPEED, KRPM

Figure 5. Bending Natural Frequencies
as a Function of Rotor Speed

o b, ;

b
—_——— e L

MAXIMUM DISPLACEMENT (in)

8 4

ROTOF SPEED KRPM

2 4 6 3] IO

Figure 6. Maximum Displacement as

20

4

a Function of Rotor Speed

MAX¥IMUM BENDING STRESS (Ksi)

Ti

ROTOR SPEED, KRPM

T T T

2 L] 6 8 10

Figure 7. Maximum Bending Stress as

a Function of Rotor Speed

o i Wl

R

v

it




e ——

t MAXIMUM ANGLE

TORSIONAL NATURAL FREQUENCY OF TWIST (degrees)

wHe 0t

i

— e B A

—— T |
B

T60% ’

4
1000 A1
|
c/h
0 . —_
0 -] X+
Figure 10. Maximam Angle of Twist
Figure 8. Torsional Natural Frequency as 8 Eupeugniot erh
as a Function of ¢/h H
:
!

T $ M4Xx TORSIONAL STRESS, Ksi
10

Figure 9, Maximum Torsional Stress
as a Function of ¢/h




A

¢-01 X 020°01

«-0l X ¥£8°

b R Lt L —
. . . - - = S AR A 11

‘M1 21 = |Buay uedg

tod 01 xp9 = o

‘Ol ¥/1 = ssowyoiq afesasay
‘ur ¥ = mBuay progo aBvioay

1od 01 x91 = g

-01 X 00%° ¥ ¢-01 X 080°2 -0l X ¥18°2 -0l X p5°1

1 4 9 8 o1
=91 %x989" -0l X %19° -0l X 609" -0l X 085 °
S 14 £ t4

AAVTIE NNINVLIIL °I TTaV.L

£-01 X92°

4

c-01 X9.2°

» »

(y°u1) *naay; jo
WO eaxy

(cur) '

Anuon Mv? w
qr /(v

uonwg asmuedg

L * R B c g
A A e R NS s e a0 M

_ o A e

17




+-01 X 86°11

L2

+-01 X 022"

s e o S T g P

‘ur 2°6 = wp3uaj uedg

wd 01 xX6°8 = D

‘ut g/1 = ssawdny 28esday
‘ur 8zz°ez = Wiudl paoyn

ted 01 x9¢ = F

LD ek 8 per

s-01 X 88°81 -0 X L¥°91

»-01 X £59°

s-01 X 20°01 »-01 X E1L°9 »-01 X $22°¥ -0 X 95F°2
Ve 8°¥ 2°9 9°L

»-Cl1 X 2¢6° »-01 woma. $-01 X 1¥8° v-01 X 9¥%9°
S 1 4 € 4

dGVTE NANTNATV-NOYOd  °I1 JATIdV.l

=01 X91°p1

0°2

»-01 X 819°

v-01 X 9%1°|

2°6

+-01 X $62°

(y*ur) epaayy jo
JUIWOW eIIY

(cur) ¥1

ur
AN D298 ﬂv AMVE

uonjelg Ismuedg

(,°ur) enaaug jo
JIWOW eIy

(cur) ¥1

(ooe )
qrj(v)

uonyels astmuedg




REFERENCES

1. F. C. Moon, "Wave Surfaces Due to
Impact on Anisotropic Plates'’, Journal of
Composite Materials, Vol, 5, 1972, p. 62.

2. B. P. Gupta and N. Davids, "Penetration
Experiments with Fiberglass Reinforced
Plastics'', Experimental Mechanics, Vol.
6, 1966, p. 455,

3. A. Worzesicn, 'Improving the Impa.¢
Resistance of Glass-Fibre Composites',
Coruposites Technology, Vol. 3, 1972,
p. 172.

4. R. L, Sierakowski, G. E. Nevill, Jr,, C.
A. Ross, and E, R, Jones, Studies on the
Dynamic Fracture Characteristics of
Composites, Tech. Report AFATL-TR-
72-44, March, 1972.

5. S. H. Crandall, "Numerical Methods of
Analysis', Shock and Vibration Handbook,
Vol. 2, 1961, 28-18, McGraw-Hill Book

Compuny.
NOMENCLATURE
Symbol Definition
1] Engine operating speed
w Blade natural frequency
mfi) Segment of lumped mass located

along blade elastic axis

m(zi) Segment of lumped mass located at
cherdwise c.g. of blade

m, Chordwise lumped mass at elastic
axis

Chordwise lumped mass at center

Coge b
of gravity

m(f) Toial mass lumped at each station
= mf” v m(zi) = Me,a, ¥ M, g,

Y Vertical deflection at il! blade

spanwise station measured to the
elastic axis

Blade twist at it blade spanwise

station measured to the elastic axis

Symbol Definition

Li Spanwise dista=ce between lumped
mass locations to the root of blade

e Chordwise distance between shear
center and c.g. at spanwise
station i

€ Chordwise pseudo distance intro-
duced for an off center mass to
incorporate torsion effects
mii)

2

" —
mit)

h Half chord length

hij Blade torsional rigidity

kij Blade flexural rigidity

T Kinetic energy of blade system
v Potential energy of blade system
C.F. Centrifugal force
DISCUSSION

Mr, Doepker (Babcock and Wilcox Co,):
What wss the relstive impact properties of the
grsphite epoxy blade versus the fiberglass
blade? Was the fiberglsss superior from an
impact stsndpoint?

Mr, Sun: I think the graphite epoxy wss
superior,

Mr, Doepker: Did you perform any analysis

to optimize the-ply layups of those msterials?

Mr, Sun: The lamination effect will be
the third stage.
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A FIME DOMAIN MODAL VIBRATION TEST TECHNIQUE
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fail.

A technique using the frec response to determine a mathematical
model of a structure is developed,
determined from this model. Simulated responses from hoth lumped
and distributed parameter systems demonstrate that this technique
produces excellent results, cven in the prescnce of closcly spaced
natural frequencies and high damping, when frequeney domain methods

Vioration parameters are then

INTRODUCTION

Modul vibration testing is carried out
to dcterminc, cxperimentally, the natural
frequencies and the associated principal
medes und damping factors of stiuctures.

Such tests are often performed either to
verify or to determine mathematical models of
the system heing tested.

Techniques that arc prescntly used in
vibvaticn tests [1-11] may be classified as

"Ureguorey domain' methods. Vibration para-
meter data is extracted from frequency
recpense o formatior iroe. froe Orequency
soemain Y Loas ) oblaseed directss from sine

wave testing, ur from Fourier analysis of
random or transient test results [12-16]. It
is usually necessary to assume that the
structurc being tested has light damping, and
thut tne modes are sufficiently scepuarated

in frequency so that a single degree of free-
dom approximation is adcquatc at the resonant
freyuencies. This aspect of frequency
response tec.niqies is discussed in references
[2,17,18], where it is sLown that the appli-
cation of frequency domain methods to struc-
tures which do not comply with these assump-
tions may lead to serious errors in the test
results.

* Numbers in brackets designate references
at end of paper.

This paper describes the theory of a
technigque in which a 'time domain', rather
than a freyucncy domain model of the test
structure is obtained. The structure may be
driven or not driven; the undriven casc is
simnler, and is the one described here.
Vibration parameters of the structure arc
obtained directly from the time domain model
without the necessity for assumptions concern-
ing the degree of dumping or the spacing of
natural frequencies.

Simulated cxperimental data for a two
degree of freedom spring-mass-damper systcm
s used to comparc this technique with
t1cijuency response methods. This comparison
of results based on 'exact experimental data'
serves to point out that large errors are
possible when using frequency response methods
for systems having closely spaced natural
frequencies, especiully in the presence of
considerable damping, cven when the experi-
mental data is excellent. 1t also shows that,
under the same circumstances, the time domain
technique produces excellent results becausc
there are no assumptions involved in the pro-
cedure of determiniig vibration parameters
from the time domain model.

The possibility of using a lumped
parameter model for obtaining vibration infor-
mation about a distributed pavameter system is
explored. It is shown that the numbeyr of
measurement stations located on the test
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structure should, in theory, be equal to the
number of modes excited in the test response,
Validity is demonstrated by using s: wlated
data for a pinned-pinned beam to identify
four modes, assuming four measurerent sta-
tions on the heam,

THE TIME DOMAIN MODEL

A lumped parameter linear model 1is
assumed tu describe the system te Le tested.
The general equation of motion for the
system is [20-22

MPeCysKy=£". )

, C and K ave the mass, damping, and
stszness matrices respectively; v and f are
the displacement and forcing function vectors.

The time domain model chesen to repres-
ent the system for vibration study is equat-
ion (1) rewritten in the following state
variable form:

Y] fe 1 o
= + f (;‘)
I ) e | 0 -1 =
I B B S E P
or
x=Ax + Bf 3)
where
i
X = . ’
W
2 I
A = )
B T
and
O
B = ,
- n!

The cigenvalues of A are the roots of the
system's characteristic equation [19], hence
the system is completely characterized by A.
The matrix B determines thke system's
response to a particular forcing function f.
This means that B need not be known in order
to determine the vibration parameters of the
system, hence a vibration test method may
be based on the free response only, Such a
test method would be easier to implewent

* Matrices are indicated by underlined
capital letters; vectors are indicated by
underlined lower case letters.

since the need to obtain and deal with
excitation records would b eliminated. The
technique described *n this paper is based
on the determinatior of A using the free
response governed ty

Ao M 4

Fev wosvstem of n lumped masse. A 1s of
dimension 2n x 2n.  Egquation (1~ .ows that
the upper half of A is [o J], hence n x 2n,
oroIn= elements of A need be detcriced in
srder to craracterize the svstem corpletols,

The 2rd unknown clements of A are
determined by noting that at any instunt of
time, ti, equation (4) specifies that the
following relationship must hold between the
accelerarions, velocities, and Jisplacements
of the lumped masses:

()

[

et

= A\ X,
- =i

If the uccelerations. velocities, and dis-
placemer 15 of the n 1unpcd mAsses are aea-
sured a:d therefore kaown at t;, tucn ogua’
(5) reprasents 2n scalar equations in the
clements of \. The equations whicn correspond
to the uper half of A are identities, the
other n ‘qnutlons are linear nor-horageneous
in the 2n2 unknown elements of A, Writing
equation (5) at 2n Jifferent time instants
t]. t2 ... top results in InS linear non-
komogenedus equations in the smknown elolents
of A, hence A\ can be complctely determin

It 75 convenient to write these M2 e ritims
together with 2n2 cquations correspon i ng to
the upper half »f A in the following torm:

[ 25 0 Kyl = Alx) Xy oxy) (@)
or

$=an (7)
whence,

A e Xy

Equation (7) can be solved for A becuuse
all the elements of X and X canm be obtained
from measured response data. The reipenses at
all coordinates of the n degree of fr:cuom
systew must be recorded and digitized at 2n
different instants in time, giving 2n
different displacement vectors. 2a correspond-
ing velocity vectores, and i corxc.pending
acceleration vectors,

In order that the identified A matrix
represent the n degrece of freedom syvstem, all
n uodes must contribute to the response
information used for identification.
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VIBRATION PARAMETERS FROM THE A-MATRI1X

The relation of the vibration parameters
to A becomes apparent by assuming a solution
of the form

xe=y et 8)

for equation (4). 3ubstitution of this
solution into equation (4) results in the
following eigenvalue problem:

Ay=Ay 9)

Hence it follows that the eigenvalues, or
characteristic roots, of A give information
about the system's natural fequencies and
damping factors, and the eigenvectors are

the damped principal modes of vibration. Real
eigenvalues correspond to overdamped modes

of vibration, while eigenvalues corresponding
to modes for which the damping is less than
critical are complex of the generai form

Aj = aj + ibj. The damped and undamped
natura{ frequencies, and the damping ratio
associated with the j-th mode are given by

.= b,
Y47 75 (Y
/"2 2
. = a, b,
“nj IS un
a.
n, = / 12
i /a.z . bjz 12)

Complex eigenvalues occur in conjugate pairs,
with corresponding complex conjugate eigen-
vectors. LCach pair of complex eigenvalues
corresponds 10 a single natural frequency
and damping ratio, and the associated pair of
complex conjugate eigenvectors corresponds to
a single real mode shape.

The undamped principal modes of vibration
may be determined using equation (9) by
setting hflg = 0 in the A matrix,

RESULTS FOR A TWO DEGREE OF FREEDOM SYSTEM

The technique discussed in the preceeding
sections, and various frequency response
methods, are applied here to system response
data which is simulated on the digitul cuuput-
er. 1t is shown that, even with excellent
experimental data, the basic assumptions
made in the theory of the frequency response
methods can lead to serious errors in the
results for systems having close natural
frequencies, especially in the presence of
considerable damping. The results obtained
using the time domain technique are consist-
ently good.

The system that is used as the structure
under test is shown in Figure 1. Results for
the following two cases are presented in
detail:

Case 1: highly damped system with well
spaced undamped natural frequencies

Case 2: 1lightly damped system, with closely
spaced undamped natural frequencies

In addition, results are noted for comparison
purposes for the following two additional
cases:

Case 3: lightly damped system with well
spaced undamped natural frequencies

Case 4: highly damped system with closely
spaced undamped natural frequencies

The system parameters corresponding to the

four cases considered are listed in Table 1,
and the theoretical vibration parameters are
presented in Table 2. 1t is of interest to
note that damped modes for less than critical
damping are complex, indicating that the two
masses of the system do not move exactly in

or out of phase if the system is vibrating in
such a mode.

Frequency Response Methods

The frequency response for each case was
calculated by applying an impulse input to the
system and then calculating the transfer matrix
over the frequency range from 0 to 30 HZ at
intervals of 0.05 HZ. The following quantities
were calculated for use in applying the various
frequency response methods:

Xjj, the in-phase component of the amplitude
at coordinate i due to a harmonic force at
coordinate j.

Yij, the quadrature component cf the amplitu
de at coordinate i due to a harmonic force at
coordinate j.

Ajj, the mndulus of the amplitude at
coordinate i due to a harmonic force at
coordinate j.

Rij» the rate of change of arc length with
respect to frequency on the complex receptance
plot (Xij versus Yij)-

Zi;, the impedance of coordinate i due to a
driving harmonic force at coordinate j.
The frequency response methods employed
are the following:

1) The peak amplitude method [1]

The natural frequencies are assumed to
correspond to the peaks in the plots of Aij
versus the driving frequency.
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2) The quadrature response method [2!

The driving frequency is :>ssumel to be
equal to a natural frequency when the in-
phase component of the response, Xjj, is zero.
This corresponds to a 90 degree phase diff-
erence between the forcing function an. the
response.

3) The maximum quadrature component method

[2]

Resonances are assumed to correspond to
maxima in the quadrature component, Yj;, of
the response. This is the component wﬂich is
90 dugrees out of phase with the forcing
function.

4) The Kennedy and Pancu Technigque [3]

Natural frequencies are assumed to corr-
espond to maxima of Rjj, the rate of change
of arc length of the complex receptance plot
with respect to driving frequency.

S) The mechanical impedance method [5]

Natural frequencies are assumed to
correspond to minima of the plots of impedance
versus the driving frequency.

Frequency response plots for cach of the
above methods are shown in Figures 2 to 8
for cases 1 and 2; the natural frequencies
determined for all four cases are listed in
Table 3. These results show that case 3 is
the only case for which two natural frequen-
cies were detected. The results for this
case show considerable scatter with varying
degree of accuracy for each method used.

The principal modes ror case 3 using peak
amplitude method were found to be (1,0.93)
and (1,-0.832). The errors in these modes
are 8.25% and 12.9% as compared to the theo-
retical damped modes, and 7% and 17.8% as
compared to the theoretical undamped modes.

Time Domain Method

Time response data for the four cases
was obtained by numerically integrating the
equations of motion using the initial
conditions

y(0) =1 ; ¥ () = 0
yp(0) =3 5 y,(0) = 0

The response matrices i and X were obtained
using four response vectors containing
response information at t = 0.0, 0.02, 0.04,
0.06 sec. The vibration parameters obtained
frum the eigenvalues and eigenvectors of the
identified A matrices, calculated using the
method of A.N. Krylov [23] are presented in
Table 4. The percentage error in the
identified vibration parameters are also
listed in Table 4, Since there are no
aporoximations involved in extracting

vitration data from the time domain model,
these errors are due to computation errors
derived in the numerical integration of the
time responses, and in the calculation of
the vigenvalues and eigenvectors of the A
matrices.

DISTRIBUTED PARAMETER SYSTEMS

All physical structures posess distri- '
buted mass, elasticity and damping. Such
structures, referred to as continuous systems
or distributed parameter systems, are descrihed
by partial differential equations and they
theoretically contain an infinite number of
degrees of freedom and hence an infinite
number of frequencies and modes of vibration.
In practice, however, the frequency range of
interest contains only a finite number of
these frequencies. It is shown here that the
time domain method of vibration testing based
on lumped parameter systems, as described in
this parer can be used to obtain vibration
parar .ers of distributed systems when it is
considered that only a finite number of
modes contribute to the response. ¢

The free response of n points, or stations,
on a linear elastic distributed parameter
structure in which n modes are excited is

At

%n
= R e (1%)
2 i 1 Y

B

where p is the vector whose elements are the
displacements of the n stations, R are
constants, yﬁ are the complex modal vectors,
and A; are the characteristic roots. Let it
be assumed that there exists a hypothetical
lumped parameter system with n masses which
move in exactly the same manner as the n
points of the distributed structure. The
response of this hypothetical lumped system
is, then,

.

R e

i

2n
re 1 R v Mt (14)
i=]

1f this response is used to identify the
vibration parameters of the hypothetical n
degree of freedom lumped parameter system,
then, the parameters so determined are also
those of the n modes excited.

In summary, it can be stated that the
time domain method described in this paper may
be applied to distributed structures if the
number of measuring points on the structure
equals the number of modes which contribute
to the measured response of the structure.
The response mcasurements obtained are then
used in the same manner as for the lumped
paramster case.




Results for a Pinned-Pinned Beam

In this section, computed response data
for a uniform beam with viscous damping is
used to identify the first four frequencies
and mode shapes of a beam. The parameters
of the beam are as follows:

Young's modulus (E) 30 x 106 1b/in2
Viscous damping

constant (c) 0.5 1b r~.c/in2
Length (L) 24 in.
Width (b) 3 in.
Thickness (h) 0.5 in.

The equation of motion of the beam is

4 2
. 3 Ay .
El 3;§ _— 5% + RE = 0 (15)

Equation (15) was solved for simply supported
end conditions, with initial conditions chosen
so that only the first four modes were
present in the response. Displacement,
velocity, and acceleration responses at

four stations, located at distances of L/8,
3L/8, SL/8 and 7L/8 from one end, were
calculated for each one-thousandth of a
second from 0.001 sec to 0.009 sec. Thgse
responses were used to construct X and X
response matrices which, in turn, were used
to determine the A matrix, from which the
vibration parameters of the beam, at the four
stations, were obtained. These parameters
together with the theoretical ones, are
listed in Table 5. The results show that the
identified values are essentially exact

except for computer round-off errors.

CONCLUSIONS AND REMARKS

A time domain vibration technique which
can identify both lumped end distributed
parameter systems is described. The method
entails the development of a time domain
model of the system from free vibration test
data, followed by calculation of the system's
vibration parameters using the model. There
are no approximations involved in obtaining
the vibration parameters, so if the
vibration test dats is sufficiently accurate to
produce a good model, the method will give
good results even for structures having high
damping and close natura! frequencies. This
paper describes only the theory of the
technique; *‘.2 practicality of applying it
to real structures is the subject of further
research by the authors.
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TABLE 1 ¥
PARAMETERS OF THF TWO DIGREE OF FREEDOM SYSTEM !
— k]
v I X
[}
i Masses (1b) ' Stiffnesses (lb/in) Damping Coefficients 4
J | {lb.sec/in) !
| Case T f* ' i
i |
, ol [ | ?
, |2 3k LI e T .
r I g ™ 1
1 1 -
| 1 10.0|10.0 | 100.6| 50.0; 100.0 3.0] 2.0 1.0
i 2 10.0110.0 ! 100.0! 1.0 100.C 0.3] 0.2} 0.1
3 i0 g 19.0 2AN.05 S0.0‘ 100.0 0.3 0.2 0.1 |
" 4 1”.|“I 10,0 {00,000 1,00 10C.0 3.0, 2.0 1.0
! | 1 i l
TABLE 2 i
THEORET1CAL V1BRATION PARAMETERS OF THE TWQ DEGREE OF FREEDOM SYSTEM :
|
N Damped Undamped !
i
Case| Mode Nol Frequenc,\'l Principal Damping Frequency Principal
(HD) Mode Factor (HZ) Mode
(yy/yy) (y /¥y
1 -- -0.2719 1.3583 9.8585 1.0000
1 2 8.5918 1.6589+10,3327 0.5579 13.9420 -1.0000
3 e -0.5809 1.3583 -- -~
1 9.7674 -0.0149+i0.0221 0.1912 9.8585 1.0000 %
2 2 9.8489 1.6159+10.0584 0.0546 9.9566 -1.0000 -
1| o.sss2 1.0155+10.1229 | 0.0617 9.8585 1.0000 1
3 2 13.7944 «0.9494+10.1620 0.1316 13.9420 ~1.0000 i
1 -- -0.6100 1.9143 9.8585 1.0000 2
4 2 8.2621 1.6212+10.0049 0.5465 9.9566 -1.0000 ;
3 -~ -0.6174 1.9143 LE -~
0 s ;
.- e oo =
& 2 . Bt l’ P
& ‘) I T2 L3
. A Pl 5 :
.-g 4 = ry | - N
& 5 A i) d I Q
£ VWV WS VWWWA—R
| 4 ] ) PSS S . \
S 1 M 2 M, 3
‘ g
%
e

g

FICURE 1 RO DICRTE OF BREEDOM SYSTEM
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il

IDENTIFIED VIBRATION PARAMETERS FOR THE FOUR CASES OF THE TWO DEGREE OF FREEDOM SYSTEM

TABL: 4

Damped Undamped
I
Case | Mode | Freguency Principal Damping Frequency | Principal
No. (H) Mode (y, /\ Factor (") Mode (y.,/y )
[ and and g and and and
Frror (%) Error (%) Error (%) Error (%)] Frror (%)
Y
N 1 -- G.2721 1.3593 9.8581 1.0007
! (0.0645) (0.0736) (0.0040) | (0.0752)
1 21 8517 1.6591+i0. 3320 0.5576 13.9515 -1.0010
(0.0011) (0.0094)* (0.0537) (0.0681) [ (0.1)
3 -- -0.5819 1.3593 -- --
(0.1856) (0.0736)
2 1 9.7678 -0.6177+i0.0234 1 0.1913 ~1 9.8537 1.0085
| ; i (0.0040) (0.0145) | (0.0523) | (0.0486) |(0.85)
| L2 9.8486 1.6165+i0.0580 |  0.0546 | 9.9574 | -1.0247
l l (0.0030) (0.0338) ‘ (0.0000) | (0.0080) (2.4700)
— .L_._, = __ =y . | —_—
I3 1 9.8582 1.0154+i0.12 0.0617 r 9.8585 | 0.9999
! (0.0000) (0.0109) ; (0.0000) (0.0000) | (0.0100)
2 13.7941 -0.9494+i0.1620 ] 0.1316 13.9418 | -1.0000
' (0.0021) (0.0023) I (0.0000) (0.0014) | (0.0000)
- 1 o
1 -- . -0.6101 | 1.9130 9.8581 | 0.9970
(0.0145) | {0.0679) (0.0040) i(o.sooo)
1 2 8.2020 1.6211+i0.0050 | 0.%405 9.9563 | -1.0159
I (0.0037) ’ 0.0000) (0.0030) | (1.59)
3 -- -0.6177 i 1.9130 i e
(0.0548) J {0.0679) 1
* Error in the magritude
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THEORET1CAL AND IDENTi1rIED VIBRATION PARAMETERS OF THE PINNED-PINNED BEAM

TABLE 5

VIBRATION HOZR! (N0,
PARAMETERS
1 2 3 4
w, (rad/sec.) |498.9834 1995.9339 4490.8513 7983.7356
wy (rad/sec.) [444.7936 1983.0798 4485.1532 7980.5324
Damping Factor | 0.4532 0.1133 0.0504 0.0283
Mode*  y,/y, 2.4142 1.0000 -0.4142 -1.0000
Shape
(d;mped yS/yl 2.4142 -1.0000 -0.4142 1.0000
an
(undamped) y ‘/yl 1.0000 -1.0000 1.0000 -1.0000
w, (rad/sec.) |498.9834 1995.9317 4490.9127 7983.8540
wy (rad/sec.) |444.7973 1983.0789 4485.2129 7980.6467
Damping Factor | 0.4532 0.1133 0.0503 0.0283
Damped* y,/y, |2.4141-10.0000| 1.0000+i0.00001 -0.4142+10.0000 | -1.0000+10.000C
Mode
Shape y_,‘/yl 2.4141-10.0000{ -1.0000+10.0000 -0.4141-10.0000 | 1.0000-10.0000
¥4/¥, | 1.0000+10.0000} -1.0000-10.0000 0.9999+10.0000 | 1.0000+i0.0000
Undamped* )'2/)'1 2.4142 1.0000 -0.4142 -1.0000
Mode
Shape y./v, 2.4142 -1.0000 -0.4141 1.0000
y4/y1 1.0000 -1.0000 0.9999 1.0000

* Mode shapes give the relative deflections at locations Yy ® L/8, Y, ® 3L/8, Yy " 5L/8

30

and Ye " 7L/8
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NATURAL FREQUENCIES AND DAMPING OF FULL-SCALE
HYDROFOILS BY “PLUCK TEST" METHODS (U)

James R. Peoples
Naval Ship Research and Development Center
Bethesda, Maryland

results are discussed.

(U) A series of tests using simple transient techniques were conducted on the hydrofoil
ship, USS PLAINVIEW (AGEH-1). The objectlve of these tests was to study the
structural dynamic characteristics of the hydrofoil strut-foil system. The first three
strut foil natural frequencies were found and their damping factors estimated. Several
hull natural frequencies were alsv identified. The test methods, instrumentation and

INTRODUCTION

(U) Flutter of the strut-foil system is one of the main
cnnsiderations in the design of the AGEH (hydrofoil research
ship). Safe operation of the ship depends upon validation of
design calculations. Table 1 lists the principal dimensions of
the AGEH and the general arrangement of the ship is shown
in Flgure 1. A one-eighth structurally scaled model of the
AGEH main strut-foil system was built! by Southiwest
Research Iustitute and tested by the Naval Ship Research
and Development Center (NSRDC).* Flutter analysis was

also made at NSRDCt on this model using model parameters.

The results of the model flutter calculations agreed well
with the model tesis. The full scale flutter calculations ,
however, indicated a higher flutter speed than that which
would be obtained by scaling the experimental flutter spéed
of the model up to its full scale value. This prompted a
need to conduct tests to determine the full-scale vibration
characteristics so as to properly evaluate the structural
parameters of the full-scale strut-foil system and their
relation to the model. Several approaches had been consid-
ered for exciting the system so that natural frequencies and
mode shapes could be measured. However, the “pluck”™
approach was considered the most feasible in terms of time
and cost for the information the tests would yield. The
data obtained from thess tests would also be useful in
establishing the scaling factor for flutter speed between
model and full-scale strut-foil systems.

* D. Cicslowski coﬁducted the tests in 1968.
Y. Liu performed the flutter calculations.

TABLE 1
AGEH Characteristics

HULL CHARACTERISTICS

LENGTH, OVERALL - FEET 212
LENGTH BETWEEN PERPENOICULARS - FEET 206
BREAOTH, HULL - FEET 40.3
MAXIMUM BREAOTH, FOIL OOWN - FFET 708
OISPLACEMENT, FULL LOAO - LONG TONS 320
OISPLACEMENT OURING TESTS - LONG TONS 250
FULL LOAO ORAFT, FOILS UP - FEET 6.4
FULL LOAO ORAFT, FOILS OOWN - FEET %

HULL MATERIAL 5456 ALUMINUM

MAIN STRUT CHARACTERISTICS

—d
OVERALL STRUT LENGTH - FEET 2a%
STRUT CORO LENGTH - FEET 11.75
FOIL SPAN LENGTH, TIP TO TIP - FEET 26
WEIGHT OF EACH STRUT-FOIL ASSEMBLY
- LONG TONS 1

MATERIAL HY50/100 STEEL

PRELIMINARY STUDIES AND C \LCULATIONS

(U) Calcrlations performed at NSRDC1 indicated that
the first three natural frequencies of the full-scale AGEH

tJ. Caspar and Y. Liu performed the full-scale strut-foil natural frequency calculations.
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Figure | - PLAINVIEW (AG(EH)- 1) General Arrangements

main strut-foll system should occur at 1.3 Hz, 3.5 Hz, and
4.5 Hz. The first natural frequency is predominantly
associated with a strut bending mode, The second frequency
is of prime interest because it is associated with torsional
deformations of the strut. Strut-foll systems of the AGEH
type generslly flutter In this mode. The third mode consists
of a combination of various bending and torsion deforma-
tions of the strut-foll system.

(U) 1In support of the "“Pluck” tests, cakulstions were
made to determine the natural frequencies of the hull in the
vertical and horizontal bending modes. These calculations
were done using a 19-section finite-element beam with the
General Bending Response Code Computer program at
NSRDC.2 The calculstions were done for hullborne, light.
load conditions. The added mass of the water was considered
in all appropriate cases. Since the hull was constrained in the
horizontal direction by the test setups, a calculstion was done
for this condition. A value of 5.8 x10* pounds per inch was
estimated to be the effective stiffnees of the constraining
cables. The resuits of these caiculations are shown in
Table 2.

TEST SETUP

(U) The tests were cor-ucted in a zero-speed hull-
borne condition with the foils fully submerged, during the
period from 12 to 24 February 1970 at Puget Sound Naval
Shipyard, Bremerton, Washington. Figure 2 shows the
overall test setup for exciting the main strut torsion mode.
The AGEH was held in place between two piers by a system
of cables and the load applied to the strut through a bridle
and pulley arrangement. The purpose of this arrangement
was 10 minimize loading other than torque on the strut.

TABLE 2
Measured and Calculated Hull Frequencies 3
L}
VERTICAL i
£
MEASURED MEASURED CALCULATED i
mMoDE | PREQUENCY DAMPING PAEQUENCY :
Ha /e, FARCENT Ha
1 10 24 178
2 an (X m ‘
] (Y1} r (T ;
4 78 - 7.08 b
2 (1] — 290 £
ATHWARTSHIP
CALCULATED | CALCULATED
MEASURED PREOUENCY | PREQUENCY
MODE | PREQUENCY ™ Ha
Ha WITHOUT wTH
CONSTAAINTS | CONSTRAINTS b
1 " (¥} an
2 100 an 10.4

(U) Figure 3 gives a view of the main foll and the
method of applying the load to the foll. A load was placed
on the foll 122 inches from the pod centerline, producing
an initisl torque in the strut. A standard nylon rigging
strap, with pads to spread the load on the trailing edge of
the foll, was used to apply the load to the strut-foll system,
The load was suddenly released by cutting the cable with a
standard cable cutter Type 1SE173, manufactured by Atlss
Chemical Industries, Inc., capable of cutting up to 1/2 inch
of standard steel cable. The atrut-foll system was allowed
to vibrate freely, and the resulting acceleration response was
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Figure 2 - Overall Test Configuration
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) cABLE cuTTaR man }
) CUTTER CABLE
5 I‘erzll.ﬂn:l%
Ao STRAP
Figure 4 - Main Strut-Loading Method - Gending 3
TA 1LY N H i
o3 TABLE 3 3
NOTE: SKETCH NOT TO BCALE Pl Ly 3 Tests Conducted 3
3
Y Figure 3 - Foil-Loading Method - Torsion R 4
i AUN | TENSION NOTEE ”
- e !
\ o 1] 2000 .
5 measured and analyzed to obtain the natural froquencies. 2 4000 o
- The meximum load placed on the foil in this configurstion N $000 ) “n':,. AIGGEO FOR TORSIONAL
. was 10,000 pounds. 4 4000 EXCITATION.
i v | 10000
b (U) The setup shown in Figure 3 will produce & torque
2= on the strut. In order to excite bending modes of the strut, :rAnI:'r Ni0deD coR AENSING
% ¢ the method shown in Figure 4 was used. The maximum : z;o?o " EXCITATION, now
2. IN AUN NO. 7 A MEASUREMENT OF THE
o loed applied in this configuration was 4,000 pounds. % 2550 BT RIS, Ttiorae
3 WITHOUT TENRION ON THE CABLE.
(U) Table 3 outlines the tests that were performed. —
In order to insure that the hull and strut-foil structure was o ! 10000 1. STAUT AIGGEO FOM TORSIONAL
not damaged by spplying the ioads, the load was applied in EXCITATION.
increments, and strain gages near the atrut downlock (the
linkage near the root of the strut which locks the strut to 10 4000 L IQL‘,,’}:,‘;L_"“ S TORRGNAL
the huil, maximum bending moment and torque would " 4000 2, ;‘u:s 71: A:o ;;.w:n o:nol.:gu::
H THE AUDDER HYORAULICS ACT-
occur &t this location) and on the hull were monitored 12 4000 IVE, RUN 12 HYORAULICS INACTIVE,
throughout the test.
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TEST INSTRUMENTA TION

(U} Accelerations of the strut-foil system were
measured, using Kistler Type 305T servo accelerometers
and their associated signal conditioners. All measurements
were recorded on magnetic tape and oscillograph paper.
Real-time spectrum analysis was performed by a Honey-
well/Saicor SAl-21 real-time analysis system. Figure §
shows a block diagram of the on line instrumentation
used during these tests.

(U) The location and orientation of the accelero-
meters on the main strut-foil system and hull are shown
in Figure 6. Gages at these selected locations were used
to determine the modes of vibration of the strut-foil
system and the motions of the hull. Torsion of the strut
is measured at location 1A and IB. Locations 2 and 7
measure strut bending, while vertical foil bending is
measured at locations 3 and 4. Strut bending and torsion
are measured by the gages at locations 5 and 6. Gages at
locations 8 and 9 measure the rigid body mations of the
hull in yaw and roll. The locations on the stern at 10,
11, and |2 measure the vibration response of the hull.

(U) Strain gages were installed on the strut at the
downlock and were monitored during the tests. Two
channels, one torsional and one bending, of strain data
from the starboard strut were recorded on magnetic tape.
Strain gages at the same locations on the port strut were
monitored on the ship instrumentation system. This
system which is separate from the instrumentation

SERVO ACCELEROMETER
AND AMPLIFIER SYTTEMS

1

described above is provided as an intcgral part of the ship
equipment to measure various operational parameters.

8
1" M

= T— P il

il o8

— ACCELEROMETER LOCATIONS

Figure 6 ~ Accelerometer Locations and Orientation
Main Strut-Foil System
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Figure § - On Line Instrumentation Block Diagram
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DATA ANALYSIS

(U) Channels 1 and 2 of Runs 8 and 9 were chosen
for detailed analysis. These runs represent the best data
collected on the main strut-foix system. All instrumen-
tation systems were active during these runs, and maximum
initial load levels were used. Attenuator and gain settings
were optimized, based upon the experience gained from
previous tests, Channel | is a combination of two
accelerometers on the forward and aft extremes of the
pod, equidistant from the midchord of the strut. The
output of the aft gage, 1B, was subtracted from forward
gage, 1A, to give a signal proportional to the torsional
motion of the strut. Channel 2 is a recording of the out-
put of acce'erometer 2 which was placed on the bottom
of the strut at midchord. This gage is, therefore, sensitive
to transverse motion at the lower frequencies. Of these
motions, bending should be predominant. In Run 8 the
initial load was placed so as to excite predominantly
bending motion, and Run 9 was arranged to excite
predominantly torsional motions.

(U) Data on Channels | and 2 were spectrum
analyzed. The linear spectra of 20 sceond samples of
these data are shown in Figures 7 and 8. 1n these figures
all gains have been normalized, and the output of
Channel 1 has been divided by a factor of 2 so that the
Channel | spectra represent the acceleration of the end
of the pod due to torsion of the strut.

(U) Figures 9 and 10 are a linear spectrum analyses
of a 20-second sample of the vertical acceleration response
of the stern on Channel 1] during Runs 11 and 9. Fig-
ure 11 is a spectrum of the output of accelerometer |2
which is the response of the stern in the athwartship
direction during Run 9,

—— —— CHANNEL 1, TORSIONAL, RUN &
== *—— CHANNEL *, BENDING, RUN §
FIRST STRUT MODE
BENDING
XTI ssco~$°s;;g'r‘moos THIRD STRUT MODE
E 3} S BENDING AND
@ {‘ FIRST HULL MODE A TORSION
z 05 ] VERTICA.. | P
5 I BINDING Iy N
.§. ! ' s ! v oH
o (1A by
o l'\ i / i I ,' I
- A | \
GorL L b
IV
< oz | | [ VT | | N\
\ /
§ ) l/ ',‘/U\-'\,;I : f\.l\\ /I \l
< Iy R \
01} Y I/
./ x' \'\ !’/\\V L\ /&N
L i L'N i

FREQUENCY (Hz)

Figure 7 - Main Strut Torsional and Bending
Response Spectrum, Bending !nitial Load
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(U) The spectra in Figures 7 through 11 were ob-
tained using a GR/Time Nata 1923C FFT Analysis system.
The spectra are obtained by calculating the auto spectrum
-t taking the square 100! of the magnitude of eacu
spectral point.

(U) To obtain exaet meusurements of the frequencies
ond damping present in the data, several channels of
w'ccted runs were recorded on a magnetic tape loop and
were then reversed and played back through filters in
reverse time, The center frequeney of the filter was tnned
to suspected natural frequencies and was fine tuned to the
point where maximum filter output was obtained. The
handwidth was kept sufficiently wide, 2 minimum of 10
percent of the center frequency, to avoid adverse effects
on the data due to the filter fill time. The filter ontput
was then recorded on string oscillograph paper and the
frequency was visually counted. The resulis of these
analyses are presented in Tables 2 and 4.

TABLE 4
Measured and Calculated Natural Frequencies and
Measured Damping Values of
Main Strut-Foil Svstem

MEASURED MEASURED CALCULATED
MODE | FREQUENCY DAMPING FREQUENCY
Hz cfe, PERCENT Hr
1 1.37 4.7 13
2 42 2.0 s
3 488 9 45

(U) The filtered output was also used to measure the
damping present in the structure. The methods described
in Reference 3 were used to make the damping analysis.
The filter output is recorded on a string oscillograph
display and each oscillation is measured. These
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Figure 12 - Typical Damping Analysis

measurements are plotted on semilogrithmic paper. From
this plut an estimate of the decay rate may be obtained.
Figure 12 contains a typical analysis. Tables 2 and 4
present the results of all damping analyses.

DISCUSSION
Main Strut-Foil

(U) The first three natural frequencies of the main
strut were excited in Run 8 in which a bending initial
load was applied. In Figure 7 the strut torsional response
iChannel 1, Run 8) shows strong resonant peaks at approx-
imately 4.2 and 4.9 Hz. The spectrum for the bending

response, Channel 2, contains peaks at 1.3, 1.8, and 4.5 Hz.

The amplitude of the torsional response spectra at 4.2 Hz
1s about five times the bending response at 4.2 Hz. The
strong peak at 1.3 Hz in the bending data is not shown in
the torsional data. The penk in the strut-bending data at
U5 Bz isdue to a huV vertical mode. The motc was
strongly excited in this run beecause the struts are located
near a hull antinode for this mode. The hull vertical
motion causes a bending motion to be induced in the strut.
Both response spec*-a contain peaks at 4.9 Hz. These data
indicate that 1.3 Hz is predominantly a bending mode,

4.2 Hz is predominantly a torsional mode and 4.9 Hz is

a combination of the two motions,

(U) Further indication of the eontribution of the
strut characteristics to the first three modes can be seen
in Run 9 (Figure 8) in which a torsional initial load was
applied. These spectra of the responses during Run 9
contain peaks at 4.2 and 4.9 Hz in both Channels 1 and 2
and very little response at other frequencies. The torsional
response (Channel 1) at 4.2 Hz is heavily predominant,

o
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The average torsional acceleration is five times larger than
the average bending acceleration response (Channel 2) at

4.2 Hz. These daia indicates a heavy dependence of the

4.2 117 mode un the torsional properties of the strut.

(L) The 1.2 Hz mode was not excited hy torsional
excitation, This confirms that the torsioral characteristics
of the strut have little effect on the first mode and that
it is almost a pure bending mode,

Uy Figures 7 and 8 show that the 4.9 {7 mode was
excited by bu(h bending and torsional excitation.  This is
a heavily conpled mode and it is difficnlt to tell from the
data whether bending or torsion predominates.

(U) The main strut-foil data as shown in Figures 7
and 8 are summarized in Table 4. The calcnlated natural
frequencies are included for comparison.

Hull

(U) Five hull vertical frequencies were clearly excited
by the pluck of the strut-foil system in Runs 9 and 11 as
shown by the results in Figures 9 and 10. The loading
method used dnring these runs had the effect of applving
a large moment in the vertical plane at the stern. The
resulting respunse was by tar the casiest from which 1o
obtain frequencies. A comparison of the calculated and
measured vertical natnral frequencies (Table 2) shows very
goud agreement,

(U) The hull was not excited very well in athwartship
bending during anv run. This was expected since the loads
were all applied in a general fore-and-aft direction. Run 9
represents the best data collected in the athwartship
direction.

(U) Figure 11 shows peaks in the hull-stern athwart-
whip response during Run 9 and §.6 and 10.0 Hz. A com-
parison of the frequencies obtained frum the hurizontal
respunse uf the hull sterr in Run 9 and the calculated
natural frequencies is shown in Table 2. The data show
frequencics which full between the constrained and uncon-
strained calculated natural frequencies. This indicates that
the cahles were nut as effective in the horizontal directiun
as had been assumed.

Damping

(U) The measured dainping values for the first and
third main-strut modes shown in Table 4 seem to be
within a normal range uf values. The value of 9.0 percent
for the second mode is unusually high. The first and third
modes are heavily dependent on the bending characteristics
of the strut. The secund mode is predominantly torsional,

(U) One pussible cause of the high damping in the
second mode is that the strut skin is bolted to the main-
strength member of the strut. 1t is possible that the skin
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plating contributes a large amount of sliding friction when
torsional motions are induced.

(U) The measured damping of the hull shown in
Table 2 falls between 1.6 and 3.2 percent of critical for
the first three vertical modes. These values are considered
to be within the normal range of values for aluminum-hull
strictures,

CONCLUSIONS

(U) The first three measuied natural frequencies of
the main strut foil system are 1.3, 4.2, and 4.9 Hz.
Damping values for these three modes are 4.7, 9.0, and
1.9 percent of critical. respectively. These frequencies
vary somewhat from the calculated frequencies of 1.3,
3.5, and 4.5 H: but are considered in reasonably good
agreement for the purpose of flutter analysis. Althongh
the damping values are reasonable for structures of this
type. the second mode value of 9.0 percent seems some-
what high.

(U) Good agreement exists between the hull cakula-
tions in the vertical and athwartshlp bending directions
and the measurements for these modes, The measured
damping for the hull vibration modes seems reasonable for
aluminum structures,

(U) The method of testing, as described in this paper,
is an inexpensive means of obtaining useful information
concerning the dynamic characteristics of hydrofoil strut-
foil systems. The method can be used to study the
frequencies and damping uf such systems. Mode shape H
determination would require an extensive instrumentative
and data analysis effort. 1t is felt therefore that a vibration
generatur test is the best method of determining mode
shapes.

Jp—
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DISCUSSION

Mr. Gelef (TRW Systems): T wes very surprised
thet you were eble to get the damping from the
log decrement when you have the problem o¢
several modes excited et the same time. When
you try to look at one at a time through e
filter, the effects of the filters tend to
contamineta the effects of the damping. How
did you do {t?

Mr, Peoples: Well, in general thet's true,
During some of the testing with the struty

we excited almost a pure torsionel mode 80

we didn't have modal interference or. some of
the other runs, =ot t§ ¢+ ' that I showed
here. There was suffic!. ‘ead in the hull
frequencies so that one c.uld filter with e
wide enough bendwidth to avoid any problem,

We didn't even have to reverse these fn time,
Frequently, you can reverse the date {n time,
run it backwards through the filter and there-
by minimize the filter effects thet wey,
However, in this case that wasa't even
necessary. The filter bandwidths were wide
enough that it didn't meke any difference.
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Mr. Gelef: I would like to cell rour ettention
to e peper* thet Professor Cronin end 1 present-
ed two yeers ego et the Shock end Vibretion
Symposium which did some curve fitting in the
frequency domain end enebles one to get the
damping with wvhetever eccurecy you went, We
Just firnished using this progrem on a luner

test module end it worked very nicely,

Mr, Peoples: I heve read your peper end used
your method., It {is very good,

* Shock end Vibretion Bulletin No. 41, Part 7,
Page 5,
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ON THE THEORY AND PRACTICE OF STRUCTURAL
RESONANCE TESTING

Chen-Chou Ni
Applied Mechanics Branch
Ocean Technology Division
Naval Research Laboratory

An application oriented treatment ot structural resonance testing
has been developed. The analyses are based on possible dynamic
boundary conditions encountered, or experienced in real testing en~
vironments. For each dynamic boundary condition, a governing equa-
tion or equations are derived [rom basic physical and mathematical
principles. These equations contain information providing analyticai
bases for testing techniques as well as interpretation of experimental
results. Laboratory tests on a steel beam with three simple supports
were performed according to each derived techniy:Z. Results agree
very well and demonstrate their independence of choice of test tech-
niques, The theoretically predicted possible deficiency in revealing
physical information from the tests were also observed. The clarifica-~
tion of such a deficiency is made possible by data analysis suggested by
one of the techniques.

NOMENCLATURE (Zp) Coupling matrix of the pth and
sth substructures
(] Square matrix
{C} Constant column matrix
() Non-square matrix
Z,  Cofactor of the impedance de~
{ } Column matrix terminant associated with the
irpedance element z
Lo Row matrix
q Generalized acceleration
. [M] Mass matrix
q Generalized velocity
[K] Stiffness matrix
q Generalized displacement

. {zZ] Mechanical impedance matrix
f,(t) Generalized force associated
| (zP]  Mechanical impedance matrix of with the vth generalized coordi-
; the principal substructure nate
, (z°;  Mechanical impedance matrix of f, Generalized force amplitude
' the base substructure associated with the vth general-

ized coordinate
7 (2*]  Mechanical impedance matrix of

9,,.4,,.49,  The uthresponse due to the vth
the support substructure KRR force input of the generalized
displacement, velocity, and ac-
(%]  Mechanical mobility matrix celeration respectively

47

Il Bk o v




a,,»Q,,.4,, The amplitude of the .th re-
sponse due to the ith force input
of the generalized displacement,
velocity, and acceleration re-
spectively

« Exciting frequency

6 Relative phase of the .th gener-
alized displacement response
with respect to the vth applied
force

Relative phase of the nth gener-
alized velocity response with
respect to the vtk arnlied force

m Mobility element of the u.th row
and vth column

[{]] The determinant of a square
matrix

C, C, Constants

i(m i) Moblility function

uv

¥(m,:w) Resonance function

INTRODUCTION

The natural frequencies of a mechanical
system, in many ways, play an important role
in engineering. The basic theory of small os-
cillation has been established and well docu-
mented for more than & century. Direct appli-
cation of such a theory for practical purposes
often presents difficulties, especially for com-
pMcated structures, Suppose we are given a
structure with statically fixed constraints and
asked to find its natural frequencies. This is
the usual way normally a practical engineer or
test engineer receives his assignment. One
way to find the true natural frequencies of a
gliven structure is by resonance tes‘ing. As we
all know that structural natu' 1l frequency is a
boundary value problem. T' : natural frequen-
cies measured are closely :lated to its sup-
port conditions, Test res: .s obtained under
different dynamic support conditions corre-
spond to different structures. Therefore, with-
out positive control of the support movement or
without having the knowledge of the motion of
the supports during the test, correct interpre-
tation of the test data become difficult to say
the least, It is evident that a practical engineer
faces a more complicated problem than the
concelved theoretical one which naturally takes
the given statically fixed constraints as the
dynamic boundary condition of the structure.

Theoretical treatment as suchyields insuf{icient
infor:nation toguide & proper resonance test un-
less the supports are truly remaining stationary
through the test, Unfortunately, it is quite often
not the case. Rerlizing this fact, test engineers
have made efforts to overcome such practical
difficulties by using specially designed fixtures
to simulate & dynamic boundary condition equiv-
alent to the given statically fixed constraints.
As the state of art, the current practice in fix-
ture design is rather empirical than analytical,
Tremendous experiences in testing is a neces-
sity in order to achieve a suitable design for
each particular case, Even 8o, for compara-
tively large structures, fixture design become
forbidding both economically and technically.

In this paper, an attempt to bridge this
traditional gap between theory and practice was
made, As a result of this effort, an application
oriented treatment of structural resonance
testing has been evolved. This treatment will
. ‘ovide the practical engineers alternative
ways to conduct structural resonance testing
under various possible testing boundary condi-
tions,

Equation of Motion

Some important definitions and mathemati-
cal formalism pertaining tothis work arebriefly
reviewed. The equations of motion of an n
degree-of-freedon., undamped,* linear time-
invariant lumped raass system in configuration
space has the general form

M (g} + [K] {q} = {f(t)} . ()
Consider a single applied sinusoidal fc-ce

f(t) = ?v sin wt, 2)

The steady state solution cf equation (1) with
the applied force in equation (2) 18

q,, = 4, sin(wt+6,,) ®)

where 6,, is the relative phase of the uth gen-
eralized displacement response with respect to
the »th applied force. For undamped systems,
equation (3) becomes

q,, = 4, cos 6,, sin wt

@)

GW =0, er m

*This treatment is valid for structures with

small damping [3].
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and the spatial part of equation (1) becomes

0
(-2(M] + [K]) (3,, cos ¢} - ? (5)
0
or
0
(-—w O [x]) @,, sin¢,) =< > (6)
where
Ao B, = E, sind, . b, c 08

Lt

for steady states. The angle ¢, , here is the

relative phase of the .th generalized veiocity
response with respect to the vth force, The

square matrix operator in equation (6)

- [M] s } K] = [2Z] )

is defined as the mechanical impedance matrix.

For a nondegenerate system, the imped-
ance matrix has a rank of n and its inverse
exists

@@ -t . ®)

By a linear transformation, equation (6; can be
written as

)

{a,, sin¢,}=mm<. ©)

where
m = [z (10)

is defined as the mechanical mobility matrix of
the system.
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From equation (9), the elements of the me-
chanical mobility matrix

mo o= (11)

can be determined by measuring the generalized
velocity and force amplitudes and the relative
phase between them. Each force application
enables us to determine one column vector of
the mobility matrix provided that the corre-
sponding spatial response vector is measured.
Equation (10) shows that the elements of the
mobility matrix can be expressed in terms of
cofactors of the impedance determinant and the
impedance determinant itself as

— —

z

(12)
“a = T

It is evident, from equation {7) and (10), the
mobility elements are functions of the exciting
frequency alone for a given structure. In other
words, the mobility elements are invariant
physical quantities of the dynamic structure !
with respect to space and time.

For multiple force inputs with a single ex-
citing frequency, Eq. (6) and (9) become

1))

[z] { &, sin w} e (13)

——

v

= SRR

,
-

\:,
o A Ay

and

3 sin B . 14
{Z a,, %} < (14)

Where the force components represent the spa-
tial distribution of the total force vector. In
this particular case, all the force components
are assumed in phase. This assumption does
not represent a general situation but a suffi-
cient special consideration of our interest.

3
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In gen~ral, structures under study are
most likely coupled to their neighboring struc-
tures. A correct mathematical model which
can be used to analyze its response to an ex-
ternal force input must take the total structure
involved into consideration. For the conven-
ience of diecussion in the forthcoming analyses,
the following nomenclature of the structures
are adopted.

Total structure: The spatial extent of the dy-
namic influence due to the external force.

Principal substructure: The structure whose
dynamic response behavior is to be deter-
mined.

Support substructure: The substructure com-
posed of the commen constraints or the
connecting parts of the principal and the
base substructure.

Base substructure: The remaining part of the
total structure other than the principal and
the support substructures.

According to the above subdivision, equations
(6) and (9) car alwayz be arranged to have the
partitioned form

— N N\

4 3

faz, sinea,}

j{ézv sin%} .

{qsv sing, }

{az sing,, }

" 7

respectively.

=) ]{agv sindy, | o= J{ } , (15)

&(16)

,—ﬁ,—-A__.‘
e ™ o o go
\:———:—’\_.__J

By definition, there is no direct coupling
between the principal substructure and the base

substructure. The submatrices on the diagonal
of the impedance matrix are the impedance
matrices of the substructures. The off-diagonal
matrices, in general nonsquare, represent the
coupling mechanisms between adjacent sub-
structures. The generalized velocity and ap-
plied force vectors or column matrices are
partitioned accordingly. Here, each substruc-
ture, although written in a lumped mass model
form, will be kept intact throughout the mathe-
matical manipulation,

Theoretical Background of
Resonance Testing

Suppose the total structure considered is
composed of an ¢ degree-of-‘reedom principal
substructure, an m-¢ degree-of-freedom sup-
port substructure, and an n-m degree-of-free-
dom base gubstructure. Methods used for de-
termining the natural frequencies of composite
structures and substructures can be categorized
according to their dynamic boundary conditions.

Case 1. Unconstrained structure: The
principal substructure is freely suspended.

There exists no support and base substructures.
Equation (15) and (16) become

(0

(] {&, sin¢,,} : 3 TN aus 1,2, -y

% (7)
\OJ
and
0
aZv sin ¢'av} = [m] =) ‘ (18)
fP
0
The corresponding mobility elemerts are
mﬁ B} agv sing,, . Zgy (19)
’ i Tl

and the components of the generalized velocity
responses are

éf‘;#
AL [ og&&‘%

R
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7 Zo gp (20)
sing,, = M
YUY zh|
Equation (20) shows
azv — ® when |[2P]| -0

i.e., with the response sensor mounted on any
part of the principal substructure (or the total
structure in this case) and a force applied at
any where on the structure. the monitored re-
sponse amplitude will show peaks at the natural
frequencies of the structure corresponding to
|tzP)| = 0. Ambiguity may arise when the par-
ticular cofactor zF becomes very small at the
resonance frequencies. Since the cofactor zF,
depends on where the response and applied
force are located, such ambiguity may be elim-
inated by changing the locations of the response
sensor and the force application. Unfortunately
there i8 no simple rule to follow.

Case 2. Fixed Constraints in Space: The
principal substructure is rigidly mounted on an
infinite impedance support substructure for all
exciting frequencies (within the range of in-
terest). The dynamic boundary condition for
this case are either

a. .
{éisiv Sin¢[3v} = {0}
(21)
{8, sing, } = {0}
or
b. -
{3, sing,, } = {0}
(22)
{@B, sing,, } 2 {0} .
With the force applied on the principal sub-
structure, equation (15) can be written as
°)
(7] {agv Si“¢av} = . | (23)
T
0

[20] {8, sine,,}-
0 (24)

(Z:){EW sing, } + ()::){EEV siné_, } = {0}

(%] {&, sine,.}= {0}

for subcases "a'" and 'b" respective.y. The
subcase "a' corresponds to the fact that the
principal substructure is the tot‘al #:ructure
and the subcase 'b" represents the inner reso-
nance phenomenon if a solution exists. In either
case, the spatial equation of motion of the prin-
cipal substructure

( 0

[zp] {agv Si“¢av} = (25)

;;l. 5 o

o -

must be satisfied. It is noticed that equation
(25) has the same form of equation (17) except
that the principal substructures referred to in
these two cases are not the same. If the same
struciure is considered, the rank of the imped-
ance matrix [2z°] in equation (25) equals to the
rank of the impedance matrix in equation (17)
minus the degree-of-freedom of the support
substructure, which is rigidly constrained by
mounting. The natural frequencies measured
in this case are so called fixed-base natural
frequencies, It is expected that the dynamic
boundary conditions are intimately associated
with the natural frequencies measured. By the
same reasoning given in case 1, we have

z o (26)
&, singy, = Cqp
o av | [zP) l
similarly
4%, — @ when |[ZP]] = 0.

The fixed-base natural frequencies correspond-
ing to |[zP)| = 0 may be revealed by vibration

= s et st R

i, A AR it -

R RN (S o b S 1 3,8




T SR N R e

test in a manner described in case 1. Similar
ambiguities may also arise for the same reason.

Case 3. Rigid Body Motion of the Con-
straints as a Whole: When the support, or base
and support, substructures are in motion, any
force applied to the principal substructure does
not yield irformation about the fixed-base nat-
ural frequencies of the principal substructure
[1]. Therefore, in the treatment of case 3,
force application to the principal substructure
is avoided. The dynamic boundary condition
for this case is

{a3, sine, } = {c,} 27
where {C,} is a constant column matrix;
B=2+1,%+2,.,..,mn for all frequencies
within the range of interest. Then with the ap-
plied force either on the support substructure
or on the base substructure, if the direct ex-
citation were possible, equation (15) becomes

r | ({azv s-m%}W {0 }
ﬂ & }L{{f

?SB
{agv s'm(b,,.y} 1 "
J 0

4

(28)

where the support substructure response vector
can have at most six independent components.

To examine the physical possibility of such
an excitation, we recall equation (16) and con-
sider a single sinusoidal force input with ccn-
stant amplitude

{& sing,}| |m, TS®

{ ¢ b= (29)

- — - e - - ¢

L{afv Sin¢7v} Mgy fvSB

Then the corresponding dynamic boundary con-
dition in equation (27) becomes

J(mb 1v #58
{c,=4 | : (30)
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Since the mobility elements are functions of
exciting frequencies, equation (30) can not be
satisfied over an arbitrary frequency range.
Physically, this means that we are no longer
able to use a single steady state sinusoidal
force to perform the resonance test. There-
fore, the basic idea for a direct excitation of
the resonance modes at the fixed-base natural
frequencies of the principal substructure in this
case has to be differeat from the previous cases.
In fact, the popularly used shake table test tech-
nique is of this kind. It is done by designing the
mounting fixture in such a way that the fixture
or the support substructure responds like a
rigid body within the interested frequency
range, and instead of controlling a constant
level sinusoidal force input, a time dependent
force amplitude is controlled by a feedback
system. The feedback signal is from a re-
sponse sensor mounted on the fixture, In es-
sence, it is a support substructure response
controlled test at a prescribed level. The cor-
responding spatial equation of motion of the
principal substructure, under the special pro-
vision above, can be written as

[zp] {a(va Sin"flav} = {Cv} (31)

or

(3 singy, )= [W] {c} G

where

{Cv} = 2:: {CB}

From equations (12) and (32), the individual
generalized velocity response becomes

LR -
Jrgl

ag.v sin ¢uv =
Again by following 1he same argument and re-
sponse measurement given in Case 1 and
Case 2, i.e,,

P — .
ay, when

IzP3f = 0

the fixed-base natural frequencies of the
principal substructure are determined by a
conventional shake table test. As one can see
from the numerator on the right side of equa-
tion (33), more involved ambiguities may arise
for situations when

>
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23, {c}

1T gy
becomes very small at the resonance modes.

The resonance testing methods analyzed
heretofore are quite popular in engineering
practice and laboratory experiment, when the
dynamic support condition can be simulated.
The analytical results derived from considera-
tions of dynamic boundary conditions provide
not only information about how and what to
measure but also better understanding of the
physical aspects of the information obtained
from testing.

Case 4. Elastically Coupled Substructures:
When the substructures involved are elastically
coupled, theoretical analysis shows that a direct
excitation of the resonance modes of a principal
substructure at its fixed-base naiural frequen-
cies are possible if the following necessary re-
strictions are being satisfied [3] and [4].

Restriction I No force applied on the
principal substructure,
Restriction II No. of force applications
= no. of the degree-of-
freedom of the support
substructure,

The first restriction can be fulfilled without
difficulty. The second restriction requires
multiple force input. Such fo.ce input is tech-
nically uncontrollable because there is no ra-
tional way to select a desirable set of forces
without solving the problem analytically first
[5]. By trial and error approach, the prob-
ability of having accidental success of such a
choice of forces is very remote.

A new semijanalytical method, which in-
directly derives the resonance modes of these
type of substructures has been developed (3]
and experimentally validated [4]. A condensed
»ersion of these two was publisned elsewhere
[6]. For the completeness of this treatment,
the vital part of the theory is described in the
following:

The dynamic boundary condition for the
excitation of a resonance mode at one of the
fixed-base natural frequencies of the principal
substructure requires

{ag, sind¢g,} = {0} (34)

With the restrictions given above, equation (9)
becomes

({&8, siney,}) [y, mal [(0])
H

oo M- JroyLes)
M

(&, sines ) Lma M 16_

Consider the simplest case of restriction II
By physically limiting the number cf force ap-
plications to the number of degree-of-freedom
of the support substructure, then equation (34)
can be written

Mey o e 1¢( (
g +1<&Cn
Wffa z <0 ,
mgNan .
o e L) L] (36)

Where the square mobility submatrix in equa-
tion (36) is composed of any combination of m-g
columns of the mobility submatrix pertaining to
the support response vector. The double
superscripts sB of the force components des-
ignate the application points of the forces being
limited within the support and base substruc-
ture. Nontrivial solutions of equation (36}
exist if

|
|
I
: = 0= Qm,iw) . (BT
I
|
|

Theoretically, it means the sets of forces exist
to satisfy the given boundary condition in equa-
tion (34) at the frequencies determined by the

secular equation (37). We define this determi-
nant as the mobility function 2(m,  : «). Mathe-

v

matically we have reduced a multiple dimension

vector problem in equation (34) to a one varia-
ble scalar function, a polynomial of the exciting
frequency in equation (37). The physical sig-
nificance of this mathematical step is evident
by the following: first, in general, the excita-
tion of a resonance mode of the principal sub-
structure at one of its fixed-base natural




frequencies is technically uncontroliable for a
non-degenerate structure; therefore, equation
(36) is of little practical value [5]). Second,
since the mobility elements containing the in=
herent dvnamic properties of the total structure
are functions of exciting frequency alone, cer-
tainly one can take advantage of its measurable-
ness and construct a mobility function which is
defined as the left-side of equation (37) artifi-
cially, This is done by applying one controlled
sinusoidal force at a time, totally »-f times, to
measure the responses of the support substruc-
ture. The required mobility elements in equa-
tion (37) are then calculated in accordance with
equation (11). By judicious variation of the ex-
citing frequency, the mobility function Q(m,,; w)
enables us to trace out the solutions of the sece
ular equation (37) graphically.

It becomes clear, since the mobility func-
tion defined in equation (37) depends on the
relative phase among the forces by a constant
multiplier. Such multiplier will not alter the
solution of the secular equation (37). Therefore
it is our liberty to consider the simplest case
by choosing zero phase for all force compo-
nents, This explains the generality of the ex-
pression in equations (13), (14), and (35). Any
solution yielded from the mobility function must
satisfy equation (14) of the total structure. The
explicit relation between the mobility function
and the fixed-base natural frequencies of the
principal substructure was established through
equation (8) and (14) in the partitioned form

F1E)CN | ([ Ke)e)
&) =)@ * (e Le))- oo
(o) @)=]]| ] [(e)o)x]

Then the mobility matrix in equation (38) is re-
placed by a nonsingular matrix as suggested by
the mobility function in equation (37). There
are many ways to choose this nonsingular ma-
trix depending on the force application. Since
the exact locations of the applied forces are
irrelevant so far as the determination of the
fixed-base natural frequencies of the principal
substructure is concerned although the mobility
elements involved in the square mobility sub-
matrix in ecuation (36) will be different [3].
Therefore, a set of forces applied on the sup-
port substructure is considered in this case
without 1osing its generality, Equation (38)
becomes

e A A ——

Taking the determinant of both sides of equa-
tion (39) and apylying LaPlace’s expansion, we
have

[(Z)] -t} = (23] - 1128 (40)
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or

ltze) - 128
Um @) = ——————

W e

where () = Q(m ;).

Equation (41) shows explicitly that the mo-
bility function does contain information of the
fixed-base natural frequencies of the principal
substructure, |(zP)] = 0, but also the fixed- ‘
base natural frequencies of the base substruc-
ture, |[ZB]] =0, and the natural frequencies of
the total structure, ![(z)] = 0. In order to iden-
tify the fixed-base natural frequencies of the
principal substructure, another mobility funce
tion is constructed to eliminate the extraneous
information involved in the mobility function in
equation (41), Suppose an additional shaking
force is applied at one location on the principal
substructure, then by following the same pro-
cedure of deriving equation (41), the corre-
sponding mobility function is
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Comparing equation (41) and (42), the only dif-
ference found is the impedance determinant of
the principal substructure., The impedance
determinats |(ZP)] and |[z}] remain un-
changed. This fact suggests a way to exclude
the extraneous informations by taking the ratio
of these two mobility functions. A resonance
function is defined as

|

Here a double line designates absolute value,
The absolute values are chosen so that the
graphical representation of the resonance func-
tion conforms to the conventional concept of
"resonance peak.'" For a real structure, [Z'P)
is finite for a finite exciting frequency, thus,
the singularities of the resonance function

¥ (m,,:w) corresponding to |{z?)j = G give the
identity of the fixed-base natural frequencies
of the principal substructure.

[(z'®]l
lrAdl!

_ . Q'(m)‘v;;c)
vim,, i) = Q(m,, 1w}

. @)

It is noted that the resonance function is
not defined when

|{zB)] = 0 and (2] = 0

although the analytical form in equation (43)
shows that the resonance function is independ-
ent of the impedance determinants |(Z8)] and
|{z)|. The reason is that we are not measuring
the impedance elements but the mobility ele-
ments indirectly through force and response
measurements according to equation (11), It is
then evident from equation (43) that when

[(z%) = 0 and |[2])] = O, the resonance func-
tion ¢ (m,.,:w) becomes 0/0 and =/, respec-
tively. Such induced ambiguities can be elimi-
nated by data analysis and present no real
probl- - [4].

By .xamining the special functions defir.ed
in equation (37), (42), and (43), the fixed-base
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natural frequencies can be concluded with as-
surance.

Experimental Results

Experimental results of vibrational tests
according to different boundary conditions and
the test setups of the substructures involved in
each case are shown in Figure 1 through 7. A
simple principal substructure was chosen for
the purpose of demonstration of the resonance
test techniques implied by the theoretical anal-
ysis. The principal substructure used consists
of a four feet long, two inch by one inch in
cross-section, rectangular steel beam with
three simple supports at the quarter points
along its length. Test for case 1 was not per-
formed because the geometric boundary condi-
tion of the test beam does not belong to this
case. The test for a structure truly floating
can be done by suspending the test structure at
one location and applying force at the same lo-
cation. Figure 1 shows the test result of case 2.

130 Hz
/‘D

78 Hz
:
|
o
=
<

78 Hz

A |
e S| N

10 102 103

EXCITING FREQUENCY Hz

Fig. 1 - Case 2: Fixed consiraints in space.
Controlled force level. (B) Monitored re-
sponse signal from the tip of the beam.

Monitored response signal from the mounting
table.
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Fig. 2 - The experimental lay-out of the resonance test of the
beam with fixed constraints in space. (Case 2)

130 Hz

AMPLITUDE

1 1 L1 1L i 11 I 1 | 1 11
10 102 03
EXCITING FREQUENCY Hz

Fig. 3 - Case 3: Rigid body motion of the con-
straints as a whole. Monitored response
signal from the tip of the beam. (B) Mopitored
response signal from the shake table. Con-
trolled shake table response level.
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The curves @), , and (€ were monitored
signals from the corresponding sensors shown
in Figure 2, These three sensors are the mini-
mum requirement for the identification of the
resonance peaks at the fixed-base natural fre-
quencies of the test beam. Curve (@) is the
controlled force level. Curve tells that
any information beyond the exciting frequency
about 400 Hz is not reliable because of the
moving of the base substructure itself. Within
the frequency range 10 ~ 400 Hz, curve (B)
shows two resonance peaks. One is at the fre-
quency of 78 Hz and the other 130 Hz, It is
evident from curve that the resonance peak
at the frequency of 78 Hz does not belong to the
test beam with fixed constraint boundary condi-
tionbut belong to a more extensive structure in-
cluding the test beam. Therefore, within the ef-
fective frequency range, only one resonance peak
at the frequency of 130 Hz is detected despite the
fact that two fixed-base natural frequencies of
the beam exist inside that frequency range.
Figure 3 shows the test result of case 3. The
curves , B, and were monitored sig-
nals from the corresponding sensors shown in
Figure 4, Curve represents the controlled
response level of the shake table. Curve
indicates that within the frequency range

10 ~ 300 Hz, the sliake table moves like a rigid
body. Beyond the exciting frequency of 300 Hz,
the fixed constraints boundary condition of the
test beam is no longer fulfilled, Consequently,
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Fig. 4 - The experimental lay-out of the resonance test of the
beam with it's supports moving as a rigid body. (Case 3)

the information revealed in curve beyond
that frequency are not reliable to conclude the
fixed-base natural frequencies of the test beam.
Curve @ ,» within the effective frequency range,
shows one peak at the frequency of 130 Hz and
an ill-defined shoulder at the exciting frequency
around 140 Hz. Figure 5 and 6 show the con-
cluded results of case 4 with the force applica-
tions being at the supports as shown in Fig-
ure 7. In Figure 5, the resonance function is
plotted against the exciting frequency. Like the
results obtained from other techniques, only
one resonance peak was observed at the excit-
ing frequency of 125 Hz, An additional peak
appeared at 140 Hz in the absolute value of the
reciprocal of the mobility function versus ex-
citing frequency plotting in Figure 6. By
method of deduction [4], we were able to con-
clude that the two peaks in Figure 6 are the
fixed-base natural frequencies of the test beam
within the frequency range of 100-200 Hz,

The exp2rimental results as well as the
calculated theoretical values of the fixed-base
natural frequencies of the lowest two modes of
the continuovs test beam are summarized in
Table I.

Discussion

Table I shows that there are discrepancies
in results among the different r. 2thods. A

TABLE 1

SUMMARY OF RESULTS

etee A beem with three supports at its quartar points ****
(Test Frequency Range 100-200 Hz)

Fixed-base Natural Frequencies

in He
h f2
Classical Beam Solution 138 148
Case 1 .- -
Case 2 130 -
Case 3 130 -
Caed V(N 08w 125
Qo lsw 126 140

discrepancy of less than five percent is noticed
among the results from the experimental tech-
niques, while amounts to ten to fifteen percent
between the experimentally measured values
and the calculated tueoretical ones. The most
probable causes of these discrepancies are be-
lieved to be of two main reasons. The first is
the induced deficiency inherited in the test
techniques of case 2 and 3 explained in the
main text. The second is the difficulty to have
an exact duplication, or simulation of the dy-
namic boundary condition as the idealized one
for all different test setups. Since the natural
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RESONANCE FUNCTION W/(m,; w)
[
¥

100 150 200
EXCITING FREQUENCY Nz

Fig. 5 - The resonance function-exciting
frequency plot resulted from a semi-
analytical resonance test on the beam
elastically coupled with it's neighboring
substructures. (Case 4)

frequencies obtained are intimately related to
the dynamic boundary condition imposed on the
principal substructure under test, such small
shifts in frequency are expected if precise dy-
namic boundary condition can not be main-
tained. In general, the results are considered
in very good agreement except those missing
information listed ‘n Table I for case 2 and 3.
In either case, one of the two frequencies was
not detected. Experimental measurements
show little evidence that this missing informa-
tion is due to the sweeping speed of the force
input. It is likely because of the inherited am-
biguity of the test methods. The advantage of
the test methods used in the case 2 and 3 are
comparative simplicity and directness. Their
drawback is the possibility of revealing incom-
plete information.
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Fig. 6 - The mobility function-exciting
frequency plot resulted from a semi-
analytical resonance test on the beam
elastically coupled with it's neighbor-
ing substructures. (Case 4)

The test method of case 4 is of special
value and importarce because it is the only
reliable method at the present time to acquire
the fixed-base natural frequencies of a princi-
pal substructure in situ or in laboratory, Es-
pecially, for large structures, sweeping vibra-
tional tests described in case 2 and 3 are
practically impossible, Although the semi-
analytical procedure in the method of case 4
requires simple data analysis to draw conclu-
sion from the test, its correct answers are
certainly worth the effort even for a small
simple structure.
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ELEVATION OF GRANULAR MATERIAL BY VIBRATION
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Experiments conducted recently in the USSR have shown that
granular material may be conveyed vertically by a suitable
apparatus vibrating torsionally and axially at two synchron-

ized frequencies.

This paper describes mathematically the

conveying action of this type of vibrating elevator and also
presents a new conception of a vibrating elevator opera‘ed

at a single frequency.

INTRODUCTION

Conveying material by vibration

in the horizontal direction is accom-
plished in its simplest form by a
trough supported by springs at an
angle and by a driving mechanism which
produces harmonic motion. A mathe-
matical analysis of the conveying
action is given by Paz [1]. In that
paper it is shown that the frictional
force developed between the material
and the trough gives the necessary
impulses to produce the conveying
action,

This basic idea has also been
extended to vibrating elevators of a
type having a spiral trough or pipe
mounted on snock absorbers. A vibra-
tory drive imparts helical oscillations
to the trough, causing the material to
move up the spiral trough or pipe.
These existing vibratory elevators
have a disadvantage in that they do not
combine high capacity with adequate
compactness. The effective cross-
sectional area is limited since the
spiral pipe cannot be set at an angle
exceeding the ungle of friction for
materials in the pipe. The ideal solu-
tion for the problem would be a machine
that could cnnvey material by vibra-
tion in the vertical direction. 2an
ingenious machine of this type has been
invented in the USSR and patented in
England by Brumberg [2]. The invention
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consists of an apparatus having

two concentric cylindrical tubes with
a number of radial partitions. The
assembly is driven axially in the ver-
tical direction at the same time that
it is vibrated torsionally. The
rectilinear vibratory motion is
synchronized at a frequency twice

the value of torsional frequency im-
parted to the system, as determined
by the equations

Y = Ay cos (2ut+a) (1)
and
¢ = ¢° coswt (2)
where A, and ¢_ = amplitudes of
Y oscillations

w = torsional frequency
t = time
a = phase angle

To avoid the undesirable require-
ment of providing the vibrating eleva-
tor described with two oscillatory
frequencies and means for their correct
synchronization, an arrangement is con-
ceived which requires a single fre-
quency for elevating materials by
vibration. This arrangement can be
Jdescribed better with the aid of
Fig. 1, which shows a diagram of the
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vertical cross-section of the elevator
tube, and Fig. 2, which shows a trans-
verse cross-section on line I - I of
Fig. 1. The vibrating conveyor consists
of two cylindrical shells of different
diameters assembled together so that
they are coaxial. Channels are formed
by subdividing the annular space be-
tween the shells with radial partitions.
This assembly is mounted on a system

of inclined springs and stabilizing
bars to allow for a desired helical
motion of the tube. The drive mechanism
could consist either of motor driving
eccentric weights or of a direct drive
acting through an eccentric shaft.
Either of these drives will impart to
the tube the desired helical harmonic
motion. The annular tube has a number
of internal rectilinear channels paral-
lel tc the longitudinal axis of the
tube. The inner opposite walls of the
radial partition are finished so that
the surfaces differ from each other in
vegard to their frictional properties.
One of these surfaces is lined with a
rough, highly frictional material,
while the other is kept as smooth as
possible. During operation the tor-
sional component of the motion pushes
the material alternately against the
rough and smooth surfaces of the radial
partitions. At the same time during
the upward motion the frictional forces
developed between the rough surfaces
and material drag the material verti-
cally producing the conveying action.
When the motion is reversed downward,
the material is pressed against the
smooth surfaces and, ideally, the com-
ponent of its motion in the vertical
direction is not affected.

In this paper an analysis of the
conveying action for the dual-fregquency
vibrating elevator is presented. The
analysis is accomplished by describing
mathematically the trajectory of the
conveyed material during one cycle of
oscillation of the elevator. From this
study several operating characteristics
such as the conveying speed may be de-
termined. Also the analysis presented
may be used to study the effect of the
various parameters involved in the con-
veying action and to optimize the
design of these vibrating elevators.

DUAL-FREQUENCY SYNCHRONIZED ELEVATOR

The dual-frequency sychronized
elevator is given simultaneously an
axial and a torsional vibratory motion
described respectively by Egs. (1) and
(2). Multiplication of Eq. (2) by the
radius R at the point of contact of
the material on the radial partition
gives the equation for the transverse
motion of this point as
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Figure |

Vertical cross-sectional
view of the vibrating
elievator.

Figure 2

Transverse cross-3ectional
view of the vibrating
elevator.

X = ¢° R coswt (3)

The velocity and acceleration components
of this point on the radial partition
are given respectively by

X = -6, R w sinut (4)

¥ = -ZAY w sin (2wt + a) (5)
and

X = -6, R w? coswt (6)

¥ = -4Ay w? cos{2wt + a) {7
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The starting point nf the analysis
is to solve the equatioli of motion for
a particle of material in the condition
of impending motion; that is, the con-
dition at which the frictional forces
developed at the interface between
material and the radial partition has
reached the maximum value. Fig. 3 shows
the free body diagram of a particle of
material at this condition.

- » X

Fig. 3. Frece Body diagram particle
of material,

Application of Newton's law of
motion to the particle in Fig. 3 gives

-N = mx (8)

F-mg = my (9)
where ¥ and ¥ are the acceleration com-
ponents of the particle, F and N the
frictional and normal forces respective-
ly, and m the mass of the particle. At
impending condition the frictional force
is related to the normal force by

F = uN (10)

where u is the Coulomb friction co-
efficient.

At this condition the particle
has the same motion as the point of con-
tact_on the radial partition; that is,
% = X and ¥ = Y. Combining Egs. (8),
(9) and (10) results in the following
equation:

g—4Aym2cos(2wt+a)-u¢°Rw2cosmt =0 (l1)

The sriallest positive root t; of Eq.{ll)
gives the time at which impending
motion takes place. After time t; the
material, acted upon by frictional and
normal forces, moves attached to the
radial partition. As the elevator de-
celerates in its vertical motion, it
reaches a point at which the frictional
forces developed at the interface are
insufficient to give the material the
same deceleration. Consequently, at
this point the material starts to slide
vertically relative to the motion of
the radial partition. The time t,; cor-
responding to this point of the cycle

is obtained from the solution of

Eq. (12} which is the same as Eq. (1l),
except for the reversal cof sign of

its last term to account for the
reversal in the direction of the
frictioral force, now acting downward
on the particle.

g-4Ayw’cos(2wt+u)+u¢°Rm’coswt = 0(12)

The material remains in contact
with the radial partition until the
torsional acceleratj 'n of the elevator
reverses its sign (w. s = n/2). During
this interval, from *ime t, to time t,,
the material slides vertically on the
surface of the radial partition. 1Its
vertical motion is governed by the
equation

my = -mg-um@on’cosut (13)

which may be readily integrated for the
interval t;-t,.

After time t, the material loses
contact with the radial partition; it
is acted upon only by gravitational
forces, and consequently the horizontal
component of its velocity remains un-
changed. The vertical component for
the motion of the particle during the
time interval between separation of the
radial partition and recontact with the
opposite radial partition is given by

y-ys = ¥alt-ts)-zglt-ty)?  (14)

where y, is the vertical displacement
of the material at time t,. The
material strikes the opposite radial
partition at time t, which is obtained
by solving the equation

D1+¢_ Rcosut = Xy (ty-ty) (15)

whera D; is the mean free space hetween
radial partitions. For design purposes
this free distance between partitions
is computed from Eq. (15) with the
condition

wty = 7 (16)

Under the assumption of perfectly
plastic impact, the material will re-
main in contact with the opposite
radial partition after time t,, al-
though sliding along the vertical
direction. Finally, the action of
frictional forces in the interface
material-rzdial partition will equalize
the velocities at impending condition.
This condition is given by Eg. (17)
which is similar to Eq. (l11) except for
a change in the sign of the last term
due to the reverse direction of the
norma’ force now developed on the ma-
teria. “ the action of opposite
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radi.-1l partition.

g-4A_w?cos (2wt+a)+u¢ Rw?coswt = 0
¢/ ° (17

(17) in terms of wt is
(11) plus

Solution of Eq.
equal to the solution of Eq.
m, that is,

wts = wty + 7 (18)

This description completes half of
the cycle in the motion of the elevator.
The other half of the cycle is sym-
metric for the dual-frequency synchron-
ized elevator.

EXAMPLE

A numerical exaple is given to
illustrate tr2 calculations involved in
the dynamic caalysis of the material
lifted by vibration. The design
parameters used for the example are as
follows:

Amplitude torsional oscillation:
¢o = 0.8 degrees.

Amplitude axial oscillation:
Ay = 1,5 mm.

Frequency torsional oscillation:
w = 25 c.p.s.

Frequency axial oscillation:
2w = 50 c.p.s.

Mean radius of concentric
cylinders: R = 375 mm.

Mean distance between radial
partitions: D = 50.0 mm.

Coulomb friction coefficient:
u = 0.5.

Phase angle: o =220°.

The conveying speed (V_) is computed
from the resulting displacement in one
cycle of Table I a3 follows:

_ Total Displacement in Cycle

Vg = Pericd
_ 2 X 4.729 _ mm
Vs = 70704 = 240 =

Th> conveying speed of 240 mm/sec
determined in this example compares
favorably with the conveying of actual
horizontal vibratory conveyors. Never-
theless, experimental results obtained
in the USSR indicate a much lower value
of 80 mm/sec for the conveying speed.
In the comparison of these results it
is necessary to observe that all the
numerical values for the parameters
used in the example are the same as
those used in the experiments, except
the coefficient of friction which was
not indicate. by the investigators in
Russia.

CONCLUSIONS

The motiun of material elevated
by vibration has been analyzed and de-
termined under some simplified assump-
tions. The most important assumptions
are: (a) the analysis is restricted
to a single particle of material;

({b) the impact between material and
radial partition of the elevator is
considered to be perfectly plastic;and
(¢} the motion of the vibrating eleva-
tor is assumed to be unaffected by the
material. Further study of the dual-
frequency synchronized elevator as well
as the study of the single frequency
elevator, along the lines presented,
will be necessary to establish practic
design criteria for these elevators.

Table I. Vertical displacement of material particle during one cycle
of the dual-frequency synchronized elevator motion.
Angle Time Coord. point on elevator|Coord. particle|Displacement
wt t X Y X y Ay
(degree) | (millisec) (mm) (mm) (mm) (mm) (mm)
14.5 1.60 5.083 -0.537 5.083 |-0.537
37.0 4.10 4,195 +0.611 4.195 [+0.611 1.148
90.0 10.00 0.000 +1.130 0.000 |+2.345 1.734
180.0 20.00 -8.250 -1.150 -8.250 [+3.945 1.600
194.5 21.60 -8.082 -0.537 -8.082 [+4.192 0.247
Displacement in half a cycle = 4.729
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NOMEMCLATURE
Ay = amplitude axial oscillation
D = mean distance between radial
partitions
F = frictional force
g = acceleration of gravity
m = mass of material
N = normal force
R = mean radius of concentric
cylinders
t = time
Vg = conveying velocity
X,Y = coordinates point of elevator
X, ¥ = velocity components of point on
elevator
X,¥ = acceleration components of point
on elevator
X,y = coordinates of material
i,§ = velocity component of material
%,¥ = acceleration component of material
a = phase angle
¢1 = amplitude torsional oscillation
u = Coulomb coefficient of friction
w = torsional fregquency
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ISOLATION AND DAMPING

GROUND TESTS OF AN ACTIVE VIBRATION ISOLATION

SYSTEM FOR A FULL-SCALE HELICOPTER

Brantley R. Hanks and William J. Snyder

NASA Langley Research Center
Hampton, Virginia

performance,
change.

Ground-based vibration tests were conducted on an electrohydraulic active
vibration isolation system developed for vertical isolation of either the pilot's
seat or the entire cabin of a research helicopter.
Irequency-band isolation notches which can be tuned electronically to desired 1ift-
ing rotor vibration frequencies and thereby provide more than 90 percent vibration
reduction in the isolated structure at these frequencies.
formance of the system although low fuselage structural stiffness degraded overall
System performance was also affected by the rate of input frequency

This system utilizes two narrow

Tests verified the per-

INTRODUCTION

fmong modern-day aircraft, the helicopter
imposes probably the most severe vil -ation environ-
ment on man and equipment. In addition to being
subjected Lo riundom low-frequency turbulence, the
helicopter and its passengers also encounter higher
frequency inputs not usually found in conventional
aircraft. As each blade on the 1lifting rotor
traverses a full circle, it undergoes differential
drag, 1lift, and control forces resulting in high-
force vibratory inputs to the transmission and
fuselagr below. These inputs occur at discrete
“reguencies, the blade passage frequency and its
harmonics, and generilly increase in magnitude as
airspeed increases. Thelr frequencies, usually
ranging from about 10 to 50 Hz, and directions
depend on many factors including rotor :peed,
nunber of blades, blade design, and hub/control
system design. Also, rotor unbalance can produce
an additional input at the lifting rotor rotation
frequency, usually about > to 8 Hz.

Passive isolation of these inputs is difficult
because isolated components undergo high normal
accelerations in maneuvers of the helicopter which
cause excessive static deflection of ordinary spring
isolators. Several advanced lsolation techniques
for use in helicopters are being evaluated through-
out this country (e.gz., [1] ani [2]) and some are
being successfully used [3] and [4]. However, no
universal system has been developed as yet because
of the wide variety of helicopters, rotor systems,
and vibration directions and frequencies.

One candidate isolation system, active isola-
tion, has the potential of providing considerable
flexibility in isolation performance, with no
static deflection, at the expense of some complex-
ity, cost, and power penalties. Active isolation
systems, systems which use feedback-controlled,
powered actuators to reduce the transfer of vibra-
tion, have been studied analytically for & variety
of applications {e.g., [5], (6], and [7]) includirg
helicopters [3].  Taboratcry hardware studies havz
demonstratea effectiveness of the technique [9],
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(10], and [11]. Although some sophisticated hard-
ware systems are now being developed {e.g., [12]),
the physical implementation and evaluation of
active systems in actual vehicles has not pro-
gressed rapidly.

This paper will present results from vibration
tests on an electrohydraulic active isolation
system developed for the NASA Langley Research
Center and the USAARMDL, Langley Directorate, by
Barry Wright Corporation. The system was designed
to isolate either the cabin or the pilot's seat of
a high-performance hingeless rotor helicopter.
Vibration tests on the system installed in a
helicopter were conducted in the NASA Langley
Structural Dynamics Research Laboratory and vehicle
responses compared with and without isolation. The
ultimate objective ot' the program is to subjectively
evaluate pilot reactions during flight tests to
cabin isolation as compared with the less expensive
seat isolation.

RESEARCH HELICOPTER

The test vehicle fo: the active isolation
program is the XH-51N helicopter shown in Figure 1.
The XH-51N, described in Reference (13], is an
experimental helicopter employing a three-bladed
hingeless-rotor system. Early flight testing of
the military versions of the aircraft revealed
a severe vibration problem. This problem was
alleviated by incorporating a passive vibration
isolation system where the entire cabin of the
vehicle was separated from the fuselage and mounted
on & spring having a natural frequency at approxi-
mately 3 Hz.

During NASA flight testing the nonisolated
configuration was partially duplicated by locking
out the spring. Cabin vibrations versus airspeed
measured during these tests are shown in Figure 2.
Levels higher than 1g at 18 Hz, the blade passage
frequency, are encountered during transition from
hover to forward flight. The vibration level

decreases initially following transition but the
cortinuous increase in level with airspeed resulted
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in a 1limit of 110 knots at 0.7g altbough the design
top airspeed of the vehicle is in excess of 150
knots. Improvement war substantial in level flight
with the isolated cabin operating. This improve-
ment is indicated by data in Figure 3, where cabin
levels were almost negligible at 18 Hz, In maneu-
vers, however, the passive isolation system crea*es
& new problem. The cabin spring has a spring con-
stant of approximately 2100 N/em (1200 1bf/in. ),
this spring constant combines with a catin weight
of 2100 N tu give a resultant deflection rate of
2.54 cm per g (1 in./g). The limits of travel for
the spring are #C. 54 cm (%0.25 in.). As indicated
in Figure 4, the cabin spring apparently tegins
impacting on the stop at aboul C.25g resulting in
an increaced vibration level over level flight.

As the rormal acceleration is increased further,
the cabin spring bottoms solidly and the cabtin

and fuselege act as if rigidly connected with iso-
lation returning as the aircraft returns to level
flight. In addition, a second problem results

from coupling of the 3-H. spring resonance with
pilot control motions limiting the maximum airspeed
to about 130 knots because of a tendency toward
pilot-induced oscillations abeve this speed [1k].

Upon review of these problems, it was decided
that this vehicle provided a unique opportunity
for applying active isolation concepts with a
potential tbreefold benefit. First, the useful
speed range of the vehicle could possibly be
increased by almost 20 percent; second, active
isolation for helicopter environments could be
evaluated in a full-scale vehicle system; and
third, the general subjective problem of whether
pilot isolation alone, as compared to total cabin
isolation, will suffieis. :ly improve a pilot's
performance ard subjective reaction to a vehicle
could be studied.

SYSTEM DESIGN
Deslg. .oncept and Requirements

A sketch of the XH-51 helicopter showing the
isolated catbin mount configuration is shown in
Figure 5. Basically, the cabin is supported under
its center of gravity by a single vertical isolator
spring which 1s, in turn, mounted to a cantilevered
structure extending forward from the fuselage.
Pitch and lateral restraint are provided by hinged
straps at the back and bottom of the cabin. In
this study, two systems were developed: a cabin
isolator and a pilot's seat isolator. The approach
to actively isolating the cabin was simply to
replace the spring with a hydraulic servoactuator
operated by a hydraulic power supply and a con%rol
electronics package mounted inside the cabin. For
the seat isolation system, the criginal pilot seat
was modified to be supported by an actuator using
the same hydraulic and control circuitry as the
cabin isolator. Both systems were designed sov as
to fit in avallable space with minimum vehicle
modifications — a rather severe consiraint but
necessary because of costs of vehicle structural
modifications,

Design and fabrication of the active isolation
systems was performed by Barry Wright Corporation.
Complete design detalls ere contained in the con-
tractor repcrt [15]. As an sid to understanding
system operation, a brief overview of the design is
presented in the following sections. The system
deslgn was subject to the following specifications:

68

1. At least 30 percen. reduction of isolated-
mass vertical vibrations at the blade passage
frequency and at one or two additional frequencies
as necessary and feasible.

2. Insensitivity to rotor speed variation
up to 110 percent.

3. MNaximum vertical dynamic deflections
$0.63 cm (£1/4 in, ).

4, Zero static deflection during maneuver
accelerations up to 2-1/2g.

5. Fail-safe and flight-qualified design.

Loads to be isolated were 600 Xg (1320 lbm) for the
cabin and 175 Kg (385 lbm) for the seat out of

a total flight weight of approximately 1310 Kg
{4200 1lbm).

Servocontrol System

Servocontrol system design concepts were devel-
oped and checked out using a simple lumped-mass
analog computer mode) shown in Figure 6. One pitch
and four vertical degrees of freedom were included.
Masses and moment arms were chosen to yleld approx-
imate dynamic characteristics of the real vehicle,
This model exhibited cabin-vertical /fuselage-pitch
coupled resonance at abvout 1k.%5 Hz necessitating
the design of an isclation system which provided a
high degree of isolation at rotor input frequencies
but which remained essentially rigid at this reso-
nance, Simultaneously, the system bad to provide
isolation over a bandwidth equal to $10 percent of
the priuary input frequencies (e.g., 16.2 Hz to
19.8 Hz for the 18-Hz input to compensate for rotor
speed variastion). The use of a notch system {one
which isolates over very narrow frequency bands
only) was decided upon. The notches would track
(i.e., asutomatically change their nominal center
frequency) in order to compensate for rotor speed
variation. Two notches were used, one at 18 Hz and
one additional which could be set at either 36 Hz
or 6 Hz by making & minor electronics change.

A simplified block diagram of the isolator
control system developed to meet the design require-
ments 1s shown in Figure 7. The system consists
of a hydraullc servoactuator which is, in turn,
controlled by position and acceleration feedback.
The position loop has an wupper frequency cutoff of
3 Hz which enables it to maintain a preset static
position of the actuator but minimizes interference
with the acceleration control at higher frequencies.
The acceleration loop uses quadratic feedback con-
trol [10] whizh has very high gain when the accel-
erometer input frequency equals the notch frequency
with low gain at other frequencies.

In simplified form, the notch open-loop trans-
fer function for a single notch can be written as

2
™
% =2
Output = @
Tnput =~ ~

where Ky, 1is the product of all broad-band gains,
wy 1s the notch frequency, and ® 4is the input
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frequency. For this system, Ky, was designed to
be approximately 0.5 and the total closed-loop
response reduceg to approximately

2
1- 2
w,
Output .
Input 2
14033 -
n ’J)n

At frequencies well above and below wyn, the trans-
fer function 1s one. Bandwidth of operation is
cortrolled by both K and damping and was designed
to provide 90 percent isolation over approximately
1 percent of the notch center frequency.

Notch Frejquency Control

The frequency control systems shown in the
block diagram of Figure 7 contain two basic control
operations, One is a frequency tracking control
which varies the rotch center frequency as the
rotor tachometer frequency varies about the preset
notch frequency., The other is a phase-lock control
which compensates for tachometer inaccuracy. This
system senses the frequency difference by comparing
phase between the incoming accelercmeter signal and
the notch frequency and changes the notch frequency
as needed, The phase-lock system was designed to
be operational over a range of i3 percent of the
tachometer signal.

HARDWARE
Actuator Systems

Figure 8 shows the cabin actu o system. The
cabin actuator system is a compact 152-mm (6-in.)
long package containing the actuator, servovalve,
and control accelerometer, It fita directly in the
space allocated for the original apring with only
a few mounting bracket changes.

The seat actuator system, shown in Figure 9,
is more complex than that of the cabin. Since the
helicopter contained no structure or space for
mounting the actuator directly under the seat /pilot
center of gravity, it was neceasary to mount it at
the back of the seat (producing an undesirable but
unavoidable moment about the center of gravity).
The seat is mounted on four bearings which move
on fixed bearing rods attached to the seat support
structure., The actuator is similar to the cabin
actuator, It is mounted at the lower center of the
seat back and attached to the seat frame on one
side and the support structure on the other. The
control accelerometer 1s mounted to the seat frame
near the actuator. The actuator and accelerometer
are canted at a 1/6-rad (10° angle) resulting in
a small loss f vertical effectiveness.

Both actuators use unequal piston areas on the
top and bottim cf the piston to commensate for the
static load bring supported. The actuators are the
sole supporti.g link in the vertical direction.

Hydraulic Power Supply
The hydraulic system used to supply fluid flow

to the actuators i1s of simple basic design. An
engine-driven pump supplies up to 190 ml/sec (3 gpm)
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flow at 105 Kg/em® (1500 psi) from a reservolr
directly to the servoactuator with an accumulater
in the line. From the actuator, the fluid passes
through a 4.4-Xw (15 000 Btu/hr) fan-cooled heat
exchanger and then -eturns tc the reserveir.
Appropriate filters, temperature and pressure
sensors, and automatic shutoff valves are included
to insure fail-safe operation. A separate electri-
cally driven pump is available to replace the
engine-driven one in laboratory tests.

All components of the hydraulic power supply
system, with the excepticns of the pumps and the
heat exchanger, are located in a single package
behind the pilot's seat, as shown in Figure 10.
The flight pump is mounted on the engine, the
ground-test pump is separate of the helicopter,
and the heat exchanger is located in the trans-
mission compartment door. No attempt was made at
making the cabin-mounted hydraulics package com-
pact; and hence, it could be reduced in size if
necessary. Also, irtegration of the system into
the helicopter hydraulic system design would
further reduce space requirements.

Control Electronics

The control electronics circuitry consists
of seven plug-in circuit boards mounted in a
commercially available box. This package is
mounted on a shelf above the hydraulic power
supply components behind the pilot's seat, as
shown in Figure 10. It contains adjustable notch
frequency and gain controls on the front as well
as the actuator static position centrol. it also
contains a series of failure-mode indicator lights
which aid the operator in determining the cause
for any system fallure. As in the hydraulic sys-
tem, this package could be greatly reduced in size
if necessary.

Fail-Safe Design

In addition to hydraulic system monitoring
and shutoff devices to prevent clogged filters a:r -
pressure and “emperature overloads, the entire
control system and the actuators were designed to
be fail safe. The actuators contain steel dearings
which are normally held free of the actuator piston
by hydraulic pressure. If a pressure loss occurs,
they are pushed by springs into slots in the piston
to catch and hold it mechanically, A series of
logic circuits shuts down the system if preset
acceleration, velocity, or displacement levels a-e
exceeded. Finally, a remote shutoff switch is
provided at the pillot's station for emergency
purposes. All components were designed and tested
according to military specifications for flight
hardware.

Weight Considerations

The total welght of the hardware including
hydraulic fluid adds about 50 Xg (110 1bm) to the
flight weight. Much of this weight (16 Kg (351tm))
is in the seat mount modifications and could be
reduced with design effort. Also, excess weight
could be trimmed in the mounting hardware for the
hydraulics and control packages. If incorporated
in the initial design of a vehicle this size, it
is estimated that a similar active isolation sys-
tem would probably add no more than 27 Kg (60 lbm).
These weights do not inclde penalties associated
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with required changes in structure to accommodate
system (such as separating cabdbin from “uselage).

GROUND VIBRATION TESTS
Test Setup

In order to tune the isolation systems, verify
their stability for flight tests, and evaluate any
isolator/structural interaction problems, a series
of vibration tests were conducted in the lavoratory.
The systems were mounted in a stripped-down XH-51
fuselage, nc longer used for flight. Several
structural differences in this fuselage, as com-
pared to the flight vehicle, prevented exact dupli-
cation of the flight vehicle. However, it is
believed that this series of tests adequately
provided information necessary to allow safe flight
tests to be conducted.

The helicopter mounted in the test setup is
shown in Figure 11. The vehicle was elastically
suspended at the hub with a 1-Hz natural frequency
support system., A *13-mm ($1/2-in,) stroke hydrau-
lic shaker was attached to the rotor hud and
elastically ‘uspended separately from the helicop-
ter as show.. in Figure 12, Vertical accelerations
of the shaker mass were maintained to provide an
approximate constant forsce input. Two types of
sinusoidal input tests were conducted: discrete-
frequency tests in which the input frequency was
increared manually in incremental steps, ana con-
timous sweep tests in which a constant frequency
increase rate was automatically maintained. Verti-
cal and lateral motions of the vehicle were moni-
tored at 22 positions on the vehicle structure.

Missing components of the vehicle such as the
engine and tail rotor were replaced with ballast
weights. The seats were loaded with 18 Kg (40 lbm)
weights mounted on foam rubber such that a 4-Hz
natural frequency, O.3-damping factor system was
achieved. Full flight weight of the vehicle was
not simulated, however, since fuel and electronic
equipment weights wcre omitted.

DISCUSSION OF RESULTS

A summary of test configurations, conditions,
and Lypes is shown in Figure 13. Two types of
tests were conducted: discrete frequency and con-
tinuous sweep. Also, acceleration data were
recorded from the isolator control accelerometer
and from accelerometers mounted on the vehicle
struct .re. The entire vehicl~ response when an
isolat.r was in operation differed from that which
occurred with no isolstion. 1In order to include
the effects of vehicle dynamics, all data will ve
presented in terms of ratios of output acceleration
to shaker mass acceleration (referred to as trans-
fer functions) and in terms of ratios of isolated
! to nonisolated transfer functions (referred to as
' isolator pertormance).

Cabin Isolator Tests

- System Checkout on Analog Computer. Before
mounting the cabin isolation system on the helicep-
ter, performance of the control system design was
checked by the manufacturer using the analog com-
puter simulation of the vehicle (Fig. 6). Results
of these tests, which were discrete frequency tests,
are shown in Figure 14 for the 18-Hz isolation
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notch. 1solator performance is shown as a funct.on
of frequency for three operaticnal modes: (1) the
18-Hz fixed notch, (2) the 18-z phase-locked
notch, and (3) the 18-Hz tracking notch. 7The con-
trol system performed well, oroviding better than
98 percent isolation in all modes and tracking

+2 Fz in the track mode. The phase-locked system
effectively widened the bandwidth of the fixed
notch, increasing it by about a factor of 3 at

the 90-percent level.

Discrete-Frequency Laboratory Tests. A series .
of evaluation tests were conducted on the cabin
isolator installed in the vehicle in whick constant
shaker-acceleration, discrete-frequency steps were
input to the vehicle. For this serles of tests,
three fixed notches were studied: ¢, 18, and 36 iz.
Figure 15 shows jsolator performance for these
tests as monitored at the isolator control accel-
erometer. More than 90 percent isolatlon was
ottained at all notch frequencies.

Coniinuous-Sweep laboratory Tests. The
majority of the laboratory test data was obtained
in controlled, continuocus-sweep tests using 18 Hz
and 36 Hz notches only. Isolator performance was
measured on the cabin floor at the catin center
of gravity rather than at the control accelercmeter
in order to obtain more realistic performance
information. The transfer function of the cabin
is compared in Figure 16 for the 18-Hz and 3%-Hz
tracking notch modes and the nonisolation mode.
With no isolation, a rather ' ¢ amplirication
occurs at 18.0 Hz. This is ..ught to be due to
a cabin/fuselage relative pitch resonarce although
instrumentation was insufficient to definre it
exactly. This type mode was nct included in the
analytical model. With the isolator in operation,
however, a significant reduction ir vibration
occurs across the tracking band from approximately
17 to 19.5 Hz and the amplification peak is com-
pletely eliminated. A peak occurs at each end of
the tracking band as the tracking tachometer signal
is manually switched in and out of operation. This
represents an abnormal conditicn since in a heli-
copter the frequency varies up and down about the
nominal. Although the isolation system was
switched in at 16 Hz, it did not start operating
until 17 Hz were reached; and it continued to pro-
vide some isolation for 1 Hz uveyond the poiat at
which it was switched out. The frequency sweep
rate was a nominal 1/4 decade per minute or about
1 Hz every 2 seconds at this frequency.
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The 18 Hz tracking notch provided about
75 percent vibrution reduction at 18 Hz in this
test and 93 parcent at the 18.6-Hz peak. The
36-Hz notch, which was tracking from 32 Hz to 40 Hz, .
provided only 3T percent reduction at best, at
ahout 34 Hz and increased the vibration by a ractor
of 3 ovir the urisolaved case at about 38 Hz. This
was the best performance provided by the 36-Hz 1
notch in the continuous-siveep tests. The fixed
notch resulted in the same vibration as the non-
isolatea case at 36 Hz and the phase-locked nctch
could not be stabilized.

Tsolator performance for the verious modes of
operation in the sweep tests are compared for the
18-Hz notch in Iigure 17. The best performance,

93 percent reduction, 1s obtained with the tracking
notch whereas the phase-locked and fixed notches
provide A0 percent and T2 percent reduction,




respectively. However, peax reduction in all cases
occurs at 18.6 Hz, the amplification peak of Fig-
ure 16. At 18 Hz, the system is just becc ing
effective, whereas it had provided over ercent
reduction in discrete-frequency tests. . ompar-
ing results from the continuous-sweep tests with
the discrete-frequency tests, it appears that if
a notch type active isolation system must work at
some finite sweep rate, as it may in a helicopter,
continuous-sweep tests must be conducted to evalu-
ate its true performance.

Structural Considerations. In the laboratory
tests, some effort was made to determine the
effects of isolation of the cabin on the responses

, of the rest of the vehicle structure. Vehicle
vertical response along its length is shown in
Figure 18 for the 18-Hz isolated and nonisolated
conditions. The shaded symbols are the cabin
center-of-gravity responses. With the isolator
operating, response differs on the fuselage directly
under the cabin from that inside the cabin result-
ing in two data points at the same location. 1In
this test, about 75 percent reduction in cabin
center-of-gravity vibration was obtained. A penalty
for this isolation is paid, however, in that else-
where vibration amplificatior increases signifi-
cantly, particularly in the nose and along the tail
boom. In designing future active isclation systems
for flexible vehicles, care must be taken in select-
ing location and control points to prevent the
isoclator from shifting an overall vehicle resonance
to a hazardous frequency.

Figure 19 shows cabin floor vibrations when
the cabin is isolated at 18 and 36 Hz in fixed
frequency tests, Accelerations on the cabin floor
underneath the seats are compared to the cabin
center-of-gravity accelerations. These data and
the nose vibration data of Figure 18 indicate that
cabin floor flexibility decreases the effective
isolation considerably. Total cabin isolation
could possibly be improved by either using multiple
actuators cr using an averaging system with multiple
control accelerometers and electronic compensation
for cabin flexibility.

Seat Isolator Tests

Discrete-Frequency Tests. Performance of the
sent isolation system in the helicopter was evalu-
ated for three fixcd-notch frequencies — 6 Hz,

18 Hz, and 36 Hz — in discrete-frequency step tests

similar to those conducted on the cabin. Results

are presented in Figure 20 where isolator perform-

ance, as measured by the control accelerometer, is

shown as a function of frequency. Better than

- 93 percent isolation is obtained at 6 Hz and 18 Hz
and almost 98 percent was obtained at 36 Hz., Slight
amplification occurs before and after each notch.

As in the cabin tests, the seat was not com-
pletely free of all vibration because of lateral
and longitudinal vibrations caused by nonvertical
inputs at the floor. Also, the offset center of
gravity of the isolated mass resulted in a rocking
, motion about the seat attachment points.

Continuous-Sweep Tests. Continucus-sweep tests
were conducted on the seat in the vehicle to evalu-
ate notch frequency tracking controls. Only the
isolation notches at 18 Hz and 36 Hz were evaluated.
The acceleration transfer function of the seat at

1

the actuator attachment point i1s shown .n Figure 7]
for the tracking notch isolation and nonisolation
modes of operation. In the 18-Hz tracking (from
16 to 20 Hz) isclation mode, the amplification
peak 1s reduced by about 84 percent, not as much
as for the cabin. Across the bandwidth, average
reduction is about 80 percent. In the 36-Hz track-
ing notch mode, the isolator provided vetter than
90 percent isolation over most of the 32 to 40 Hz
band.

A comparison of isolator performance for the
three isolation modes at 18 Hz is shown in Fig-
ure 22, Unlike the cabin data, the best isolation
at 18 Hz is exhibited by the fixed notch. The
phase-lock and tracking notches increase the band-
width at the expense of some isolator effectiveness.
Although no data are shown, the fixed notch per-
formed well at 36 Hz providing a peak isolation
effectiveness of 95 percent. This indicates that
the seat system i1s somewhat less sensitive to
tracking rate than the cabin system, possibly
because of the smaller actuator size. As in the
cabin tests, the 36-Hz phase-lock notch could not
be stabilized with the seat mounted in the
helicopter.

CONCLUSIONS AND RECOMMENDATIONS

Narrow-band active isolation systems capable
of isolating either the pilot's seat or the entire
cabin ot a full-scale helicopter were tested.

These tests were conducted in the laboratory on
the systems mounted in the helicopter. The follow-
ing conclusions and recommendations resulted:

1. Active isolation techniques can effectively
reduce helicopter cabin response to rctor inputr
even near resonances. Narrow-band isclation sys-
tems which track input frejuency provide good
isolation for a varying rotor speed environment.

2. Active vibration isclation of a large
portion of a structure can significantly change
the vibration characteristics of the unisolated
portion. Development of any such actlve vibration
isolation system should include elastic response
studies of the entire vehicle.

3. Active isoclator performance can be seri-
ously degraded by isolated structure flexibility.
The use of multiple actuators or multiple control
accelerometers located over the isoclated structure
with electronic compensation for the structure
should be investigated to overcome this difficulty.

4, Contimuous-sweep tests must be used to
adequately describe the performance of an active
isoclation system which must operate in a changing
frequency enviroment.
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Figure 17. Cabin isolator performance for three
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DISCUSSION

ckergo: ; Whet conclusions,
if eny, did you drav concerning the ebility of the
pilot to function with relstive motion between
his torso end heed et his control stick and his
instruments?

Mr, Hanks: These were only the results of
ground tests. PFlight tests heve not been conduct-
ed yet, The isoletion system is being instelled
in the flight vehicle now and we hope by the
first of theyear to be eble to run these sub-
Jective tests with pilots.

tyte H
Whet smount of sdditional mass ere you introducing
to control either the vibretion of the cebin or
the whole creft? Cen you quote e percentege?

{ You meen the weight of the feole-
tion system itself?

:{ Yes, how do the edditionel
components compere es ¢ percentage of the mass of
the cebin, for example.

With respect to the maes of the
cebin it {s ebout ten percent. As I mentioned
eerlier, this is not necessery. Perheps the
weight could be cut fifty percent over whet we
did, not to mention volume, If it wes included in
the initiel design of ¢ helicopter so you could
take advsntege of hydreulic systems on the
helicopter, it could be cut down even further.

One thing thet i{s not included in thet estimate ie
the effect of cutting apert the cebin to begin with,
which edds weight, In this perticuler cese the
cebin wes elresdy cut epert so we didn’t edd

weight from thet, but it wes d{fferent from whet
would be {n e normal helicopter.
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A FULL-SCALE EXPERIMENTAL ST™UDY OF HELICOPTER ROTOR ISOLATION®

Robert Jones

Kamar: Aerospace Corporation
Bloomfield, Connecticut

Vibration Isolator (DAVI).

and fuselage.

The full-scale experiments were performed on a Xaman

UH-2 helicopter fuselage isolated from a simulated

rotor and transmission utilizing the Dynamic Antiresonant
Results of this cxperimental
study on a 6500-pound helicopter show that rotor iso-
lation is feasible. Excellent reduction of vibration
throughout the fuselage was obtained at the predominant
excitation frequency (n-per-rev). This was accomplished
with low static deflection, minimum weight penalty, and
small relative vibratory deflections between the rotor

INTRODUCTION

Through company and government
sponsored research, great advancements
have been made in rotary-wing analysis
and design. Even so, major vibration
problems still exist in present-day
helicopters. These vibration problems
not only increased the development time
of rotary-wing aircraft and are a source
of pilot fatigue, but in all probability
are the cause of lower rotary-wing
availability due to higher maintenance
and lower reliability.

The major source of these vibration
problems is the rotor induced shears and
moments. The nature of these shears and
moments is such as to produce an input
at the hub at a frequency that is an
integral multiple of the number of
blades in the rotor system. The pre-
dominant frequency of excitation is the
"nth" harmonic of an n-bladed rotor;
i.e., for a two-bladed helicopter, the
predominant frequency is two-per-rev.
These rotor-induced shears and moments
produce high-level, low frequency vi-
brati-n in the fuselage.

One approach to reduce rotary-wing
vibration levels is rotor isolation or
the isolation of the fuselage from the
rotor-induced shears and moments. Rotor
isolation is not new. Conventional
passive isolation is used in some
present-day helicopters to isolate the
in-plane shears. However, these soft
isolation systems cannot be used for
vertical isolation because of the large
static deflection and the excessive de-
flection encountered during maneuvers.
Research in rotor isolation has con-
tinued for many years. In the earlier
rublished research studies (Refs. 1, 2,
and 3) active systems were studied and
recommended for vertical isolation.

More recently, due to the increased
knowledge in the state of the art of
both active and passive vibration
systems, Eustis Directorate, Fort Eustis,
Virginia, sponsored research to deter-
mine the analytical feasibility of rotor
isolation. The results of this research
are reported in Refs. 4 and 5. In Ref.
5, passive rotor isolation was shown to
be analytically feasible utilizing the
Kaman Dynamic Antiresonant Vibration
Isolator (DAVI).

¥ This Research Program was conducted under Contract DAAJ02-68-C-0094, Eustis
Directorate, U. S. Army Air Mobility Research and Development Laboratory, Fort
Eustis, Virginia, and is reported in USAAVLABS Technical Report 71-17.
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The DAVI is a passive isolator
that provides a high degree of iscla-
tion at low frequency with very low
static deflection. At the antiresonance
of the DAVI, inertia forces cancel
spring forces, p:roducing nearly zero
transmissibility across the DAVI. The
antiresonant frequency is independent
of the isolated mass.

This paper discusses the results
obtained on an experimental feasibility
program of rotor isolation conducted on
a full-scale helicopter. This program
was conducted on & Kaman UH-2 helicopter
in which the fuselage was isolated from
the rotor by a DAVI isolation system.
The rotor and transmission were simula-
ted by an upper body with proper weight
and inertial characteristics.

DAVI BACKGROUND

The Dynamic Antiresonant Vibration
Isolator (DAVI) is a passive isolator
and is based on inertia coupling at the
tuned or antirescnant frequency of the
DAVI. Figure la shows a schematic of a
unidirectional DAVI. It is seen from
this schematic that a spring is attached
between the isolated weight and the base
as in a conventional isolator. The
inertia bar is attached to the isolated
weight by a pivot and attached to the
base by the non-isolated pivot. At the
antiresonant frequency, the inertia
force at the isolated pivot from the
inertia bar cancels forces from the
spring and pro“uces nearly 100 percent
isolation.

ISOLATED
WEIGHT

INERTIA

/ BAR

SPRING —Jg '
/ NON-

Figure 1b shows a schematic of a
three-dimensional DAVI. The 3D DAVI has
two inertia bars. The unidirectional
inertia bar works in the vertical di-
rection to provide vertical isolation.
The two-dimensional inertia bar works in
both the longitudinal and lateral di-
recticns and provides isolation in the

.~-plane directions of the sorings.
Thus, DAVI isvlation is obtained in all
three directions.

Because of inertial coupling, the
DAVI has several unique features that
cannot be achieved by conventional
passive isolaticn. These features are:

(1) Nearly 100 percent isolation
at the tuned frequency;

(2) 1Isolation at its tuned fre-
quency is independent of the
isolated mass; and

(3) Low frequency isclation with
low static deflection.

The feasibility of the DAVI has
been proven through several years of
company and Eustis Directorate, U.S.

Army Air Mobility Research and Develop-
ment Laboratory sponsorship. Refs. 6,

7, and 8 show the results of this re-
search. This research included analysis,
laboratory testing and flight testing of
a DAVI isolated platform.

TWE DIMENSIONAL
INLATIA DAR

Ouirul
l'l'lnhulln'[
FLa

—

srmea F N
J
|
|

WPRING

BENDIX

FvuTS SPRING

'
?
1

NONA
\W
INPUT o

[
ATTACHMENT - UMILIHECIIONAY
PLATE INLH1IA BAR

[ /Base | 1sorateD
[ PIVOT
ISOLATED
PIVOT
(a) Unidirectional
Figure 1.

[T

(b} Three~Dimensional

Schematic of the DAVI

78

.

TR AR T Bk B AR . i o O




——— e i

A4

e

[ =

Figure 2 shows typical DAVI trans-
missibility curves as compared to a
conventional! isolator. These results
show that the isolated mass did not
affect the antiresonant frequency of the
DAVI at 10 Hertz and that excellent iso-~
lation is obtained. Furthermore, when
comparing the 150-pound conventional
isolatio system with the 150-pound DAVI
isolation system, the conventional
system is essentially in resonance at
the anti:‘esonant frequency of the DAVI.
The spring rates of both systems are
identical. The natural frequency of the
150-round DAVI system is much lower than
the conventional system natural fre-
quency because the effective mass of the
inertia bar (much greater than its
actual mass) adds to the 1solated mass
and reduces the natural frequencv of
the syster.

Sinc 1e helicopter is an essen=-
tially con: .ant frequency vehicle, the
DAVI, because of its low static deflec-
tion and antiresonant characteristics
is an ideal isolator for rotor iscla-
tion. Therefore, a full scale experi-
mental program to determine the
feasibility of rotor isolation using
the DAVI was initiated.

" L SCALE EXPERIMENTAL ROTOR ISOLATION
Design

A full-scale experimental rotor
irnlation program was conducted on a
Uu=-2 helicopter at a gross weight of
6500 pounds, modified to incorpcrate a
four point three-dimensional DAVI iso-
lation systew. The rotor and trans-
mission were simulated by appropriate
weight and inertial characteristics.

Figure ? shows a three-view
drawing of the three-dimensional DAVI.
The unidirectional inertia bar couples
with motion along the vertical axis of
the preloaded vertical springs and
utilizes rod end bearirygs as the hinge
for the rotor or input pivot. The
fuselage or isolaied wivot of the uni-
diractional inerties ,ar s a spherical
bearing. For moti.us of this uni-
directional inertia bar, the weight of
the two-dimens onal inertia ber adds to
the isolated "reight cr fuselage.

The: two-dimensional inertia bar
ccuples with the in-plane moticns of
the spring anu utilizes spherical
bearings for bnti the fuselage or iso-
lated ard rotor cr input pivots, The
rotor or .nput pivrt of the two-
dimensional inertia bar and the fuselage
or isolated pivot o€ che unidirectional
inertia bar is a common wpivot. For
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wotions of the two-dimensional incrtia
bar, the weight of the unidivrectional
bar adds to the rotor weight.

To reduce internal coupling in the
DAVI, tihe fuselage or isolated nivot of
the unidirectional inertia bhar is on the
vertical elastic axis of the sprina
system an® the isolated pivot of tae
two-dimensional inertia bar is on the
in-plane elastic axis of the spring
system.

Table I gives the physical param-
etric of the individual DAVIs used in
this program.

w5 different weights of tne in-
plane ‘nertia bar are required, since the
DAVIs vere dec:dgned rfor a range of anti-
resonance fraquencies from 9 to 22 Hertz.
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TABLE 1I.

Three-View of the Three-Dimensional DAVI

PHYSICAI, PARAMETERS OF DAVI

Spring Rate (Lb/In.)

Pivot Distance

V

Inerctia Bar Weight (Lb)

Wertical [In-Plane

r (In.)

Vertical In-Plane

15,780 17,480

2

17.5 14.0; 17.5

To determine the proper position and
weight for the movable weight of the
inertia bars for the full-scale tecting,
the DAVIs were individually tested to
determine the antiresonance frequency
from 9 to 22 Hertz. Figure 4 gives the
results of this testing. It is seen
from these results that one DAVI in-
ertia bar weight of 17.5 pounds can be
use. for the unidirectional inertia bar.
Cepending upon the antiresonance fre-
quency desired, either 17.5 pounds or
14.0 pounds must be used on the two-
dimensional inertia bar.

The upper body of the test vehicle

was a simulation of the rotor and trans-
mission weight and inertia of a 6500-

,.1 ri'

80

pound helicopter. Figure 5 shows a

plan and profile view of the simulated
rotor and transmission. Included as
part of the upper body was the electro-
magnetic shaker used for the excitation.
The two reasons for including the

shaker in the upper Lody were that the
shaker weighed 760 pounds and was a
major part of the weight of the upper
body and it was not necessary to con-
struct a large test structure to support
the shaker. Because of the weight of the
shaker and the fact that the shaker must
be rotated to obtain the proper direc-
tion of excitation, a simple design was
incorporated in the upper body to float
the 760 pound shaker on a cushion of air
for in-plane rotation. This design
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allowed one man to rotate the shaker 90
degrees with no major disassembly re-
quired.
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Variation in Antiresonant
Frequency With Position of
Inertia Bar Weight

Figure 4.

The fuselage was then suspended
from the simulated rotor and trans-
mission by the three-dimensional DAVI
isolation system as shown in Figure 6.
Figure 6 also shows the location of the
instrumentation. The test vehicle was
instrumented with ten accelerometers,
three of which were located at approxi-
mately the center of gravity of the
helicopter to pick up the vertical,
lateral and longitudinal accelerations.
Three accelerometers were located at
station 400 to pick up the vertical,
lateral and lecagitudinal accelerations.
Three accelerometerc were located at
station 50 to pick up the vertical,
lateral and longitudinal accelerations.
One accelerometer was located at
approximately the hub waterline and
station to record the upper body
acceleration in the direction of ex-
citation.

PLAN VIEW

PROFILE VIEW

Figure 5.
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Twelve linear potentiometers were
located across the three-dimensional
DAVI mounts. Three potentiometers were
used at esach mount to measure relative
deflection between the upper body {(rotor
and transmission) and the fuselage in
the vertical, lateral and longitudinal
directions. A force transducer was in-
stalled between the shaker armature and
the reaction beam to measure the force
output of the electromagnetic shaker.

Test Set-Up and Procedure

The Kaman static test bay was used
as the facility to conduct the full-
scale experimental tests for rotor
isolation. To simulate free-flight
conditions, the simulated rotor and
trw..mission was suspended from a 10-
ton hoist by a soft bungee chord system.
The natural frequencies were low as com-
pared to the excitation frequencies of
interest, and therefore, the DAVI iso-
lated aircraft simulated free flight.
Figure 7 is a schematic of the suspen-
sion system.

Since the electromagnetic shaker is
part of the upper body weight, a system
was designed to react all of the shaker

82

Accelerometer Locations

excitation forces through tension in
standard straps. This system is also
shown schematically in Figure 7. The
straps run from load reaction beams on
the static test frame to smaller re-
action beams to which the shaker arma-
ture attaches. The reaction straps are
tensioned by commercial turnbuckles, and
the straps are never allowed to be in
compression.

The weight of the small reaction
beams is relieved by cable suspension
from the frame overhead structure. For
vertical excitation, the shaker armature
is connected to the vertical reaction
beam; for lateral excitation, the shaker
is pivoted about its lateral axis and
connected to the lateral reaction beam;
for fore and aft excitation, the shaker
is rotated 90 degrees using the air sus-
pension system and is connected to the
fore and aft reaction beam.

Figure 8 shows the test vehicle in
the static test bay area.
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Figure 7. Schematic of the Suspension
and Reaction System

Figure 8. Test Vehicle in the Stati. Test Bay
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Tests were conducted for three
directions of vibratory input at the
hub on the non-isolated vehicle and then
for the isolated vehicle. Tests on the
isolated helicopter were conducted tor
two-bladed, three-bladed, and four-
bladed rotor configurations. These
rotor configurations were simulated by
proper tuning of the DAVI isolation
system to the predominant excitation
frequency of the rotor system.

The tests were first conducted on
the non-isolated vehicle to obtain a
base for comparison of results on the
isolated vehicle and also to determine
a force level in at least one direction
of excitation sufficient to produce a
minimum of +0.2 g level of acceleration
at either the nose (station 59) or the
c.g. (station 170) of the helicopter.
It was determined thkat a longitudinal
excitation force level of +250 pounds
was sufficient to produce the desired
acceleration levels at 14.7 Hertz (n/rev
of the three-bladed configuration and at
19.8 Hertz (n/rev of the four-bladed
configuration). However, at 10.8 Hertz
(n/rev of the two-bladed configuration),
an excitation force of +500 pounds was
required to produce the desired accel-
eration levels; therefore, two series
of non-isolated tests were run: one
series up to 45 Hertz at +250 pounds for
the three- and four-bladed configura-
tions and one series up to 25 Hertz at
+500 pounds for the two-bladed configu-
ration.

Using the excitation force level of
+250 pounds, a frequency survey was made
on the non-isolated vehicle from 5 Hertz
to 45 Hertz in approximately l-Hertz in-
crements. At the predominant excitation
frequencies of 1/rev, n/rev, and 2n/rev
and natural frequencies, data at smaller
increments were taken. The force level
was reduced at frequencies where ex-
cessive vibration occurred such as at
the natural frequencies. However, for
plottine purposes, the data were cor-
rected to a +250-pound excitation force
assuming a linear structure and re-
sponse. This procedure was followed for
the +500-pound excitation force except
that the vibration survey was made from
5 Hertz to 25 Hertz.

For the isolated vehicle, the DAVI
was tuned to the appropriate n/rev fre-
quency, and a vibration survey was made
with the same force level. For the
four-bladed configuration, the survey
was made from 5 Hertz to 45 Hertz; for
the three-bladed configuration, the

survey was made from 5 Hartz to 35 Hertz;

and for the two-bladed configuration,
the survey was made from 5 Hertz to 25
Hertz.

P ‘“? i

Fath

Test Results

Figures 9, 10 and 11 show typical
time histories of the resvonses obtained
in these tests at the tuned frequency of
the DAVI. These figures are the results
for the tests made for the simulated
three-bladed rotor in which the DAVIs
were tuned to 14.7 Hertz.

Figures 9 and 10 show the results
for the vertical and longitudinal di-
rections of excitation at the hub. In
comparing the results obtained for the
non-isolated vehicle to the DAVI isola-
ted vehicle, excellent reduction in
vibration is obtained. It is seen that
the vibration levels throughout the DAVI
isolated fuselage have been reduced. It
should be further noted that in Figure
10, a greater magnitude of longitudinal
force was used in the DAVI isolation
test than in the non-isolated test, so
that a greater reduction in vibration
level was achieved than is indicated by
these responses. It is also seen in
these figures that the hub response,
although not isolated, is less for the
DAVI isolated system than for the non-
isolated system.
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Figure 9. Time History for Vertical
Excitation at Tned Fre-
quency of the DAVI
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Excitation at Tuned
Frequency of the DAVI

Figure 11 shows the responses
obtained for the lateral direction of
excitation. The reduction in vibration
in this direction for the DAVI isolated
system was not as great as in the other
directions of excitation. However, in
this direction, vibration levels were
low for both the non-isolated and the
isolated helicopters. Even at these
low vibration levels, isolation was
achieved at most locations of the
fuselage.

Figure 12 shows the bandwidth ob-
tained over a frequency range from 14
Hertz to 16 Hertz. The solid lines and
dashed lines show the response of the
non-isolated and DAVI isolated configu-
ration, respectively. These results
are for the same magnitude of excitation
force at the hub and show the vertical
response for a vertical excitation, the
lateral response for a lateral excita-
tion and the fore and aft response for
a fore and aft excitation. Excellent
vibration mitigation was obtained
throughout the fuselage and over the
entire frequency bandwidth.

Table II shows the average re-
;ponses of the non-isolated and isolated
vehicle at the predominant N/rev of all
configurations tested for the nine
transducer locations on the fuselage.
The average responses were obtained for
three levels of vibration on the non-
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isolated helicopter; less than +0.05g,
between +0.05g and +0.10g, and greater
than +0.T0g. It is"seen from this table
that for all levels of vibration, a re-
duction of vibration occurred for tne
isolated cases. The isolation system
was the most effective at the highest
response range for which the lowest
transmissibility was obtained. 1In com-
paring the average results of the high
response range of the non-isolated heli-
copter to the isolated helicopter for
all directions of excitation, it is seen
that for the three- and four-bladed con-
figurations, essentially 80 percent
isolation was obtained. For the two-
bladed rotor configuration, over 50
percent isolation was obtained.

The DAVI system was designed very
stiff and the static deflection was less
than 0.10 inch. The natural frequencies
of the system were all betweenr one-per-
rev of the rotor and n-per-rev of the
configuration being tested. Therefore
little or no amplification occurred at
the one-per-rev excitation. Also,
because the DAVI system was stiff, the
relative deflection between the upper
body and lower body was small.

Table III shows the relative de-
flection obtained in the isolation
system for the three rotor configurations
tested. The largest relative deflection
for the vertical and longitudinal
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TABLE 11, RANGE OF RESPONSES AT THE PREDOMINANT ROTOR EXCITATION N/REV
Vertical Excitation
4-Bladed Rotor 3-Bladed Rotor 2-Bladed Rotor
Avg Response Avg Response Avg Response
(+q) (+q) (+g)

[Response

Rgnge Non~- Non- Non-

(=9} N*  Iso Iso  T¢ N* Iso 180 T N¢ Iso Iso T
<,05 0 - - - 0 - = - 3 .026 .025 .95
.,05-.10 3 0773 .016 .21 3 .086 .019 .22 5 .0596 .0404 .68
>.10 6 .253 .022 .09 6 .335 .040 .12 1 .152 064 .42

Longitudinal Excitation
<.05 3 .0327 .02 .61 0 - = c 3 .039 023 .60
.05-.10 0 - - - 2 068 .0385 .57 2 061 .030 .50
>,10 6 .1948 .0418 .21 7 L4889 .0993 .20 4 .262 137 .52
lLateral Excitation
<.05 1 .029 010 .34 3 .02 .021 1.05 4 .026 .019 .731
.05-.10 7 .0601 .035 .58 4 .0803 .0507 .A3 3 .0827 .068 .82
>.10 1 .161 .064 .40 2 .1865 .1335 .71 2 1165 .026 .22
All Directions of Excitation
>.10 13 L2191  .N344 .16 15 .3870 .0801 .21 7 2047 .0949 .46
*N - Number of recordings of nonisolated response in each response range listed
in column one. (Total number of recording cannot exceed nine.)
¢T - Transmissibility; ratio isolated/nonisolated resvonse.

EXCITATION FREQUENCY

TABLE III. VERTICAL RELATIVE DEFLECTION IN THE DAVI

ISOLATION SYSTEM FOR THE PREDOMINANT

Vertical Excitation

DAVI Location

Relative Deflection (tin.)

4-Bladed Rotor

3-Bladed Rotor

2-Bladed Rotor

Left Fwd .0068 .0121 .0171
Right Fwd .0083 .0162 .0094
Right Aft .0006 .0106 .0212

eft Aft .0077 .0156 . 0040

Longitudinal Excitation

Left Fwd .0072 .0156 .0125
Right Fwd .0042 . 0131 .0320
Right Aft .0006 .0078 .0264
Left Aft . 0040 .0210 0026

Lateral Excitation

Left Fwd .0150 .0120 . 0081
Right Fwd .0110 .0076 0069
E}ght Aft . 0084 .0046 .0036
Left Aft .0114 .0056 ,0034
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directions of excitation were +.0212
inch and +.0320 inch, respectively.
These deflections are well within the
design limits of present-day couplings.

Weight

The objective of this program was
to demonstrate the feasibility of rotor
isolation using the DAVI concept. For
this test program, a three-dimensional
DAVI isolation system incorporating four
DAVIS of a single si-.e suitable for in-
stallation in either a 6500-pound or
10,000-pound h=licopter was designed.
Isolator parameters were not optimized
for either gross weight or any one rotor
configuration. Consequently, optimiza-
tion for performance or minimum weight
was not attempted.

The four DAVIs used in this program
neglecting the weight of the movable
weights on the inertia bar rods, weighed
a total of 136 pounds or 1l.36 percent of
the gross weight of a 10,000-pound heli-
copter. For the four-bladed configura-
tion tested, the weight of the movable
weights on the inertia bar rods of each
DAVI was a total of 17.5 pounds. Thus,
the total system weighed 2.06 percent of
the gross weight of a 10,000-pound heli-
copter. Therefore, for a 10,000-pound
helicopter with design refinements can
be design2d for less than 2 percent of
the gross weight.

CONCLUSIONS

This full-scale experimental study
haz demonstrated that rotor isolation
is feasible using the passive DAVI
isolation system.

1. Rotor isolation with the Kaman
DAVI is feasible.

2, Vibration levels at the n-per-
rev excitation frequency can be reduced
to one-fifth to one-tenth the present
values encountered.

3. Rotor isolation is ifeasible
with 0.10-inch or less static deflection
in the helicopter isolation system.

4. Rotor isolation can be achieved
with a very stiff system without ad-
versely affecting the one-per-rev
characteristics.

5. Reduction of vibration can be
achieved throughout the complete fuse-
lage structure.

6. A rotor isolation system can
be designed for 2 percent or less of the
gross weight and with normal structural

stiffness design.

7. The natural frequencies of the
system can be designed to be above one-
per-rev, and therefore the possibility
of mechanical instability occurring in
flight is eliminated.

8. The vibratory relative deflec-
tion within the isolation system is
small and within the conventional coup-
ling and shaft design limitations now
in use.

9. Rotor isolation will not
necessarily increase the vibratory
levels on the upper body or rotor.
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DISCUSSION

Mr, Allen (Lord Kinemetics): Do you heve eny
feeling es to whether the energy in the hub ia

going to increese? 1Is it going to be effected
by the isoletion system?

Mr, Jones: Its going to be effected, Whether
it's going to te adversely or beneficielly
effected is difficult to enswer. 1lf 1 do e
rigid body anelysis on the system, there is no
doubt thet I will get increesed hudb motions
over ¢ non-isoleted vehicle. However, if we
involve structurel dynamics of the system,

end thet is whet we hed here, we get less hubd
motion in some erees and greeter motic in
others. 1 personelly don't think the! .t's
going to be e detrimentel effect beceu : many
helicopters todey use rotor isoletion, Bell
Helicopter, for exemple, elways isolete theirs
for in-plene, so they heve a lot of hub motion.
We can't sey that their heliropters ere poor
from the aapect of having rotor i{soletion end
low hub impedence in the in-plene diraction.

Mr. Henks {(NASA Lengley Reseerch Center):

Whet wes the resonent frequency of the reection
beams thet you drove your sheker egainst?

Mr, Jones: 1 reelly cen't enswer thet. They
didn't seem to sffect the results. I will say
thet meny times the building seemed to be '
sheking quite e bit, if you went to look at
thet aspect.

Mr, Henks: I wss just wondering if they might
be considered something like @& rotor mess also.

Mr, Jones: Of course, we were meesuring the
force between the reection system end whet wes
being introduced to the system end we were
correcting from thul force., Hsving measured
the force, I think we should be getting the
correct impedence.
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DECOUPLING THE THREE TRANSLATIONAL MODES FKOM THE THREE ROTATIONAL MODES OF A
RIGID BODY SUPPORTED BY "OUR CORNER-LOCATED ISOLATORS

Thomas F. Derby

BARRY DIVISION
Barry Wright Corporation
v Watertowr,, Massachusetts

This paper presents the condition for decoupling translation ¢
from rotation for a configuration in which the isolators are
located at the corners of @ rectaayle in a horizontal plane.
The center of gravity of the equipment is located arbitrarily
with respect to the center of the rectangular pattern of the
isolators, A computer prcgram is | :sented that obtains
the orientation of the isclators r.ecessary for decoupling as
well as the decoupled naturai frequencies. For the special
case where the C.G. is above the center »f the isolator's
rectangular pattern, the same results are presented graphi-
cally by a wide range of parameter values.

NOMENCLATURE
Scalers f (1 =1 to 3) = natural frequency in
X direction
A = a/c 1
A—
£, = v4ka/m /2m = fictitious natural |
a = distance (See Figure 1) frequency of the mass on four
1solators in the axial directior )
B = b/c ka = axial stiffness of an isolator
b = distance (See Figure 1) kr = radial stiffness of an isolator i
. Cwi, CO 0 by = Cosine of Oy 91, and Yy m = mass of rigid body
respectively
¥ ¢ = distance (See Figure 1) p = ¢ 1stant of proportionality between
{ damping and stiffness matrices
D = d/c Sl (1=1tole) = (56 )mauons (See Eqs. 52 to
) d = distance (See Figure 1) S“’i' Sel, S), = Sine of 0y 91, and Y

respectively
e/c Ty Ty = tangent of @ and ¥, respectively

ko ok o JISYC R
[37]
]

e = distance (See Figure 1) 7y (1=1to4d) =angles (Lee Figure 1)
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g 5“‘}‘.9- o #
vy gl ,‘é i =

yi(i =1 to4) when all angles ars
squal

9 (1 =1 to 4) = angles (See Figure 3)

91“ ~ 1 to 4) = angles (See Figure 1)

8 = 61(1 = 1 to 4) when all angles are
equal
5 Fl
v (fn/fa)

g = ka/kr
natural frequency (rad/sec)

anf, (rad/sec)

Vectors and Matrices

{} =

3 x 1 column vector

1 = 3x3 matrix

—

1, = ma'rix pertaining to ith isolator

L3
%
—

[---- = partitioned matrix having 3 x 3
submatrices

(17 = transpose of matrix

Y

{17 = inverse of matrix

{0] = null matrix (all the elements are zero)

(Al = 1/4k[K] (See Eq. 74)

{C]l, = inertial frame axis damping matrix

)

for 1th 1solator

[c]1 = principal axis damping matrix for {th
isolator

{F}] = externally anplied force

[1I] = mass moment of inertia matrix

Xl = = (k]

"

inertial frame axis stiffness matrix
for 1™ 1solator

Ek]1 =  principle axis stiffness matrix for
1th isolator
{in] =  mass matr'x
. -
(P = (R [c],

Q. = Z (R}, (K

' 1 =
Q] = ?k—'-kj- (Ql
a
(R] { ™ skew symmetric matrix corresponding
to [r}1
() { ™ Position vector of the 1P tsolator
{T] = externally applied torques
(U} =  unit matrix
T
vl = E[R]1 ey, [R]1
(w] = TR, [K), (R)T
e TR ek |
{x} = inerttal frame coordinates; displace-
ment vector of C.G. of the mass
{y} = displacement vector of supporting
structure
[a} = rotation vector for small motions
about the C.G. of the mass
{8} = rotation vector for small motions of
the supporting structure
{6]1 = displacement vector of the P
isolator
[5}1 = principle axis coordinates for the {th
isolator
[)\11 =  transformation matrix of the {th
{solator

INTRODUCTION AND SUMMARY

Inclined isolators have been used for
many years to decouple translational from rota~
tional motions of a pilece of equipment supported
by isolators. However, there are only two
configurations adequately presented in the
literature. In one configuration, decoupling is
accomplished in a plane where the isolators are
symmetrically located on each side of the center
of gravity. In this situation only two of the
translational motions are decoupled. In the
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other configuration, the isolators are located
symmetrically about a ring and the center of
gravity of the equipment i{s assumed to be above
the center of the ring. For these two configura-
tions, the conditions necessary for decoupling
as well as the decoupled natural frequencies are
given in Reference 1. This paper presents the
conditions for decoupling translation from rota-
tion for a confiyuration in which the {solators
are located at the corners of a rectangle in a
horizontal plane, The center of gravity of the
equipment is located arbitrarily with respect to
the center of the rectangular pattern of the
isolators (See Figure 1l).

b
__{,‘i_q.T I

SECTION A-A

Figure l: Schematic diagram showing isolato:
configuration

In the first part of the paper, the matrix formu-
lation of the equations of motion are derived,
By inspection of the matrix equations, it is
quite apparent what the conditions for decou-~
pling are. In order to simplify the decoupling
cor.ditions, it is assumed that the damping
matrix is p..nortiun2l to the stiffness matrix,
This {s a fa.:ly common method used to repre-
sent damping, however, it is p2intad out that
it is probably not & very realistic representatior
of damping for elastomeric isolators, From the
matrix formulation, a set of eight simultaneous
scaler equations are derived as the conditions
for decoupling translation from rotation, These
equations, written in terms of each !solator's
location with ruspect to the C.G., and {*s three
principal stiffnesses, are general and apply to

any number of different {solators {n any arbitra-
ry configuration.

The eight equations to be satisfied for
decoupling are written for the particular configu-
ration shown in Figure 1, For this situation it
is also assumed that each cf the four i{solators
has identical stiffness properties ana that the
two radial stiffnesses of an isolator are equal
(i.e., when the {solator is not inclined its two
horizontal stiffnesses a.e both equal to the
radial stiffness k. and its vertical stiffness is
equal to the axial stiffness ka). The equations
for the decoupling condition are written {n terms
of the parameters a/b, c/b, d/a, e/b,
ka/kr: Yy, Ye. Y3, 7‘: el: e'r 93: 9.,.

The assumption of having identical isolators is
based on the fact that it {s easier to obtain
identical isolators of given properties than it is
to specify precisely what the properties of each
isulator must be, The assumption of equal
radial stiffnesses was made for two reasons:

(1) to reduce the number of parameters in the
study, and (2) It {s quite common in practice.
For a given geometry (i.e. a/b, c¢/b, d/a,
and e/b) and a given stiffness ratio ka/kr' the

eight equations are solved for the eight angles
(l.e. ¥y and 6 for each isolator). The angles
¥ and @ are essentially the Euler angles rep-
resenting the orientation of the isolator. The
third Euler angle {s not necessary due to the
assumption of having equal radial stiffnesses.
S’nce the equations to be solved are a set of
elgh* simultaneous transcendental equations,
they .re solved by digital co.1puter using the
Newton~-Raphson method.

The computer program written in FORTRAN
1V for General Electric Time Sharing Service, is
presented along with a description of how to use
it. Some results obtained from this program are
presented in tabular form., Due to the large
numbers of parameters, a complete graphical
presentation covering reasonable ranges of ali
the parameters was beyond the scope of this
paper. Besides determining the eigh* angles,
the program also computes the three translation-
al naturzl frequencies and their mode shapes,

It is pointed out that the translational modes are
decoupled from the rotational but not frem each
otner,

Finally, it is assumed that the C.G. is
located above the center of the rectangular
pattern of the isolators (i.e. d=e =0), For
this configuration the assumption that all the
¥'s are equal and all the 0's are equal, results
in reducing the eight equations to two equations
and the number of parameters is reduced to five
(i.e. a/b, c/b, ka/%r, ¥, and 8). A
complate graphical presentation {8 made for this
situation including the three translational
natural frequencies which are decoupled from
each other as well as from the rotational
frequencles.
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MATRIX FORMULATION OF EQUATIONS OF
MOTION

This section derives the equation of
motion for a rigid body supported by isolators.
The geometrical relationship of a single isolator
to the center of mass of the rigid body is shown
in Figure 2. The isolator is shown as a cylinder
and it is assumed that the top surface is
attachad to the rigid body and the bottom %o a
supporting structure, It is assumed that the
isolator is represented by three mutually per-
pendicular sets of a linear spring and viscoyus
damper in parallel so that a ctiffness and camp-
ing matrix in relation to the isolator's coordii-
nates can be written as

(ky 0 0

k), =[0 ke © (1)
L0 0 kalj
I'c; 0 017

[c]1= 0 o 0 (2)
L0 0 ocalg

The subscript i stands for the ith isolator.
In order to represent the isolator stiffness and
damping matrices in the inertial frame coordi-
nates, these matrices are transformed using
the transformation matrix relating the two co-
ordinate systems (Ref, 2)

N1 Ne A3
[X]1= ) PERD PP PR (3)
Ay Aag hai

where an element XA,, is the cosine of the
angle between x a“d £.. The transformed
stiffness and dan%plng matrices are

(K], = ), &k 0 (4)

[cl,= A, tel, 11T (5)

The position vector of the 1th isolator's center
of elasticity is given in terms of inertial frame
coordinates as

n
(r]1 =i {6)

r;l

Figure 2: Relation of isolator to the
inertial frame coordinates

~1d has a corresponding skew symmetric matrix
aciined as

0 he] I
[R]1 =lm 0 -n n
-ra n 0 {

The isolator deflection for small motions is
related to the rigid body motion and supporting
structure motion according to

{8} = {xt -{y} -CR] (fa} - B)) (®)

Where {x] and {y} are vectors representing
translation of the rigid body and supporting
structure, respectively, and {@} and ‘B are
vectors representing small rotations or the
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rigid body and supporting structure, respective-
ly,

Letting {F} and {T} represent an
externally applied force and torque, respective-
ly, the rigid body equations of niotion can be
written as

tmlti= T [-m1 (8}, - ¢}, [%]1]+ (F)

. n - .
(1@} = I LRJI{-U()iio}l-Ecllto}i} +{T)
(10)

1 dot over a variable indicates the first deriva-
tive with respect to time and two dots indicate
the second derivative. The mass matrix is
defined as

m 0 0
im] =10 m 0 (11)

where m is the mass of the rigid body and the
inertia matrix is defined as

Ly ha La
I =lly Lo La (12)
In Iys L

where I;; are the moments and products of
inertia of the rigid body. The summation is
taken over all the isolators where the total
number of isolators is n.

Since the vector {8] depends on both
{x} and {a}, Eqs. (9) and (10) are coupled,
These two equations can be written in par-
titioned matrix form. Noting that

(cf] = e, (13)
kT = k], (14)
®RT = -(R] (15)

and using the following definitions

n
tc] 4 1 (c], (16)

+

+

SIS (17)
=1
w1 & T rigcl, 18)
i=
z
-
(@1 =® 2, (R, (K], (19)
tv1 @ I (x),Ccl, (Y (20)
At e
n
w1 @ £ w), ), (R (21)
i=

the equations of motion (Fgs. (9) and (10) can
be written in partitioned matrix form as follows

’L__iim] Im . LQJ-_E_&JT] (xl
cotitnd ) || [teaivd ) |
LE]__[_Q]T] . Lcj__[_g]T] [52.]
[Q1: (w] J|{a} SHEIROL
Llsl_LQJ‘“Lzl it )
Q1 Wl i

Eq. (22) is a ganeral equation of motion for a
rigid body supported by linear isolators and
subjected to supporting structure motion and
externally applied forces and moments.

CONDITIONS FOR DECOUPLING TRANSLATION
FROM ROTATION

Referring to Eq. (22), if the matrices
(p] =[Q] =(0] (23)
then all of the off-diagonal matrices of tiic
partitioned matrices are null matrices. In

this case, Eq. (22) can be written as two
independent matrix equations as follows

(m1G}+CCIx}+(k1{x)} =(CIy}+ K2y} +{F}
(24)

(1(63+LVI{B} +{W1(8} = V(B +[WI(B}+(T}
(25)

s il I'E,» S Wiy oAt A A 4. e




A translation of the supporting structure, {y},
or a force acting through the center of mass,
{F}, causes translation, {x}, but no rotation
e}, of the rigid bcdy. A rotation of the sup-
porting structure, {8}, or a torque acting on
the rigid body, [T}, causes rotation but no
trans)ation of the rigid body. Also, during free
vibra.ion, the translational motions x; , :3 ,
and X, occur independently of the rotational
motions a;, a3, and «a.,

If, for each isolator, the damping matrix
can be expressed as

'Cc]1 =pf.)<'J1 (26)

where p 1is a given constant for all the
isolators, then

[c] =plK] 27
and

[pl=p(Q] (28)

In any case, if Eq. (28) is satisfled, the condi-
tior for decouplin, translation from rotation is

(0} = T _[R)x), = L0} (29)

Performing the matrix multiplication results in

Ks: -rsKe: nKss ~naKes raKes -n3Kas

n
Y InKi -nKea bKis -nks nkKs -nKea f={0)]

1:
nkKey -naKiy nkea ~rpKis nKey ‘&KI.:I.L
(30)

Note that Qi + Qza + Qas =0 since K11
= K“. Therefore, there are only eight indepen-

dent equations to be satisfied. Eq. (30) was
derived as the condition for decoupling under
the assumption that the damping matrix is
proportional to the stiffness matrix. In general,
a set of second order differential equations can
be written as

[M] {2} +[Cl{z} +[K) {2} ={f) @31

Assuming Eq. (27) applies, this set of equations
can be decoupled and written as a set of in-

5 dependent equations in terms of normal coordi-
nates. The form of each of the equations is

Mnon & pknon £ kI'\ Qn o FI'\ (32)

where the subscript n stands for the nth
ncrmal mode. The undamped natural frequency
anrd fraction of critical damping associated with
this equation are

w =JM“— (33)

8, = —° (34)

and

In this case, the fraction of critical damping is
higher for the higher natural mode frequencies.
However, this is at variance with what is
commonly observed for elastomeric isolators
Although in practice, it may not be precise to
assume damping proportional to stiffness, this
assumption is made here and Eq. (30) is taken
as the condition for decoupling. (See Refs. 3
through 6 for a discussion of damping assump-
tions).

In order to obtain specific results,
further assumptions are necessary., First it is
assumed that each isolator has its k and ke
stiffness equal

P 00
(klj=fo % 0 (35)
0 k

With this assumption, the transformation
matrix [)‘]1 can be written in terms of the

Euler Angles ¢ and 6 as shown in Figure 2
(Ref. 2). The third Euler angle is not necessary
due to the symmetry assumed about the £, axis
according to Eq. (35). Using the notation

Co = cos(y), So- sin (@), Ce-cos 8), and
S9 = sin (§)
C‘D -CGS’D S(DSO
[A]l = Sw Cq)Ce -C(DSG (36)
0 S C
C] C] .

Combining Eqs. (4), (35), and (36), the trans-
formed stiffness matrix for the ith igolator is

v -~
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B

k. + 5, 5g (ky - k) -C, 8,59 (kg = k) 5,CqgSqlk, = k)
2 2
(Kl = ]-C,5,55 (ky-k) ke +C;,Cg (ky = k) =C_CpSq (ky - k) 37
:
r i
Lw Co S (kg = %) CoCeSotatk) Kt Colatk) !
1

For the particular case depicted in Figure 1, the position vectors for each of the four isolators are
given in Table I below,

TABLE I
Isolator (1) (2) (3) (4)
n a-d -a-¢d -a-d a-d §
[ b-e b-e ~-b-e  -b-e !
!
b -Cc -Cc -C -C i

The angles Yy shown in Fig ire 1 are related to the Euler angles g as shown in Figure 3.

AXiS OF ISOLATOR
\J

——
AL - s

¥ 1]

‘x " ®
| .

s ol W\,
s

V’s I

Figure 3: Relationship between ¥ and o 5

™

The angles ¥, are more convenient to use, o = ka/k (39)
. since for the particular case where the center s
of mass of the rigid body is centered above the
mount pattern ({.e. d =e =0), setting all of A = a/c (40)
the 7,'s equal results in a symmetrical arrange-
. ment.,” The two angles determining the orienta-
tion of each of the four isolators comprise B = b/c (41)
! eight unknowns to be solved for, Settiny ¢ ich
element of the ¢ matrix, except Qas . £4.al
to zero comprises eight equations to be solved. D = d/c (42)

IR T R TR L ]

i i

It 1s further assumed that each isolator

1s identical, except for its orientation, so that E = e/c (43)
and k_ are the same for each isolator, In
tlﬁl case, the Qi = 0 equations can be non-

dimensionalizzd Ly defining The eight equations obtained from Eq. (30) using
Eq. (37), Table I, and Figure 3 are given as
Q
i

1
Q" STk, - & (58]

Qy =BS5S, -ES -5 =0 (44)
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10

11

12

- S S,
= BSy-ESg-Sg-s—y =0 {45)
= - _g _AE_ _
= BS;-ESg-Sg-——T =0 (46)
= 4 _
= ASg-DS,-S ,-5-7 =0 (47)
= AS);-DSg-S5 = 0 (48)
- 4D _
= B5),-DSg-S,- 57 =0 (49)
= B o _AE_ |
= BS;3-ES)-AS;,+DS;-=2
(50)
N ol _A4D _
= AS) -DSg-BS  +ESy-==T = 0
(51)
the summations S1 are given as
=L El el (52)
24 7, 816
= L C, Cq S (53)
23 Y1 978
= LG S S (54)
24 7 Y5 !
= LS. C, S {(55)
7y 8,78
=Y C. S (56)
A 6, 76
= 2 2 ?
257i sei (57)
= I c"6 (58)
34 Y4
= IC? (59)
el
= T C71 Cel s61 (60)
= rc2 s (61)
Yy 8
= LS Cu S 162)
24 7y 8,78,
= I cg (63)
23 9

S;3 = ;24 Czylsgl (64)
S14 = 324 C": syi ng (65)
sl . 223 C71 571 Sgl =
Si = 223 s;l se‘"l (67)

The summations are taken over the four

isolators and the notation L indicates that
ij
terms { and j are negative {e.g. T q,
23
=q;-q;-qz + q4). Eqs. (44) through (51) are

solved by the Newton-Raphson method using a
digital computer, The computer program is
described in the next section.

The translational undamped natural
frequencies, wp, are determined from Eq. (24)
with the right hand side and the C matrix set
to zero

Im]{%}+ K1 {x} =0 {68)
The K matrix is obtained by summing Eq. (37)
for the four isolators. Using the definitions of

the summations given by Egs. (52) through (67)
the K matrix can be wriiten as

4+Slo(°'1) S3(o-1) -Sz(o-l)
[1(]=kr 85 (0-1) “Se("'” -Ss(o-l)

-Sz(c-l) -Sq(o-l) 4+Sa(o-1)
(69)

The m matrix {s just the mass m times the
identity matrix., During free vibration of the n
.node, the acceleration is related to the dis-
placement according to

v __ .3
X=-w X (70)
where wp is the natural frequency in radians/

second. In order to nondimensionalize equa-
“*~n (68), define

A 4k
all a
wy, = (71)
as the fictitious circular natural frequency. Thus
3 3
Ay w f
v =) =) 72
Wa a

and divide the equation bv w®. The frequen-
cies are obtained by solving %he eigenvalue
problem given by

¥8 -th]][x} =0 (73)
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where
448,,0-1) S, -1 S, (@ -1)
[M=‘.+<J S0 -1 4+5. -1 -Sg (0 - 1) (74)
-S,00 - 1) =S50 - 1) 4+830-1)

The three frequency ratios fl/fa, fz/fa, and
f3/fd as well as their corrc:ponding mode

shapes are obtdined as part of the computer
output,

COMPUTER PROGRAM

The set of simultaneous equations (Eqs.
(44) through (51)), are solved using a computer
program written ir FORTRAN 1V for General
Electric Time Sharing Service. A listing of the
pre.gram is given in the Appendix. The input
.0 the program consists of eight numbers which
are the values of a/b, c/b, d/a, e/b,
k. /k ., B. N, and €. The last three numbers
afe Jsed for the numerical solution of the
equations,

The Newton-Raphson methoad for solving a
set of simultaneous equations (Ref, 7) requires
the partial derivatives of each of the functions
(i.e. the left side of Eqs. (44) through (51) )
with respect to each of the variables (i.e. ¥, .,
Ya.Y3.,7.. 61,02, &, and 8,). Ingeneral if
f1 stands for one of the functions and xj

stands for one of the variables, then the partial

derivative of f1 with respect to xj is approxi-
mated by

bfi fl(x +8)- fj

X & a i) RSl s (75)

x’ A

where

B A E ) | By == X, === xg)  (76)

A
fi(x) + 4 = kg xp, === X, + A-——xB)
(77)

and A is a small increment in the value of x).

In order to start the solution an initial
guess must be made for the values of the eight
variables, These are obtained from the solu-
tion to the problem assuming that the center of
mass is located above the center of the mount
pattern (i.e. d =e = 0}. The solution for
this problem is given in the next section,

The program then makes a revised estimate of
the variables using the matrix of partial deriva-
tives. This process is repeated until all of
the functions in Eqs. (44) through (51) are

less than € indicating that the solution has
beer found within the desired accuracy of €.
However, if the solution is not found witlir: N
iterations, the program prints out "No Solution",

If a solution 15 obtained, the program
then determines the frequency ratios and mode
shapes by solving the eigenvalue problem of
Eq. (73). An example obtained from running the
program is given below.

ANG 1331 47€ST 03729713

2659 1esel2se1s1005+001,20s1-E"8

SILUTIINS FIR C.Ge ABOVE CENTER J)F MIUNT PATTERN

GAMMA THETA F1/FA F2/FA F3/FA
80.372 37.903 0.331 0656 0.813
58533 8.723 0. 325 0+339 0:950

SILUTIAN 1

ISJILATIR 1 e 3 a4
GAMMA 109154 60+ 649 71:%94 77.610
THETA 20+ 791 A4: 064 26.997 474350

FREQUENCY RATIJS AND MJIUE SHAPES

F1/FA FR/FA Fa/FA
0. 3299 046233 0.8383
x€1) 0.9%46  =0.2616 0.1428

x€2) 0+2546 09648 00649
X3 =0+31550 -0.0266 0+9876

SILUTIIN 2

N SILUTILIN

For this case, a/b=1,5, ¢/b=1,d/a=0.1,
e/b=0.1, ka/kr= 10, 4=0,001, N=20,

and € =10 8. For these parameter values there
are two solutions for the C.G. above the center
of the mount pattern. However, only the first
solution led to a solution for the C.G. offset.
Note that the value of ¥ for isolator 1 is
greater than 90° so that this isolator is pointed
away from the isolated mass. Also the mode
shapes indicate that there is coupling between
the Xj: Xy and X3 coordinates. In the solu-

tion for the C.G. above the center of the mount
pattern, the natural frequencies f), fz, and f4
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have mode shapes confined to the Ryo Xy, and

».. directions, respectively, However, the
cguplmq is not great and the three natural fre-
quencies are quite close to those for the C.G.
above the center of the mournt pattern.

It may be possible to obtain a solution
corresponding to the second solution for the
C.G. above the center of mount pattern. For
example, a solution could first be obtained
for d/a = 0,05 and e/b = (.05 and then use
this solution as initial values for the case
where d/a=0,1 and e/b=0.1, However,
at the time of writing, this refinement has not
been added to the program,

C.G. CENTERED ABOVE MOUNT PATTERN

For the special case where the center
of mass of the rigid body is above the center
of the mount pattern (1.6, d= e = (), a sym-

metrical arrangement of the isolators is as-
sumed so that

71-72-73-74-7 (78)
91-92-93-84-6 (79)

In this case, every summation with subscripts

(1.0, 5‘) in Eqs, (52) through (67) is zero,

The set of eight simultaneous equations given
by Eqs. (44) through (51) are reduced to the
following two equations

=55, 0% % gir0 G
Qy1 =AC, C484"Ch 83 -5=T=0 (8
By defining
T, 2 tan &) (82)
T, 2 tan 0 (83)
Eqs. (80) and (81) can be written as
B+ T -ABE +1) Ty
+(F +Bo-21T)

-AB(a+l)’I7+A'+1-0 (84)

100

T, -(A-m:,)./n'n; / (1-1;;) (85)

These two equations are used to obtain the
initial values for the variables 7y and 91 in

the computer program. The natural frequencies
are obtained from Eqs. (72), (73) and (74)
noting that the summations $2 = S3 = Ss =0,

In this case the translational modes are de-
coupled from each other and the three natural
frequencies are given by

/1, =€ s (0 - 1) + 1)/6 (86)
/1, =V(8} 8 (0 - 1) + 1/t ®7)
ty/ty =ICY 0 = 1) + 1)/o (68)

Giver: the values of a/b, c/b, and
ka/kr' Eqs. (84) through (88) are solved for

the Vﬂlu.. of Y. el fl/fal fz/fal and fa/fao

In presen:ng the results graphically it is more
convenient to plot ka/kr' 8. £,/t,. fz/’fa, and

f3/fa versus ¥ for given values of a/b and

c/L. These results are presented in Figures 4
through 8. The parameter a/b takes on
values of 1, 1.25, 1.5, 2, 2.5, and 3 and the
parameter c/b has values of 0.1, 0.2, 0.5,
1, 1,5, and 2., Other than the case where
a/b=1 (i.e, a square mount pattern) there is
a range of values of ¥ for which no solutions
exist. This range s centered about ¥y = 4§,
This situation can be more easily observed by
solving Eq. (84) for the stiffness ratio ¢ as
follows

. (8" +1)T), - ABT) - 2T, - ABT, + A’ + 1
l\B‘g-(»a +B’)1; + ABT,

o
(89)

Other than the case where A=B ({,8. a/b = 1),

g==fory =, 90°, tan"? (a/b), and tan"? (b/a).

If the isolators are directed toward the C.G. {n
the Plf“ view of Figure 1, then the angle r

= tan™(b/a). Since the stiffness ratio g ls
infinite for this value of ¥, the isolators
should not be directed toward the C.G. For
valurl of ¥ bracketed by

tan™" (b/a) <y < tan"? (a/b), the stiffness ratio
C is negative and therefore unrealizable for
positive stiffness springs.

C.G. CENTERED ABOVE SQUARE MOUNT
PATTERN

For the case where A =B, it is seen
from Eqs. (80) and (81) that for ¥ = 45°, the

e e
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stiffness ratio o and the angle O are related
according to

o E — et g {99)

Iy _q?
v ZAC6 Se Se

On the graphs, the values that ¢ and 8
approach as ¥ = 45° are determined from
Eqs. (89) and (85) as

¢ = 3 +4/R (91)
8 = tan"}(A/2) (92)

Thecse results are just a special case of the
relation given by Eq. (90). However, if the
values of 0 and 6 are chosen to satisfy

Eq. (90) but not Eqs. (91) and (92), then there
can be a large difference between these values
and the proper values of ¢ and 6 to achieve
decoupling for a value of ¥ slightly different
from 45°. This is the situation that arises when
all three natural frequencies are set equal.

When the three frequencies are set equal
in Eqs. (86) through (88), the angles ¥ and 8
can be solved for resultir.g in ¥ =45 and
g =54 44' (1.e. T,=2 ). Since y =45, this
is applicable only Por the case where a/b =1,
With 6 = 54° 44' Eq. (90) is satisfied for

_A+2
o=y (93)

so that for any value of A greaterthan 1, a
value of g can be determined that will decouple
the equations resulting in all three frequencies
being equal and given by

A
fi/fa = »/KT 2 (i=1,2,3 (99

If the further requirement is made that Eqs, (91)
and (92) be satisfied then A=a/c=b/c =2,
o=4, and fl/fa =,707.
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APPENDIX
COMPUTER PROGRAM

037{%713

DIMENSIIN CUDIpZRIAI2ZICAI T B, )T B, )00 0CRI,FEA ()
sPOCRIAY TC161,SUMCI) S S2304), SPal als SIAC A, JSC &)
CLAREL(RI LAY A, BME3s D)o TEMPHIC D) TIMPRE DY

UATA SPI/1ee~d 010007452470 500nlon=107/

UATA S24a7ie0d Yoislet

1850 RLAU PARAMETER AL

150 101
160 &

INPUT, ASESLSD, O5A0ESEoSIGMA
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DISCUSSION

Mr, Dickerson (Motorola): From your Mr, Dickerson: Do you get 'the" answer

curves it looks like you get a tremendous number or "an" answer?
of possible aolutions for any given set cf
assumptions. How does your computer program Mr, Derby: "Aa" anewer.

decide which one to print out for you?
Mr, Dickerson: Do you have any confidence

Mr, Derby: The initial guass would be the it is an answer you could go to press with and
answer I know is correct for the CG centered build equipment?
above the mount pattern and I just keep inter-
ating, using that as an initial estimate, to Mr, Derby: I think it is a correct

theoretical answer, How good this is going

to be for actually decoupling I don't know,
tecause there are considerationa such as damping,
nonlinearities, and so forth,

get the answer.
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SHOCK MITIGATION sySTEM SUBJECTED TO THIRTEEN FEET OF
VERTICAL GROUND MOTION — CANNIKIN EVENT

Eugene C, Jackson
University of California, Lawrence Livermore Laboratory
Livermore, California 94550

performance.

Island, Alaska.

heaval was 13 feet,

structures.

Shock isolation of fragile equipment from severe three-dimensional
ground motion induced by underground ruclear detonations at the
Nevada Test Site requires special techniques for inexpensive, reliable
A much larger detonation, the Cannikin Event with a
yield of less than 5 Mt, was detonated November 6, 1971 at Amchitka
For this event a new system was designed to protect
the diagnostic equipment from 15 feet of vertical ground motion,

Nine trailers were shock mounted on this system,
All data was recovered and all systems operated
as planned, There was no damage to the shock mounted equipment or
The design, set-up, motion measurement program, and
peirformance of this system are discussed.

Actual ground up-

INTRODUCTION

The Cannikin Event was a nuclear explosion
of nominal vield less than 5 Mt detonated
November 6, 1971, in an excavated chamber
5875 ft beneath the surface of Amchitka lsland,
Alaska, The primary purpose of this test was
to confirm the new warhead design for the
Spartan antiballistic missile,

Experimental data that indicated the perfor-
mance of the warhead were recorded by fragile
electrnnic equipment. To minimize signal
degradation caused by extremely long signal
cables and to reduce cable costs, the equipment
was housed in trailers close to ground zero.
Because the dynamic environment for Cannikin
was predicted to be much more severe than any
we had experienced during underground deto-
nations at the Nevada Test Site (NTS), a new
shock mitigation system was developed. This
new system allowed us to locate the recording
trailers 2000 ft from surface ground zero and
resulted in a net savings of $550,000.

ENVIRONMENT

Ground motion induced by an underground
nuclear detonation varies considerably, de-
pending on the yield of the device, geology, and
location of interest [1]. Practically all existing
surface motion data have been recorded at NTS.
Because the geologies of NTS and Amchitka are
different, the surface ground motion estimates
for the Cannikin Event were based on measure-
ments from two smaller detonations at
Amchitka:; the Longshot and Milrow Events,

For Cannikin, the spall zone was predicted to
extend 33,000 ft from surface ground zero,
Within the spall zone the vertical surface
motion is more severe than the horizontal
motion. The vertical motion is characterized
by an initial upward acceleration pulse followed
by a -1 g ballistic period and then an upward
impact acceleration when the spall gap closes.
Horizontal acceleration pvlses are usually less
severe but, in a few cases, have equalled the
vertical values on impact, Peak horizontal dis-
placements occur after impact, which is well
after the vertical peak displacements have been
reached,

The capacity of an absorption type of shock
isolation system in the vertical direction is
primarily defined by the kinetic energy of the
peak negative ground velocity (free-fall height).
For Cannikin the estimated nominal peak verti-
cal velocity and kinetic energy versus distance
from surface ground zero is shown in Fig, 1
[2]. The shock isolation system that we
developed for large events at NTS is applicable
for estimated ground motions not exceeding
18 fps nominal and 24 fps maximum?® (3]. For
the Cannikin Event this system would have re-
quired a location 5500 ft from surface ground
zero,

*
Work performed under the auspices of
the U.S. Atcmic Energy Commissiou.

TFor design purposes, nominal values (best
estimate) are used with a safety factor; maximum
values are used to check that the system has
adequate reliability based on maximum credible
energy.
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PERFORMANCE REQUIREMENTS

The purpose of the new shock isolation sys-
tem was to circumvent any failures due to the :
shock environment and to recover all experi-
mental data. Damage would be acceptable as
lotg as it did not degrade the integrity of an
experiment. All diagnastic systems required 4
post-event checks. Therefore, all electronic
equipment was required to operate after or
through shock arrival time, .

VELOCITY (fps)

For maximum utility and inobility the re-
cording systems were housed in nine truck-
trailer vans. There were five 50-ft-long
0 1 1 1 1 instrumentation trailers. One trailer contained
oscilliscopes and tape recorders while the other
four contained 250 oscilliscopes with ~antile-
vered cameras (l1g. 2). There were two 30-ft-
and one 50-ft-long instrumen: power trailers
and a 20-ft mobile timing tra.ler. Previous
experience and proof tests indicated that the
fragility level for the timing, instrumentation, Fi
and power systems was 7 g minimum, At i
slightly higher accelerations various structural t
and operating failures begin to occur, £

CONCEPTUAL DESIGN

KINETIC ENERGY (ft)

For the Cannikin Event there were no critical
post-event position or alignm~=nt requirements

] 0

] ] | |
0 2,000 4,000 6,000 8,000 10,000
DISTANCE FROM SURFACE GROUND ZERO (ft)

Fig. 1 - Estimated peak vertical surface ground
velocity and kinetic energy for
Cannikin Event

o

ol

On the other hand, the possibility of a sub-
sidence crater limits close-in positioning of
recording systems. The severe slope at the
edge of the crater prohibits the use of reliable
systems in this area. The estimated maximum
crater radius for Cannikin was 1500 ft, A sub-
sidence slump radius of 3000 ft was estimated.
This value was scaled from observations of the
Milrow Event. The possibility of a gentle
slump did not pose a limiting condition,

gy

e

To be safely outside a possible subsidence
crater, a location 2000 ft from surface ground
zero was chosen for the critical Cannikin re-
cording systems. The nominal peak vertical
ground motion values at this location were

i estimated to be 27 g initial acceleration with
impact equal to or less than 35 g, 28 fps veloc-
ity, and 15 ft displacement {2]. The estimated
maximum peak velocity was 31 fps, Since this
location was near ground zero, peak horizontal

! displacements could be relatively low even

though peak horizontal accelerations could i B .

equal the vertical values. This ground motion 1

environment required that a new shock isolation Fig. 2 - Typical equipment inside an instrumen-

system be developed. tation recording trailer ‘

——
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for the trailers, This allowed us to design
around the 3-dimensional ground motion environ-
ment by decoupling the horizontal shock compo-
nents, The vertical isolation system could then
be treated as a single-degree-of-freedom system
Constant force versus displacement energy
absorbers are desirable for maximum efficiency.
Energy absorber deceleration set values are
based on equipment fragility levels and a struc-
tural amplification factor of 1,75. This factor
accounts for the elasticity of the shock mount
structures, equipment mounting brackets, and
the trailer structures,

The stroke requirements for the energy
absorber are calculated by analyzing the con-
stant force absorber characteristics and the
time history profile of the ground motion,
Figure 3 shows the idealized vertical ground
motion and energy absorber response for nom-
inal design conditions, The absorber stroke is
best illustrated in the velocity curve. The area
bounded by curves a, b, and d define the initial
stroke, System rebound after initial stroke is
shown by the offset of curve e from curve b,
Final stroke (curve f) is determined by absorb-
ing all of the kinetic energy at impact, The
effect of the ground impact spike (curve c) is
negligible, For the Cannikin design the total
energy absorption stroke was calculated to be
67 in, for nominal and 82 in, for maximum
conditions,

Variations in some parameters have large
effects on absorber stroke and overall relia-
bility. A 10% increase in peak initial acceiera-
tion has a small effect on the slope of curve a
(Fig. 3) and the absorber stroke. On the other
hand, a 10% variation in the peak velocity
(offset of curve b) or absorber deceleration
(slope of curve d) have large effects on the ab-
sorber stroke and, therefore, on system
reliability,

One of the most important aspects of a shock
mitigation system is the control and support of
lateral forces., This is especially critical with
a multidirection nonsymmetrical largedisplace-
ment environment, Generally, the size of
system structures is affected by the amount of
isolator stroke, A nonsymmetrical system will
have coupled modes of motion and therefore will
require longer isolator strokesthananuncoupled
system with the same degree of isolation. 1ln an
uncoupled system the resultant of the isolator
forces must be directed through the center cf
mass of the body, For this use the trailers
were mounted above the ground surface with
provision for at least a 7-ft-vertical stroke.
Under these conditions a continuously active
symmetrical lateral shock isolator can be very
complex, We have decoupled the lateral effects
by making the continuously active forces very
low and the relatively high forces inactive during
the time of critical vertical motion,

The basic design characteristics are shown
in Fig. 4. Several cross beams are solidly

. attached to the trailer. Each end of a beam con-

111

tains a guide in which a column is inserted. The
column rests ou a low-friction surface pad. The
vertical-shock isolator is fully guided and can be
either an extension (A) or a contraction type (B).
Lateral constraint is provided by friction at the
bottom of the column and by lateral tethers (T).
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The initial acceleration pulse through the
ground approaches the trailer at angle 8 (be-
tween 15 and 45 deg from vertical). When the
imposed acceleration level overcomes the energy
absorber's set deceleration level, the energy
absorber displaces and the lateral tethers
loosen. At this time all lateral forces into the
main hody are limited by the low-friction pads.
The coefficient of friction for this pad is 0.06,
which limits the effective input force to an angle
of about 4 deg from vertical. At the end of the
initial ubsorption stroke (curve d Fig. 3) the
shock isolation system rebounds from the ground
and goes into a ballistic path completely de-
coupled from the ground (curve e). The shock
isolation system impacts the ground shortly
after the ground surface above the spall gap
impacts (curve ¢). During the impact absorption
atroke (curve f) the system remains on the fow-
friction pads and all tethers remain loose, This
is followed by peak horizontal ground displace-
ments; excessive trailer motion is limited by
the :ethers and high-friction pads.

Lateral loads frcm the friction pads are
transferred to the bottom of the columns and
tend to bend them, The resulting moments
tend to bend the beam in the axial direction (Mjy)
and to twist it in the longitudinal direction. In
most cases the twisting moment is transferred
into the trailer structure by the box beam, In
these cases the trailer structure is the primary
longitudinal support.

Thus far the description applies both to our
NTS universal guided column (UGC) system
[1, 3] and to the system developed for the
Cannikin Event, The NTS-UGC system uses a
compressive type of crush material for vertical
energy absorption (Fig. 4 item B). When crush
materials are used, the energy absorber stroke
must be limited to about 65% of the total
height (1], For the anticipated severe Cannikin
environment a full-stroke energy-absorption
system was desired; this would reduce the total
height by one third, thereby reducing the column
moment arm and most structures accordingly.

The full-stroke guided-column (FSGC) sys-
tem developed for Cannikin uses an extension
type energy absorber (Fig. 5). A constant-force
columnar energy absorber (TOR-SHOK*) is used
in the extension mode. A single stage of this
device consists of two concentric tubes with a
coil of ductile wire forced between them, The
interference fit between the wire and the tubes
is sufficient to prevent sliding and to force the
wires to rotate, Rotation of the wires is similar
to rotating the ring of a torus inside out. The
resulting tensile and compressive strains are
in the plastic range, Contracting or extending
the tubes apart axially forces the wires to rotate
many times., The repeated cyclic plastic strain-

Reference to a company or product name
does not imply approval or recommendation of
the product by the University of California or the
U.S. Atomic Energy Commission to the ex-
clusion of others that may be suitable,
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Fig. 5 - Characteristics of FSGC system

ing results in almost constant energy absorptirn
per cycle of rotation (or inch of linear stroke)
until eventual fatigue failure,

We tested individual absorbers statically
and dynamically in both the extension and con-
traction directions before incorporating them
into a shock isolation system, The tests
indicated that the stroke and average decelera-
tionv .lues were uniform but that some vibration
was present, especially inthe contractionmode.
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To use the full-stroke capability of the
guided-column system, we attached the energy
absorber between the top of the column and the
beam (Fig. 5). Rubber igolators were used to
isolate some of the 200- to 300- Hz vibration
and to ensure that no bending moments were
transferred into the energy absorber.

Before the system design was completed, a
series of full-scale drop tests was conducted
using a 30,000-1b trailer, Various load
ratings and cluster arrays of energy absorbers
were tested, At some locations the clusters
were arranged to impart very high eccentric
loadings into the columns., Drop heights were
varied from 1 to 15 ft (Fig. 6). Through these
tests we identified some component weakncsses
and verified that the system would be reliable
for the Cannikin Event. Details of the test
program are discussed in Ref, 3,

SYSTEM SETUP FOR CANNIKIN

A typical FSGC shock isolation system for
a 30-ft trailer is shown in Fig. 7. Because of
the extreme height it is desirable to keep the
center of mass as low as possible., Most
trailers have road gear, fuel tanks, or other

-
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Fig. 6 - Prototype FSGC system rea ‘or
15-ft drop test

items that extend below the structural frame so
that the minimum clearance to the ground is

not controlled by the straight box beams of the
shock isolation system,

Nylon webbing or rope tethers were
arranged as shown in Fig, 7 to allow control of
a pair of tethers failed completely, Earth
anchors were conventional power installed
screw anchors; torque readout during installa-
tion verified their holding capacity.

At the bottom of each column was a rigid
polystyrene foam energy absorber and low-
friction pad. A metal disk formed the main
structural member of the low-friction pad
(Fig. 5). ‘"’he disk was attached to the bottom
of the column by a simple pivot joint, About
30% of the disk boitom was covered with 10-mil-
thick Teflon adhesive tape. The Teflon is
loaded high enough to overcome its high friction
properties at low load. An acrylic sheet under
the disk is the low-friction rubbing surface and
electrically isolates the trailer from the
ground. During rebound and ballistic motion
the acrylic sheet is centered to the disk by
rubkber straps, Laboratory- and full-size
field tests consistently indicated a 0.06 coef-
ficient of friction for this pad when it is clean.
A slight amount of dirt can raise the ccefficient
to about 0.3, Therefore, the pad was c ompletely
enveloped in one polyethelene film and a second

FRONT

Fig. 7 - Typical FSGC setup for a 30-ft trailer
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film was draped over a larger area, Plywood
sheeting formed a level base for the acrylic
sheets and provided an intermediate friction
surface {coefficient of friction about 0,3) for
motion bevond the limits of the acrylic, During
very severe horizontal displacement the disk
slides off the plywood onto compacted soil
where the coefficient of friction is about 0.5,

The TOR-SHOK energy absorbers are
three-stage units with a minimum compressed
length of 58.5 in, and an 8-ft minimum stroke,
As installed for Cannikin their length was
70 in, Basic load ratings (third stage) varied
from 6000 to 12,000 1b in increments of 1000 1b.
L.oad ratings for the second and third stages
were 95,5 and 91% respectively, Load toler-
ance was +10% of the rated load, Each column
could accommodate up to four energy absorbers
with atotal deceleration load capacityof 48,000 1b.

For a system to perforn in a gingle degree
of freedom manner, the center of isolator
resistance must coincide with the system
center of mass. The load ratings and appro-
priate distribution of the 196 energy absorbers
(Fig. 8) required accurate weight and center
of gravity measurement of the trailers with
their shock isolation structures, The three
power trailers had nonsymmetrical fuel tanks
with capacities equal to about 8% of their gross
weight, Estimated fuel capacities at the time
of detonation were based on running time since
the las. refueling,

Part of our quality assurance program was
to subject each energy absorber to a 1-in.
stroke static compression and tension test on
arrival at Amchitka, First-stage loads for
each group averaged from 3 to 9% below the
nominal first-stage ratings, The energy
absorbers were then selectively redistributed
to minimize the nonsymmetrical load distribu-
tion effects., The net results decreased the
average deceleration levels by 10% in five
trailers and between 3 and 8% in the remaining
four trailers, Installation of additional foam
pads required to regain the 10% degradation in
absorption capacity was prevented by a severe
storm, Two examples of the FSGC ronfigura-
tionprior tothe event are shownin Figs. 9 and 19.

MEASUREMENT PROGRAMS

The Cannikin Event was the first
application of the new shock isolation system,
The environment was estimated to be three
times more severe than previously
experienced. Actual surface ground motion at
the recording trailers and the performance of
the new shock isolation system were measured
with accelerometers, velocity gages, and
motion pictures. The dynamic data were
recorded on our portable data system [4]. This
is a suitcase size, shock resistant, battery
powered, tape recorder system, which was in-
stalled in one of the recording trailers,
Instrumentation included a ground canister
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Fig. 8 - Energy absorber load rating distribu-
tion for three trailers
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with a triaxial array of accelerometers and
velocity gages buried 4 ft in native soil, a
vertical accelerometer on each trailer, and an
additional vertical or horizontal accelerometer
on three trailers,

Instrumentation movie coverage is an im-
portant tool for analyzing multidirectional
motion, Because of the severe environment the
cameras must be located close up or at a great
distance with resulting loss of resolution,
Cameras in closeup locations must be shock
resistant and will record only relative motions.
We had four camera stations convering 6 fields
of view at the Cannikin recording trailer park
(Fig. 11). Seven 16 mm cameras with speeds
between 64 and 250 fps were used, Camera
station 1 was in a transportainer solidly
mounted to the ground. Power for this station
came from shock-mounted wet cell batteries,

A special solid-state shock-resistant camera
controller was used at this station, Cameras
at stations 2, 3, and 4 were mounted on shock
isolation structures; power was supplied by one
of the shock mounted instrumentation power
trailers, For displacement verses time analy-
8is, the guide columns appearing in the closeup
views were painted with 3-in, -wide color coded

rings,

RESULTS

The overall condition of the recording
trailer park is shown in Fig, 12, Conveniently,
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Fig. 10 - Typical setup of FSGC system for
Cannikin Event

the instrumentation trailers had moved from
the collapsed raised boardwalk allowing easy
safe entry into the trailers. All systems had
operated as planned and we recovered 100% of
the data,

One broken light fixture was the total
damage in the nine shock mounted trailers.
Nonoperational equipment, such as the four
office trailers in the center of Fig. 12, were
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Fig. 11 - Camera stations and fields of view for
recording trailer park

damaged beyond repair. Only one surface
ground crack extended under a shock mounted
trailer,

The condition of a typical trailer is shown
in Fig, 13. The mobile timing trailer, number
134, was tilted as shown in Fig, 14, Both
measurement programs were completely suc-
ceasful. Acceleration data for all trailers.
including 134, were in good agreement; the data
averaged about 12% less than design conditions.




-

Fig. 12 - Recording trailer park after Cannikin
detonation

The measured vertical motion of the ground
and a typical trailer is shown in Fig, 15, The
trailer accelerated at 2,5 g while the ground
accelerated at 21 g peak, The trailer departed
from the ground at about 300 msec after shock
arrival while the ground was dece'erating at
-1.8 g. The ground was in a relative ballistic
path for about 1,3 sec, tut about 0.2 sec of this
was at -1.8 g and the remainder was at -1 g.
The trailer, on the other hand, was in a
ballistic path at -1 g for ebout 1.4 sec, Impact
in the ground was relatively low (11 g peak) and
the trailer decclcration averaged 3 g.

Energy absorption strokes and final hori-
zontal displacements of the trailers are
summarized in Table 1, Except for trailer 134,
the tilt in the longitudinal direction was
negligible and the average tilt in the lateral
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direction was 2%; one trailer tilted 8%. The
average absorption stroke for each trailer was
within 4% of the average for all trailers.

The vertical motion for trailer 134 was
dif’erent, This trailer was very short (20 ft)
and the most likely to tilt, Its motion was re-
corded by movie cameras. For the first
200 msec of the {nitial energy absorption stroke
the trailer came straight down indicating that
the center of gravity and shock isolator force
coincided, The columns on the end of tiie
trailer away from ground zero then froze, The
remaining initial absorptior stroke occurred at
the four columns toward ground zero which in-
duced a rolling motion intu the trailer, This
rolling motion continued wiile the trailer was
in its ballistic path, The erd of the trailer
toward ground zero impacted first and all im-
pact absorption occurred at the four columns
toward ground zero, This trailer came to rest
in & severe tilt, but the shock isolators did not
bottom out, Average deccleration was 2,7 g and,
except for one broken light fixture, there was
no damage or opcrational loss, After dis-
assembly each energy absorber on this trailer
was tested statically, Two had load increase
spikes of 25 and 5.% in their stroke, These ab-
sorbers were located on opposite sides of the
end of trailer 134 that froze up. Two absorbers
were mounted at each column on this trailer so
the effective load spikes wouvld be much less,

During the vertical motion there was no
reiative horizontal motion between the trailer
and the ground, After vertical impact, the
trailers moved several feet from ground zero
and then toward ground zero, finally coming to
rest in the positions indicated in Table 1, None
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Fig. 13 - Post-shot condition of a typical trailer
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Fig. 14 - Post-shot condition of trailer 134

TABLE 1
CANNIKIN RTP Shock Isolation Nisplacements

Vertical Absorption Stroke at Column (in.) Final Horizontal Displacement (ia.)

Trailer Left Side* Right Side* Average Toward SGZ Toward Right*
12 54,4 72,6 " 63.5 30 7
81 69.5 61,9 65.7 54 32
97 67.4 71.0 69,2 27 22
106 60.8 67.5 64.1 30 18
107 56,9 72,7 64.8 30 15
108 68.9 68.9 68.9 45 12
109 67.4 66,6 67.0 24 6
110 64.5 67.0 65.7 29 12
134 54.0 64,3 59.2 i 15 12

Average of all trailers except 134 = 66.1 in.
*Facing surface ground zero (SGZ)

of the anchors or nylon tethers failed. All from pre-event testing. Large absorption

horizontal motion occurred while the disks were strokes were avoided because the peak

on the low-friction pads, except at two places negative ground velocity was much less

where the disks were half on the acrylic and than the peak positive velocity.,  This

half on the plywood pads. effect was expected to occur but for con-
servatism it was ignored in the design

There was good agreement between the actual analysis [2]. The accuracy of the
absorption stroke values and the design. ground motion predictions were verified by
Trailer decelerations were low, as expected the dynamic motion data.
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Motion pictures showed many loose items Environment Produced by Underground
flying into the air, Actually it was relative Nuclear Explosives,” U.S. Atomic Energy .
motion to the ground. Tkis effect was primarily Commission Rept. CONF-700101, Vol, 2, ;
caused by the -1.8 g pulse during the first pp. 979-993, May 1970 i

portion of the ground ballistic path,
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THE ACTIVE DAMPER -

A NEW CONCEPT

SHOCK AND VIBRATION CONTROL

Michael .T. Crosby
Lord Corpora%ion
Erie, Pennsylvania

Dean C. Karnopp
University of California - Davis
Davisg, California

A new concept in shock and vibration isolation called the active
damper is presented. The active damper is an externally control-
lable force generator, where the force is developed by the rela-
tive velocity of its attachment points. It provides isolation
system performance which exceeds that of passive systems and
approaches that of fully active systems, without significant ex-
ternal power required. Computer simulation results demonstrate
the performance of the active damper, compared to passive and fully
active systems. Discrete sine wave and random disturbances were
investigated for one and two degree of freedom systems. An elec-
trohydraulic hardware implementation of the concept is described.
|_Potential applications are discussed.

INTRODUCTION

In numerous applications, a mass is
isolated from shock and vibration by
interposing spring and damper elements
between it and the disturbance., 1In
such cases the mass, spring and damper
elements act as a mechanical filter
which attenuates the shock and vibra-
tion energy reaching the masz, Typical
systems of this type are vehicle sus-
pensions, wherein springs and shock
absorbers isolate the body of the vehi-
cle from roadway disturbances. The use
of rubber mounts, which are springs
with inherent damping, to support sen-
gsitive equipment also utilizes this
approach.

In the case of rigid bodies and
linear springs and dampers, the solu-
tions to the differential equations of
motion are well known and isolation
system design is straight forward.

The design involves compromise between
resonant amplification, high frequency
attenuation, static and dynamic deflec-
tion, and stability. Since the mass

is usually predetermined, only the spring
rates and damping coefficients can be
specified in the design.

By utilizing nonlinear springs

and dampers, the forces they produce
are functions of the relative displace-
ment and velocity of their attachment
points. This characteristic tends to
limit their performance in many appli-
cations.

To achieve greater system design
flexibility and performance, active
elements have been applied in isola-
tion systems. In idealized form, an
active suspension element is a control-
lable force generator powered from an
external energy source. Such devices
can be programmed to produce forces
which are functions of any desired
system variable. By sensing systerm
variables, such as absolute or reia-
tive accelerations, velocities, or
displacements and appropriately com-
bining them, a command signal is devel-
oped for the force generator. With
such devices, isolaticn system perfor-
mance is limited only by the amount of
external power, the designer is willing
to expend and system complexity.

An example of a simple active iso-
lation system is the use of height
controlled air bags for vehicle suspen-
sion. Here the relative displacement
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across the air spring is sensed. The
pressure in the air *“+, is controlled
to maintain constant vehicle height.
The design flexibility achieved, is the
ability to lower dynamic spring rate
witlout excessive static deflection.

In the mounting of airborne equip-
ment, high performance pitch and roll
control has been achieved by using ac-
tive elements. They are controlled by
signals proportional tc the absolute
angular accelerations of the equipment.

The primary limitation in the aj.p-
lication of active elements to isola-
tion is the nena for external power.

The problem is two fold. Where large
masses are to be isolated, the external
power requirements can easily become ex-
cessive. This is the case for high
performance vehicle suspension systems.

Secondly, the need for an external
power source requires the equipment to
generate the power or convert it to &
useable form. If the force generator
is to be hydraulically powered, pumps,
resevoirs, filters and valving would
be required. This auxiliary equipment

tends to increase isolation system weight

and decrease reliability.

Recognizing both the performance
benefits as well as the limitations of
active isolation elements, a new con-
cept in isolation was developed. This
concept involves the application of a
controllable force generator which does
not require significant external power.
Called an active damper, this device
psoduces a controllable force which is
derived from the relative velocity of
its attachment points. 1It, like the
externally powered active element, can
produce forces which are functions of
measured system variables which are
appropriately combined to form a com-
mand signal for the device. Since the
device does not utilize significant ex-
ternal power, its pezrformance is more
limited than the fully active force gen-
erator.

This report describes the active
damper concept and some of its potential
applications. First, an idealized ac-
tive damper is defined. Its performance
is investigated analytically using com-
puter simulation and compared to that
of passive and fully active syste.ns.

A prototype design of an electronydrau-
lic active damper is then described

anc! its operation discussed. Potential
applications of the active damper are
finally presented.

SUMMARY AND CONCLUSIONS

The active damper is a new concept
in the control of shock and vibration.
It provides system performance inter-
mediate to that of a passive isolation
system and a fully active isolation
system,

The active damper is an externally
controllable focce generator, where the
force is developed by the relative vel-
ocity o its attachment points. Essen-
tially a controllable energy dissipator,
it does not require significant external
power for its operation. Like the fully
active sy.tem, its output force is con-
trolled as a function of measured sys-
tem variables, such as velocities and
accelerations.

During portions of its operation
wher2 the command force and available
force are in opposite directions, the
active damper is controlled to produce
esgentially zero force. If the command
force exceeds the available force, the
active demper experiences a lock up
mode which transmits the maximum avail-
able force. 3oth of these conditions
degrade system performance relative
to a fully active system.

The performance of the active dam-
per in a single degree of freedom iso-
lation system was investigated by com-
puter simulation. The device was
controlled to generate a force propor-
tional to isolated mass velocity. The
results indicate that the system sig-
nificantly attenuated vibrational
inputs at and below the spring mass
natural frequency. The high frequency
performance was superior to a system
with a conventional damper. Overall
perforrance approached that of a fully
active system with isolated mass velo-
city feedback.

System periormance in the pre-
sence of a random vibrational input
was favorable. It was significantly
better than a comparable passive sys-
tem and approached that of a fully
active system.

In a two degree of freedom, bounce/
pitch study, the active damper allowed
independent control of the two vibra-
tional modes. As in the case of the
single degree of freedom system, the
high frequency performance was signi-
ficantly better than the passive system.

A prototype design of an electro-
hydraulic active damper is presented.
The design utilizes conventional hy-
draulic components to implement the
active damper concert.
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Results to date, suggest that the
active damper can be successfully appli-
ed to achieve high performance vehicle
suspensions and vibration and shock
isolation systems. Impact cushioning
and tuned absorbers are additional po-
tential applications which have not
been investigated as yet,

ANAYSIS OF THE IDEALIZED ACTIVE DAMPER

The active damper is a device which
produces an instantaneously controllable
force which is derived from the rela-
tive velocity of its attachment points.
The device is shown schematically in
Figure 1la.

In the figure, the velocities of
+he attachment points are indicated by
and } , gespectively. A relative

velocity, XR' is defined as follows:

Xg = X, - % (1)

The forcg produced at the attach-
ment points, ‘actual, is derived from
the relative velocity r and is defined
in the directions indicated.

The active damper is represented
by a viscous damrer symbol with an
arrow which indicates an instantan=-
eously variable damping force. The
dashed line indicates that the damping
force is_controlled from & command
signal, “command. 1In general, the
commanded force is a function of one
or more time varying signals. These
signals are normally obtainad from mea-
sured system variables, such as displace-
ments, velocities, accelerations or
forces, which may be modified by appro-
priate signal conditioning.

° __ e °
xRa X,- X
o
X Factual
— e Pcommand
(-]
X

Factual

Figure la

Active Dampe. Schematic
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Although the basic damper syirbol
conventionally represents viscous dam-
ping, it is to be understood that any
type of basic damping mechanism carn be
used. This would also include square
law fluid throttling, friction, electro
viscous, ov electro mechanical imple-
mentations. The only requirement is
that the basic mechanism be an energy
dissipator, that is one which produces
a force in phase with relative velo-
city.

The utilization of fully active
systems allows the design of very
varsatile, high performance isolation
systems, but the cost, complexity and
weight of the required power sources
has limited their widespread applica-
tion, Therefore, the intent of the
active damper is to approach the per-
formance of fully active isolation
devices without the need for external
power,

Compared to fully active elements,
the active damper has the following
limitations:

1. The active damper can produce a
force only when a relative velo-
city is present across the attach-
ment points.

2, There will be time intervals when
the direction of the available
force from the active damper is
opposite to the direction of the
desired force. During these in-
tervals the active damper must
be controlled to produce zero
force.

3. If the commanded force exceeds
that which can be produced with
a finite damping coefficient,
the damper is controlled to a
locked up or rigid link mode. 1In
this mode, the maximum force which
can be produced is limited to the
inertial forces derived from accel-
erating the attached masses less
the algebraic sum of other forces
acting on the massas,

These conditions are illustrated
in Figure 1lb.

It should be noted that the active
damper responds to a commanded force,
not a commanded damping value. 1If
the latter approach were used, the
damping force would be a function of
relative velocity. This would require
that the controller sense relative
velocity and adjust the damping value
to ~ompensate, in order tc produce
a desired force.
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Figure lb

Active Damper Modes

In gereral, the application of
the active damper is similar to that
of fully active devices. This may be
illustrated by comparing its perfor-
mance to that cf fully active devices
in representative isolation systems.
Further comparison with passive isola-
tion devices demonstrates that the
active damper provides performance in-
termediate between passive and fully
active systems.

A single degree of freedom system
illustrates the relative performance
of passive, active and active damper
isolation.

Passive Isolation

A conventional passive isolator
is shown in Figure 2. It consists of
a spring and viscous damper which sup-
port the mass to be isolated.

Writing the equations of motion
ana taking the Laplace transform yields
the transfer function relating the
motion of the mass, X, to the motion
of the base, X . This transfer func-
tion follows:

= _55 +K (2)

X
X, MS2 + BS + K

Here S is the independent vari-
able in the Laplace transformed equa-
tion. For frequency response analyses,
S is replaced by jw where j = vV -1

and w represents the frequency in
radians/second. The undamped natural
frequency of this system is v K/

and the darping ratio is B/ 2 /f&ﬁ
Plotting the amplitude ratio, Xfg o
versus frequency, w, on log-log e
paper gives the familiar transmissibil-
ity plot, Figure 3.

For this plot, the undamped nat-
ural frequency is unity and various
damping ratios from 0.1 to 2.0 are
shown. In general, the figure indicates
attenuation of the output amplitude
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above the resonant frequency, an amp-
lification at resonance and unity gain
at low frequencies. 1In the isolation
or attenuation region, the slope of
the curve k..omes asymtutic to minus
uvne. The isolation region can be ex-
teaded by decreasing the spring stiff-
ress, K, or by increasing the mass, M.
Since the mass is usually predetermined,
the designer selects K to yield the
desired natural frequency. The con-
straint on K is the initial displace~
ment of the spring due to the weight.

Control of the resonant amplitude
is achieved by the damper. This re-
duction is accompanied by decreased
isolation above resunance in the iso-
lation region. If no damping were
present, the amplitude at resonance
would be infinite. The high frequency
amplitude would be asymtotic to a slope
of minus two, giving superior isola-
tion there. Thus, the selection of
damping is a design compromise.

Figure 2

Passive Isolator
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Amplitude Response - Passive Isolator

Active Isolator

A typical active isolator is shown control of resonant amplitude with-
in Figure 4. It is represented by an out compromising high frequency per-
idealized controllable force generator formance. Figure 5 shows typical
and a conventional spring. Here the transmissibility plots for the active
force generator is controlled by an isolator with various damping ratios.
isolated mass acceleration signal and
velocity signal generated by integ- The active syster allows for the
rating the acceleratioa signal. The design of higler performance isola-
acceleration and velocity gains are tion systems. The penalty of course,
k; and k, respectively. The integ- is the requirement for external power
ration 1s represented by the 1/ term, to generate the controllable fcrce and
S the complexity and cost of this equip~
Writing the equations of motion ment.
and taking the Laplace transform gives
the transfer function of the active
system.

X = K (3)

2
X, M+ kl)S + kp8 + K

As is evident by the equation,
the undamped natural frequency is
given by /K/(y + Eﬁ . Since k] can
be arbitrail§ selected to a positive
or negative value, the system natural 5 ¥
frequency can be adjusted to any de- F1 ’
sired value. Positive k; will pro-
duce a low natural frequency and
increase the isolation region. Thus 4
K can be selected to produce the de-
sired static deflection.

-

The damping ratio of the active r
system is given by k,/2 v (M+k;)K X
Thus, any desired damping ratio can t___

be achieved by selecting an appro-
priate value of kj. It should be

noted that the numerator of the trans- Figure 4
fer function is a constant. Therefore
the high frequency amplitude is asym- Active Isolator

ptotic tc a slope of minus two. Thus
the use of the active isolator allows
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Active Damper

Figure 6 illustrates *he applica-
ticn of the active damper to single
degree of freedom isolation. As in
the case of the fully active isolator,
the velocity and acceleration of the
isolated mass are measured. The active
damper is commanded to produce a force
proportional to the sum of these sig-
nals.

Due to the limitations of the
active damper as previously discussed,
we expect its performance to approach,
but not equal, that of the fully active
system.

An example of the results obtained
from computer simulation of the active
damper as shown in Fiyure 6 follows.

In this example the effect of mass
velocity feedback is investigated.

The acceleration gain, k;, is set equal
to zero. The velocity gain, k,, is

set to the value which would give the
indicated system damping ratio in the
equivalent fully active system.

Figure 5

‘. Amplitude Response - Active Isolator

Figure 7 shows time history plots
of the displacements and velocities
of the base and mass, and the damper
out- it force, F,. Also shown 1s the
tocal lulponliog system force, Fg,
which is the algebraic sum of the
spring and damper force.

In Figure 7a the velocity feedback
gain, ky, is set to give a system
damping ratio of 1.00. The base dis-
placement input frequency is equal to
0.5 times the system natural freguency.

The plot of damper force versus
time shows that the damper turns off
twice during each cycle. This indi-
cates that the relative velocity across
the damper is in a direction opposite
the command force, that is, a force
proportional to body velocity, X.

.,The velocity plot shows that X
and X, are equal during portions of
the cycle. This indicates the lock
up condition, resulting from command-
ing a force higher than that available
from the active damper.

Figure 6

Active Damper Isolation

- B < v




The bottom plot shows the some-
what nonlinear mass displacement, due
to the nonlinear force generated by
the active damper.

It also indicates the attenuation
of the displacement even though the
excitation is below the resonant fre-
quency.

Figure 7b shows the operation
of the same system at 1.5 times ~eson-
ant frequency. Here the damper “e
is 2ero during portions of the cyc.e
but no lock up occurs as evidenced Ly
the velocity plots. The displacement
plot shows significant attenuation
of the base induced disturbance.

FREQ RATIO = 0.50
OAMP RATIO = 1.00

T

Re

Y
AV

7
VE

Figure 7a

Active Damper Simulation Results

To investigate the operation
of the active damper in this system,
several damping ratios and excitation
frequencies were examined. The ra-io
of the output displacement to input
displacement are plotted versus fre-
quency for various damping ratios in
Figure 8.

As shown, the performance of the
active damper approaches that of the
fully active isolation system as shown
in Figure 5. For the higher damping
ratios, the base disturbance is atten-

uated below and through system resonance.

Furthermore, the high frequency atten-
uation has a slope of minus two which
gives superior isolation in this region
to that of the passive isolation system.

FREQ RATIO = 1.50
DAVP RATIO = 1.00
b

Figure 7b

Active Damper Simulation Results
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THe attenuation at and below reson-
ance gives the system characteristics
similar to that of a lower natural
frequency isolator, which is highly
desirable. This is achieved without
reducing spring rate which is favor-
able from a static deflection point
of view.

In Figure 9, the displacement am-
plitude ratios of the passive system
are compared to that of the fully
active and active damper systems with
body velocity feedback. It shows the
superior isolation of the active dam-
per and fully active systems. It also
indicates that the active damper sys-
tem approaches the fully active sys-
tem in performance.
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Active Damper with Random Input

In many applications, an isola-
tion system is subjected to random
disturbances. The performance of the
active damper subjected to a typical
roadway disturbance was investigated
and compared to a conventional passive
isolator and a fully active isolator
with velocity feedback.

To perform these studies a random
base displacement was generated and
used to excite a computer simulation
of the isolation systems. Figure 10 .
shows the power spectral density plot
of the input disturbance. It is rep-
resentative of a typical roadway input.

Figure 8

Amplitude Response - Active Damper
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Figure 9

Amplitude Response Comparison
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The resulting power spectral den-
gity of the acceleration of the iso-
lated mass for the various systems with
a damping ratio of 0.5 are shown in
Figure lla. These were obtained by
analyzing the time history plots of

the mass acceleration as obtained from
the computer simulation. The natural
frequency of all systems was 1.0 Hz.
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Figure 10

Power Spectral Density - Base Displacement
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Power Spectral Density -
Isolated Mass Acceleration

As shown in Figure lla, the per-
formance of the fully active and
active damper systems is superior to
the passive system at all frequencies.
This effect is most pronounced at
frequencies above system resonance.
Here the passive isolator damper trans-
mits significant accelerations to the
isolated body since it produces forces
proportional to relative velocity.

The performance of the active
damper approaches that of the fully
active system. The nonlinear charac-
teristics of the active damper tend
to increase the disburbance energy at
high frequencies as compared to the
fully active system, however. The
performance of the active damper through
resonance is similar to that of the
fully active system but is somewhat
degraded.

Figure 1llb presents body accel-
erations for the same input distur-
bance with the system damping ratio
set at 2.0, Here the high frequency
performance of the passive system is
seriously degraded. The fully active
and active damper system are again
comparable. The high frequency de-
gradation of the active damper is
somewhal more pronounced. The apparent
decrease in system natural frequency
for both active systems is evidenced
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by their excellent low and mid-frequen-
Ccy isolation performance. a further
illustration of the performance of
these systems subjected to the random
disturbance is given in Figure 12,

The base displacement versus time ig
the dashed line, The position of the
isclated mass ig given for the passive,
fully active and active damper systems.
The body velocity feedback ig set for
a damping ratioc of 2.0. The natural
frequency of each system is 1.0 Hz,

S e

body to the input disturbance, X

The spring rates ani geometry give a
heave naturai frequency of 1 Hz. and
a pitch naturail frequency of 4 Nz,
Selection of Passive dampers to give
a heave damping ratio of 0.25, gives
a pitch damping ratio of 1.00 as de-
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Figure 12

Displacement Time Histories

Two Degrees of Freedom Isolation

The active damper can be applied
as an isolator in systems with mulei-
ple degrees of freedom. For example,
a4 two degree of freedmm pitch/heave
system is shown in Figure 13, The
pitch is designated by the angle 6 ang
the heave by Z, the vertical displace-
ment of the mass center of gravity,

In general such a system would have
disturbances through both isolators,
but for simplicity a single input
disturbance, Xg 1s illustrated.

In this example the active dampers
are controlled to generate forces pro-
portiocnal to a combination of body
vertical and angular velocities ag
indicated in Figure 13. 1In thig manner
the damping of the pPitch and heave
modes can be independently controlled
by adjusting ki and k,, Excellent
high frequency isolation is obtained
since the dampers do not produce forces
Proportional to relative velocity.

In Figure 14 are compared the
amplitude ratio of the point X on the

The fully active and active dam-
per system gains were selected to give
unity uamping ratio for both piteh and
lieave modes. ag before, the active
damper approaches but does not equal
the performance of the fully active sys-
tem, As in the case of the single
axis System, significant attenuation
is achieved through the resonance
region. The highk frequency isolation
follows a slope of minus two.
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Figure 13

Two Degree of Freedom

Active Damper Isolation System

Figure 14

Hardware

ImgIemenuation

The active damper concept requires
a controllable force generator where the
force is derived from relative velocity
of the attachment points. The device
must be an energy dissipator or damper
to insure that external power need not
be supplied to vary its coefficient.

One of the criteria in selecting
an app:sopriate damping mechanism is the
ability to readily control its damping
properties. Another, is the availabil-
ity of materials and components for
its construction.

Fluid damping is a prime candidate
on both counts. A great deal of prior
art exists, which utilizes throttled
fluid as a damping mechanism. This
art includes shock absorbers for ve-
hicle suspensgions, hydraulic deceler-
ators and similar devices.

The addition of suitably controlled
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Two Degree of Freedom Amplitnude Response

valving to these devices provides the
essential elements of the active dam-
per.

Figure 15 is a schematic represen-
tation of an active damper using these
elements. A piston and cylinder with
an integral accumulator is used to
generate mechanical force from hydrau-
lic pressure. The pressure is exter-
nally controllable through a pair of
pressure relief valves as indicated.
The upper valve controls damper force
in tension., The lower valve regulates
the output force in compression.

To illustrate the operation of
the device, assume the relative velo-
city of the attachment points is de-
creasing the distance between them.
This tends to force fluid from the
lower chamber, through the external
conduits to the upper chamber,
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Figure 15

Electrohydraulic Active Damper Schematic

If a compression force is comman-
ded, a control force proportional to
the desired force is applied externally
to the stem of the lower poppet valve,
Zero external control force is simul-
taneously applied to the upper poppet
valve.

The weak poppet valve spring,
aided by the increased pressure in the
lower chamber closes the upper valve.
The lower valve opens to that area
such that the pressure drop across the
valve times the valve area equals the
external command force. The poppet
valve spring rate is assumed neglig-
ible.

Since the pressure drop across
the lower valve is applied acrossed
the piston, the output force is pro-
portional to the applied command force.
Specifically, it is amplified by the
ratio of piston area to valve area.

For constant command force, the
output force is independent of the
relative velocity of the end points.
If this velocity increases, the poppet
valve assumes that area required to
maintain the desired pressure drop.

In genzral, the command force will
be a function of measured system vari-
ables, and will vary accordingly as
a function of time. As the command
force is modulated, the output force
will follow proportionally.

If a tension force is commanded,
the external force on the lower valve
is made zero and an exteriial force is
applied to the upper valve. With the
attachment points distance decreasing,
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the upper valve remains closed. The
lower valve opens fully, producing
essentially zero pressure drop and
zero output force from the damper.

This is the case previously dis-
cussed, where the damper produces
zero output force if the commanded
valve is opposite to that attainable
for the existing relative velccity.

With the relative velocity of the
attachment points in the opposite
direction the process reverses. 1In
this case, the lower valve remains
closed. The upper valve controls the
output force when tension is commanded.
If compression is commanded, the upper
valve opens producing essentially zero
output force.

If the relative velocity is at
any time insufficient to produce the
required flnw to achieve the commanded
pressure drop, the controlling valve
reaches the fully closed position.
Then both valves remain closed and the
lock up case occurs. Here the damper
is transmitting the maximum possible
force which is less than that commanded.
At that time when the damper can again
achieve the commanded force, the con-
trolling valve re-opens and controls
the ouvtput force.

In summary, the active damper
illustrated in Figure 15, controls
the hrottling of fluid produced by
re..tive velocity of the attachment
points. It utilizes small forces and
displacerents of the poppet valves to
control the amplified forces and dis-
placements of the piston. It will
produce commanded forces in tension or
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compression if possible. If the rela-
tive velocity is in the wrong direction,
it provides essentially zero force.

If a force is commanded which exceeds
that available, it locks up, providing
maximum available force for that in-
terval.

Figure 16 illastrates a breadboard
version of this concept. Here, commer=-
cially available pressure relief valves
are used. The pressure relief setting
of these valves is electrically con-
trollable from an external signal.

They produce a pressure drop propor-
tional to the applied voltage, as il-
lustrated. Diode networks direct the
command signal to the proper valve to
achieve either tension or compression
forces.

The controller accepts measured
system variable inputs and produces
a single output voltage proportional
to desired damper force. For example,
the controlier could consist of an
adjustable gain for the isolated mass
velocity signal. This was one of the
cases investigated analytically. 1In
general, the controller would consist
of gain, summing and filter elements
operating on appropriately selected
system variables.

Although the active damper illus-
trated is electrically controlled, in
certain cases direct hydromechanical
control is possible. For exampie,

a spring, mass and damper could be
used to sense isolated mass accelera-
tion or velocity and directly control
pressure relief valves. Fluid con-
nections between dampers could be
utilized with appropriate valvirg to
control pitch and roll modes directly.
The optimum hardware implementation

is of course dependent on the specific
application.
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APPLICATIONS

The active damper represents a
new class of components for applica-
tion in shock and vibration isolation
systems. Utilization of devices of
this type can provide system perfor-
mance intermediate to passive and
fully active systems. Broad appiica-
tion catagories include vehicle sus-
pension, vibration and shock isola-
tion, impact cushioning, and tuned
absorbers.

Vehicle Suspension

In vehicle suspension, the ac-
tive damper can be used in parallel
with conventional sp:inging to attain
increased isolation and stability.
For example, by appropriate use of
active dampers, significant attenua-
tion of vibration and shock can be
attained at and below the spring-mass
natural frequency. As demonstrated
analytically, this improvement can be
obtained without sacrificing high
frequency performance. Achieving
increased isolation through active dam-
pers allows the designer to use stiffer
springing, which increases pitch and
roll stability and minimizes static
deflection. As demonstrated in the
two degree of freedom analyses, in-
dependent control of bounce and pitch
modes, is also possible with active
dampers.

Suspension systems which require
multiple feedback loops to achieve
the required performance might use an
elecirohydraulic active damper. Ve-
hicle velocities and accelerations could
be measured and appropriately filtered
to generate the command signal.

Suspensions requiring only isol-
ated mass vertical velocity or accel-
eration feedback could utilize a self
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Figure 16

Breadboard Active Damper System
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contaired hydromechanical active dam- resonance. Since the active damper

per. This type of device would be includes a zero force and lock up mode,

similar to a cnnventional damper in as well as the controllable force mode,

external configuration and installa- it can act as a variable stiffness

tion. linkage to control the effective spring
rate of the absorber. This type of

Vibration and Shock Isolation application has not been investigated
to date.

Performance benefits attainable
with active dampers in vibration and
shock isolation systems are similar to .
those described under vehicle suspen-
sions. Increased vertical isolation
and independent pitch and roll control
are pcssible by using active dampers .
with a variety of spring elements.

Pitch and roll control of self
leveling pneumatic spring isolation
is a probable application. A decrease
in apparent natural frequency of rub=-
ber mounted equipment is another pro-
bable use of active dampers.

——, .

In general, vibration and shock
isolation systems will require a large
range in active damper capacity. Typ-
ical specific applications include
isolation of precision avionics and
reconnaissance equipment, operator
seating, helicopter rotors, and larqge
bases and platforms.

Impact Cushioning

Since the active damper is a con~-
trollable energy dissipator, it should
provide a high degree of design flex-
ibility in impact cushioning systems.
Current hydraulic decelerators have
predetermined :onlinear damping ver- x
sus stroke characteristics. This
allows for uniform deceleration of a
known mass with tnown initial velocity.
Some devices are manually adjustable
to utilize the entire stroke and there- ‘)
by minimize deceleration forces for
a specific mass and initial velocity. i

The active damper, being exter- .
nally controllable, c¢ould be automat~- ;
ically adjusted to minimize decelera- f
tion forces where the nass and initial
velocity are unknown. This feature
could be highly desirable for such ]
application as dock fendering and !
material handling. The use of the
active damper in impact cushioning ;
has not been investigated to date. f

Absorbers

The active damper should intro-
dvce additional flexibility to the
design of tunel vibration absorbers.
By connecting the active dampers in
series with springs attached to the
absorber mass, it should be pogsible

. to automatically vary the absorber
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DISCUSSION

Me, Snowdon (Pennsyjvanis Stete University)
Would the system be confused if you were deeling,

for exsample, with en input comprised of two
predominate frequencies, one very low end one

very high with roughly 180 degrees of seperetion.

Is this eutomaticelly teken cere of or would it
present problems for the igoletor?

Mr, Crogby: We 413 some studias with two

sine weve inputs end the system wes eble to teke

cere of it, I think, in the limit, the rendom
excitetion is probebly the limiting cese. If
it cen perform under rendom, it should be eble
to hendle eny multiplicity of single sinusoidel
inputs.

: i Whet motions
ere you encountering? Looking et the picture
thet you hed of the little isoletor, it looked
es if you hed to heve quite e bit of motion in
order to get eny smount of force to work with
your isolator,

Mr,; Crosby: 1In the lineser cese it wes
independent of the motion end we modeled this
such thet during the time it was turned on, it
wes lineer, In other words, it wes independent
of the amplitude, We didn’'t really get down
to worrying ebout making en orifice-type
control vhere you get very small motions, so
thet 1f you ere on the low pert of the squete
lew curve, you ere going to heve low forces
out. If you're going to design e device for
very low motions, you might go to e viscous
flow end control, or maybe i{ts en electro-
mechenicel device or even e controlleble
Coulomb friction device. There's ¢ greet
deel of flexibility in the implementetion of
the besic concept. I think you heve to teilor
the specific ectuetion device to the problem,
Is ‘t lerge or small motion, Whet kind of en
environment is it {n? You would heve to study
those ceses individuelly,

Mr, Magur (Radietion, Inc,): All those
curves you heve shown ue, were they of en
ectuel isoletor or were they just some
hypotheticel celculetions thet you did?

by: ln this perticuler cese, the
curve thet we heve shcwn ere from the nonlineer
computer simuletion studies, We ere in the
process of developing some breedboerd end
protortype clectrohydreulic devices end ere
hopeful thet, et the next meeting we will be
eble to present some good experimentel dete.

Mr, Paledino (Neval $hip Systems Commend)
We in the Nevy heve been interested in these
ective systems., Just how would you propose to
hendle your phese end response to e frequency
and smplitude thet you ere interested (n
bucking out, end still heve your sensor be
immune to ell other forms of vibretion thet
you ere not interesied in? Is your rssponse
time fest enocugh with this servo system?

by: The herdwere thet we ere
looking et right now, is on the order of 15
Hs response, thet is with the electrohydreulic
implementeticn. .f you go to smaller, like
reconvelsence type epplicetions, vou might
be ebie, using electromagnetic davices,
to get this higher response. 1If you ere
deeling with very lerge structures, such es
you might heve on shipboard, you might be down
lower then thet. It depends upon the spacific
implementetion. In terms of the ebility to
control certein frequencies end reject ccher
frequencies, you cen use thet sams electricel
filtering device. You could uvse, with e iully
ective system, en eslectricslly controlled
thing, You could use filtering. We heve rox
reelly investigeted ihe use of bend-pess
filters for this device, elthough this {s
something we should investigete,
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VIBRATION CHARACTERISTICS OF SKIN-STRINGER STRUCTURES

J. P. Henderson
Air Force Materials Laboratory

Wright~Patterson AFB, Ohio 45433

with experimental data.

Results of transfer matrix analysis of the vibrations
of flat and curved skin-stringer structures are presented
in the form of resonant frequencies, mode shapnrs, moment
Jdistributions, and the forced response of damped structures.
The response of a five panel laboratory specinen is com-
pared with a 56 panel complete structure, ard theoretical
predictions for the response of flat structures are compared
In addition, the effects of cir=~
cular curvature on the resonant frequen~ies and mode shapes
in a five panel structure are discussed.

INTRODUCTION

One of the most commonly used types
of aircraft construction is the skin-
stringer structwe. A typical fuselage
of this type consists of a thin metal
skin stiffened in one direction by heavy
frames and by lighter stringers normal
to the frames. 1In recent years consid-
erable effcrt has been applied to
analysis of both the forced and free
vibration of this type of structure.
This effort has been prompted by con-
cern over the response of structures to
acoustic excitation and the resulting
fatigue problems, as well as interior
noise problems caused by the vibrating
structure acting as an acoustic source.
Efforts to reduce these prcblems through
more sophisticated design procedures
and the efficient utilization of damping
materials require detailed information
on the frequencies of maximum resposse
and the distributions of the dynamic
strains and displacements.

Several recent papers have discussed
the development of aralytical techniques
for predicting vibration response of
this type of structure. Most recently,
advances in the application of transfer
matrix analysis hawe made it possible
to analytically evaluate the effects of
circular and noncircular curvature in
the structure [1,2,3], stringer-width
[4], stringer stretching [2], and the
effect of tuned viscoelastic dampers

on the response of skin-stringer struc-
tures [2].

It is the purpose of this paper to
uiscuss the vibrational characteristics
of skin-stringer structure predicted by
these analytical techniques and compare
these results with some recent experi-
mental measurements. No attempt will
be made to present the detailed mathe-
matics involved in transfer matrix
analysis, since discussions of this type
of analysis are available in other pub-
lications [1-5]. 1Instead it is intended
to present a review of resonant fre-
quencies, modes shapes, moment distri-
butions, and forced frequcncy response
functions that can be expected in this
type of structure.

Validity of the Analysis

Although the details of the analy-
sis will not be presented here, it is
appropriate to review the assumptions
of transfer matrix analysis and to dis-
cuss how the mathematical model relates
to real aircraft structures. The most
important assumption in this type of
analysis is that the vibrational charac-
teristics of the panels in a complete
structure can be reasonably predicted by
considering rows of panels, stiffened
by stringers, and supported on the edges
by stiff parallel frames which are ass-
umed to act as simple supports. Althouh
such a row of panels certainly does not

PR

-

O —— et 1 A B

S Ao S e et

135

” . reeh—
E'Lm T BLANK-NOT FILME.

TP AT TP, -

-

2N

RN




!
!
¥
!
4
b

represent all the properties of an air-
craft fuselage, there is experimental
evidence indicating that these assump-
tions cun lead to quite useful engi-
mering predictions of the vibrations
occuring both in laboratory specimens
{6) and real aircraft structures (7, 8],
particularly if the frames are spaced
farther apart than the stringers.
Applying this boundary condition assum-
ption and assuming that the steady
state motion of the structure varies
harmonically with time, the displace-
ments and forces of primary interest
can be expressed as:

displacement in = nrx _iQt
x direction E nzin(a)cos i
-
digplacement 40 uu Ty (a1 ain BEE o10°
n=l
displacement in ..- nrx _iqt
z direction ¥~ L (s)sin 555 e
=d¢
rotation about ,_ n nrx _int
x axis 8=] qg(e)sin 55 e
bending moment M = | M_(s)sin 5%5 elft

n=1

Kirchhoff shearvs=z vn (8)sin n;x elﬂt
n=1
sSX

where VS=QS+ ax

in-plane _m = .. nrx _iQt
tension s 'Z N, (s)sin =g~ e

n=1 “n
and
in-plane .t E nrx _int
shear Ny nglﬂsxn(s)cos X e (1)

Figure 1 shuws tne sign convention ass-
igned to these displacements and forces.

The transfer matrix analysis of
curved structures is formulated by de-
termining the relationship between the
state vector at some arbitrary initial
location in the structare, for example
8 = 8, and the state vector at any
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other loaction, s = s

Figure 1.

Sign Convention for
Curved Panels.

This state vector of displace-
ments and forces at any point in the
shell can be defined for a given fre-
quency O as:

{2 (8)} = {x(s),u(s),0(8),B(s),H(s),

Vis), N (8), N ()} (2)

where it is understood that the { |}
indicate a column vector. The elements
in this state vector are complex valued
when damping is present in the structure
A non-dimensional state vector can also
be defined as:

=2
_ sl v =N h
{Zn(S)} = {%' %' E‘ooﬁ 'M-DEA' DLI % ’
gﬁz} (3)
D n

where the functional notation indicating
dependence cn s has been omitted for
simplicity, but is still implied. No-
menclature is defined in Table 1.

Provided that there are no exter-
nally applied forces between s, and s,,
the basic transfer matrix relagionshiﬁ
is of the form

{2z (s} 1T, {2050} (@)
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where 1['I' lo is an 8 by 8 transfer
matrix whgcg has a unique value at each
frequency . This transfer matrix is
the chain product of field transfer
matrices [U_ ], representing transfer
across a shgll segment, and stringer
tranfer matrices [Pn].

Derivation of each type of trans-
fer matrix is described in reference
{2] along with methods of formulating
the analysis of the forced vibration
of a row with a moderate number of
curved panels and with arbitrary
boundary conditions at each of the rows.
Complete shells, with a large number of
panels arranged in a periodic manner
have been analyzed by formulating a
difference equation relationship from
the basic transfer matrices (9).

Respongse of Segments of Structures
Compared with Complete Shells

It is interesting to compare the
calculated response of a typical labora-
tory specimen, such as the five panel
segment of curved shell shown in Figure
2, with the response of a corresponding
complete shell with 56 identical panels
as shown in Figure 3. The calculated
nondimensional displacement response
of the center point of five panel seg-
ment is shown in Figure 4, for the
case in which the structure is excited
by a harmonic force f distributed along
a line in the middle of the structure,
where

£(x,0) = F sin 1% elnt (5)
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Figure 2, Five Span Curved Skin-
Stringer Laboratory
Test Specimen.

relr

Inherent structural damping of the
riveted structure was modeled by
assuming complex stiffness, with a loss
factor n_ = .05, in the stringer.
Damping iIn the panels was not accounted
for. This approach seems reasonable,
since most of the inherent structural
damping is due to the riveted joints
and not hysteresis in the materials
(10, 11). The value of stringer loss
factor was selected tn approximate
typical overall damping as measured in
actual structures (4]. The three
response peaks correspond to symmetric
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modes for which n = 1 in equation (1):
that is,in the frequency range shown,
there is no response in modes with
node lines parallel to the frames.

Nl i

Table 1

DIMENSIONS AND PROPERTIES OF STRUCTURES
used in calculations presented in Figures 12.19.

Young's Modulus E * 10.5x 10 Lbiin?
Poisson's ratio V * 0.3

distance between trames b e ldin.
skin thickness R = 050 in.

distance between stringers ho. uc- i 3
stringer area A . 220002
sumurMm. Az » 0.4117in
stringer dim”  C; » 0.79121n. :
mass density P o .101/386 Lb-sec?in!
STRINGER MOMENTS OF INERTIA:
transverse In ° 35031 x 207 in

inplane  Ig - 3.5433 x 102 int

-

N ——

potar (mass) Jp = 2.6339x 10 Lb-sec
TORSION CONSTANTS

St.Venant C o 42083 x10% ot
waping Cm-llnsxmiié

tlexural nigidity 0okl
121v)

radius of curvature a2 = as specified (in.)

*Refer to [ 2]for detaits

Bkt Mkl i

Figure 3. 56 Span Complete Skin-
Stringer Structure.
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Figure 4. Frequency Response of
Five Span Segment (ref 1)

Typically, there is an anti-symmetric
.iode between every two symmetric modes
but thcse do not appear in Figure 4
due to symmetry of the excitation.

For comparison, the response of a
complete ring of 56 curved panels,
with the same dimensions, stringers,
and damping as used in the five panel
segment, has been calculated by Mc-
Daniel [l1]. The response in the
center of the panel, where the excitation
is applied, is chown in Figure 5.

PRGN Wy e ]

Figure 5. Frequency Response of 56
Span Complete Structure

([11).

The question naturally arises as to
whether or not the response of a tinite
length laboratory specimen is represen=
tative of the complete, fuselage-like,
structure. It is apparent from Figures
4 and 5 that the modal density of the
response of the complete structure is
much higher than found in the finite
length specimen, and that the response
peaks to a given excitation are higher
in the smaller structure. Figures 6 and
7 show some of the calculated undamped
normal modes and rormalized moment dis-
tributions for each structure. Mode
shapes and moment distributions excited
in the smaller structure are typical
of those found in the complete structure.
These typical response modes are useful
in testing the effectiveness of vibra-

tion damping techniques.

Comparison of Analytical and Experi-
mental Results

Another question that can be
raised when studying the results of
analytical studies is whether or not
the analysis predicts behavior typical
of real structures. Recently, response
calculated by transfer matrix analysis
of a flat, five panel, skin stringer
laboratory specimen was compared with
the results of carefully conducted
laboratory measurements [4]. Table 2
shows a comparison of resonant frequen-
cies predicted analytically for the
symmetric modes in a flat structure
and those me2sured experimentally in
the laboratory. The aialysis used to
obtain these results takes into account
the finite width of the stringer. Other
analysis, employing different assump-
tione as to the interaction between the
stringer and skin near the stringer,
did not agree as well with experimental
results [4].

A comparison between analytically
predicted and experimentally measured
frequency displacement response func-
tions is shown in Figures 8-10. The
theoretical response curves are for a
unit harmonic force applied at the
center point of the structure. In the
experiment the structure was excited by
a small electromagnetic shaker with a
very light moving element in order tojnot
unduly mass load the structure. Since
the excitation force could not be
measured without mass-loading the struc=-
ture in these experiments, the experi-
mental results were arbitrarily normal-
ized for comparison with the theory.

As in the previous example, damping
was analytically modeled by assuming
complex stiffness in the stringer. How-
ever, in the analytical results shown
in Figures 8-10, damping due to bending
of the stringer (n,= 0.l1) had to be
made three times a? large as the damping
due to torsion of the stringer (nt =
0.0333).

While these particular assumed
loss factors in bending and torsion
were chosen in an attempt to approxi-
mate the experimentally measured modal
damping, there does appear to be some
rational explanation for the stringers
dissipating more energy in bending than
in torsion. 1In investigations of the

response of typical aircraft structures,
Ungar [10] attributed damping in a
riveted joint to be primarily due to
normal movements between the skin and
the stringer, which would be predominant
in the stringer bending mode. 1In addi-
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ticn, Mead {11] has pointed out that about 25 for the third symmetric mode
acoustic damping of structures will be in which the stringers are primarily
higher when adjacent panels are in bending.
phase. An increase in the damping of
the stringer bending modes over the
stringer torsion modes can be noted in
the experimental results shown in 5
Figures 8-10. !
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However, the relative importance of
these modes in sonic fatigue consider-
ations can vary depending on the
spatial distribution of the excitation.
For instance, the third symmetric mode
might be more efficiently excited by

a turbulent boundary layer with small

Lime of sy nptiy

Figure 7. Free Vibration Normal
Modes and Moment Distributions for
56 Span Complete Structure {ref [1}).
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For example the resonant
factor Q measured at the
panel 3 was about 50 for
in which the stringer is

amplification
center of

the first mode
twisting and

values of scale of turbulence.
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Effects of Curvature

Resonant frequencies in typical
flat skin-stringer structures have been
shown by Lin [2, 12] to occur in peri-
odically spaced frequency bands. The
mode shape usually associated with the
lower bound of the first frequency band
is characterized by adjacent panels
vibrating out of phase with each other
and stringers undergoing primarily tor-
sional displacements, as shown for the
first "stringer twisting" mode in
Figure 11. The mode shape correspond-
ing to the upper bound of the first
band, called the "stringer bending" mode
is characterized by adjacent panels
vibrating in phase and the stringers
undergoing primarily bending deformations.
Mode shapes corresponding to the lower
and upper bounds of the second band,
for which n = 1, are likewise charac-
terized by stringer twisting and
stringer bending as shown in Figure 11.
Other bands, having additional node
lines parallel to the stringers, are
at higher frequencies. For structures
consisting of a large number of panels
there were a large number of resonant
frequencies in each band and the fre-
quency response of the structure ex-
hibited "filter band" characteristics
in response to the imposed excitations.
These analytical predictions have been
confirmed experimentally [2].

Results of specific numerical cal-
culataions of the effects of curvature on
the distribution of undamped resonant
frequencies and normal modes are shown

[y
IIZ\_/

in Figures 2 thre jh 1Y.
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Figure 11. Limiting Modes (ref.(2}).
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TABLE 2
>;URVATURE SYMMETRIC MODES
VL)) MODE 1 |MODE 2|MODE 3|{MADE 4|MODE 5
25 [257.8(HI)| 346.6| 455.41 5:2.7] 670.8
50 215.6 | 267.7| 442.0| 532.5] 551.6
72 208.4 | 249.10 391.9{ 503.0| $39.9
100 205.6 | 240.8] 346.6  495.3| s541.0
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Figure 13. Symmetric Normal Modes,
a=175". n=1.

The particular structures investigated,
which have the dimensions and material
properties shown in Table 1, representing
laboratory specimens used in damping
tests.All structures were identical ex-
cept for radius of curvature which
ranged from infinity (or flat) to 25".
Each structure was considered to have
five identical panels and six identical
stringers. Stringer end conditions
were assumed at the ends of the rows of

panels in each structure.
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Figure 14. Symmetric Normal Modes,
a = 150", n = 1.
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Although only the first five symm-
etric normal modes, for which n = 1, are
shown, important changes in the dynamic
pehavior of these structures can be
noted. It is apparent that the
stringer twisting mode, which is the
lowest frequency mode considered for all
structures, is only slightly affected
by increasing curvature. This can be
cxplained physically by realizing that
the out-of-phase motion of adjacent
panels tends to cancel out membrane de-
formations and forces in the curved
structures. On the other hand, the
stringer bending mode, which is the
third symmr..ric mode in the flat struc-
ture, has «ll panels vibrating in phase
and is associated with high membrane
deforrations and forces in curved struc-
tures. This is manifested in the rapid
rise in resonant freguency with slight
increases in curvature, and the gradual
change in mode shape to a mode with node
lines parallel to the stringers. The
well defined, periodically spiced, fre-
quency bands observed in flat structures
appear to spread out and lose their sig-
nificance as curvature increases. Re-
sonant frequencies for these structures
are tabulated in Table 2.

It is inTeresting to note that the
resonant freguencies tabulated in Table
2 exhibit what, at first sight, appears
to be peculiar behavior. Note that
the calculated resonant frequencies of
some of the modes appear to decrease
slightly for small increases in curva-
ture in the nearly flat panels. At
first the author thought this was an
error in the analysis and spent many
hours looking for a sign error in a small
term in the analysis or in the computer
program. Although the possibility of
such an error still exists, it appears
that this behavior is due to coupliry
between the membrane forces and the
bending forces in the flat plate. The
analysis used is based on eighth order
shell theory and of course considers
both bending and in-pliane forces and dis-
placements. Normally, in a flat panel,
the in-plane effects are decoupled from
the bending effects. However, in these
skin-stringer structures, the stringer,
which is attached to the panel at a
point different from its shear center or
centroid, couples the in-plane and bend-
ing effects even in the flat case. If
the terms in the stringer transfer matrix
representing this coupling are removed
the resonant frequencies monotonically
increase with an increase in curvature.
The small increases in resonant fre-
quencies in the flat cases are accom-
panied by increases in the in-plane
forces in the panel. Apparently this
behavior reflects the great in-plane
stiffness of a flat structure. These

small changes in resonant frequency

are not significant from an engineering
standpoint since they are about 1% of
the resonant frequency, and it would

be very difficult to experimentally
confirm this behavior since the diff-
erences in frequency are less than the
typical specimen to specimen deviations
in this type of structure.

SUMMARY

Scme results of transfer matrix
analysis of the vibration characteris-
tics of typical skin-stringer structures
have been presented in this paper. It
has been shown that investigations of
five panel laboratory specimens can
produce useful information on typical
modes and frequencies but will not re-
produce the modal densities of larger
structures. Furthermore, it has been
denonstrated that transfer matrix
analysis can reaschably predict the
resonant frequencies and damped response
of typical specimens if the finite
width of the stringer is considered and
the damping in the stringer terms is
carefully chosen. Increasirng the
curvature in this type of structure has
been shown to result in a gradual
change of mode shapes and resonant fre-
quencies until eventually the well de-
fined frequency bands, characteristic
of flat structures, lose their signifi-
cance. Hopefully, the paper has given
the reader a better physical under-
standing of the types of response be-
havior present in skin-stringer struc-
tures, and more specifically the effects
of curvature and other structural para-
meters on these phenomena. The analyti-
cal techniques discussed can be further
applied to such problems as that of
designing efficient damping treatments
for use in skin~-stringer structures.
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DISCUSSION
Mr, O'Leery (Boeing Vertol): Is this trense

fer metrix technique like ¢ Myklested essocieted
matrix or is it like ¢ finite element epproech?
Cen you sey in e couple of worde?

son: The trensfer matrix tech-
nique 19 ¢ technique ir which you define e
stete vector. In the cese of the curved struce
ture, there ere four diaplecements end four
forces, If you know the stete vector et the
edge of one penel, you define whet it would be
et the other edge of the penel, You cen work
across penels end stringers in this manner.
It does include distributed mass end distributed
stiffness. Now, some of the verly trensfer
matrix techniques used ¢ Myklested type of
epproech where they lumped mess elong lines
end so forth, This perticuler epproech is ¢
distributed mass epproech end it is not directly
releted to e finite element technique. It
requires less computer time then ¢ finite
element epproach would,

Mr, O' How effective ere the bound-
ary conditions on e perticuler pert you ere
investigeting? If you teke e portion out of e
wing or e¢ fuselege, obviocusly the boundery
conditions of thet edge where you essumed the
stete vector heve gome influence on the fre-
quencies,

Mr, Henderson: You cen put erbitrery
boundary conditions on the edges of the penels.

The one overriding restriction in the enalysis
18 the fect thet you heve to make it e one
dimensional enalysis end you heve to heve the
simple supports on the frames. As ¢ matter of
fect, it is very convenient in e¢ trensfer
matrix enelysis to put elestic boundary
conditions in the ends of your panels. Sey
you heve e stringer et the end of your penel,
you just put e trensfer matris ecross thet
stringer., It is very eesy to incorporete
different boundery conditions et the ends of
the panels usin~ the trensfe: matrix technique.
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MATERIALS FOR VIBRATION CONTROL IN ENGINEERING

A. D. Nashif

University of Dayton
Dayton, Ohio

Design data on the damping properties of a number of materials ]
have been measured and are presented as functions of both temperature
and frequency. The selectec materials are typical of those which can
be utilized collectively to reduce vibrational amplitudes and noise
levels in resonating striuctural systems over an extremely wide temper-
ature range typically from -200°F to 2000°F.

INTRODUCTION

Many of the resonant noise and vib-
ration problems which severely affect
present day technology and which have
not all be resolved by means of con-
ventional vibration and noise control
techniques, are highly amenable to re-
solution by proper use of materials
which dissipate large amounts of energy
under cyclic strain deformation. 1t is
clear that future application of this

i vibration control technology, utilizing
damping materials, depends critically on
the >xistence of a highly sophisticated
and broad data base concerning the
damping properties of materials having
high damping capability at various points
in the temperature range =-200°F to +2000
°F. This wide temperature range arises
because practical vibration and noise
problems can occur under widely varying

) environmental conditions, ranging from

F deep space at temperatures as low as
-200°F, through general industrial vib-
ration problems, which occur near room

- temperature, as in appliances., through
problems associated with intevnal com-
bustion engines and transmissions at
temperatures around 200°F to 300°F, to

Y problems associated with engine exhaust

) systems and gas turbines at temperatures
up to 2000°F. What is even more remark-
able than the width of this temperature
range, however, is the variety of mater-
ials avai'-ble for use within it, inclu-
ding elastomers between =200°F and +500
°F, plastics from +200°F to 400°F or so,

i and enamels between +600°F and +2000°F.

te The reason for establishing data for a

variety of different materials, to cover
such an extremely wide temperature range,
is the fact that good damping materials
exhibit high damping properties only in
a relatively narrow temperaiire rangc,

RSy :'a'p. >
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known as the transition region which is
illustrated in Figure 1,
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Figure 1. Variation of the proper-
ties of a typical damping material
with temperature.

This paper, therefore, will outline
and quantify the damping behavior of
some typical materials, which have been
evaluated up to the present time for
damping applications in the above tem-
perature ranges, including elastomers,
plastics, and enamels. This data will
be the first step toward providing the
designer with information needei for
practical application of damping to real
problems in the future.

MEASUREMENT TECHNIQUES

Vibrating beam tests were conducted
to obtain the damping properties pre-
sented in tuis paper, because such tests
can provide reliable damping data over
wide temperature and frequency ranges.
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The damping material was either coated
on a metal beam or sandwiched between
two metal beams, as shown in Figure 2.
Externally coated veam specimens were
used to measure the damping properties
of stiff materials, where the real part
of Young'; modulus ranged in value from
103 to 10/ psi, while the sandwiched
beam specimens were used for relatively
soft materials with Young's moduli under
10% psi. The damping properties were
computed from the reeults of tests
conducted on hoth damped and undamped
beams as follows, using the procedures
described for data reduction.

L | waws Ll\ul va _leq E

fal  Cherst bear sFecimer

e | s R =

‘bl Modified Oberst hoam specimen

EEEEE%E%EEEEEEEEE?EEEEEEEEEEEEEE?? E%g

fc)  Sandwiched beam specimen
Figure 2, Beam Specimens
Coated Beam Tests

This technique was developed by
Oberst [1] for measuring the extensional
complex modulus properties of materials.
The material is coated on one side of
the beam, and the composite beam is then
subjected to a sinusoidal force of fixed
amplitude by means of a driver and the
response obtained by means of a pickup
transducer, as illustrated in Figure 3.
From the response spectra of the beam,
both :odal frequency and half-power
bandwidth can be measured for each mode
of vibration. The loss factor 7p and
the real part of Young's modulus E, of
the material can than be calculateg by
using the following equations:

2 =
(wn/wln) (1+hrpr) =

2 2. 4
1+2 Erhr(2+3hr+2hr) + Erhr

’

1+ Erhr
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v-/r‘D =
2 3 2.4
Erhr(3+ Ghr+ 4hr+ 2Erhr+ Erhr)
2 3 24
1+ Erh9(1+ 4Erhr+ GErhr+ 4Erhr+ Erhr)
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Figure 3. Schematic diagram of ex-
perimental beam setup.

A modification of thisg technique
[2], designed to simplify the data re-
duction and get a good understanding
of the error magnification factors, is
obtained by coating the beam on both
sides with the damping material. The
resulting equations for such symmetric
beams are:

2
£ . [(wn/wln) (1+2hror) ~1]E
D 3

8hr

1

5 ,and
+ 12hr + Ghr

Ey
L+ — p)
(8hr + 12hr + Ghr) ED

np/n

Sandwiched Beam Tests

By this technique, the material is
sandwiched between two identical metal
beams and tests are conducted in a
similar way to the coated beam tests.
The equatioms used for this technique are
based upon those developed by Ross,
Kerwin and Ungar [3] for a three-layer
damped system and modified for a simple
symmetric sandwiched beam [4,5]. an




iteration process 1s rneecea Lo compuie
the damping properties of material: by
these equatiors because they ure cou-
Fled. An carly attempt hnrs been rad

[6] rc ¢"od>lg these eJuatinns 1n Qier
to simplity the data reduc.ion. AnntiLy
simpler form of these uncoupbica ejua-
ticas is presented hare:

. A=D "_._:';I‘\“‘E.'.; -2 A )'.
2 (1-2A + 2B)% + 4(A)

AN N 1
I e
. 3 A
D
A-B-2(A-B) 2 - 2iA~)°
where:
= 2 N R
A {‘n/*ln) (2+.rhr\(B/_) and
B = e )
2
3 nlthr)

Data Reduction

It should be noted that ail rhe
above eguations contain o~rms that are
essentialiy functions of small diffci~
ences between large numbers, which may
l2ad to large error magnifications I[1,
2, 6]. A number of different beam gec-
metries were used for each wmaterial in
order tc overcome *tnis difficulty. Tae
expcrirental setup illustratea :n -
ure 3 was used for measuaricg the Jdarp-
ing properties oi ma.lerialisup to .00°
Above this temperature, the spuecimen

was placed oot g Tosmar e s Lo uE
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properties ot thoe materit, wer: chen
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frequency and temperaturc sensitive.
All experimentally determined values of
the real part of the medulus and the
w8s factur were then plotted on one
master graph for each material by using
tiie temperature-irequency superposition
prlnciple [7]. These master graphs

ore then used, to plot the damping pro-
pnxtle= of each material in a usable
fore, a. shownoan ¥Figures 1 to 11,

NISCUSSION

Adthowal many materials have qood
dameisa caprabi'ities in toe 1iarge from
alTF re 26007, ondy four materials
were s¢+cted for this voper because
they are typical of what is availablie for
four important temperatule rianges cov-
ering "low", “room", "mediun high", and
"hich temperatures”

O

Figures 4 and 5 represent the real
part of Ycung's modilus and the loss
tactor, respectively, of a natural
rubber [8] as a funcion of both fre-
quency and temperature. This material
s typical of many elastomers such as
silicones, butyl, and acrylonitrile-
butadiene rubber, which have high damp-
irg caepabilities in the range from
~2007F cu about 30°F. Such a capability
sakes thess materials very offective
when utrilized in ~onstra.ned or sand-
wich treatmonts near theil transiticn
region because ¢of the extrewmcly higyh
ioss factor, as cai. be scen in Tigure
Ir addition, these materials are very
usefal as lirnks for tuned damping de-
vices when they are utilized in their
rubbery regicn because of the small
variation of the modulus values with
temperature, as can be scen in Figure 4.
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trhe seceont wmaterial esaucced was
3M-4¢7 adhesive [9] whivi, s typical of
many pressure c¢.nsitive trensfer adhe-

sives that kav‘ telr optimue damping in
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cptimum darplig, sec Figures & ana 7,

at room temperature. Yhis makes it app-
lL.cable tor many industrial wvibration
ard noise prollems, when utilicec in a
shear configuration.
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lications such as in exhaust systems,
engine housings and after-burners, vi-
treour. enamels can provide high damping
capabilities up to 2000°:.
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Pigure 4. Variations cf the real
part of Young's modulus with tempera-
ture and frequency for Natural Rubber.
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Figure 6. Variections of the real
part of shear modulus with temperature
and frequency for 3M-467 adhesive.

o

[ - e —

N s
& A S e
(S e Y. 2

- e - e ‘
@ ~

]

$

bru '

(1

ETree e | 7 P PR, e
=60 v} 3G 100 G 200 280 ax

TMPERATURE (°7)

Figure 7. vVariations of the loss
factor witiv terterature and frequency
for 314-467 adhesii-.

ia

-~

ke




L T

é—,“lo“f \‘ |

° i

it

§ L |
§ RN |
o 10— N '
g \\Q’ \;iwokz }

™, 3

d \‘\\’OZH'IO o2 !
¥ 10Hz !

35

"%?r B 2007 20 dos 3o doo wo

TEMPERATURE (*F)

Figure 8. Variations of the rart of
shear modulus with temperature and
frequency for High Impact Resistant
Polystyrene Plastic.

IO’“’* i B —
| |
% l
] 109z
010 ST
& T 7N N 0%k (
g S I W |
= ] i e 4 : B !
2 S S 102,
w | P N
n | / 10Hz
w I: 4
a1
|
.Oﬂ_* = Y R
00 120 200 250 300 350 405

TEMPERATURE (°F)

Figure 9. Variations of the los-
factor with temperature for High Im-
pact Resistant Polystyrene Plasti-~

Results for a typical example of one of
these enamels are shown in Figure 10
and 11 [11]. Such materials can be
utilized in a free layer damping confi-
guratior because of their high modulus

ard loss factor, as can be seen from

the above figures. Tt can also be seen
from these fiaures that such a material
can provide good damping over a wide
temperature range, which is usually well
below its firing temperature.
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Figure 10. variations of the real
part of Young's Modulus with tempera-
ture and fregrency for Chicago vit-
rcous Enamel #2235
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CONCLUSIONS AND RECOMMENDATIONS

Examples of damping materials
which collectively cover a temperature
range from =-200°F to 2000°F have been
discussed in this paper along with com-
plex modulus data to enable designers
to utilize such materials for resonant
vibration and noise problems. However,
at the present time, there is no know-
ledge of good damping materials in a
small region within this extremely wide
temperature range. This is the region
between 400°F and 600°F, where most
elastomeric damping materials leave off
and enamel damping materials take over.
Future work is needed in this area to
evaluate and/or develop new damping
materials for this gap. Possibly low
melting temperature glasses might be
an answer.
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SYMBOLS

a Characteristic number of the nth

n mode
El Young's modulus of metal beam
ED Young's modulus of damping material
Er ED/El

Gy Shear modulus of damping material

hl Thickness of metal beam

hD Thickness of damping material
hr hD/hl

% Length of beam

n Loss factor of composite beam

"p Lcss factor of damping material
°1 Density of metal beam
°p Density of damping material

w Natural frequency of nth mode of
composite beam

Natural frequency of nth mode of
metal beam
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DISCUSSION

Mr. Platus (Mechanics Regcarcl): Did you
consider in iooking at the temperatures, the
temperature rise due to energy dissipation in
the danping materials themselves? How 4o you
control temperatures? 1s this a problem?

Mr. Nashif: 1In this particular measuring
technique it is not a problem, because in all
vibrating beam techniques you have to keep it
at low force input so you can stay in the linear
rawge of the material. In that linear range
there 1s very little heat dissipated. If we
were using a different technique, like a reso-
nance technique or an impedance technique and
trying to put high strain into the material,
then we have to control temperature and that
gets to be a problem., When using tuned dampers
with large deformations, you have to consider
it in designing the dampers so you can tune it
for the right temperature range with considera-
tion of heat build-up.

Mr. Platus: Have you determined fatigue
properties for any of these materials or does
it become a problem

Mr. Nagshif: No, we have not determined the
fatigue life of these materials. In our appli-
cations we haven't had any problem.

Mr. Forkois (Naval Research Laboratory):
There are problems of fatigue, then internal
friction which under resonant conditions can
destroy the material, partirularly a low modulus
material like 8solid polyuretimue. Wc alsc hzve
the problem of creep with other materials. Have
you considered this in some of your analyses?

Mr. Nashif: As a matter of fact we did go
through that. On our first application of a
tuned danper, we made the tuned damper and
didn't pay much attention to the tensil strength
of the material. It came apart in two seconds.
At that time we had to go back and find .aother
material with much higher tensil strengtu which
still wasn't good enough until we added quite a
bit of carbon black filler. This increased the
tensil strength enough so it would withstand the
environment, That 18 why I mentioned that, for
tuned damping devices, you have to restrict your-
self to silicone materials, natural rubber, butyl
rubber and rubbers which have a much higher ten-
gil strength.

Mr. Forkois: 1 do know that internal
friction can raise the temperature quite high.
I imbedded thermocouples ingside the rubber ma-
terial and got excessive temperature rises.
Have you done this too?

Mr. Nashif: We have done some work on
that, because whenever we apply these damping
materials for tuned dampers, we have to woriy
about the effect of the gtrain on the changes
in the modulus and the loss factor. This be-
comes very difficult because of high strain.
Your material is changing because of the strain
effect and also the temperatures building up
quite rapidly. You have two effects simultane-

ously., We have some data on that, but not very
much,

Mr. Henderson (Materials Lat. WPAFB): This
comment 1s relative to the last .wo questions.
We have conducted fatigue inves.igations on some
of these materiala, specifically the pressure
sensitive materials. Some of the work done by
Whittler years ago at the University of Minne-
sota does indicate that you carn take these mz=-
terials to very high strains. I think he went
up to 10 million cycles with no indications of
fatigue Camage. The other thing to keep in mind
on typical surface treatments chat he is talking
about here is that our viscoelastic-elastic lay-
ers are often about 0.002 inches thick and they
are on a metal structure. We do nou get heat
buildup in the vascoelastic layer, because the

metal atructure dissipates that heat very rapid-
lv.
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VISCOELASTIC EPOXY SHEAR DAMPING CHARACTERISTICS

C. V. Sahle, A. T. Tweedie, and T. M. Gresko
General Electric Company, Space Division
Valley Forge, Pennsylvania

An experimental study evaluating the shear damping characteristics of a
nurber of viscoelastic epoxy compounds is presented. The basic epoxy com-
pound (SMRD 100F50) is castable, has low outgassing properties, and a low den-
sity compared to other viscoelastic materials, To further explore this class of
materials, a series of formulations were selccted to determine the effects of
stiffness, crosslinking in the base resin, plasticizer, filler material, and com-
binations of plasticizer and filler material. A high damping Butyl rubber com-
pound was also evaluated for comparison with the epoxy compounds.

A steel block was attached to a shaker through a shear layer of the material.
The peak quadrature response relative to the input motion was used to determine
the storage modulus, loss modulus and loss factor. Comparison of the measured
response with that determined using complex and viscous damping models in-
dicates that reasonable accuracy can be obtained with either ropresentation.

The results show that a loss factor on the order of 1.5 can be obtained for
more than two orders of magnitude variation in storage modules. The addition of
filler material to the base resin increaser the stiffness without degrading the loss
factor whereas crosslinking provides high stiffness but lowers the loss factor.
The comparison of measurements on two samples having the same formulation
{ndicates that variations on the order of 30 percent in the modulus can be expected
‘with present inethods of compounding. A hypothetical example using a constant
shear layer thickness shows the filled materials to be the most effective.

INTRODUCTION

As a result of a previous Investigation of high-
damping space-compatible materials, a viscoelastic
epoxy material, SMRD 100, was found to have an
exceptionally high loss factor. It was used as the
outer layer of a two-layer damping treatment that
effectively reduced the dynamic magnification factor
of a relay panel of the NASA-Goddard Space Flight
Center Earth Resources Technology Sateilite as re-
ported in Ref. 1. The basic viscoelastic epoxy
compound is castable, has low outgassing proper-
ties, and a low density compared to other visco-
elastic materials. Although a cousiderable amount
of literature exists regarding the damping charac-
teristics of a number of elastomeric oompounds
(e.8., Re‘. 2), little information appears to be
available or viscoelastic spoxy materials.

To further explors this class of materials, an
experimental study evaluating the shear damping
characteristics of a series of variation of ths baslo
SMRD 100 visoonlastic epoxy compound was per-
formed. The cffeots on damping of stiffness,
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crosslinking in the base resin, plasticizer, filler
material, and combinations of filler material and
plasticizer were investigated. A high-damping Butyl
rubber was also evaluated for comparison with the
viscoelastic epoxy compounds.

The following sections describe the material
formulations selected, the method used to determine
the material shear damping loss factor and the re-
sulting relation between stiffness and loss factor for
the formulations evaluated. Predicted results using
viscous and complex damping representations are
compared with measured responses. Finally, some
considerations in selecting the material that maxi-
mizes the effective damping are mentioned.

MATERIAL FORMULATIONS

The material formulations selected for experi-
mental evaluation are shown in Table 1. As indi-
oated in the table, the materials can be placed in
seven groups according to purpose, Nearly all the
materials listed are variations of the busic resin
formuletion used in the original SMRD 100F50 whioh

&m PAGE BLANK-)NOT FILMED

- e e

L AR A R e T T T ' e

T ——

B

"'"‘“’"""’”“"““""‘%"»bi g Sy

e




TABLE 1
Material Formulations

Test Formu- Hardness Plasti~
Specaimen  lation Shore Al,03 cizer
Group Purpuse Number ~ Number A % % Description
1 Damping and A 10 64 Clear Damping Compuund
Stiffness B 12 50 Clear Damping Compound
[ Variation of C i1 23 Clear Damping Compound
Base Resin DD 12 50 Duplicate B
EE 1 50 Duplicate C
F§¥ 24 .- Softer than B .r C
I 25 40 Softer than B or C
1 Crosslinking G SMRD 100 60 Crosshinked Clear Compound
Effect 1 SMRD 104 90 Crosslinked Clear Compound
111 Plasiicizer HH* 20 40 S Plasticized C
Effect GG 22 35 15 Plasticized C
v Effect of Alumina D 16 85 120 Alumina Filler
Filler E 15 60 120 Alumina Filler in C
F 13 50 120 Alumina Filler in B
H 19 - 175 More Filler in B
v Effcct o Micro- J SMRD S0 Microspheres 12 percent
sphere Filler 100F S0
V1 Effect of Filler JJ 26 55 110 9 Filler and Plasticizer
and Plasticizer KK* 21 37 110 15 Filler and Plasticizer
vil Control K S0 Butyl Rubber

#*Not tested because of tond failure

v'as used in the ERTS spacecraft. The resin in this
compound i8 a flexible epoxy resin and the filler is
silica microspheres in about 12 percent by weight.
(The 50 designation refers to the nominal Shore A
hardness.)

The test specimens are designated by letters
and used various formulations as indicated in the
table. The specimens were made and tested at two
different times. The single letters designate the
initial specimens and the double letters indicate the
specimens made at a later date,

Group 1 consists of seven samples of the clear
base resin with slight variations in the formulation
to alter the damping and stiffness characteristics.
The hardness measurements, ranging from 68 to
something less than 40 for sample FF, indicates
that this series gave a range of materials on the
soft side. Because of the viscoelastic nature of
these materials, it was found that hardness mea-
surements are subject to a wide degree of variation
between samples and between operators. Thsz hard-
ness is not a very adequate measurement and should
only be considered as indicative of trends. Included
in this group are two duplicate specimens which
were selected to evaluate the consistency of the
formulations.

Group II samples were made to investigate the
t effect of adding a crosslinker to the base resin. It
: was thought that the crosslinker, besides stiffening
the resin might change the overall character of the
damping. The two samples used existing formul-

ations which were originally developed for steri-
lizable conformal coating application.

In Group III, plasticizer was added to the for-
mulation used for Specimen "C" The materials
turned out softer as expected. They also failed to
bond firmly to the test fixture so that they could not
be tested. Because of the inherently good bonding
characteristics of epoxy, the bond surfaces were not
etched and no special care was taken in preparing
the surfaces. This combined with the fact that the
plasticizer seems to interfere with bonding, as also
indicated by Specimen KK, prevented the effect of
plasticizer alone to be evalnated.

Alumina filler was added to samples in Group
IV. The alumina is much cheaper than the micro-
spheres and is of a finely divided granular nature
rather than spheres A range of hardnesses of the
base resin with filler was chosen to survey the ef-
fect of the filler. The filler led to a harder formu-
lation with the same base resin (compare C and E in
Table 1). The addition of 55 percent more filler in
H seems to have moved it somewhat toward the soft-
er side as compared to F. This may be with the
variability of the measurement or the optimum point
of filler addition may have been past. That is, as
filler i8 added, some point i8 reached where the
mechanical properties of the compound peak and
then fall off. Samples of the alumiuna filler resins
were cast in 6 x 6 x 1/8 in. molds. ThLese showed
good uniformity with only very narrow bands
(< 1/16 in,) at the top and bottom indicating settling
of the filler.
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The combination of filler and plasticizer was
made in Group V. Unfortunately, the sample KK
with 15 percent plasticizer camc unbonded and could
not be tested. JJ which is a plasticized F wasfoinnd
to be very flexible.

The original compound investigated for space-
craft use was included in Group VI. The SMRD
100F50 was designated as specimen J. The expense
and difficulty in handling the microsphercs does not
make this formulation a good ch)ice where weight
is not an overriding concern, The microspheres
tend to float, giving a variation in density across a
casting.

Butyl rubber, the Group VII material, was used
as a control. The sample had onc slotted surface
which was subsequently tested with the slots in the
direction of applied motion,

All of the formulations were cured for 16 hours
at 275°F. No attempt was made to determine opti-
mum cure time and temperature or to add catalysts
to speed the cure. The cure could probably be
speeded up somewhat.

A number of other formulations of castable
flexible resins were tried and discarded as being
too bouncy in a steel ball drop test. All togcther,
about 25 different formulations were tried.

TFST SPECIMEN DESCRIPTION

Each test specimen consisted of a steel block
and an aluminum base plate sandwiching a layer of
damping material as shown in Fig. 1. The visco-
elastic damping material was cast in place between
the block and base plate with a thickness of 0,090
in. and a rectangular area 3 in. by 2 in, Small
samples of the matesial were cast and cured sepa-
rately to enable the hariness to be evaluated. The
butyl rubbcr specimen was bonded to the block and
base plate using Eastman 910. The steel block was
3 in, by 2 in. by 2.44 in, high and weighed 4. 14
pounds. The block simulated the inertial loading of
an application being considered at ihat time.

3.011
— STEEL
o ‘/ s
3 ALUMINUM
(%]
I ‘
DAMPING MATERIAL 090"

Fig. 1 - Test specimen

The test specimens were compact and easily
transportable to the test area where they were
mounted to a slip plate.
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TEST ARRANGEMENT AND PROCEDURE

Each specimen was mounted horizontally to an
MB C-150 driven Team Table and vibrated at 5 g's
from 20 to 2500 Hz at the rate of two octaves per
minute, The specimens were shaken, one at atime,
ifn a directlon so as to shear the damping material
along the length of the shear area (Fig. 2).

VIBRATION DIRECTION
e ——

TEAM TABLE
: SPECIMEN 1

C=180
SHAKER

Fig. 2 - Test arrangement

An accelerometer attached to the front face of
the specimen measured the response of the steel
block. Thr input acccleration was controlled by an
acceleromcter mounted to the edge of the baseplate.
Initial tests indicated that no resonant effects oc-
curred in the 2500 Hz range. On-linc responscplut-
ting of the quadrature and coinecident response com-
poncnts relative to the base acceleration was accom-
plished using a Spectral Dynamics Model 10¢ Co-
Quad Analyzer. The total response was ulso plotted
after processing it through a SD101 tracking filter.
Thus, three plots of response were obtained from
each specimen which wcre subsequently used to de-

tcrmine the damping charactcristics of the materials.

COMPLEX AND VISCOUS DAMPING REPRESEN-
TATION

The results of previous investigations of the
damping characteristics of viscoelastic materials of
the type investigated in this paper have shown that a
complex modulus representation is thc most desir-
able in that it minimizes the frequency dependence
of the damping {2 ]. However, in some applications
it may be desirable to use a viscous representation
because of the ease with which it can be combined
with other elements in a system. The differences
and errors resuling from these two types of rep-
resentation were examined as part of this Investi-
gation,

As Indicated in thc previous scction, the test
specimen consisted of a steel block attached to a
base plate through a shear laycr of damping materi-
al and excited by base motion. Because of the di-
mensions of the block and the relatively high
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compression stiffness of the damping material, the
test specimen can be represented analytically as a
single degree of freedom system (Fig. 3). Fo.
complcx damping, the response of the system rel-
ative to the base motion is:

x_[a-8%+0%)-1(ng%

oY
Y 2 2 2
(L-9)" +n
where 8= :u'— and 1 is the loss factor of the
n
damping material,
L
K (1L+11) )
. \'\“"'
Ma oo b A A K (e o
1
s it \‘w"
h i
N v Jwit
Ma (¢ Ko K Ch
Fig. 3 - Analytical models of test specimen
The quadrature and coincident response are:
_ mg®
A = 2)
2 2 2
@ -t
2 2
L= +
C 2.2 2
Q-8 +7

Differentiating the cuadrature responsc with respect
to B and setting it equal to zero defines the value of
B and AQ at which the quadrature response peaks:

- 2 .1/4
Bgr= @ *n) (&)

2
n_1+n

2+2n2-2 1+'r;2
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Solving equation (5) for n in terms of AQI’ giv s
1A P
n= ._Tg_‘ (Ba)
4 'J\(JI’ =

This equation allows 7 to be evaluated from the
maximum quadrature responsc. The quadrature
response has a well-defined peak tor high damping
matcrials whereas the total response peak is poorly
dciined. Once 7 is deterinined, the natural trequen-
cy and hence the real part of the shear modulus can
be determined from equition (4). This completely
defines the theoreticul response of the system.

Using a similar approach for viscous damping, the
following relations are determined:

)
A, =- —288 - ©
(1-8)"+ (208
A =gt o
C 22 2
(1-8°7+(288)
I A S SO AT

Whevre 8 ... is solved for a particular { value and
substitited in equation (6) to obtuin AQp.

Figures 1 and 5 show comparison between the
theoretical curves for complex and viscous damping
and the actual test curves for specimen A. The £
and n valucs used ior the theorctical curves were
chosen to obtain the sume peak quadrature value.
The comparison for specimen A is typical of the re-
sults obtained. It will be noted that the total re-
sponse does not exhibit a well-defined.resonant peak
for these high damping muterials, makingquadrature
response measuremcnt a necessity.

Comparing total responsc curves, it can be scen
that the complex dumping eurve huas a closer proxi-
mity to the test curv. than does the viscous curve.
This is also true when comparing the coincident
coimponent curves (Figs. 4e and 5¢). Although the
complex damping curve drops below zero prema-
turely, it does show a negative value whereas the
viscous curve does not. A comparison of the quad-
rature eurves (Figs. 4b and 5b) shows that the vis-
cous damping curve is more representative than the
complex damping curve, especially for the high fre-
quency range. Thus, in summary, l..e complex
dampiag curves seemn to fit the coincident component
and the total response test results, while the viscous
curve seems closer tu the quadrature test results

The complex damping model and its equations
will be used for the remaining portions of this paper.
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Fig. 4 - Comparison of complex model responsc
with expcrimental vesults, Specimen A

Howcver, these comparisons indicate that reason-
able accuracy can be obtained with eithcr represcn-
tation. Neither modcl shows a clear advantage over
the other.

EXPERIMENTAL RESULTS AND DISCUSSION

The experimental measurements and specimien
characteristics determincd using the complex
damping rclations are summarized in Table 2.
Basic mcasurements are the magnitude and fre-
Gasle O e per ko quidrature Lostonsce, \"{: and
fop. Frem these neasurenier., the locs {etor of
the material, 17, and the resonant frequeucy of the
specimen, f, were derived. The table shows that
results were cbtained for rescuant frequencics that
varicd fron: approximately 100 Hz to 2000 Hz. The
pereen! errer e {he ¢adcalated maximum dynanic
A ditication factor, On, 28 deterined from the
7 and ip values and the masflionm nicasured dynam-
ic ampiification, Qa, is aiso ~howr, The pnig
quadrature responsc used to devive the loss factor
shows a variation that is well within thr measure-
ment accuracy and should provide » zood measure
of 1. The percent error in the dynamic mugnifi-
cation provides an indication of the accuracy of the
complex damping rcpresentation. The average
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error i8 approximately 6 percent with approxi.nate-
ly half the data falling above or below the average.
The maximum crror was approximately 15 percent
and was for the stiffest most lightly dumped speci-
men, i. Tests at twice the excitation level showed
no significant nonlinear effects.

Table 3 summarizes the loss factor, chear
storage inodulus, and shear loss modulus deter-
mined from the experimental data. The storage and
loss modulus were determined using the relations;

Storage Modulus = G' = M 2 1rfn)2 ( -:-) ©

Loss Modulus = G" =1 G’ (10)

where t is the thickness (0.090 in.) and A is the area
(6 in.“) of thc shear layer. The loss factor and loss
modulus are plottcd as a function of the storage
modulus in Figs, 6 and 7 for the various materials.
Examination of the results relative to the purposes
of the groups tested indicates the following:

Base Resin - A relatively wide range of stifinesses
was obtained through variations in the hase resin
wfthout degrading the loss factor. The loss factor
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Summary of Measurements and Comparison of Calculated and Measure Total Response
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s,
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does not appear to be affected by the storage modu-
lus although thcre may be a slight tendency for the
loss factor tv be lower for the stiffer formulations.

Repeatatihity - The duplicate specimens indicated
reasonable repcatability although something affected
one specimen. The two Formulation No, 11 speci-
mens, C arc< Rk, displayed approximately 28 per-

cent variation in loss
alinost identical ioss modulus.

L3
iuctor and storagn

cent variation includes expevicicidar ~veor, this

appears to be the dogr-e of repeatability that cau be

expected with the prasent method of compounding.
If larger quantities were made, the criticality of

welzhing the ingredients would be reduced and better

repuiishility should result. On the other hand, the

midwaus but
Althcugh the 28 per-

Test
Specime.. [ rmu. Fercent
sy Purpose Ne. hat on o Agp tqp (H2) fr. (H2} Q¢ Qs Error
i Mrep ng & A 0 1, 49 .33 485 362 1.20 lris 6.2
Stifness B 12 1, 69 . 876 i80 250 1. 16 i ) 0.9
A" s oatton C 1 1.58 .08 565 41> 113 1. il §.0
. DD " L.1e IR 570 467 oA o 0,2
A EE li 1.24 1. 04 &390 407 2R LT 2.0
FF 24 1. 82 . 846 135 a7 111 1.1 LR}
1 L] .27 1,03 255 200 1.2T LRk 1.7
3 e taeng G SMRD oiTa 554 1790, 1775 6T s ot
laiprers “
1 ~\RD 9L ile TR 2100, 2un] To9E 2,40 1%t
1G4
v Alumina D 16 0.487 Lt loH0, 1592. 2.28 2,12 7.8
Triles E is [T L0 880, 686, u e 8.2
Tifcat F 13 (IR Lo 1000. T o .25 1,13 10.6
H 19 1. 18 1,07 740. 894, 1.3 1.20 9.2
v Effect .f Micro. J SMRD 1,08 .13 780. 642 Y6 L3 3.8
sphere fiiler 100F50
A2 Effect of JJ 26 112 LR 315. 257 .34 127 5.3 ¥
Plasticrzer :
& Filler h
Vii Cintral K Butyl 0.694 1.60 300. 272, .75 1.75 0.
TABLE 3
Material &iffnoss and Damping Characteristics
Test Loss Shear Shear
Specimen Formu- Factor Storage Loss
Group Purpose No. ation Hardne ss " Modutus (psi) Modulus (psi)
1 Dampiny, & A 10 6% 149 83800t 124 x 10°
Stiffne s . B 12 54 1.69 .40 .07
Viurorzon of @ t R .38 1,0y LTl $
[T e DD 2 20 110 13 LA :
EE ol 50 .24 1. 33 Ho o3
F¥ 24 .- 1. 82 .00 10
n 25 40 v 27, .25 .32
1 Crosclinking G SMLD 60 i8 20.0 3, 6%
Effect : L0u G0 3 28.0 3. i
< AIRD
04 i
v Alumina D 16 RS .42 16,1 7.87
Falter Ei ¢4 E 18 b} 0 T °RG
F 4 u 3 SN &
H 12 d 118 o 24 1,6
v “ftest af Micro- J SMRD Py l.u8 2. 02 2.8 z
sphere Filler 100F 50
Vi Effect of Plastici- Bg! P23 515 L1 . 42 47
zer & Filler f
VIl Contrel K Butyl su 67 3v L
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B specimen, which was duplicated by DD, did not
cure properly. When torn apart, material B indi-
cated good bonding to both surfaces of the test spec-
imen. However, the resin in the fixture was very
soft and t: cky as indicated by the low value of the
storage modulus. It was softer than the "hockey
puck" cured along with the B specimen. The B
specimen resin may have bccome contaminated
somehow. At any rate, the large variation in stor-
age modulus (approximately 3 1/2:1) and loss factor
(approximately 1 1/2:1) 18 not considered represen-
tative of the degree of repeatability that can be ob-
tained.

Crosslinking - The crosslinker resulted in a large
increase in the storage modulus but did not provide
a comparable increase in the loss modulus. The
net effect was a significant degradation of the loss
factor. Although these materials n.ay be useful if
high stiffness with only moderate damping is re-
quired, other materials appear to provide superior
characteristics.
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Filler - The addition of filler, eithcr alumina or
silica microspheres, was found to increase damping
as well as stiffness. Both the storage modulus and
loss modulus were increased over that of the base
resin, The loss factor remained high for most of
the compounds being only slightly less than that of
the base resin compounds. The microsphere filler
was not as effective as the alumina filler. However,
on a weight basis, the microsphere material, SMRD
100F50, is comparable to the alumina-filled com-
pounds. Because the specific gravity of the micro-
sphere-filled material is only 0.7 compared to 1.2
for the alumina-filled material, the microsphere-
filled material provides an equivalent loss modulus
of 4800 on an equal weight basis. Therefore, all the
materials provide a high effective loss modulus.

Plasticizer and Filler - The addition of plasticizer
to the filled material does not appear attractive.
The primary effect of the plasticizer is to lower the
storage and loss modulus, roughly proportionally.
Although the loss factor remained reasonably high,
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the damping quality of the material s reduced which *
in many applications is undesirable.

Butyl Rubber Control - Viscoelantic epoxy materi-
als show an order of magnitude increase in the loss
modulus and double the loss factor of the Butyl
rubber used as a control. As a rubber compound,
the Butyl specimen is relatively stiff (50 Durometer)
and has a high loss factor, At room temperature
the Butyl specimen characteristics do not compare
favorably with those of the viscoelastic epoxy mate-
rials; however, the Butyl comparison may be more
favorable at a lower temperature,

The damping characteristics of the materials
tested in this study fall within the banded region of
Fig. 6. This banded area indicates the range of
parameters that can be readtly obtained with varia-
tions of the present formulations. The graph indi-
cates that roughly three orders of magnitude varia-
tion in storage modulus oan te obtained, but that the
loss factor will detericrate for the stiffer materials.
The "best'" materials appear to be the filled mater-
{als in that they provide a high loss factor snd a vel-
atively high stiffheas.

MATERIAL APPILICATION

Although it is difficult to generalize, the exam-
ination of the merits of the various materials ap-
plied as a shear layer to a single degree of freedom
system indicates the factors that must be consid-
ered. The system that will be considered is shown
in Fig. 8, It is a simple spring mass system ex-
cited by base motion. A shear layer of damping
material represented by Kp (1 + 11) is added in
parallel to the undamped support spring, K. It will
be assumed that the allowable shear strain is the
same for the various damping materials., The
objective i to determine the amount of the various
damping materials required to provide a desired
dynamic magnification factor, Q.

Using the notation of the previous sections, the
gystem loss factor (n4), and magnification factor
Q) are:

Te T\ KK |7 (i3
(n 2 +1) V2
= n 12)

A convenient measure of the amount ol damping
material is A/t where A is the shear area of the
damping layer and t is the thickness, Based on the
assumption of a constant allowsble shear strain for
the variocus materials, the layer thickness will be
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x (t)

U .

vy g K Kp +im GA qam
1

Fig. 8 - Analytical model of typical system

the same for all materials for a particular dynamic
magnification factor. Therefore, a material which
minimizes A/t will provide the smallest shear area
design. This ratio can be generalized by dividing by
the spring constant of the system. Substituting GA/t
for Kp in equation (11) and solving, the parametsr
dsscribing the "amount cf damping matarial is found

to be:
A, 1 19)
SEES

Examination of this equation indicates several limit-
{ng conditions, Ifn> >n_, the controlling para-
meter is simply G, the fbss modulus of the damp-
ing material, As the desired system loss factor
approaches the material loss factor, very large
amounts of damping material are required. It be-
comes impossible to provide the desired system
damping whenn $ n,:

Also of interest, is the shift in system resonant

frequency from the original rescnant frequency, f,.
This can be expressed as:

ve - [1+G(tAK)

Using these squations and the values of G and 1
for selected materials from Tabie 3, the curves
shown in Figs 9 and 10 were obtained, The curves
show the variation in parameters A/tK and {/f; as a
function of the system dynamic magnification factor.
As indicated previously, low values of A/tK are de-
sired in that this provides the smallest damping
material area. The curves show the filled materi-
als to be the best. Although not evident from the
previous curves, the "'D'" material is better than the
other filled materials for Q values greater than
roughly 4, while the "F" material which has a oon-
siderably higher loss factor, is best for the very low
Q range. The unfilled base resin, as indicated by
the ourve for Specimen C, requires 3 to 4 times the
area of the best filled materials while the Butyl re-
quires 20 times the area. The crosslinked material

/2
] (14)
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requires more than 3 times the area of the best fill-
material for the Q's of interest and has a large stiff-
sning effect. Because of the high loss factors of ths
fllled materials, they provide a relatively small in-
Crease in resonant frequency for dynamic magnifica -
tlons on the crder of 10 but would provide 20 to 40
peroent {ncrease in the resonant frequency if lower
dynamio magnifications are required.

Although the trends and limitations indioated in
this example aid in underetanding the factors (n-
volved in applying damping materials, practical ap-
plications tnvolve many other constderations. How-
ever, these viscoslastic epoxy materials provide
high loss factors which can be used effectively to
limit resonant responses through proper applioation.

CONCLUSIONS

Based on the results of this investigation, the
following conolusions are made:

1. Viscoslastio materials having loss factors more
than twice that of Butyl rubber are available for a

2. The experimental technique and the complex
damping representation used for the material evaly-
ation enabled the damping and stifthess oharacter-
istios of the materials to be measured and modeled
with an average error of 6 percent.

3. Either oomplex damping or viscous damping can
be used to represent the matertal characteristios
with reasonable aoguracy,

4. Formulations haviag additional crosslinking de-
grade the damping of the material.

5. The additton of filler material to the formula-
tions tnoreases the stiffness without significant de-
gradation of the loss factor and provides the highest
loss modulua of the matertals tested.

6. The addition of plasticizer to the formulations
reduces the stiffness without degrading the loss
factor,

7. Uaing current methods of compounding, the
material characteristics are repeatable within gp-
proximately 30 percent.
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DISCUSSION

Mr., Nashif (University of Dayton): 1
think the reason the butyl rubber didn': show
up as good as your material is because ¢ppar-
ently vour material is optimized at roomr
temperature, while butyl rubber is optimized
at zero degrees fahrenheit, At that temperature
it has as high a damping or as high a loss
favtor as the material you have developed.

1 think for a better comparison you should have
picked a room temperature optimized material

to compare with. Do you have any comments on
that?

Mr, Stahle: When we were doing this
testing we hadn't looked into the temperature
characteristics of the material, I have since
become very much aware of the fact that there
is a transition “emperature range where the
materials show up as much better, I was aware
of what it was for the butyl, It was a material
used in this particular application, and we put
it in as a control. However, I have the feeling
the loss factors that this class of materials
has at this transition temperature, which is
apparently room temperature, is relatively high.
1 vonder if you would comment on that,
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Mr, Nashif: It is about as high as most
«f the materials optimized at room temperature.

Mr, Stahle: 1Ia it higher or is it just as
high?

Mr, Nashif: It is as high. Most materials
at their optimum are usually between one and
1.4 in losa factor. The problem is to find
where that optimum is so you can match it with
the environment that the material is going to
be used for,

Mr. Henderson (Materials Laboratory WPAFB):
If I understood your slide correctly, you were
using the mass on the shear layer as a means of
deriving your material properties, 13 this
correct?

Mr, Stahle: That is correct.

Mr, Henderson: Did you take any measure-
ments to find out if your block was rotating?
Your center of mass of the block was much
higher that your shear layer and we have
found in some of our previous tests that this
can sometir~. give a lot of rotation in that
block, D:d you put accelerometers in various
locations »n the block or what?

Mr, Stahle: No, we did not. The
characteristic as indicated by the quadrature
total response show a single resonant peak.
The shear layer itself was rather thin and
also the length of the shear layer was fairly
large, 1 presume the rotational motion did
not effect the results, liowever, we did not
measure this., The accelermeter was at the
center of the blocks We had no indication of
a second resonance,




) VISCOELASTIC DAMPING IN FREE VIBRATIONS
OF LAMINATES

S. Srinivas
NAS Post-Doctoral Resident Researcl. Associate
NASA La.yley Research Center !
Hamptor., Virginia 23385

(U) In this paper a parametric study of free vibrations of viscoelastic
laminates has been carried out using a three-dimensional analysis.
Three-layer laminates with a viscoelastic core of the standard linear
solid type are studied rumerically. The most important para. >ters
affecting damping are the relaxation parameter of the core, inier-
modular ratio, and the standard linear solid parameter. Alsc. damp-

relaxation time of the core.

damiping very accurately.

ing is not always a monotenic function of intermodular ratio or the

Thin-plate theory yields highly inaccurate estimates of damping,
whereas an approximate laminate theory, in which displacements
are assumed to be piecewise linear across the thickness and trans-
verse shear deformations are taken into account, evaluates the

INTRODUCTION

(U) Damping in laminates has been studied

by DiTaranto and McGraw [ 1] and Abdulhadi [ 2].

In both studies, transverse shear stresses in
the outer layers and bending stresses in the
core were neglected. Such simplifications lead

to inaccuracies when the core material does herein. 3
not have a relatively low modulus. Classical
thin-plate theory, when applied to laminates, NOMENCLATURE
also leads to errors when the laminate is thick
and the core is of relatively low modulus mate- a,b Length and width of
rial. The purpose of the present paper is to laminate
i study the damping characteristics of viscoelas- e
v tic laminates under free vibrations by means i j Thicknesg:ofoy=uk layer
“ of an exact three-dimensional analysis, in which i .
L no simplifying assumptions other than small Gy Gy f:e::snl'()::éu; g aues
& deformations and linear stress-strain law are - y
@*. made. The laminates are simply supported on G, Complex shear .nodulus
= all sides. The complex frequencies of {ree - of the co.¢e
3 vibration, whose real parts correspond to
E oscillations and imaginary parts correspond to K CB::‘]: modulus of the
! damping, are evaluated for three-layer lami-
nates wi:h viscoelastic cores and elastic outer k Bulk modulus param-
lavers. The influences of various parameters eter of the corv = K/
on damping are investigated and the significant o Integers used in

parameters are identified. Since the simple
support conditions simulate the nodes in wave
propagation in infinite laminates, the results
presented are readily applicable to infinice
laminates.

A general, three-dimensional analysis is
very complicated, except perhaps for simple
configurations such as simply supported rec-
tangular laminates. When three-dimensional

analysis is impossible or impractical from a
computational standpoin:, approximat: theroie.
must be used. With this in mind, an assess-
ment of some of the approximate theories
{those of Abdulhadi [ 2], Srinivas [3], and the
classical thin plate) is made by comiparing
their results with the exact results p.esented

t

trigonometric expansion
of displaceme:its and
stresses in x and y
directions, resg-ctively
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Time

s e

S aac, € e




»,v,w Displacements in X, y, z directlons,

respectively
o Standard llnear scolid parameter
9 Interimodular ratio = GI/:]J
Gl "1/2
y Relaxation parameter =| T
o1ty
i~ 1/2
o ey 4
)\d amping coefficient = i'—G]m : Qd
- ~
r
| f’1h1ﬂ;1/2
}‘r Oscillation coefficient = ~G———
RS
P! “<lastic shear modulus of the core
v i Poisson's ratio of the j-th layer
r Mass density of the j-th layer
¥ Relaxation time of the viscoelastic
core
2 Cowmplex frequency of vibratlon

Qr’ Qd Rval and Imaginary parts of
frequency

Coordinate system and dimensions are given
in Fig. 1.
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Flg. 1. Three-layer laminate
ANALYSIS

The governing differential equations and
{he stress-dlsplacement relations of linear
small deformatlon theory for free vlbrations of
viscoleastlc bodies are the same as those for
elastic bodies [4], except that the bulk modulus
K, shear modulus G, and frequency £ are
complex for vlscoelastlc bodies. Thus, vlsco-
elastic lamlnates a1r. formally analyzed much
as elastic laminates are. In this paper, the
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analysis of simply supported eclastic lami-
nates [5] is adapted to viscoelastic laniinates
and is hriefiy described In the Appendix. The
analvsis is applicable to multilayer lammates
and no re:triction i8 needed about the type of
viscoesastic material.

The mod: shape is trigonometric in the
(x, y) plane and is of the form,

w(x,y,2) = W(z) sin{mnx,a) sin{nny/b)

The time dependence of displacements
and stresses in a freely vibrating viscoelastic
laminate is oi the form

-t
£(x,y,2,t)=Z(x,y,2)e (B sln Qrt + C cos Qrt)

(1)

where, ¢ and = correspond to any stress or
dlsplacem. t. B and C are arbitrary con-
stants and Qr and Q q are the real and

imaginary parts of the couplex frequency &
and correspond to oscillation and daniping,
respectively.

The characteristlc equation deflning the
frequencies is given In the Appendix. This
transcendental characteristic equatlon can be
solved to yield an infinite set of frequencies for
piven material properties and modal parameter

[_ '
L(mh1 /a)2 + (nhllt))z:]. Of this infinite set of

frequencies, the one contributing most to the
response under a transverse load 1s called the
primary flexural frequency. In this paper only
primary flexural frequencies are presented
because they are tue most important in trans-
verze vibration and flexural response pro'. iis.

For numerical lnvestigations three-layer
faminates with elastic outer layers and visco-
elastic ¢ore of standard linear solid type have
Leon considerad.  Oo. oosianCasa linore solid,
the bulk modulus is a real constant, but the
shear modulus 1s complex and frequency
dependent: ’

G=u(l +itQ)/(1 +iat) (2)

where « i8 the standard linear s0lld parame-
ter and < 18 the relaxation time. The relaxa-
tion time 1s a measure of the damping capacity
of the viscoelastic material. The standard
linear solid would correspond to an elastic
material when either @ =1 or 71=0. Insuch
acase G =y, a constant, and for thls reason

i 1s referred to as the elastlc shear modulus.
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NUMERICAL RESULTS

In the numerical investigations, greater
importance was attached to the properties of
the core, since it is the damping agent. In
order to keep the volume of results within
reasonable limits, the two outer layers were
made identical and their properties, in general,
held constant while the core propertices iere
varied systematically.

The ratio of the shear modulus of the
outer layers to the elastic shear modulus of
the core is referred tu as the intermodular
ratio (3 = G l’u). Also, three nondimensional
parameters — the relaxation parameter of the
core A, the damping coefficient Ad’ an” the

oscillation coefficient ;‘r — are defined as

(r Gl_ 1/2 plh§)l/2
A" ) o
()
/plhi\‘\- 172
A=l @

Y. Ad’ and Ar are linearly related to 7, Qd’
and Qr, respectively.

Six different laminates (see Table 1) were
chosen for numerical investigation. A wide
range of ¥'s (3 to 3000) and 3's (1 to 100) have
been considered. For example,for a three-layer
laminate with 1/8-inch-thick aluminum outer
layers, ¥ of 3 and 3000 correspond to core
relaxation times of 0.0000105 and 0.0105 second.

TABLE 1
Propertics of Laminates
Numbzer of layers: 3
Quter layers (1 and 3): Elastic and identical
Core (layer 2): Standard linear solid, h?_/h1 =8

Laminate a pl/p2 K V1
A 0.1 5 2 0.3
8 0" 5 2 0.3
C 05" 5 2 0.3
D 0.1 10" 2 0.3
E 0.1 5 57 0.3
F 0.1 5 2 0.2"
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Laminate A is considered the reference lami-
nate. In the other laminates, of the material
properties a, pl/pZ’ Kk, and v, only one is

different from those of laminate A. The
differing property is indicated by an asterisk
*).

In Fig. 2, the damping and oscillatory
coefficients are plotted against the relaxation
parameter. In Fig. 3, the damping and the
oscillatory coefficients are plotted against
intermodular ratio for different relax~tion and
modal parameters. In Fig. 4. thedar
oscillatory coefficients obtained by app.
mate theories — classical thin-plate theosy,
sandwich plate theory[2], and refined laminate
theory [3] * — are cunipared with exact values.

DISCUSSION

a. Damping

Figure 2 indicates that damping does not
monotonically increase with relaxation parame-
ter. The range in which the damping coeffi-
cient decreases with increasein y isa
function of o and 3. Damping starts
decreasing when the bending energy in the core
begins to dominate over the shear energy in
the core. Also, at low values of y the damp-
ing coefficient is nearly independent . a and
B. At high values of y,both a an.. 38 have
a significant influence on the damping coeffi-
cient.

Figure 3 indicates that the damping coef-
ficient does not decrease monotonically with
incre.sing intermodular ratio (that is, decre?.-
ing shear modulus of the core). This is due
the way in which bending and shear energies in
the core vary. With increasing g, bending
erergy in the core decreases while the shear
energy increases initially, then decreases
later. In the range from zero to the value of
f for which XA, is minimum, the bending
energy in the core predominates over the shear
energy. For pB's greater than this minimum,
the shear energy in the core predominates over
the bending energy. The damping coefficient
A ., has a maximum in the range of 3 greater
than g (for A, minimum). This maximum
corresponds to maximum shear energy. The
B for which A, is 2 minimum and the g for
which A, is a maximum differ for different

¥'s, but are not strong functions of the other
core pruperties.

*Reference [3] dcals with elastic laminates
and has been adipted here to viscoelastic
laminates.
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Fig. 3. Concluded _
As shown by the curves A,B,and C in b. Oscillation ‘
Fig. 3, the damping Jecreases as the standard
linear solid parameter @ increases, and the Figure 2 indicates that with increasing {
influence of a on damping depends only Yy Ap remains almost constant up to a certain
slightly on 8. v, then increases rapidly, then flattens out or 1
has a maximum with & subsequent decrease. 2
The influence of the bulk modulus param- The rapidity of increase as well as the sub- i
eter (k = K/p) on damping i8 very small, sequent behavior with an increase in vy 18 L
except at low values of the intermodular ratio a function of both £ and o. 3
(refer to curves A and E).
Figure 3 indicates that the oscillation
A decrease in the density of the core, coefficient A, decreases monotonically with .
! relative to the outer plies, increases damping an increase in B
; (compare curves A and D). However, the
ratio A /xr, which is a measure of the The parameter a has negligible influ-
decreasé in amplitude between successive enceon Ap at lower values of 7, but at !
peaks of oscillation, does not change higher values of vy and B,Ap decreases i
significantly. with an increase in o (see Fig. 3). In general, i
the value of Ap is higher fora viscoelastic
laminate than it is for an elastic laminate :

A decrease in Poisson's ratio of the
outer plies v decreases the damping (see (¢ =1 for core). The bulk modulus param- 4
curves A ané F). Damping, as well as the eter (k) has an insignificant influence on Ape

ratio )d/x , increase as the modal parameter A decrease in Poisson's ratio of the outer
increases (;:ompare Figs. 3(b) and 3(d)). plies (v ) reduces Ar slightly. The
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oscillation coefficient increases with incresse

in the value of modal parameter (compare
Figs. 3(a) and 3(d)).

C. Approximate Theories

Thin-plate theory ylelds highly errone-
ous values (see Fig. 4), especially when the

intermodular ratio is high. It undercstimates

1x1c°2

F === Exact and refined

Appraoximate laminate theory
----- Sandwich plate theory
————— Thin plate theory

1x10™3

1x 1074

1x10°3

-8 1 | J
1x10 3

damping and overestimates the oscillatory
coefficient, with the error in the damping

parameter being greater than the error in the
oscillation parameter. Also, thin-plate theory

does not indicate the true trend in the varja-
tion of damping with respect to the variation
in the intermodular ratio or relaxatior,
parameter,

3
A, %10

8 i 1 J
3 30 300 3000

(2) Laminate B, modal parameter = 2 x 1074, 4 - 30

Fig. 4. Comparison of results from approximate and exact theories

In the refined approximate laminate
theory [3] the displacements u and v are
assumed piecewise linear across each of the
Plies and w is assumed constant across the
thickness. Taking into account the effects of
transverse shear deformations and rotary
inertia, the governing differential equations,
(3 + 2 x No. of plies) in number, are derived
through variational considerations. Both 2 r
and Aq obtained using this analysis could not
be disti%gtnshed from the exact curves in

g8. 2 to 4. The reasons for such a high
degree of accuracy are: (1) the true distribu-
tion of displacement across the thickness is
nearly piecewiuve linear (found from three-

dimensional analysis), and (2) the transverse
shear deformations and bending stresses in
the core are taken into account.

Results obtainec. using the "sandwich
plate' theory [2] are plotted in Fig. 4. This
theory ylelds accuraie results for low to
moderate values of ¥ Wwhen the intermodular
ratio is high; but at high values of y, results
become inaccurate. At lower values of 8,
the results are highly erroneous. This is
because the influence of the bending stiffness
of the core, which is neglected, is substantial
at lower values of B. At higher values of 8.
the bending stiffness of the core is low; thus,
neglecting it does not affect the results,

e .
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0 30 100
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Fig. 4. Concluded

CONCLUDING REMARKS

In this paper, a parametric study of free
vibrations of viscoelastic laminates was
carried out using three-dimensional analysis.
Numerical results were presented for three-
layer laminates with elastic outer layers and
viscoelastic cores of the standard linear solid
type. The various parameters involved are
the relaxation parameter of the core, the inter-
modular ratio, the standard linear solid param-
eter, Poisson's ratio of the outer layers,
density ratio, and ratio of bulk modulus to
elastic shear modulus of the core. Of these,
the most significant parameters influencing
damping are the relaxation parameter of the
core, intermodular ratio, and the standard
linear solid parameter. The damping was not,
in general, a monotonic function of either the
intermodular ratio or the relaxation parameter
of the core.

The thin-plate theory, when applied to
viscoelastic laminates, is highly erroneous,
especially when estimating damping. The
sandwich plate theory of Ref.[2] yields
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accurate results only for high values of inter-
modular ratio and moderate values of the
relaxation parameter. The refined approxi-
mate laminate theory of Ref. [3], in which
in-plane displacements are assumed piecewise
linear across the thickness and transverse
shear deformations and rotary inertia are
taken into account, yields highly accurate
values of damping and oscillatory parts of

the frequency for all values of intermodular
ratio, relaxation parameter, and modal param-
eter. Furthermore, as this approximate theory
is far simpler than the exact three-dimensional
analysis, it can be used profitably in the analy-
sis of laminates for which three-dimensional
analysis is either impossible or impractical
from a computational standpoint.
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APPENDIX
THREE-DIMENSIONAL ANALYSIS
In the exact three-dimensional analysis of laminates, each layer of the laminate is treated as
a homogeneous plate. In addition to the boundary conditions, the conditions of continuity and equilib-

rium at the interfaces are also satisfied. The governing differential equations of linear, small-
deformation theory of viscoelasticity for free vibrations are [4],

= = = 2 ~N
E ov, ow Q
v .12 __L+_L+_1) B ke NP
] 1-2:7j ox\ex o8y 8z 'Gj i
H
9 1 su, B8v, aw pnzw'/
vy, + _3-—1—4-—1-4-— )+~1——L=0 > (A1)
] 1-2u:I oy\ ex 8y oz C'j
9 1 8 Bu, o&v, aw pnzw
PR U I W\ Rl
} 1-217:I 8z \8x 8y 9z G

where subscript "j"" refers to the j-th layer. 171 and Gj are the complex Poisson's ratio and
complex shear modulus. u v and w; are complex and the actual displacements u;, vy, and w
are given by the real parts ujemt 7 e1’m and w,el® respectively. The differential equations
for elastic materials are the same as (Al) except that in the elustic case 7; aud G; are real
constants. Thus, the analysis for viscoleastic laminates is formally identical to that Tor elastic
laminates. The analysis of simply supported elastic laminates is available in Ref. [5] and is
adapted here to simply supported viscoelastic laminates. The analysis is briefly described below.

The displacements are chosen as

q, = ¢j (2) cos (mnx/a) sin (nry/b)
Vj = wj (Z) sin (mrx/a) cos (n1y/b) (A2)
=X (2) sin (mnx/a) sin (nry/b)

Substituting these in Equations (Al) and simplifying, a set of three homogeneous coupled ordinary
differential equations is obtained. Solution of these equations ylelds expressions for ¢, ¥, and x.
Making use of stress-displacement relationships, expressions for stresses can be obtained. The
simple support boundary conditions are automatically satisfied by the present solution because of
the form of variation of stresses and displacements inthe x and y directions. Satisfying the
stress-f1 ce conditions on exterior lateral surfaces and the interface conditions, the characteristic
equation is obtained. Solution of this transcendental characteristic equation ylelds the frequencies
of free vibration.
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The characteristic equation for a three-layer laminate is

B 1
L), o o
[ 61)] L (Hy '32)‘1 o
a I Jz [ o0
EICAE) NTCN ) o
s oo =0
ol i (Hy. -G,)', (Hp, Gg) 3
[o] 13 (Hy, -1)y 7 (Hy 1)l
Lo i L o
o [o L (H,,1
] N M )
where,
2E;2rj -Zgzrj 0 0 (rlz + gz) (rJz +g2)
‘L(Z q)-! = (r +g )M (rz 4 Nr. -Nr 2Ms -2Ms 'rf“
EEER i i i ol
( + gz)N (rJz s gz)N -Mr;  Mr 2Ns]. -2Ns,
v
rJM -rjM N N M M~
I - - — 3 L
,J(z,q)}]. =q i rN M M N N [f
g2 g2 0 0 Sj -sj

[ f}j is a diagonal matrix with diagonal terms,

[exp(rjz), eXP(-I‘]-Z), eXP(er), exp(-er), exp(st).. exp( -sjz)],

where

r,.= gz-h p\ /Gl\}

(m) A6

g2 = (modal parameter) X 1r2

/2

A=)\r+i)td

Z=z/hj;H =1, Hy = (h) +ho)/hy, Hy = (h) +h, +hy)/h

M = mrhy/a, N = mrhI/b.
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The Poisson's ratio v i can be expressed in terms of bulk modulus and shear modulus as

K. -2C
A R
) z(:;Rj + Ej)
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OPTIMUM PASSIVE SHOCK ISOLATION FOR
IINDERGROUND PROTECTIV. STRUCTURES*

David L. Platus

Me~henics Research, Inc.
Los Angeles, California

This study was oriented toward configuration and hardware approaches
for achieving near-optimum performance of six-degree-of-freedom passive

S S~

shock isolation systems for underground protective structures.

Design

goals were established and preferred isolation systems were selected
and evaluated for three cases of geometry, attach conditions, and

input motions.

INTRODUCTION

Considerable attention hes been given to
optimizetion technigues for active and passive
siiock isolation., An extensive treatment of the
subject is presented by Sevin and Pilkey [1],
including an annotated bibliography. The pres-
ent paper is oriented toward configurations and
hardware approaches for achieving near-optimum
performance of passive isolation systems for
underground protective structures.

Previous optimization studies of active and
pessive shock isolation using & single-degree-
of-freedom model, notably those of Liber end
Sevin [2], led to the conclusion that, for many
input wave forms, & constant-force isolator pro-
vides the best possible solution in the trade-
off between shock attenuetion and rattlespace.
Here, rattlespace denotcs the maximum displace-
ment of the isolated article relative to the
base.

Klein [3) atudied active and passive three-
degree=-of -freedom coupled plenar systems and
jeveloped the "Optimum Shock Isolation Theorem".
According to this theore.a, for rectangulur
objects subjected to transletional shock inputs,
optimum performance can always be obtained with-
out rotation of the isolated object. Two impore
tant conclusions follow, First, the results
obtained from optimizing a single-degree-of-
freedom active system are directly applicable to
eny multi-degree-of-freedom active system of
rectangular geometry and rattlespsce limits.
Second, an isolation system whose force center
coincides with the center of mass of the iso-
lated object is the optimum configuration for
any pessive system, Thus, & system of isnlators

which provides constent-force behasvior in the
direction of releti re motion, eand whose force
center coincides with the center of mass of the
isolated object, could, theoretically, provide
optimum shock isoletion for many input wave
forms,

The objective of the present investiga-
tion [U4] was to predict the performance of six-
degree=of-freedom passive shock isoletion sys-
tems of "potentially commercially availaole"
shock isolators suspending rigid objects. The
syatems were to be designed to minimize rettle-
space requirements for specified maximum allow=-
eble sccelerations transmitted to the isolated
objects. Input motions were to be conaistent
with those expected to result from nuclear deto=
netions, and the allowable transmitted mo%ions
were to be consistent with the assumed capabil=-
ity of electronic equipmeat., The term "poten-
tially commercially availsble” &s used in this
study implies thet, as & minimum, preliminary
development of key features of the isolators
must have been completed.

Isclation system deed space can also influ-
ence the total aize of & facility and the
improvement that can be made in existing facil-
ities. Although the primary purpose of thic
study was to minimize rattlespace, attention was
also given to minimizing isclation system dead
space in the selection of preferred isolators
and isolation system configurations.

SPECIFIC REQUIREMENTS
Three cases of geometries, weights, and

attach constraints were specified as shown in
Figures 1 to 3. The maximum allowable

*The research progrem on which this paper is based was conducted under Contract No. F2960l-72-C-0011,
Project No. 571C. Air Force Weapons Laboratory, Kirtland Air Force Base, New Mexico, end is reported

in AFWL-TR-72-148, Fel.ruary, 1973.
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Weight = 10,000 kg

Attach Conditions: 1Isolators can attach any-
whare on the isolated object and anywhere on the
surrounding facility.

Figure 1. Case I Qeometry, Weight, and Attach
Conditions

——ard

Weight = 40,000 kg

Attach Conditions: No isolators can attach to
the top surface of either the isolated object or
the surrounding facility, and only compressive
loads can be applied to the isolated object.

Case II Geometry, Weight and Attach
Conditions

Figure 2,

+F allowatle sttecment
fer lsclatora

Weight = 10,000 kg

Attach Conditions: Isolators can only attach at
the top of the isolated object and within a 135°
segment of the lateral surface.

Figure 3. Case III Geometry, Welght, and Attach
Conditions

accelerations for any point on the isolated
articles were specified as + 1,58 g vertical and
+ 4.7k g horizontal, The systems were required
t ., withstand several possible cases of input
motions, as illustrated in Figure L,

SFECIFIC DESIGN OBJECTIVES

Specific design objectives were established
which guided the selection of isolators and con-
figurations for passive shock isolation systems
of interest. These are summarized as follows:

1, Provide constant-force, double-acting,
energy-dissipative force-displacement
behavior.

2. Provide ommidirectional force-displacement
behavior in azimuth,

3. Maintain the isolation system force center
as close to the cm as possible,

L, Provide sufficient energy-storage load-
stroke behavior in order to passively
restore the isolatad object to its initial
position in the preseunce of gravity.

5. Minimize "dead space” required for the
igolators.

6. Minimize the generatior and transmission
of high=-frequency motions.




acting system.

From the foregoin, examples, it is apparent
that, in genersal, constant-force double-acting
energy-dissipative behavior is closer to optimum
than constant-force single-acting energy-dissi-

> pative beshavior or constant-force en.:yxy-storage
'g behavior. For many wave forms. it can be shown
- the* constant-force double-acting energy-dissi-
> Max displacement +9 meters pative behavior will provide the true optimum or
3 |so00 cm/e“/——\ "best possible” solution,

° max

> | N

3 1 sec Time

=

100 g max

Max displacement 48 meters
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Figure 5, Response Solution for Constant<Force

Spring (Energy-Storage) Behavior
Figure 4, Typical Input Waveforms i

Constant -force behavior can result from
springs (energy-storage) and dampers (energy-
dissipative). Also, dampers can be single-

acting (resistance in one direction) or double- S

acting (resistance in both directiocns)., The

influence of these characteristics is i1llus- A
trated in Figures 5 to 9, in terms of response

solutions for single-degree-of-freedom systems, —_— 2 B

Dusplacament

For the spring behavior of Figure 5, the

required rattlespace is area Ap. Figure 6 shows Ingut Motion
the improvement which results from single-acting
energy-dissipative behavior. Here the required

rattlespace is also area Ap, but is considerably
less than tuat of Figure 5., A further reduction
in required rattlespace is shown in Figure 7 for
‘uble-acting energy-dissipative behavior, The

requirei rattlespace is now area Al' Figuras 8

and 9 show the trade-off in rattlespace for 0 NA

single-acting and double-acting energy-dissipa- TEnt

tive behavior, using an input velocity pulse

with the characteristic reversal of the speci- Figure 6. Response Solution for Constant-Force
fied motions. The required rattlespace is area Single-Acting Enorgy-Dissipative

A2, but is considerarly less for the double- Behavior

“urce - Displacemant Behavior

Velocty
>

Rasponse
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Response Solution for Double-Acting

Figure 7. Response Solution for Constant-Force Figure 9,
Energy-Dissipative Behavior

Double~Acting Energy-Dissipative
Behavior

{ Duplacement

Furce - isplacement Bekavior

input Mden

Facility l
RotToa 3 ok

Tune

- @)

a A0 Hespinss

Figure 8. Response Solution for Single-Acting
Energy-Dissipative Behavior

The effect of translational-rotational
coupling on required rattlespace is iliustrated
in Figure 10 for tne case of horizontal input
motion, The isolation system force center is
eccentric to the cm by an amount 6 = 0,1 ¢, The
resulting rotation produces two efferts, First,
points at the bottom of the object esperience
greater acceleration than the cm, so the maximum
allowable acceleration of the cm must be re-
duced, ceausing an increase in required rattle-
space. Second, the horizontal acceleratica at
point A, wnich establishes the rattlespace, is
further reduced ceusing a further increase in Fine
required rattlespace, For the geometry and
waveform shown, the design acceleration is Figure 1C.
shown [4] to be approximetely 0.54 &pgy. The

foput Motine

Velocity

To.% LY.

Effect of Transletional-Rotationel
Coupling on Required Rattlespace
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Clutch

Figure 134,

PREDICTION OF ISOIATION SYSTEM PERFORMANCE

The isolator model used in this study is
shown in Figure 1k,

F represents a constant-friction (Coulomb)
damper, c a viscous damper, K a linear spring,
and & the initial spring deflection. The
energy-dissipation elements F and ¢ can be
selected to act in either one direction or both
directions so the isolator can be made single-
aeting or double-acting with respect to damping.

This model was selected to represent either
liquid spring-shocks or MRI Shock Isolators. It
1s 4 pood representation of MRI Shock Isolators,
but only approximates liquid spring-shccks. The
major source of inaccuracy 1s the use of a
viy=independent congtant-force element il
2ar viscour damper. Althcngh the liquia
spring-shocks of interest do exhibit constant-
force behavior for a particular stroking veloc-
ity history, variation in the velocity history
can alter the constant-force behavior,

A computer program, called OMSHE, waw
writhen to solve for the response of a rigid
obijeet suspended on a set of Lsolators of the
type shown in Figure 1Y% and subjected to the
input motions of the type showm in Figure k,
The isolators may attach anywhere on the gus-
pended object or the sturounding facility. The
program treats large-displacement behavior.

Cutput is In the form of tables and line printer

plots of relative displacements and velocities
nnd absolute necelerations of cpecified points
ot the suspended object. : .

Constnnt. Torque
Energy Ahnorber

Pulley with
Patchet Clutch

MRI Sheck Isolator for Cable System

The program was originally written to han=
dle & set of isolators, euch having one end
pinned to the suspended object, and the other
end pinned to the surrounding facility, Only
oxial loads are transmitted by the isolators, in
& direction established by the end points., An
option was added to handle the condition where
one or two horizontal isolators attach to a
fitting which rides on a low-friction vertical
rail at the facility wall,

Isclated Object ]

- v

[ o ) Base

Flgire b, Teolator Model

A
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OELESCTION OF IREFERRED SYSTEMS

Prefevred isolation systems for the three
s of Anbevest hava the followlng common
fontitrog:

8 Llguld spring=chocks are used ans tha
principle lnolator cloments for provide
ing constant-force energy-dissipative
load-stroke behavior, as well as the
energy-storage behavior required for
restoration,

o Sets of lcolators distributed aronnd
the isolated article provide omnidirec-
tiennl horizontal force-digplacement
behavior required in azimuth, and mini-
mize translational-rotationsl coupling
in the horlzontal plane,

e A pet ef verticol rails connact the
hoibaviival Lpulaiurs 0 Lhe facility
walls and decouple the horizontal and
vertical motions.

The designs of Cases I and III use compact
cable-driven rotary isolators employing ball-
screvs and liquid spring-shocks as illustrated
in Plgure 15. These lsolatore handle the large
vertical motions without substantially increas-
ing the total space requlred beyond the rattlel
space itself. The ball-screws efficiently con-
vert rotary motion to linear motion, and can be
afficiently back-driven permitting the use of
smaller ligquid spring-shocks than would others.
wise be required. Ball-splints, not shown in
the t'igure, resist the torques applied to the
ball-nut, .

Case I

The preferred system for Case I is 1illuse
troted in Figures 15 to 17. Preloaded single-
acting liquid spring-shocks are used in the
vertical system in order tc maintain tension
on the cable and follow the motion of the iso-~
lated object when the cable tends to go slack,
The up=-load units also support the isolated
objeect and restore the system following a
shock.

The horizontal isolation system consists
of two sets of rail-mounted, double-acting
liquid spring-szhocks., The use of douwble-~acting
isolators helps to minimize coupling from rail
friction since friction forces are produced on
opposite sides of the object, proportional to
the horizental forces transmitted to the rails.
The moments frem these Criction forces approxi-
mately cancel each other,

The spring-shocks connect to the isolated
obJect and to the shoe assemblies through
spherical bvearings, in order to minimize bend-

ing loads. DBecause of these bearing connec- ..

tions stabilizer springs are added to resact

vertical loads on the shoes from friction, sho

inertia, and vertical components which may :
result from rotation of the horizontal . :

Ot A B (3 . . e P B s <

[

Lt

lgolators, An alternsete means for providing
ntability is to tilt pairs of top and bottom
icolators attached to a common shoe,

Cable
Liquid Ball-Screvw Drum
Spring-Shock

Ball-Screw Liquid

Cable IsolaterUnit

Figure 15, Case I Vertical Isoiation System
and Cable Isolator Unit

In addition to the primary isolation
system illustrated in Figures 15 to 17, impact
limiters are requlred to attenuate relatively
low-veloclity impacts between the isolated
object and thre facility walls; or within the
primary isolators as they "bottom out" prior to
impact between the object and the facility
walls. The energy usgoclated wlth these
impacts is a smull Traction of thet absorbed by
the primary system. Relatively small plasgtic
foam or elastomeric pads should be adequate.

The preferred horizontal isolatilon system
of Figure 17 1s belleved to be equally effi-
cient and mechanically superior to an earlier
approach, shown in Flgure 18, which was used
for the performance evaluation, :

Becausa of the offset cm, isolator force
levels in both the vertical and horizontal
‘systems vary as a function of isolator location
in order to minimize translational-rotational
coupling. oo o :

Case II K E L»§~ ,f-‘f' S

: . The ‘preforred system for Case IT is ‘llus-
-trated 'in Figures 19 to 21, . The system is mad.:
up of the following:key elements,
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Figure 16. Case I Vertical Isolstion System
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Rail-shoe Attachment

I‘
rigure 17, Case I Horizontal Isolation System
and Rail-Shoe Attachment
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P
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Strep minteina vertical comstraint,
Permits lateral wot1

lov-Priction
Cantacts

Figure 18, cCase I Horizontal Tsolation System
Used in Parameter Study

® A structural "can" to support the iso-
lated object and apply only compressive
loads., This may be in the form of 3
truss with local cushions at the con-
tact points,

® Vertical isolators consisting of two
sets of single-acting 1liquid spring-
shocks connected to the facility
through ceble-pulley systems. The
liquid spring-shocks are integral with
the support truss. One set handles
upward loads; the other set handles
downward losads,

® lHorizontal isolators consisting of sets
of double-acting liquid spring~-shocks
connected to shoe assemblies which ride
on low friction vertical rgils, as in
Case I,

The horizontal isolators are arcanged in
four rings at different vertical locations,
symmetrically spaced with respect to the cm,
Alternate rings are stogsered circamferentially

[ ——



o T LA AR T g

Horizonta: “iquid
cpring-shock ‘sclators

PR — -~

i‘able —_—

Structural Can

lp-load Liquid
Spring-Shork

HE ] e

Horizontal Liquid
spring«Chock Tsolators
Ry

Catle—"

_— "sble

Down-Load Liquid
spring-5hock

pa—— L0l

[ cote

Figure 19, Case II Shock Isolation System

to providc a more omnidirecticnal system and to
reducc translational-rotational cnupling in the
horizontal plane. Stabilizer springs are used
for stabllity, as in Case I,

The configuration of the vertical isclators
takes advantage of the large vertical dimension
of the 1solated object. Cable~pulley systems
are used which require two sets ¢l single-acting
struts operating only in tension. An additional
pulley is used to bring the cable into the iso-
lated object near the cm. This minimizes
translational-rotational coupling from the cable
loads as the article is displaced horizontally.
The extra pulley also keeps the cable inboard of
the network of horizontal isolators.

As in Case T, impact limiters are required
to uttenuate relatively low-velocity impacts.

It is expected that the Case II sysiem
could be simplified by using considerably fewer

isnlators, with little raduction in performance,
The emphasis in this study was on leveloping
cystems to achieve best possible performance.
Further trade-off studies should be performed.

Case III

The preferred system for Case III, illus~-
trated in Figure 22 is similar to that of
Case I, It differs because of the attach con-
straints which prohibit attaching isolators -
the sides, except for a 135° sector, and on tihc
bottom. Therefore, all of the cables from the
vertical isolators and the top rirg of horizon-
tal isolators attach at the top periphery of the
isolated article. A partial ring of horizontal
isolators attaches at the sides near the Lotcom,
within the 135° cector, in order to balance, to
the extent possible, the coupling moments pro-
diced by the ther isolators.
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Figure 20, <Case II Vertical Isolation System

PERFORMANCE EVALUATIONS

Results of parametric evaluations for the
three systems are shown in Table 1, which sume-
merizes the maximum responses for the isolator
parareters which are closest to optimum. Also
shown for comperison are the theoretical opti=-
num solution and the maximum accelerations and
displacements for the input motions, The iso=
lator parameters and methods for their selec-
tion are presented in Reference L,

The optimum sclation is based on single=
degree-of-freedom veriical and horizontal
models of the uncoupled systems, using a
constant=force, double-acting, energy-dissipa-~
tive isolator model. The rotational inputs
were found to have negligible effect on the
soluzion using a technique developed to deter=
mine near~-optimum solutions with planar trans-
lational and wotational inputs [4]. The pres-
ent 50" ition can be shown to be the best possi-
ble for the horizontel and the top rattlespace
values, even considering active systems without
"esrly warning" [2], althcugh active systems
could reduce the bottom rattlespace at the
expense of the top rattlespace,

Figure 23 compares the results for Case I
with the theoretical optimun and the maximum
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Figure 21. Case II Horizontal Isolation System

Outside of Within
135° Sector

1359 Sector

Figure 22, Casge III Tsolation System

input displacements. Also included in the
solution envelope is an allowance for isolator
dead srace, Results for Case II are very simi-

. w———

lar to those of Case I, The parametric evelua=- 3
tions of Case III were too limited to be con- |
clusive, but indicate achievable performance !
close to Cases I and II. !

FURTHER DESIGN CONSIDERATIONS

Near-optimum performance can be azhieved
based on the models used in the performance
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TABIE 1
Results of Parametric Evalustions

Maximum Response
Vertical Horizontal
System

Accel. | Rattlespace (cm) | Accel, nattlespace

(g's) Top Bottom | (g's) (em)
Case I 1.55 | 146 333 3.79 | 38.6% (57.49)
Case II 148 | w7 320 b.48 | 26.9% (62,5%)
Case III 2.5 158 381 hob Ly
Optimum Solution 1.58 1bz 267 L,74 24,6
Facllity Motions { 200 900 900 100 8wo

J'I.nitia.]. peak response,

2t['ota.]. responge which could be reduced to very nearly the initial
peak respcuse using low=velocity impact limiters,

jermmsem {npUL
displacement

[l ?‘-‘T

A,

4 [~~~ 0pt taun solution

L—thtlupoco plus
dead space

Figure 23, Cese I Cptimum Solution, Achievable Rattlespace Plus
Dead Space, and Maximum Input Displacements

evaluations. It is recognized that these models
are somewhat idealized, and important potential
problems associated with real hardware require
fur*her investigation., The more significant
potential probleus are as follows:

® Overshoot in the isolation system force
and reduction in performence, due to
unloading or reduced loading in top
vertical isolator cables from inertia
of isolation system componients.,

¢ Seal friction in vertical 1liquid spring ¢ Manufacture of practicsl liquid spring-

e sl

o

Whog o el

isolators causing "dead band" or uncer-
tainty in equilibrium position of
restored system.

185

shocks with behavior characteristics
approaching those of the preferred
isolators.
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e Friction in rail-ghoe assemblies and
other attachment hardware.

® High=frequency effects.
o Treatment of low=-velocity impacts.

A discussion of these problems is presented in
Reference i,

CONCLUS IONS

Passive shock isolation systems appear
promising for achieving near-optimum perform=
ance in underground protective structures sub-
jected to severe motions from nuclear detona-
tions. Specific design goals have been devel-
oped for guiding the selection of isolators and
configurations, and several promising design
concepts have been identified.
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DISCUSSION

Mr. Curtis (Hughes Alreraft Company):
You had a slide showing vavioua responses,
During your paper you weve talking in terms of
displacements, but the curves were labeled
veloettles for the ordinates,

Mr, Platus: T didn't have time to develop
this graphical solution. This {s developed in
a paper by Licher and {s also described in the
monograph by Sevin and Pi{lkey, I think the
confuslon is that I was referring to areas
between the curves. We're on a velocity time
plot and the area under a velocity time history
18 displacement, The area under the input curve
i{s input displacement; the area under the re-
gpongse curve {s response displacement; the
area between the two curves is the relative
displacement, When I talked displacement I
was referring to these sareas.

Mr, Kalinowski (IIT Research Institute):
When you showed the physical model we saw many
1solators, yet your mathematical model only
showed one. Were they all similar to that?
How many unknown parameters do you have to
optimize? . . Lo

Mr, Platus: The isolator model shown was
a general model of all of the isolators. It
involved a constant force element for the
conatant force damper, the linear dashpot
clement, a gpring <onstant and a damping
constant. There were four elemerts for each
isolator,

Mr. Kalinowski: 1ilow many isolators?

Mr, Platus: There were 16 isolators going
around the top and 16 around the bottom. So
there are 32 in the horizontal and then another
16, 8 vertical and 8 horizontal That gives
you & rough idea of the total number. There
was esgentially no optimization done, optimal
synthesis or anything like that., It was pretty
clear how one had to adjust the isolator para-
meters almost at the outset, The parameter
study involved making some good guesses, running
the program, and then looking at the results,
The final report on the study, not the written
paper gives a pretty extensive description as
to how the isolator parameters were selected,

Mr. Kalinowski: The one thing you reelly
don't know for sure is what the input is in
this type of problem, I realize you were .
given the waveforms ahead of time, but there
i8 a great amount of uncertafnty as to what:
the waveform i{s, This {s due to the soil-
structure interaction problem involved with.
what ever this {tem ties Into, How sgensitive -
do you think this would be to variations on
the input waveform that you did assume?

A «"- ! ‘J
Mr, Platus: It {s true that there is
uncertalnty in the {nput motloans, Iy osr study

things weve simplified becauge they were given
to us, However, the fact that we sre consid-
aring baslcally a constant foren gyatem maken
the response somewhat insensitive to the input
motions, The fsolation mystem characteristics
pretty well fix the maximum response of the
1solated obfect, 1In this case, we're limiting
the object response.to some specific accelera-
tion. So we tailor the force levels that the
{solator {s to provide, essentially this con-
stant force behavior. Let's sav the input
motions are n little more severe mo that these
areas shown in single-degree-of-freedom solutions
are a little larger. The consequence will be
that we will perhaps underestimate the maximum
displacement or rattle space, This is where
the uncertainty is, not in the acceleration
response of the article, 1If there i{s mome
uncertainty as to what the worse waveforms sre
one could allow for a:little more severe wave-
form in terms of a slightly greater displace~
ment. - In other words, just design some addition-
al displacement into the system,

Mr, Kalinowski: You haven't actually tried
it for different waveforms to see what the
response would be?

Mr., Platus: No, For this study we had
one waveform corresponding to air-induced motion
and two others corresponding to direct-induced
motions, and then they were phased differently,
All in all there were about four different
waveforms that had to be satisfled, It was
simple to run through the computer solutfons,
test all of them and then pilck out the one
that required the maximum displacement, That
then becomes the rattle space requirement,
There is a little bit of an {iterative proced-
ure because the sizing and the configuration of
the igolators depends on what kind of displace-
ment you have to contend with,

—
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INFLUENCE OF AN ABSORPER ON MACHINE TOOL VIBRATION

Otto Susolik
The Timken Company, Canton, Ohio

ance,

The influence of an 0i1 squeeze fiim type of a damped vibration absorber
on the dynamic behavior of a machine tool (surface grinding machine) has
been investigated as part of a project.
and evaluating the vibrational parameters of the grinder were applied.

Substantial improvement due to the absorber was observed and is presented
herein as values of dynamic stiffness, damping ratio, maximum negative

real vector component, and on Gain-Phase plots indicating cha*ter resist-

Several procedures for testino

INTRODUCTION

The ever increasing demand for higher
quality machine tool work accentuates the need
for reducing dynamic weakness of structures.
Dynamic weakness combined with the influence
of the cutting process causes chatter instabil-
ity. The suppression of chatter and improve
ment of dynamic behavior leads to better
quality products, higher production rates cid
a more fuvorable machine stiffness-to-cost
ratio.

One effective remedy for improving the
performance of a machine is the incorporation
of vibration dampers. In recent years,
especially, new evaluation methods have «iijed
in proper design and reliabie installatic .f
absorbers [1, 2, 3. 4].

In this investigation a damped vibration
N O B A R 1 i
SOPER 4 eme it wteooon B A U T
ing me.aine at the poiae of raaimur defiection
amplitude; nanely the cdrive mntor case at the
rear of the spindle. Generally, it should be
located at a po=ition where a vibration noce
will not develop at any critical speed at
which the gher Lor oo oxpeciad to te affective.

Cw

the Jesign uoi1-7ed an awaiiary mass in
azraller with the 'ty Jorc Teep, ittacred by
an acjustable spring tc the oritinai sysion.
Tne damcer con<icted of gu alurnum cytir- oz
houting abcut 3 dinckes oo and S incees o
diameter. A steel ~ylinder owigning atout 3¢
pounds was inserted into the housing erd held
by a flexible steel bar. The small gap be-
wieen the cylinder and housing was filled with
a specific amount of damping fluid which Jdissi-
pated the vioration encrgy. Tae joal was to

suppress the most dangerous mode of vibratinn
by tuning the natural frequency o the absorber
mass to the resonant mode and than by damping
the device. The design and optimization of the
absorber will be described el.ewhere.

After the absorber tuning end damping was
optimized, its effect on the relative tool de-
flection and on the total vitration mode shape
~ne evaluated by several praceduves. The evaiu-
Ltion was expzcted to be done in a simplifiaed
manner withcut per forming tim.: consuming and
costly cutting tests.

TEST PROCEDURES

Four 47 fferent experimental test procedurec
have Leen appiied to analyze the machine tool
behavicy and the effect of the added absorber:

1. tonirg procedure

¢ LR otee | ntis gegsurement
S. wi..oe coeponent measurement

4. vibra':on mode measurement.

‘The procedures «2re based on & frequency
response method usino an automatic mechanical
impedanrce measuring system (5, 6]. To obtain
the results in the convenient form of a transfer
function an instrumentation package called the
Transfer Functicy: Anatyzer [hereinaftar dencted
by TFA was used,

The transfer function values, defined gs
displacement to force ratio (compiiance), are
not dependent cn force magnitude anc are appli-
cable for any force situation arising on the
machira tool within the assumed Tinearity limits.
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A cheteh of the su~face grinding machine
investigated 1s chown in Figure 1. The indica-
e moin force Yoop was composed o€ elemerts
vt in the transmiscion o uttirg
[ closaotions ot the teey < wervpiece.
P co. system of anterest was centered
aoun, “ig scindle unit eguipped with a direct
grive i

| N AESORBER
Ty
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Sgure 1 - Grinding Machine with Main
LOYCe L00P

GRINTING WHEEL
A}

i
'
j:
i

Tigure ¢ - Signiticant Locets

Figure ¢ shows the spindle compartment
with the vibra*<on absorover attached. The ab-
Larber wig. countes in nlace of the motor rear
cover using siv hoits. Two of the siynificant
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Tarationg on the strycture where deflw .l ons

were reasured during the mode shape invcstiga-

tiz. ere irdicated ir the picture witn numbeys
sl 2 verpectively,

An cxciter head was located on the machine

table. The exciter applied a vibrating force
te the structure to simulate a cytting force.

tigure 3 - Exciter Location and Re ztive
Too! Motion Measurement
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MOTCOR CASE

ons ¢n Spiwile Comer o

The situation is shown in Figure 3, A dicplace-
ment trzosducer was attached to the side of the
2rCieer neea Lo rossure the tool relative

motion {Xy).
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INSTRUMENTATION

The electro-hydraulic exciter produced a
sinusoidally alternating force thiough the dy-
namic vange of 10 to 1000 Hz. The dynamic
force F was maintained by a feedback control
loop consisting of a quart: force transducer,
charge arplifier, elecironic control device and

2C 1b. p-p acted with the frequency from 10 Hz
through 700 Hz. On the ordinate the tool
motion is expressed as the relative displace-
ment amplitude, xy, measured by an inductive
transducer between the wheel and table {work-
piece).

euxiliary static balanc» circuit {Figure 4)

SweEp
- = OSCILLATOR -
EXCITER 1101000 8 ) |
CONTROL . Ui
LOG CONVERTER o leg F
’ VOLTMETER | l o . }
= T T I ) SR e
AUTO CHARGE
SIS i oawe | %, e
Lom{  amaLyzER . \ | MASTER o| zeem
TRACKIKG FILTE® \ CONTROL "'T RECOROER
1 PHASE UNIT -
GRINDER ] | METER (mamio,
ELECTRO- DYNaMIC £0 mncnnou‘ R
HYDAAULIC i ANALYZER 11 — DATA
EXCITER P TRACKIFG FILTER e ] 1 o ACQUISITION
ACCELEROM - 100 ks Fo SYSTEM
METER )
) LOG CONVERTER 108 D o3 {0/ Fmi(ppinrours
} VOLTMETTS | - 0~
| ! (log A}
HE O}l — s
LA -
M&\Q: ; |
N e |
e _‘ D
FORCE P
TRANSDUCER T
- OISPLACEMENT
~ GRINDER  TABLE TRANSDUCER
EXCITER HMEAD

Figure 4 - Simplified Block Diagram

The Transfer Function Analyzer contained
two tracking filter analyzers, sweep o cillator
and phase meter. In procedures 3 and 4 the
Vector Component Analyzer was also incorporated.
The vibration was measured in both an absolute
and relative manner by accelerometer and induc-
tive transducers respectively.

EVALUATION CONCEPT

A continuous elastic system, consisting of
elements such as beams, plates, etc., displays
very complicated frequency response with dif-
ferent vibrztion modes nore or less coupled,
The response of the investigated grinder,
Plotted on Bode-tyre diagram, disolayed nine
significant resonances, if wc cousider as sig-
nificant any resonance peak acconipanied by at
least a 30° phase shift (Figure 5). The Eode
diagran as used in this paper is the dispiay of
log amplitude ratio and phase angle, each plot-
tea versus log frequercy. The dynamic force of
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As can ba seen the first vibration mode of
approximately 82 Hz-frequency had the higiest
compliance and thus the lowest dyriamic stiff-
ness. The other modes had considerably smaller
compliances; e.g., the second one was onlv 2/5
of the first one.

The first mode was the matter of our con-
cern in the dampitg effort. for analytical
purposes this mode was considered ac a system
having a single degree of freedom and isolated
from other modes. ~After the vibration absorber
was mcunted, the nwael under consideration was
transformed into one having two degrees of free-
dom. Tre added mass changed the dynamic re-
sponse and the new system displayed two compen-
sating resonances.

Optimization was achieved when both reso-
nant peaks on the response curve were brougnt
to the same level and depressed to the Towest
poscible compliance value [7].
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Figure 5 - Frequency Response of the Grinder (Original Design)

TUNING PROCEDURE

By proper choice of the spring constant of
the absorber, obtained by changing the thick-
ness anc the length of spring bar, the ampli-
tudes of the compensating resonant ;eaks on the
frequency response curve of the main mass
(Y7 values measured on motorcase, location 2 in
Figure 2) were adjusted to equal heights.

The damping amount was experimentally de-
termined by adding the ofl in small increments
into the absorber cylinder., During the danping
process it was necessary to occasionally re-
adjust the spring constant after the increased
damping disturbed the peak heights balance.
When the damping was tco high there appeared
only one resonance, The second mass became
coupled with the first one and two degrees of
fraedom changed intc the former single degree;
however, now with increased mass and corres-
pondingly lower resonant frequency,

The amount of energy absorbed by the shear-
ing process in the absorber was influenced by
the amount and type of damping fluid used.
Common mineral oils of lower viscosity were
used. To gain more experience with damping
fluids the absorber was tuned with four differ-
ent oils. The tuning procedure was finished
when both balanced peaks were brought to the
lowest possible level but they stil? stayed
observable on the diagram.

In Figure 6 an example of the tuning proc-
esses performed is shown, The curves were
obtaincd by the TFA in transfer function form
as values Yy but were rearranged to show nor-
malized values of the amplitude ratio Xj/Xp.
These values correspond to Ki/Y;, where K1 is
the static stiffness at position 2. Approxi-
mately twenty diagrams such as these were
needed to tune the damper with a specific oil.

Experimental resuits showed that the
optimum amplitudes Yy reached with particugar
oils were between 2.5 x 10-5 and 3.9 x 10-
in/1b or, 1f expressed non-dimensionally as
X1/X0 values, between 1.6 and 2.4. The spread
depended upon the fineness of the tuning process;
i.e,, on the selection of the increments and
number of bar turns {n readjusting the spring
constant. Further improvement in the tuning
could be achieved by addirg smaller o1l incre-
ments and shortening the changes in the mass
positioning. lowever, the improvement would be
relatively small in proportion to the number of
n:cessary test runs and excessive time consump-
tion.

RELATIVE TOOL MCTION MEASUREMENT

Relative motion between the tecol and work-
piece is the decisive measure of quality of a
machine performance. Its value influences
the surface deficiencies on the product and is
the measure of chatter.
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Figure 6 - Tuning Diagrams

Motion between the workpiece and tool was
measured in the chip thickness direction which
s perpendicular to the table as shown in Fig-
ure 3, The relative vibration displacement
was expressed as dynamic compliance (value Yy
measured on the wheel, place 1 in Figure 2) by
the TFA and plotted on Bode-type diagrams.
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Figure 7 - Influence of Absorber on
Relative Tool Vibration

Figure 7 compares the motion of the
spindle wheel of the original grinder design
(dashed ,ine) with the motion ot the acapted
machine (solid 1ine) showing the effect of the
added optimum tuned absorber. The resonaat peak
was lowered which caused the compliance to im-
prove 4.4 times. The lower slope of the phase
angle plot indicates a substantial increase in
damping.

The related parameter, minimum dynamic
stiffness (the stiffness at the resonant fre-
quency), was increased in the same manner since
1ts value 1s determined by inversion of the
compliance.

MAGNIFICATION FACTOR

Another performance parameter, often appar-
ent in practice, is the dynamic magnification
factor «. It 1s defined as the ratio of the
maximum dynamic amplitude of 2 system point
(grinding wheel), when the system {s subjected
to 2 harmonic force, tc the deflection of that
point when the force {is applied very slowly, as
a static force.

Zero frequency deflections or static de-
flections were estimated frcm compliance values
taken at very low frequency where the slope of
th7 Scorded curve approached zers (2.7 x 10-5
in/1b).
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In the comparison shown in Figure 7 the
magnification factor has the value of 1.18 for
grinder with absorber as compared with the
value of 5.2 for original grinder design.

GAIN-PHAS. RELATIONSHIP

Compliance data are further presented in
the form of a gain-phase plot to previde a com-
parison cf the chatter onset circumstances on
the mactine with and without the absorber,
Figure &.

The gain is plotted on the ordinate axis
and is defined as the atsolute value of the
ratio of structure dispiacement in the uncut
chip-thickness direction to the exciting force
applied in the direction of the resultant cut-
ting Torce which in our case is displacement
ccmpliance. The phase angle is plotted as the
abscissa and is the angle tetween the foregeing
displacement end applied force which is derived
in our case after subtracting the preset angle
value used according to instrumentation prac-
tice.

: 1
CUTTING PROCESS ,* [
DYNAMICS i
. -
' - ~
'-. I" “\ 4
" LS -0~
; ’ N
"y \ |
aee® i \ o
' \ H]
. ~
] \ €
]
r‘ ‘| 5 :
1
' 3 .
] [ s
] ] z
I L] o
' \ =1
1 [ =
1 1 b3
i 4 o
l L)
' Yw g &
| 2
=
1] v
>
[ 3
-
¥
I [ I 1 10-3
-180° -90° 0°

PHASE ANGLE @

Ficure 8 - Gain-Phase Plots as Chatter
Onset Indication

The second part is needed to form a con-
clusion about chatter onset, and is a plot of
vhe critical cutting loci derived from the
analysis of the closed-loop representation of
the chatter mechanism. For evaluation purposes

the mutual configuration of both plots is ob-
served. If the gain phase plot represerting the
machine structural dyramics does not intersect
the other curve defined by cutting dynamics

then the system is absolutely stable at all
cutting conditions and will resist chatter [&].

However, the estimation of critical cut-
ting loci is rather complicated and would have
required extensive cutting tests which were
beyon¢ the scope of the project. For purposes
of comparison tne effect of the absorber is ob-
served through the cnanges in the structure
tortion of the gain-phase plot while the cut-
ting conditions in compared cases stay un-
changed. The curve of the cutting process
dynamics as shown in Figure 8 is an example
approximating the cutting conditions. The
scale for this curve (on the left side) will
be different from the compliiance scale.

The shape of the comoarative curve in the
right hand corner of Figure 8, representing the
conditions with the absorber, reveals that the
tuning here was not quite perfect as shown by
different peak levels. Nevertheless, it is
cbvious that the distance between the border-
line of the critical cutting loci and struc-
tural gain-phase plot had substantially in-
creased a”ter the absorber was mounted and thus
the danger of initiating chatter wac ronsider-
ably reduced. Even if the grinding concition
became less favorable, which would lower the
position of the upper curve (dotted line), it
is very improbable that intersection would
occur. The system with the absorber incorpo-
rated is erpected to be stable at severe cut-
ting conditions and will resist chatter vibra-
tion occurring in the observed range.

VECTOR COMPONENT MEASUREMENT

The third test procedure provided plots
of two vector components of the relative vibra-
tion motion between the tool and table. In
addition, Nyquist polar diagrams were also
obtained.

The coincident component plots contain che
damping information [9]. Two plots are com-
pared in Figure 9. The dashed line represents
the original machine, the solid line the
adapted machine with the absorber.

The damping ratio ¢ was computed from
peak-and-notch frequencies wa and wp using the
equation:

¢ = Lluyfop)? = 11/ uyfuy)? + 1]

The damping ratio for the original grinder
design was thus obtained as ¢ = 0.075. However,
under the strong influence of the absorber the
resonant peaks sank so low that no significant
resonance had developed and in some cases with
p«~ticular oils the coincident curve did not
cross the 2ero line. The estimation of ¢ from
peak-and-notch readings gave only approximate
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informaticn . Jer inesc corditions. 'or compa- from the adapted ma_fiine w'¢. trn. a_sortoy
ison <ake ine damping ratic was evaiuated be- This is an improvemen* of = 2 ‘imes
tween u.Z1 and 0.23 and the damping improvement
was Ly a factor of approxinately thre: Polar diagrems ingrcats! ‘nre ma~hv:e chat-
ter resistance by ¢3twurdrt g the o cimy
negative real vector component [ ], Tn:
smaller this value, the nigher tne dypamic
stahility di<plaved by the machinge structure.
ORIGINAL DESIEN - . q .
2k w5, ' he experime:tal Nyouist polar diagrams
S Witk susORRER are displayed 1n Figure "1,
> T o
k¢ ~"~‘,\/’ d /,’ The diagrams vere recorded with the coinci-
z ':L.,-w/\-/“ﬁ e tent compenent drivipe the wertical divecticon
§ _\\‘","‘ orcdinate! of *he recci.ing pen and the cuad-
& o TSR TR e rature componevt driving the norizontal ¢irec-
g miouincrwa !, tion (abscissa). Nyquist diagrams enable
z : i reading of tne phase in any of the tour quad-
g L ) rants; however, tne frejuency, becoming para-
z -1 'n" retri¢c instead of coordinate, is not screaned.
e v To cffset this disadvartace 2 cisplay ¢ fre-
) quency wes azditicrallv siperimposed on ou-
diagrams by rearranjing the two pen recorder,
for convenience of reading the auxiliary fre-
. . uency plots were shifted out of the pslar
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igure 9 - Coincicunt Cempznent Plots Curve areas.
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The vuadrature conpoocnt plot was usad fo-
exact cuewerpination ¢f the vesonant fresuency,
speciticali, for the wode ;n.pe precedure. The
peak on the plot was very steep and sharply
pcinted giving an accuracy of the resonant fre-

quency value within 2 Hz. This sensitivity was 155
substantially nigher than the previous overali e O
response piots allowed. o | =
’
. + QUADRATURE
The amplitude ot the quadrature rescrant ' CAMPONENT}
peak represented a maximun relative displace- K (IMAGINARY)
aent between the tool and workpiece with less ' mv ’
influenic fror non-resonant rodes [9] :
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The macnine of originai design displayed
a2 maximum negative real comgenent of -2 mV
compared to the vaiue from the machine with the
absorber which dispieyec -0.05 mV. In that kind
of evaluation improvement of 40 times indicates
n .abstantial 1ncrease in chatter resistance.

MCDE. SHAPE MEASUREMENT

For vibration mode shape measuremenrt the
vector component technigue usinG the vecter
Analrzer was applied. Evalvating the quad-
rature component values of the ahsolute vitra-
tion displacements along the machinz force 'vos
provided adequate mode shape mezcurements.

Excitation frequency wa; lucked and held
at a constant value during the m=asurement.
Vibration data were obtained by moving the
accelerometer from one significant place to
another. To obtain enough data for a detailed
and reliable deflection piciure Lhirty-eight
significant places were selected and measured
along the machine profile shown in Figure 2.
Some additional plares were investiqated
.uring higher medes when the deflection pat-
:ern became more sophisticated.

The observed value of quadrature component was
read from the Analyzer scale for each acceler-
ruetar placement. From these data the mode
shape pictures of the vibration modes were
onstructed,

due to the absorber effect was 5.8 times.

hNfter the comparative mode patterns of the
first mode were evaluated the analysis was ex-
panded to incluce higher modes as well. The
reascn for this enlargement was not only tu ob-
tain suppiementary data about the machine per
formance through the entire ovactical dynamic
range bui, at the same time, to check whether
the absorber worsened the overall dynamic
sehavior.

In the theoretical evaluation of damping
by ¢ dyramic absorper in the literature [1] an
addviicnal effect was discussed. :lot only was
the atsoroer effective in suppressing the )
resondrice to whicn it was tuned but its damping
was also observable in suppressing the resonan-
ces that occurred at highei frequency modes,
while it had little effect on the peaks below
the absorber frequency.

In our investigati.ns the absorber signif-
icantly suppressed the resonance of concern but
no remarkable and steady differences at higher
frequency modes were observed. The absorber
influence on higher modes was negligible.

CONCLUSTONS

Four test procedures were developed and
applied to evaluate the effect of a specially
designed damped vibration absorber on the
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Figure 12 - Vibration Mode Shape of the Original Machine
3 Figures 12 and 13 demonstrate in the first dynamic behavior of a surface grinding machine;
niode deflection picture the difference between this was accomplished without conducting time
the original design of the machine tool and the consuming and costly cutting tests. H
adapted machine tool with the absorber. 4
: The applied frequency response method
The Deflection Scale calibrates the vibra- using the Transfer Function Analyzer provided
tion motion. The Dimension Scale relates to satisfactory information about the absorber
the overall size of the machine. performance.
i Consideration should be given to the loca-
; tion Mo, 1 on the wheel where the improvement
a
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Figure 13 - Vibration Mode Shape of the Machine with Absorber

The following parameters were evaluated:
Static and dynamic stiffnesses,
Magnification factors,

Damping ratios,

Maximum wheel deflections,

Vibraticn mode shapes,

Chatter resistance indications.

A comparison of the numerical values de-

scribing the differences between both machine
tool design is reviewed in Table 1.
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It is evident from this tabulation that
substantially improved dynami- characteristics
occurred after the absorber w:~ mounted. One
of the most significant inprovements, it can
be pointed out, was that the dynamic stiffness
rose 4.4 times. In addition, increased chatter
resistance was indicated by the Gain-Phase
plots which showed a 40 times decrease in the
maximum negative real vector component.

S

This investigation has shown the applica-
tion of a tunable absorber and the evaluation
of specially developed testing method. to give
favorable results. It is entirely feasible to
aprly this type of design improvement and
analysis to other machine tools.
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TABLE 1
RLVIEW OF EXPURIMENTAL RESULTS

Grinder Design
i Original, With Improvement,
ol Uongared Pavameters Without Absorber] Absorber fn 100%
Moo . co -4 . -5
Max. Yvnamic Compliance 1.4 x 10 3.2x10 4.4
fn/lb in/1b
Hin, Tynamic Stiffness 7,150 31,500 4.4
1b/1in 1b/1n
Max. Magnification Factor 5.2 1.18 4,4
E Max. Relative Displacement -5.8 -1.0 5.8
S . Between Tool and Workpiece my mV
&z Damping Ratio 0.075 {0.230) ~3
§ B Max. Negative Real - -2.0 -0.05 - e 40
= Vector Component my mV
. . -4 -5
Max. ahsalute Deflection 1.96 x 10 3.3 x 10 5.8
on Grinding Wheel in in in
N Radial Direction
) L
o :rz -4 _5
v Max, Absolute Deflection 1.05 x 10 1.3 x 10 8
on Grinding Wheel in in in
Axial Direction
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